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Cette étude est motivée par la protection de l'environnement et la réduction des émissions de CO2 émis par les moteurs à combustion interne. L'objectif de la thèse est d'étudier les possibilités de la réduction de la consommation de carburant d'un moteur diesel d'automobile grâce à la récupération de la chaleur des gaz d'échappement basée sur un cycle de Rankine. Afin de déterminer l'énergie perdue, le moteur a été testé sur un banc d'essais et les paramètres des gaz d'échappement ont été mesurés. Un modèle de simulation du moteur a également été développé et validé grâce aux résultats expérimentaux. Le potentiel de récupération de chaleur sur les gaz d'échappement et sur le refroidissement a été estimé. Cette analyse a révélé que le potentiel sur les gaz d'échappement est plus élevé que celui sur le refroidissement. Grâce au modèle numérique et aux essais, la puissance et l'efficacité du cycle de Rankine ont été étudiées. Enfin, l'impact du système de récupération d'énergie sur les performances du moteur a été analysé. Les résultats montrent que la puissance du moteur augmente de 4,3% au point de puissance maximale du moteur.

Acknowledgment

I would like to thank my supervisors Associate Professor Plamen Punov and Professor Teodossi Evtimov from Technical university of Sofia, for giving me the opportunity to complete this thesis in collaboration with the laboratory CMGPCE of Cnam, Paris. They supported me a lot by the motivation, advices and guidance during the whole period of my PhD study and on the thesis work. Their scientific experience gave to me opportunities for using the advanced technics and approaches in my study. Many special thanks to Professor Punov for giving me the opportunities to work on a modern test bench in the laboratory of the Department of Internal combustion engines, automobiles and transport in Technical university of Sofia. Also, I would like to thank my supervisors from Cnam, France, Associate Professor Christelle Périlhon and Dr. Pierre Podevin, for the great support and advices during my stays in France. Special thanks to Associate Professor Christelle Périlhon for the guidance in the numerical simulation and the preparation of the thesis. I would like to acknowledge Dr. Pierre Podevin for his support in experiments that have been conducted in his laboratory in Institut AeroTechnique, Saint-Cyr l'Ecole.

Many special thanks to Professor Georges Descombes of Cnam who established strong collaboration between laboratory CMGPCE of Cnam and Faculty of Transport of Technical university of Sofia. His energy and inspiration was a motivation for me to complete this scientific project. I further thank Professors David Chalet, Professor Céline Morin, Professor Valyo Nikolov and Professor Hristo Stanchev to have evaluated the thesis and to be a part of the scientific jury for the thesis defense. Their positive altitude gave to me further motivation for my work.

I also thank Dr. Quentin Danel for his support during our collaboration in France. His experience in the domain of energy and the heat exchange was very helpful for my work. Special thank for giving me the opportunities to use the experimental installation based on the Rankine cycle for my experimental researches in Saint-Cyr l'Ecole.

Many special thanks to my colleagues from the Department of Internal combustion engines, automobiles and transport in Technical university of Sofia, for their advices and positive criticism during the study. I gratefully acknowledge the financial support of the Institut Français de Bulgarie for the financial support. It has got to me a possibility to spend 10 months in France during the second and the third year of my study.

I gratefully acknowledge the AVL company for providing us with the opportunity to use AVL simulation products for numerical studies in my thesis.

Finally, I also thank my family for the patience, support and help that they have provided me during my study. They all were behind me by giving to me the motivation and inspiration.

Résumé en bulgare

Това изследване е мотивирано от опазването на околната среда и намаляването на емисиите на CO2 от двигателите с вътрешно горене. Целта на дисертацията е да проучи възможностите за намаляване на разхода на гориво на дизелов двигател, предназначен за лек автомобил, чрез рекупериране на енергия с цикъл на Ранкин. За да се определи неоползотворената енергия в отработилите газове бе използван изпитателен стенд. Симулационен модел на двигателя е разработен и валидиран чрез експерименталните резултати. Направена е оценка на потенциала за рекупериране на енергия от отработилите газове и охладителната система. Този анализ показва, че потенциала за рекупериране е по-голям в изпускателната система. С помощта на експериментален стенд и числен модел на цикъла на Ранкин са установени мощността и ефективността на системата. Въздействието на системата за рекупериране на енергия е изследвано. Данните показват, че мощността на двигателя се увеличава с до 4,3%. Ключови думи: Рекупериране на енергия; Цикъл на Ранкин; Двигател с вътрешно горене; Отработили газове Introduction Le développement rapide de l'ingénierie et des techniques conduit à la nécessité de sources d'énergie plus avancées. Depuis le début du XXe siècle, la principale source d'énergie mécanique pour les véhicules de transport, les engins hors route et autres, est fournie par les moteurs à combustion interne. L'augmentation continue des prix des carburants pétroliers, l'augmentation constante des restrictions et des exigences de la performance a conduit à un certain nombre d'innovations et d'améliorations dans la conception des moteurs à combustion interne au cours des dernières décennies.

La nécessité de réduire les émissions de polluants et le dioxyde de carbone dans les gaz d'échappement des moteurs à combustion interne, imposée par la législation de l'Union européenne, oblige les fabricants à améliorer considérablement l'efficacité des moteurs. En dépit des technologies modernes existantes pour améliorer les performances des moteurs à combustion interne, les exigences futures en matière d'émissions seront difficiles à respecter.

Il est bien connu qu'une partie importante de l'énergie du combustible dans le moteur à combustion interne est perdue sous forme de chaleur dans le système d'échappement et de refroidissement ainsi que pour surmonter les pertes mécaniques. La récupération de la chaleur résiduelle semble être un moyen prospectif d'améliorer l'efficacité du moteur. Par conséquent, ce moyen devient un sujet majeur de nombreuses études dans le domaine des moteurs à combustion interne. Au cours des dernières décennies, les systèmes de récupération d'énergie ont été développés et mis en place avec succès dans moteurs tels que les systèmes de suralimentation et turbo-compound. Au cours des dernières années, un intérêt significatif pour les systèmes de récupération de chaleur résiduelle est développé autour des cycles thermodynamiques (Rankine, Stirling et Ericsson), des systèmes thermo-acoustiques et des générateurs thermoélectriques.

I. État de l'art 1. Limitation des émissions de dioxyde de carbone des moteurs à combustion interne L'effet de serre croissant et le réchauffement climatique font que les gouvernements partout dans le monde s'efforcent de réduire les émissions de gaz à effet de serre. Les gaz à effet de serre dans l'atmosphère sont composés par le dioxyde de carbone (CO2) pour environ 82%, le méthane (CH4) 9%, l'oxyde nitreux (NO) 6% et etc. De nombreuses analyses montrent que la teneur en dioxyde de carbone a augmentée au cours de la dernière décennie. Ainsi, les pays développés mettent en oeuvre une restriction des émissions de dioxyde de carbone de tous les secteurs de l'industrie.

Le secteur des transports est le deuxième plus grand pollueur avec environ 25% des émissions totales de gaz à effet de serre. Une analyse détaillée du secteur des transports révèle que l'impact le plus important est du transport routier (plus de 80% des émissions totales de CO2).

La première limitation sur les émissions de CO2 pour les véhicules a été mise en oeuvre en 2009 avec la réglementation des émissions de CO2 des nouveaux véhicules légers par le Parlement de l'UE (443/2009). Cette norme d'émissions de CO2 stipule que chaque nouvelle voiture fabriquée à partir de 2015 doit respecter la limitation de CO2 en fonction du poids du véhicule. La valeur d'émission de CO2 de référence est de 130 g / km. Pour les véhicules fabriqués d'ici 2020, la valeur de référence est de 95 g / km.

Le développement futur du transport routier équipé de moteurs à combustion interne est étroitement lié au respect des limitations d'émission de dioxyde de carbone. Par conséquent, l'amélioration du moteur afin de réduire la consommation de carburant et les émissions à l'échappement en développant de nouvelles techniques est une cible principale pour les scientifiques du monde entier.

Méthodes pour augmenter l'efficacité thermique et réduire la consommation de carburant des moteurs

Les méthodes modernes pour augmenter l'efficacité du moteur comprennent: la turbo suralimentation, l'injection directe du carburant dans le cylindre, le downsizing, la levée de soupapes variable, le taux de compression variable, désactivation des cylindres, les processus de combustion à basse température (CAI et HCCI) et etc. Malgré cela, les limitations futures ne peuvent être satisfaites.

Le bilan énergétique du moteur montre que l'efficacité maximale du moteur ne dépasse pas 40% pour les moteurs diesel et ne représente pas plus de 35% pour les moteurs à essence. Cela indique que, pour la plupart du temps, plus de 60% de l'énergie de carburant n'est pas utilisée dans les moteurs automobiles. Cette énergie est perdue sous forme de la chaleur dans le refroidissement et l'échappement. Par conséquent, l'efficacité thermique du moteur peut être améliorée par la récupération de la chaleur perdue. Plusieurs technologies de récupération de chaleur destinées aux moteurs à combustion interne ont été étudiées : turbocompound; générateurs thermoélectriques; systèmes thermo-acoustiques; cycles thermodynamiques (Rankine, Ericsson et Stirling).

Afin d'évaluer le potentiel de récupération de la chaleur résiduelle, il est plus approprié d'utiliser le concept d'exergie basé sur la deuxième loi thermodynamique.

Le cycle de Rankine est un cycle thermodynamique qui convertit la chaleur en puissance mécanique. La puissance mécanique peut être utilisée pour entraîner directement une machine ou pour produire de l'électricité. Le système comprend les éléments suivants: pompe, évaporateur, machine de détente et condenseur.

L'eau, les alcools, le CO2 et les fluides organiques peuvent être utilisés comme fluides de travail dans le cycle de Rankine. Les fluides organiques sont à base de composés hydrocarbonés (propane, isobutène, benzène, etc.) et des réfrigérants (R245fa, R134a, etc.). Dans le cas du fluide organique, le cycle de Rankine s'appelle Cycle de Rankine organique (ORC).

Un autre élément essentiel du cycle de Rankine est la machine de détente. Celle-ci convertit l'énergie thermique contenue dans le fluide en travail mécanique. Plusieurs types de machines de détente peuvent être utilisés tels que: turbines, machine à piston, à vis, à spirales (scroll), à palettes, etc.

Les échangeurs de chaleur sont des dispositifs pour le transfert de chaleur d'un fluide à un autre. Les échangeurs de chaleur peuvent être classés en plusieurs groupes. Selon les directions d'écoulement, ils peuvent être classés comme: échangeurs de chaleur à co-courant et contre-courant. Sur la base de la conception, les échangeurs de chaleur peuvent être classés comme tubes-calandre, à plaques, à ailettes, tube en spirale, tube double, en spirale, tube à ailettes, etc.

Conclusions

 Le développement futur du transport et en particulier du moteur à combustion interne est étroitement lié à la diminution des émissions de dioxyde de carbone;

 En dépit du développement de solutions technologiques modernes afin d'accroître l'efficacité thermique et de diminuer la consommation de carburant des moteurs à combustion interne en améliorant le processus de combustion, les exigences environnementales futures semblent difficiles à respecter;

 Étant donné qu'au moins de 60% de l'énergie du combustible dans un moteur à combustion interne est perdue sous forme de chaleur, sa récupération est un moyen prospectif pour augmenter l'efficacité globale du moteur et diminuer la consommation spécifique de carburant;

 La récupération de la chaleur sur les gaz d'échappement offre un potentiel plus élevé comparé au système de refroidissement en raison d'une exergie des gaz d'échappement supérieure, qui atteint 19% de l'énergie du combustible;

 L'analyse des différentes techniques de récupération de chaleur révèle que le cycle de Rankine est la solution la plus prometteuse pour les moteurs à combustion interne en raison de l'efficacité globale qui pourrait atteindre 15%;

 Le choix du fluide de travail dans un système de récupération de chaleur sur les gaz d'échappement d'un moteur, basé sur le cycle de Rankine est difficile en raison de la température des gaz d'échappement qui varie dans une large gamme. L'eau est un fluide approprié dans la plage de températures au-dessus de 300°C, ce qui couvre le champ moteur de mi-charge à la pleine charge;

 L'efficacité du cycle de Rankine dépend de: source de chaleur, fluide de travail, évaporateur, machine de détente, condenseur et conditions opératoires des fluides (débit massique et pression). 

Étalonnage du système de gestion du moteur

Les paramètres d'injection de carburant (quantité de carburant injecté, début d'injection, durée d'injection, pression d'injection et nombre d'injections) et la pression du turbocompresseur ont un impact significatif sur la puissance du moteur et l'énergie thermique des gaz d'échappement. Pour cette raison, les expérimentations du moteur ont été effectuées avec les paramètres de contrôle du moteur optimisés en usine.

Pour ce moteur, la pression d'injection varie de 30 MPa à 160 MPa, en fonction de la vitesse du moteur et la PME (pression moyenne effective).

La masse maximale injectée par injection pilote est de 2,5 mg/cp. La quantité d'injection pilote ne dépasse pas 5% de la quantité totale de carburant injecté par cycle.

La quantité de carburant injectée durant la phase principale varie de 5 à 60 mg/cp en fonction de l'augmentation de la pression moyenne effective.

Le début de l'injection pilote varie de -4 à -35°. Les valeurs négatives se rapportent à la position angulaire du vilebrequin avant le point mort haut.

Le début de l'injection principale varie de 2° après le PMH à -16° avant le PMH.

La pression de suralimentation varie de 0 à 1,3 bar, en fonction de la charge et de la vitesse du moteur.

Etude expérimentale du moteur

Un certain nombre de caractéristiques de charge du moteur dans la plage de fonctionnement de 1400 tr.min -1 à 2400 tr.min -1 , par un intervalle de 200 tr.min -1 , ont été réalisées.

Pression dans le cylindre

À la vitesse du moteur de 2000 tr.min -1 , la pression maximale du cylindre était de 172,5 bar. Cette valeur est mesurée en position angulaire du vilebrequin 11 ° après le PMH. Pour ce point de fonctionnement, le moteur atteint un couple maximal de 320 Nm. La valeur maximale de la température des gaz d'échappement est de 688 °C à la vitesse du moteur de 1600 tr.min -1 et pour une PME de 17,8 bar. La température des gaz d'échappement à 1,5 m en aval du turbocompresseur est d'une valeur maximale de 518 °C, mesurée pour une vitesse du moteur de 2400 tr.min - 1 et une PME de 19,7 bar.

Le débit massique des gaz d'échappement a été calculé sur la base du débit massique d'admission et de la consommation de carburant du moteur comme suit:

𝑚̇𝑔 = 𝐺 г + 𝐺 в , kg/h (2.1)
Le débit massique des gaz d'échappement varie de 77 à 270,1 kg/h.

Conclusions

Sur la base des résultats expérimentaux, les conclusions suivantes ont été faites:

 Le processus de combustion du moteur a été étudié au moyen des diagrammes indiqués et du taux de dégagement de chaleur sur toute la gamme de fonctionnement du moteur de 1400 tr.min Le transfert de chaleur vers les parois de la chambre de combustion, c'est-à-dire la culasse, le piston et la chemise de cylindre, est calculé à partir de la corrélation suivante:

𝑄 𝑤𝑖 = 𝐴 𝑖 . 𝛼 𝑤 . (𝑇 𝑐 -𝑇 𝑤𝑖 ) (3.12)
Afin de définir le coefficient de transfert de chaleur dans nos simulations, le modèle de Woschni est utilisé: Dans l'élément "E1" du logiciel AVL Boost, on définit les principaux paramètres de contrôle de la simulation tels que la vitesse du moteur, le nombre de cylindres, le type de moteur, le nombre de cycles simulés, l'ordre d'allumage, le moment d'inertie, etc. Les paramètres requis pour calculer les pertes mécaniques sont également définis dans cet élément.

𝛼 𝑤 = 0,013. 𝐷 𝑐 -0,2

Etalonnage du modèle

Afin de valider le modèle, on a utilisé les résultats expérimentaux de mesure de la pression dans le cylindre. Dans le modèle de combustion d'AVL Boost, il a été choisi "Target presure curve". De ce fait le taux de dégagement de chaleur est estimé sur la base de la mesure de la pression dans le cylindre. Afin d'étudier l'ensemble du champ moteur (y compris la partie qui n'a pas été étudiée expérimentalement), le taux de dégagement de chaleur a été approché par une double fonction de Vibe. Le taux de dégagement de chaleur pour la double fonction de Vibe peut être donné comme suit : )

𝑑𝑋 𝑑𝜑 = 𝑎 1 .
(𝑚 2 +1) (3.25) 
où:

𝑎 1 + 𝑎 2 = 1 (3.26)
Afin de valider cette approche, nous avons comparé la pression mesurée dans le cylindre avec les courbes de pression estimées au moyen du modèle de simulation utilisant le taux de dégagement de chaleur déterminé par la double fonction de Vibe. Dans cette étude, les paramètres de la double fonction de Vibe ont été déterminés par approximation présentée ci-dessous. -Au ralenti, l'écart maximum a été observé après le pic de pression cylindre. Il est de 3,9 bar, soit 7,4%. -Pour une charge du moteur de PME de 9,5 bar, l'écart maximal est de 1 bar ou de 1,3%. L'écart maximal a été observé à la pression maximale du cylindre. -Au couple maximal du moteur, l'écart maximal est de 3 bar ou 1,86%. Comme le moteur fonctionne sans injection pilote au-dessus de 3500 tr.min -1 , pour ce régime de fonctionnement, on utilise une seule fonction de Vibe. Dans la plage de fonctionnement sans injection pilote, les paramètres de la fonction de Vibe ont été déterminés sur la base des recommandations de la littérature.

Bilan énergétique et analyse exergétique du moteur

Bilan énergétique du moteur

Pour calculer le bilan énergétique, on utilise la corrélation suivante:

𝑄 𝑓 = 𝑄 е𝑓𝑓 + 𝑄 𝑐𝑜𝑙 + 𝑄 𝑒𝑥ℎ + 𝑄 𝑓𝑟 + 𝑄 𝑢𝑛 , [kJ] (3.27)
La figure 3.4 montre la variation de puissance de sortie rapportée sur la cartographie du moteur. Ici, une puissance de sortie maximale de 101 kW à 4000 tr.min -1 a été observée. Sur le même graphique, la consommation spécifique de carburant est présentée. La valeur minimale de 206 g/kWh a été estimée. Afin de mieux illustrer les résultats, le bilan énergétique est présenté sous forme de bilan de puissance, car l'énergie a été estimée par seconde. On a supposé que les pertes de chaleur supplémentaires étaient nulles, donc l'équation 3.  La puissance thermique du refroidissement est plus faible sur l'ensemble de la plage de fonctionnement du moteur car elle varie de 1 kW à 42 kW;  L'analyse du potentiel de récupération a révélé que les gaz d'échappement offrent un potentiel plus élevé. La puissance exergétique des gaz dans le collecteur d'échappement est comprise entre 1 kW et 56,8 kW tandis que 1,5 m en aval du turbocompresseur, elle varie de 0,9 kW à 40,3 kW. La puissance exergétique dans le refroidissement se situe dans la plage de 0,1 kW à 4 kW;  L'exergie des gaz rapportée à l'énergie du combustible varie de 12% à 23,8% dans le collecteur d'échappement et de 6,9% à 18,3% 1,5 m en aval du turbocompresseur;  L'exergie relative du refroidissement est nettement inférieure à celle de l'échappement, avec une valeur maximale de 3,3%.

IV. Étude numérique du moteur La figure 4.5 montre l'efficacité de l'échangeur de chaleur sur une partie de la plage de fonctionnement du moteur. L'efficacité de l'évaporateur varie dans la fourchette de 24,8% à 51,9%. Sur la base des études menées sur l'efficacité de l'évaporateur, dans la partie du champ de travail du moteur, les valeurs optimales pour le débit massique et la pression du fluide de travail sont également établies. Le débit du fluide de travail varie de 2 g/s à 10 g/s. La pression varie de 5 bar à 20 bar. 

Conclusions

Sur la base des résultats, les conclusions suivantes peuvent être faites :  L'échangeur de récupération chaleur testé destiné au cycle de Rankine (évaporateur) ne permet pas l'évaporation complète du fluide de travail pour tous les points de fonctionnement du moteur. À faible régime moteur et vitesse, la température de sortie du fluide de travail est proche de la température d'évaporation;

 L'efficacité de l'échangeur de chaleur varie de 25% à 51,9% dans la plage de fonctionnement du moteur étudiée. L'efficacité maximale a été obtenue pour la zone de rendement maximal du moteur;

 La puissance thermique du fluide de travail dépend de l'énergie des gaz d'échappement à l'entrée de l'évaporateur ainsi que de l'efficacité du transfert de chaleur. Elle augmente principalement en augmentant la charge et la vitesse du moteur;

 Sur la base des résultats expérimentaux, les optimums de débit massique et de pression du fluide de travail du cycle Rankine ont été déterminés.

V. Étude numérique du système de récupération de chaleur par cycle de Rankine

Modèle du cycle de Rankine

Un modèle de simulation 0D du cycle de Rankine en régime permanent a été développé. Ensuite, celuici a été programmé en un code de simulation dans Python (x, y). Les propriétés thermiques du fluide de travail ont été définies au moyen de la base de données CoolProp intégrée à Python (x, y).

Transfert de chaleur dans l'évaporateur

Pour la modélisation du processus d'échange de chaleur dans l'échangeur de chaleur, on utilise un modèle discrétisé dans lequel l'échangeur de chaleur a été divisé en un nombre fini d'éléments. Ainsi, pour chaque élément, le flux de chaleur des gaz d'échappement vers le fluide de travail est estimé.

𝑄 ℎ𝑒

[𝑖] = 𝐴 [𝑖] . 𝐾 [𝑖] . (𝑇 𝑔𝑎𝑠 [𝑖] -𝑇 𝑤𝑓 [𝑖] ) (5.1) 
La surface de transfert de chaleur 𝐴 [𝑖] a été déterminée sur la base de la surface de transfert de chaleur totale calculée de l'échangeur de chaleur divisée par le nombre d'éléments de calcul.

Le coefficient de transfert de chaleur pour chaque élément 𝐾 [𝑖] est déterminé au moyen d'un coefficient de transfert de chaleur convectif aux frontières de chaque fluide et un coefficient de conductivité thermique de paroi:

1 𝐾 = 1 𝛼 𝑓 + (𝑑 2 -𝑑 1 ) 2.𝜆 + 1 𝛼 𝑔 (5.2)
La conductivité thermique de la paroi 𝜆 est constante car elle a été choisie sur la base du matériau du tube.

Le coefficient de transfert de chaleur convectif sur la couche limite vers le fluide de travail est déterminé en fonction de l'état du fluide. Dans le cas où le fluide de travail est en phase unique (liquide ou gaz), le coefficient de transfert de chaleur à la paroi a été déterminé par l'équation de Dittus-Boelter:

𝛼 𝑓 = 𝑁𝑢.𝜆 𝐷 (5.3)
En cas de flux à deux phases (mélange de liquide et de gaz), l'équation de Kenning-Cooper est proposée: (5.7)

𝛼 𝑓 = [1+1,
La puissance thermique totale transférée de l'échappement vers le fluide de travail est déterminée par la somme du flux de chaleur dans chacun des éléments.

𝑄 ℎ𝑒 = ∑ 𝑄 ℎ𝑒 [𝑖] 𝑛 𝑖=1
(5.8)

Puissance du cycle de Rankine

La puissance du cycle de Rankine a été estimée au moyen de la différence entre la puissance de détente et la puissance consommée par la pompe.

𝑃 𝑅𝐶 = 𝑃 𝑒𝑥𝑝 -𝑃 𝑝 (5.9)

Afin de simplifier le calcul de la puissance de détente, on a supposé que le processus de détente du fluide de travail était adiabatique sans changement de phase pendant la détente.

La pression de fin de détente est déterminée par l'équation de l'évolution adiabatique:

𝑝 2 = 𝑝 1 𝜀 𝜒 (5.10)
La puissance de la machine de détente peut être estimée comme suit: 𝑃 𝑒𝑥𝑝 = 𝑚̇𝑤 𝑓 . (ℎ 3 -ℎ 4𝑖𝑠 ). 𝜂 𝑒𝑥𝑝 (5.11) Le rendement isentropique de la machine de détente ainsi que la pompe étaient choisi égale à 0.6.

Afin de déterminer la puissance requise pour la pompe, on utilise l'équation suivante:

𝑃 𝑝 = 𝑚 𝑤𝑓 .(ℎ 2𝑖𝑠 -ℎ 1 )
𝜂 𝑝

(5.12)

Le rendement du Rankine et le taux de récupération de chaleur du cycle de Rankine sont déterminées comme suit:

𝜂 𝑅𝐶 = 𝑃 𝑅𝐶 𝐻 𝑓𝑠
. 100

(5.13)

𝜂 𝑅𝐶0 = 𝑃 𝑅𝐶 𝐻 𝑔
. 100 (5.14)

Validation du modèle du cycle Rankine

La validation du modèle a été effectuée en comparant les températures estimées du fluide de travail et des gaz d'échappement à la sortie de l'échangeur de chaleur avec la température mesurée expérimentalement sur le banc d'essai du cycle de Rankine présenté dans le chapitre précédent.

La comparaison entre les valeurs numériques et expérimentales pour la température du fluide de travail révèle un écart maximal de 26 °C. En pourcentage, l'écart maximum est de 9,6% au même point de fonctionnement.

La comparaison entre les valeurs numériques et mesurées concernant la température des gaz d'échappement à la sortie de l'échangeur de chaleur révèle un écart maximal de 46 °C. L'écart maximal relatif est de 19%.

3. Étude numérique du cycle de Rankine et impact sur la performance du moteur 3.1 Étude sur la puissance du cycle de Rankine Une étude numérique de la puissance du cycle de Rankine a été réalisée, pour une machine de détente volumétrique pour différents taux de détente: ɛ = 4, ɛ = 6 et pour une machine de détente idéale avec une détente du fluide de travail jusqu'à à la pression atmosphérique.

La puissance pour un taux de détente ɛ = 4 varie de 0.10 kW à 3.00 kW.

La puissance pour un taux de détente ɛ = 6 varie de 0.11 kW à 3.67 kW. La puissance pour une machine détente idéale varie de 0,12 kW à 4.4 kW. Le rendement du cycle de Rankine pour un taux de détente  = 4 varie de 0.8 % à 8.6 %.

Le rendement du cycle de Rankine pour un taux de détente  = 6 varie de 1.3 % à 10.6 %.

Le rendement du cycle Rankine dans le cas d'une machine de détente idéale varie de 1.9 % à 11.9 %. Pour  =6, le taux de récupération de chaleur varie de 0,33% à 5,4%. La valeur maximale a été obtenue à 1400 tr.min -1 et pour une PME de 10.5 bar.

Le taux de récupération de chaleur obtenu dans le cas d'une machine de détente idéale varie de 0,9% à 6,55%. La valeur maximale a été observée à la vitesse du moteur de 4000 tr.min -1 et pour une PME de 10.5 bar.

3.4 Impact du système de récupération de chaleur par cycle de Rankine sur les performances du moteur L'impact du cycle de Rankine sur la puissance de sortie du moteur a été étudié dans le cas d'une machine de détente volumétrique avec un taux de détente  = 6 et pour une machine de détente idéale. La puissance du cycle de Rankine a été ajoutée à la puissance du moteur sur la plage de fonctionnement étudiée. On a considéré qu'il n'y avait pas de perte de puissance. L'amélioration de la puissance maximale du moteur dans un autre cas est de 3,63% pour une vitesse du moteur de 4000 tr.min -1 et une PME 14.7 bar. L'effet minimum de 0,27% a été estimé pour une vitesse du moteur de 2000 tr.min -1 et une PME de 20.3 bar.

Conclusions

Sur la base des résultats présentés ici, les conclusions suivantes ont été faites:  En augmentant le taux de détente de la machine de détente de  = 4 à  = 6 la puissance nette du cycle Rankine augmente. La puissance maximale du cycle de Rankine estimée pour le taux de détente  = 6 est de 3.67 kW. Dans le cas d'une machine de détente idéale, la puissance maximale atteint 4.4 kW.

 Le rendement du cycle de Rankine a été évalué en fonction de taux de détente Il varie entre 1,3% et 10,6% pour le taux de détente  = 6 alors que dans le cas d'une machine de détente idéale, il varie de 1,9% à 11,9%.

 Le taux de récupération de la chaleur résiduelle des gaz d'échappement varie de 0,33% à 5,4% pour le taux de détente  = 6. Dans le cas d'une machine de détente idéale, l'efficacité varie de 0,9% à 6,5%.

 Le système de récupération de la chaleur par cycle de Rankine peut améliorer la puissance du moteur jusqu'à 3,63% dans le cas d'une machine de détente avec un taux  = 6 and. Cependant, dans le cas d'une machine de détente idéale, une amélioration de 4,3% a été observée.

Conclusions générales

Sur la base des recherches théoriques et expérimentales menées dans la thèse, les conclusions générales suivantes peuvent être faites:

-Une étude expérimentale des processus de conversion d'énergie dans un moteur diesel a été effectuée en prenant en compte la mesure de la pression dans le cylindre, sur la plage de fonctionnement du moteur, du régime de 1400 tr.min -1 jusqu'à 2400 tr.min -1 ; -Les paramètres du moteur et des gaz d'échappement ont été étudiés expérimentalement. La température des gaz d'échappement a été mesurée sur le collecteur d'échappement et 1,5 m en aval du turbocompresseur; -Un modèle de simulation du moteur a été développé au moyen du logiciel de simulation AVL Boost.

Sur la base des données expérimentales concernant la pression dans le cylindre, les paramètres de la fonction de Vibe (simple ou double) ont été déterminés sur la plage de fonctionnement du moteur; -L'analyse des bilans énergétiques et exergétiques du moteur étudié révèlent que, malgré une puissance thermique élevée à la fois dans l'échappement et le refroidissement, le potentiel de récupération à l'échappement est beaucoup plus élevé en raison de l'exergie supérieure des gaz d'échappement. Théoriquement, l'amélioration du rendement du moteur pourrait atteindre 18,3% estimés sur la base de l'exergie des gaz d'échappement et de 3,3% sur la base de l'exergie du refroidissement; -Un modèle 0D de simulation du cycle de Rankine en fonctionnement permanent a été développé, ainsi qu'un modèle discret de l'échangeur de chaleur. L'algorithme de calcul a été implémenté dans Python (x, y). La base de données CoolProp a été utilisée pour déterminer les paramètres du fluide de travail; -L'étude expérimentale de l'échangeur de chaleur (évaporateur) du système de récupération de chaleur par cycle de Rankine révèle que l'efficacité du transfert de chaleur varie de 25% à 51,9%; -La pression du fluide de travail du cycle de Rankine et le débit massique ont été optimisés expérimentalement afin d'atteindre l'efficacité maximale de l'échangeur de chaleur; Les performances du cycle de Rankine ont été estimées avec une machine de détente volumétrique pour différents taux de détente. La puissance maximum a été évaluée à 3 kW, 3,67 kW et 4,4 kW respectivement pour un taux de détente  = 4,  = 6 et une détente jusqu'à la pression atmosphérique. -La puissance maximale en sortie du moteur et l'amélioration de la consommation spécifique au frein varient dans la plage de 3,63% à 4,3% en fonction du taux de détente du cycle de Rankine. La valeur la plus élevée a été observée dans le cas de la une machine de détente idéale (détente jusqu'à la pression atmosphérique).

Afin d'évaluer plus avant le potentiel de récupération de la chaleur des gaz d'échappement des moteurs à combustion interne, il est nécessaire de développer un cycle de Rankine approprié pour l'application moteur. Cependant, avec cette thèse, notre équipe élargit considérablement les connaissances dans les deux laboratoires concernant la modélisation du cycle de Rankine et le transfert de chaleur dans l'échangeur de chaleur. Cette connaissance peut être utilisée dans nos futurs projets de recherche.

Le banc d'essai expérimental d'un moteur diesel moderne nous permet d'étudier le moteur avec une récupération de chaleur des gaz d'échappement basée sur le cycle de Rankine ou le cycle de Rankine organique. Les paramètres de fonctionnement du cycle de Rankine doivent être adaptés au mode de fonctionnement du moteur, ce qui nécessite un système de gestion du moteur plus compliqué.

Les recherches menées dans cette thèse se sont déroulées pour un fonctionnement stabilisé du moteur et du cycle de Rankine. Cependant, les moteurs pour les voitures particulières fonctionnent principalement en mode transitoire. Cela signifie que le système de récupération de chaleur par cycle de Rankine doit être étudié pour un fonctionnement transitoire du moteur en tenant compte de l'inertie thermique du système d'échappement et de l'échangeur de chaleur.

Avec ce travail de thèse, notre coopération internationale entre le département des « moteurs à combustion, automobiles et transport » de l'Université technique de Sofia et l'équipe « Turbomachines et moteurs » du Cnam, Paris est renforcée. Cela permettra de futurs échanges de personnel ainsi que de futures thèses en co-tutelle entre les deux institutions dans le domaine de l'énergie.

Contributions de la thèse

Le taux de rejet de chaleur d'un moteur diesel à injection directe a été déterminé sur une base expérimentale. Ensuite, le taux de dégagement de chaleur a été approché au moyen de la double fonction de Vibe sur la plage de fonctionnement du moteur où se produit l'injection pilote;

Une évaluation du potentiel de récupération de la chaleur provenant des gaz d'échappement du moteur et du système de refroidissement sur la base de la deuxième loi thermodynamique (analyse exergétique) a été effectuée;

Un modèle de simulation du cycle Rankine a été développé, y compris un modèle discret d'échangeur de chaleur. Au moyen du modèle, le rendement du cycle Rankine en régime permanent a été étudié;

Un banc d'essai expérimental d'un moteur diesel a été équipé pour étudier le processus de combustion, les paramètres des gaz d'échappement et les performances du moteur; La pression dans le cylindre et le taux de libération de chaleur sur une partie de la plage de fonctionnement du moteur a été étudiée expérimentalement;

Un modèle de simulation d'un moteur diesel à injection directe a été développé afin d'étudier le cycle de fonctionnement du moteur, l'énergie des gaz d'échappement et l'énergie de refroidissement; L'efficacité de l'échange de chaleur destiné au système de récupération de chaleur a été étudiée expérimentalement sur la plage de fonctionnement du moteur;

La possibilité d'améliorer le rendement du moteur et de diminuer la consommation spécifique de carburant au moyen d'un système de récupération de chaleur résiduelle basée sur le cycle Rankine a été évaluée. 

Introduction

The intensive development of engineering and technologies leads to the need of more advanced energy sources. Since the beginning of the twentieth century the main source of mechanical energy for the transport, off-road and other machines are the internal combustion engines (ICE). The continuous increase in the prices of petroleum fuels, steadily rising of the restrictions and requirements of the performance led to a number of innovations and improvements in the design of internal combustion engines in recent decades.

The need of reducing the pollutant emissions and carbon dioxide in the exhaust gases of internal combustion engines imposed by European Union legislation, forces manufacturers to significant improvements of ICE efficiency. In spite of existing modern technologies for improving the performances of internal combustion engines, the future emissions requirements will be difficult to be met.

It is well known that a significant part of the fuel energy in the internal combustion engine is lost in a form of heat in the exhaust and cooling system as well as to overcome the mechanical losses. The waste heat recovery seems to be a prospective way to improve the engine efficiency. Therefore, it becomes a major subject of many studies in the field of internal combustion engines. In recent decades the waste heat recovery systems are successfully developed and implemented in ICE such as turbocharging and turbo-compound systems. In recent years, a significant interest in waste heat recovery represents the thermodynamic cycles (Rankine, Stirling and Ericsson), thermoacoustic systems and thermoelectric generators.

Chapter I

State of the art

In the first chapter of this thesis the trends in CO2 emission restriction in EU is discussed, regarding to the reduction of greenhouse gases in the atmosphere by economic sectors as well as by passenger cars.

A review of the modern technologies for reducing the fuel consumption and CO2 emissions of internal combustion engines is presented, as well. The prospective methods for waste heat recovery from internal combustion engine are also analyzed. Then, on the basis of the analysis the most promising technology for waste heat recovery was chosen.

Then, a detailed review of the Rankine cycle as waste heat recovery from ICE is studied. Different types of working fluids, expander machines and heat exchangers are presented.

The chapter finishes with conclusions on the basis of the literature review that was conducted and the aim and objectives of the thesis are presented.

Carbon dioxide restrictions to internal combustion engines

The growing greenhouse effect and the global warming force the governments all around the world to strive the reduction in greenhouse gases emissions. Greenhouse gases in the atmosphere are composed by carbon dioxide (CO2) about 82%, methane (CH4) 9%, nitrous oxide (NO) 6% and etc. Many analysis show that the content of carbon dioxide is growing during the last decade. Thus, the developed countries implements restriction of the carbon dioxide emissions from all sectors of the industry [1].

On the basis of the Climate Change Framework Convention of the United Nations, the members of the European Union (EU) took a firm commitment to reduce greenhouse gases emissions by at least 20 % by 2020 and at least 40 % by 2030 in comparison with 1990. In order to provide a significant reduction in CO2 emissions all sectors of the industry should be concerned.

The transport sector is the second biggest pollutant with approximately 25 % of total greenhouse gases emissions. Detailed analysis in the transport sector reveals that the most significant impact has the road transport by producing over 80 % of CO2 emissions [2].

The restriction of carbon dioxide emissions from the road transport is a subject of discussion in the EU since last decade of the twentieth century. The first restriction on CO2 emissions for vehicles was implemented in 2009 with regulation for CO2 emissions of new light-duty vehicles by the EU parliament (443/2009) [3]. This standard of CO2 emissions states that each new car manufactured from 2015 must respect the CO2 restriction as a function of the vehicle weight. The reference CO2 value is 130 g/km. For the vehicle manufactured by 2020 the reference value will be 95 g/km. This standard is intended in order to force the industry to invest in new technologies, thereby promoting eco-innovation and takes into future technological developments. In 2011, with regulation № 510/2011 was accepted standard for CO2 emissions of new light commercial vehicles with mass up to 3500 kg. It sets a target of 147 g CO2/km of new light commercial vehicles from 2020.

Similar regulations and restrictions have been introduced in all regions with significant production of passenger cars [4]. In all of them the target is to reduce the emissions of greenhouse gases in all economic sectors, including the transport sector in order to protect the environment. Fig. 1.1 presents future trends in worldwide restrictions on CO2 by 2020.

The future development of the road transport, driven by internal combustion engine is closely related to fulfillment of the carbon dioxide emission restrictions. Therefore, improvement of the ICE in order to reduce fuel consumption and exhaust emissions by development of new technics is a main target for scientists worldwide. 

Methods to increase the thermal efficiency and to reduce fuel consumption of internal combustion engines

In order to meet the future restrictions regarding to the fuel consumption and carbon dioxide emissions, the internal combustion engines need of improved or entirely new systems for enhancing its efficiency.

2.1 Review of the modern methods for increasing the ICE efficiency and reducing the fuel consumption

Turbocharging

The turbocharging systems are applied both in diesel and gasoline engines. In that system, the energy due to the expansion of the exhaust gases in turbine is transmitted through a mechanical connection (shaft) to the compressor and that energy is used in order to increase the pressure in the intake system. The main advantage of the system is increased engine efficiency and performance. The main disadvantages are: turbo lag in transient engine operating mode and relatively negligible effect on the engine performance at low engine speed due to low exhaust gases energy [6].

The performance of the engine at low engine speed can be improved by two-stage turbocharging which has been already implemented in some diesel engine for passenger cars. Rinaldini et al. [7] presented in his study a comparison between a configuration uses three turbochargers whit twinturbo application. The main advantages of the configuration with three turbochargers in comparison with twin-turbo configuration are: higher boost pressure at low engine speed; lower pumping losses at high speed and full load as well as better transient response. The main disadvantages are: higher complexity of the control system; larger overall dimensions and cost.

Direct injection of the fuel in cylinder

Direct injection systems in the engine cylinder are used in diesel engines intended for passenger cars since the 1990s. This mixture formation has a number of advantages in comparison with prechamber mixture formation such as: higher engine thermal efficiency and lower specific fuel consumption due to reduced thermal and hydraulic losses in the combustion chamber. However, direct injection mixture formation in the cylinder has disadvantages such as: poor mixture quality at high engine speed and inability to increase the engine speed and higher maximum value of the rate of heat release which leads to increasing noise from the combustion process [8].

In order to overcome the disadvantages of direct injection in diesel engines over the past two decades "common rail" fuel injection system has been developed. In order to improve the mixture formation, high injection pressure is used by means of multi-hole injectors in combination with turbocharging as well as swirl and squish flow motion in the cylinder. Modern electronically controlled injection systems offer multiple fuel injection (up to 7 injections per cycle for Euro 6 diesel engines). Thus, the pressure rise in the cylinder and the noise as well as the pollutant emissions can be controlled [START_REF] Евтимов | Двигатели с вътрешно горене[END_REF]. However, increasing engine performance leads to higher pollutant emissions, especially NOx emissions and particulates in the exhaust gases. Therefore, it requires the use more complex and expensive systems to neutralize the toxic components in the exhaust system, which leads to increasing in the fuel consumption in some engine operating points.

Direct injection in gasoline ICE has been widely applied over the last decade as a promising technology in order to improve specific fuel consumption and pollutant emission.

The advantages of gasoline engines with direct injection in the cylinder are: higher engine thermal efficiency; lower fuel consumption; improved transient operation modes; more precisely controlling the air excess ratio; lower СО2 emissions; higher engine output power [START_REF] Илиев | Проблеми при двигателите с директно впръскване на бензин и възможни начини за решаването им[END_REF].

Disadvantages of gasoline engines with direct injection are: more complex control of the injection; increasing of the CH emissions at low engine load; increasing of the NOx emissions at middle and high load of the engine; formation of particulates in some operating modes; incomplete use of the catalytic converter capabilities; high price of the injection system and the electronic control device [START_REF] Илиев | Проблеми при двигателите с директно впръскване на бензин и възможни начини за решаването им[END_REF].

Direct injection gasoline engines operate in two modes depending on engine load and speedstoichiometric (early injection) and stratified (late injection). In stoichiometric mode fuel is injected during the intake stroke. It allows homogeneous fuel-air mixture formation in the cylinder. This engine operating mode is usually used at high load and high speed. Stratified operating is typical at low engine speed and load. Thus, the output power of the engine is controlled by air excess ratio which usually varies from α = 1.5 to α = 3.5. The fuel is not injected at the intake stroke but rather at the end of the compression stroke. Mixture formation in direct injection depends on position of the injector in the combustion chamber. According to the mixture strategy we found different concepts: wall-guided; air-guided and spray guided mixture formation. In all case the top of the piston surface has specific shape, so when the piston moves from BDC to TDC the injected fuel is guided to the sparked plug zone. Thus, at the moment of ignition in the spark area, the air excess ratio is close to the stoichiometric [START_REF] Евтимов | Двигатели с вътрешно горене[END_REF]. According to some studies, the improving of the fuel consumption in some engines reaches 20% [START_REF] Илиев | Проблеми при двигателите с директно впръскване на бензин и възможни начини за решаването им[END_REF][START_REF] Bahattin | Gasoline direct injection[END_REF][START_REF] Zhao | Automotive spark-ignited direct-injection gasoline engines[END_REF].

Chincholkar et al. [START_REF] Chincholkar | Gasoline Direct Injection: An Efficient Technology[END_REF] summarized the results of the studies of different researchers and the conclusion is that the GDI technology has the potential to satisfy future emission regulations but still a lot of researches have to be done.

Downsizing

Reducing the displacement of gasoline internal combustion engines is one of the effective methods to reduce the fuel consumption and CO2 emissions [START_REF] Zhao | Advanced Direct Injection Combustion Engine Technologies and Development: Gasoline and gas engines[END_REF].

By reducing the cylinder volume, the engine is forced to operate at high loads in areas where specific fuel consumption is lower. Further, the efficiency of the engine can be increased by turbocharging and direct injection in the cylinder (Fig. 1.2).

In the study of Leduc et al. [START_REF] Leduc | Downsizing of Gasoline Engine: an Efficient Way to Reduce CO2 Emissions[END_REF] was reported that the fuel consumption improvement by the downsizing reached 22 % at urban conditions, however, at full load not a positive effect was observed. 

Variable valve timing and lift control

The pumping in gasoline engines are an essential part of the mechanical losses of the engine at low engine load. These losses are due to the throttling of the intake flow by the throttle valve. In the last decades, it was developed variable valve timing and lift control mechanism applied to intake valves that offers charging of the cylinder without throttle valve at intake system and less pumping losses. In order to reduce the pumping losses valve lift varies from minimum value to maximum lift as a function of engine load as well as the intake valve close timing is related to the lift. It allows the cylinder to be charged with the same amount of air but with less negative work.

In these systems, there are two strategies in order to control the timing of the intake valves: early close and late close strategy. Early close strategy offers constant intake valve open timing and the duration varies as a function of engine load. The second strategy offers a constant intake valve close timing while the open timing varies.

In series production, these systems are implemented by BMW and NISSAN [START_REF]VaneCAM"-The third generation of camshaft adjust-ment systems[END_REF]. The valvetrain mechanism is characterized by a complex kinematics scheme and control algorithm. Moreover, these systems have significant disadvantage, which is related to the deviation of the valve lift and timing in engine operation. As a result, there is a substantial difference in intake air mass charged in the cylinders in idle mode and low engine load.

Variable compression ratio

On the basis of the theoretical cycles [8], it is well known that one of the possibility to improve the engine performance and fuel consumption is to increase the compression ratio ε. Increasing the compression ratio leads to higher pressure and temperature in the cylinder at the end of compression stroke, which improves the mixture formation and combustion process in cylinder. Increasing the compression ration over 15:1 does not lead in practice to higher thermal efficiency due to increased thermal losses. Modern direct injection diesel engines have compression ratio between 16:1 and 18:1, thus, there is not possibility to increase the diesel engine thermal efficiency by increasing the compression ratio. Concerning the gasoline engines, the compression ratio varies from 9:1 to 11:1 which is limited by the knock at full engine load. At partial loads, the conditions (pressure and temperature) in the combustion chamber are considerably lower than those in which knock becomes important to the mechanical load of the engine. It allows the gasoline engines to operate with higher compression ratio at partial load.

Advantages of the gasoline engines with variable compression ratio can be summarized as follows: easier start-up at low ambient temperature; higher engine thermal efficiency and lower fuel consumption; implement of turbocharging systems, without exceeding the limits of the maximum pressure in the cylinder and without admission of knock combustion. The main disadvantages of the engines with variable compression ratio is the more complicated design of the engine as well as the complex engine management system [START_REF] Димитров | Системи за управление на процесите в двигателите[END_REF].

In the study of Porpatham et al. [START_REF] Porpatham | Effect of compression ratio on the performance and combustion of a biogas fuelled spark ignition engine[END_REF] are compared the performance, emissions and combustion characteristics of an internal combustion engine with different compression ratios. The study presents that the maximum output power in case of compression ratio equal to 15:1 is 4.8 kW and it is 10% higher than that with a compression ratio of 9.3:1 (4.4 kW). With increasing in compression ratio from 9.3:1 to 15:1, the maximum brake thermal efficiency increases from 23% to 26.8%. Ozcan et al. [START_REF] Ozcan | Performance and emission characteristics of LPG powered four stroke SI engine under variable stroke length and compression ratio[END_REF] presented a computer simulation of a single cylinder spark ignition engine fueled by LPG with variable stroke length. The conclusions of this work stated that the variable stroke technique can be used in order to improve the performance and emission characteristics of spark ignition engines. Yamin et al. [START_REF] Yamin | Performance simulation of a four-stroke engine with variable strokelength and compression ratio[END_REF] reported that the pollutant emissions increase in case of higher compression ratio. Thus, the CO increase by 2.5 % to 15 % and NOx is higher by 2 % to 58 %. However, the specific fuel consumption is lower by up to 6 %.

Low temperature combustion processes (CAI and HCCI)

Reduction of the fuel consumption and pollutant emissions from internal combustion engines in partial operating mode can be achieved by applying low temperature combustion process such as: HCCI (Homogeneous charge compression ignition) and CAI (Controlled auto ignition).

Bendu et al. [START_REF] Bendu | Homogeneous charge compression ignition (HCCI) combustion: Mixture preparation and control strategies in diesel engines[END_REF] presented a review on the mixture formation and control strategies adopted in HCCI operating diesel engines. The conclusions of this study revealed that the HCCI combustion process has the potential to improve the thermal efficiency and to reduce the pollutant emissions in conventional diesel engines. In the study of Pacheco et al. [START_REF] Pacheco | New European Drive Cycle (NEDC) simulation of a passenger car with a HCCI engine: Emissions and fuel consumption results[END_REF], is shown that the engines operate in HCCI combustion mode in NEDC simulation have reduction of NOx, CO emissions and fuel consumption by 21%. The objectives of the study of Albayrak et al. [START_REF] Albayrak Çeper | Performance and emission characteristics of an IC engine under SI, SI-CAI and CAI combustion modes[END_REF] is to determine the effects of spark ignition (SI), spark assist controlled auto ignition (SI-CAI) and pure CAI combustion modes on the performance and emissions in a modified ICE. It was concluded that the CAI combustion generated lower NOx emissions and no fuel consumption benefits was reported in this study.

2.2 Improving the thermal efficiency and reducing the fuel consumption in internal combustion engines by means of waste heat recovery

Waste heat recovery potential in internal combustion engines

The energy balance of the ICE shows that the maximum efficiency of the engine is not more than 35 % for diesel engines and not more of 30 % for petrol engines. For high-powered low-speed industrial and marine diesel engines, these values reach 50 % in a certain operating mode. Thus, the maximum values of the efficiency, respectively the minimum specific fuel consumption are achieved in a relatively narrow operating range for automotive engines. This indicates that, most of the time, more than 60 % of the fuel energy is not utilized in the automotive engines. This energy is rejected as waste heat in the cooling and exhaust system as well as it is used to drive the auxiliaries. Typical energy distribution in the ICE is presented in Fig. 1.3.

Fig. 1.3. Fuel energy distribution in ICE

In spite of the wide variety of modern technologies for improvement of the internal combustion engines performances, the potential for further increase of the thermal efficiency is small. Therefore, the thermal efficiency of ICE can be further improved by recovering of waste heat. Several waste heat recovery technologies intended to internal combustion engines have been studied: turbocompound; thermoelectric generators; thermoacoustic systems; thermodynamic cycles (Rankine, Ericsson, Stirling and etc.).

In order to assess the potential for waste heat recovery, it is more appropriate to use the term exergy based on the second thermodynamic law. Exergy indicates the quantity of the available thermal energy that can be theoretically converted into mechanical energy in case of a thermodynamic cycle when the working fluid reaches the ambient temperature at the end of the process. The energy balance of the engine presents an analysis of the energy converted to effective power and the amount of wasted energy that is rejected by the exhaust gases and cooling system. However, the energy balance cannot provide the potential for waste heat recovery. Leduc et al. [START_REF] Leduc | Rankine System for Heat Recovery: an Interesting Way to Reduce Fuel Consumption[END_REF] presented the potential of waste heat recovery from the exhaust and cooling systems of a petrol ICE by analysis of the energy balance and exergy analysis in both systems. Although, the energy contained in both systems is approximately the same, the exergy of the exhaust gases significantly exceeds that of the cooling system. The maximum exergy of the exhaust gases reaches 19 % of the fuel energy, while the cooling system exergy does not exceed 8 %. For that reason, many researches in recent years has been focused on waste heat recovery from exhaust system of internal combustion engines rather than cooling system.

Turbo-compound

Turbo-compound systems transform a part of the exhaust gases thermal energy in mechanical or electrical energy. The recovered energy is transformed to mechanical energy when the shaft of the additional turbine is connected by mechanical transmission to the engine crankshaft. In some constructions of the additional turbine or the turbocharger the recovered energy is transformed in electrical energy by means of electrical generator. The disadvantage of the turbo-compound systems with additional turbine in exhaust system is the backpressure that leads to negative effect on the gas exchange process. The advantages of turbo-compounding, presented in study [START_REF] Sendyka | A review of turbocompounding as a waste heat recovery system for internal combustion engines[END_REF]26], can be summarized as follows: higher engine output power; lower fuel consumption and higher engine torque.

Katsanos et al. [START_REF] Katsanos | Simulation of a heavy-duty diesel engine with electrical turbocompounding system using operating charts for turbocharger components and power turbine[END_REF] presents a simulation study of electric turbo-compound system for heavyduty diesel engine at engine speed 1700 min -1 . The results show a reduction of the specific fuel consumption by 4.1 % at full load and by 2 % at 50 % load. The exhaust gases pressure at turbine inlet rises within the range of 1.26 bar to 2.84 bar. In the study of Timothy et al. [START_REF] Callahan | Effectivness of Mechanical Turbo Compounding in a Modern Heavy-Duty Diesel Engine[END_REF] is presented an effect of the mechanical turbo-compounding on a diesel engine performances. The results revealed an increase of the BMEP by 2.5 % and a decrease in fuel consumption at 1400 min -1 and 100 % load of the engine.

Thermoelectric generators

Thermoelectric generators use the properties of some materials in order to generate voltage when there is a different temperature on each side of the material (Seebeck effect). When the thermoelectric element is placed between two surfaces (hot and cold), the temperature difference causes changes in the core of the thermoelectric material, which converts the thermal energy into electrical. The main advantage is that thermoelectric generators do not consist of moving part, they operate without noise, vibration and lead to minimum backpressure in the exhaust system of internal combustion engines. However, due to their low efficiency and high cost they still have not been used in series production engines [START_REF] Orr | A review of car waste heat recovery systems utilising thermoelectric generators and heat pipes[END_REF].

The study of Karri et al. [START_REF] Karri | Exhaust energy conversion by thermoelectric generator: Two case studies[END_REF] reports potential of the recovered power and fuel consumption reduction in case of thermoelectric generators (TEG) mounted in the exhaust stream of a sports utility vehicle (SUV) as well as on a stationary engine used CNG as fuel. The researches were conducted using both commercially available bismuth telluride (Bi2Te3) and innovative thermoelectric material based on silicon (Si). The fuel reduction for the SUV -varies between 2 % and 2.3 %. Regarding, the CNG engine fuel reduction is around 3% using silicon thermoelectric materials. Love et al. [START_REF] Love | Effect of heat exchanger material and fouling on thermoelectric exhaust heat recovery[END_REF] presented an experimental study of thermoelectric in contact with clean and fouled heat exchangers of different materials. It was observed that for higher exhaust gases flow rate, thermoelectric overall efficiency varies from 0.6 % to 0.95 %. Kim et al. [START_REF] Kim | Waste heat recovery of a diesel engine using a thermoelectric generator equipped with customized thermoelectric modules[END_REF] investigate the efficiency of a thermoelectric generator on a diesel engine with a nominal output power of 110 kW. The maximum output power of the generator is 119 W at engine speed of 2000 min -1 and brake mean effective pressure of 6 bar. The efficiency of the system is approximately 2.8 % with minimum resistance in the exhaust system of the engine.

Thermoacoustic engines

Thermoacoustic engines are devices that use heat to generate sound waves. Acoustic (sound) waves generated due to the temperature difference in a heat exchanger can be converted into electricity using microphones. Thermoacoustic engines have some disadvantages such as: low power and large sizes; lower efficiency than some other devices; complex construction and high cost.

Normah et al. [START_REF] Normah | Investigation of a Portable Standing Wave Thermoacoustic Heat Engine[END_REF] reported a study on a portable thermoacoustic heat engine that converts energy from a combustion process into acoustic power. The results revealed an acoustic output power of 50 W at 1 bar pressure in the system and 500 °C temperature of the heat source. The article of Yu et al. [START_REF] Yu | Study on energy conversion characteristics of a high frequency standing-wave thermoacoustic heat engine[END_REF] is focused on using variable acoustical load method to study the energy conversion characteristics of a high frequency standing wave thermoacoustic heat engine whose working frequency is around 300 Hz. At this study an acoustic output power around 60 W was obtained. There are three different designs of Stirling cycle: alpha, beta and gamma. A study of Thombare at al. [START_REF] Thombare | Technological development in the Stirling cycle engines[END_REF] shows that the Stirling cycle has high efficiency when the cycle operates with low heat source. According to that study suitable fluids for this cycle are air and helium. [START_REF] Bonnet | Energy, exergy and cost analysis of a micro-cogeneration system based on an Ericsson engine[END_REF] revealed the energy, exergy and cost study of a micro-cogeneration system based on Erickson cycle. A net power of 10.8 kW can be obtained at the engine output shaft. Bianchi et al. [START_REF] Bianchi | Bottoming cycles for electric energy generation: Parametric investigation of available and innovative solutions for the exploitation of low and medium temperature heat sources[END_REF] presented a comparison between Joule, Stirling and organic Rankine cycle (ORC). Thus, the thermal efficiency of the ORC is 20 % in comparison with 10 % thermal efficiency of the Joule cycle.

Thermodynamic cycles

Rankine cycle

The Rankine cycle (RC) is a thermodynamic cycle which converts heat in mechanical power. The mechanical power can be used to drive a machine directly or to produce electricity. The system consists of the following elements: pump, boiler (evaporator), expander and condenser. A number of working fluid can be used. Schematic diagram of the cycle is presented in Fig. 1 The processes in the cycle proceed as follows: Isentropic compression of the working fluid occurs in the pump (process 1-2), then the working fluid passes through the evaporator, (process 2-3). The heat transfer from the heat source to the working fluid leads the fluid to evaporate at the boiler outlet. In the expander, the evaporated working fluid expands (process 3-4). The expansion process leads to generation of the mechanical power of the expansion machine output shaft. After the expander the working fluid passes through the condenser, where the working fluid is cooled down to initial state (process 4-1).

The efficiency of the cycle can be determined by the T-s diagram as the difference between the surfaces below the line 2-3 represents the heat transferred in the evaporator and the area under the line 4-1 which is related to the heat transferred in the cooler [START_REF] Çengel | Thermodynamics: an engineering approach[END_REF].

Water, alcohols, CO2 and organic fluids can be used as working fluid in the Rankine cycle. Organic fluids are based on hydrocarbon compounds (propane, isobutene, benzene, etc.) and refrigerants (R245fa, R134a, etc.). In case of organic fluid, the Rankine cycle is called Organic Rankine Cycle (ORC).

Glavatskaya [START_REF] Glavatskaya | Conversion de l'énergie thermique des gaz d'échappement en travail mécanique par un cycle de Rankine afin de réduire les émissions des gaz à effet de serre[END_REF] presented a study of the impact of the exhaust gases enthalpy on the performance of the Rankine cycle. The output power of the Rankine cycle in this study is in the range of 3.5 kW to 4.8 kW. The results were obtained in case the working fluid is cooled to ambient temperature. However, the same cycle where the condenser is cooled by the engine cooling system produces power from 0.8 kW to 1.3 kW. On the basis of the results it can be concluded that Rankine cycle with lower condensing temperature allows an increase of the effective engine power by up to 8%. In the study of Shu et al. [START_REF] Shu | An improved CO2-based transcritical Rankine cycle (CTRC) used for engine waste heat recovery[END_REF] was presented an improved basic CO2 based transcritical Rankine cycle system. It contains both preheater and regenerator for waste heat recovery of exhaust and coolant systems of an engine. The performance of the CO2 based trans critical Rankine cycle was compared to the ORC system using R123 as working fluid. The comparison revealed that the net power output of the CO2 based transcritical Rankine cycle containing preheater and regenerator could reach to 9 kW for engine output power of 43.8 kW. It presents an increase by 150 % compared to the basic CO2 based transcritical Rankine cycle (3.6 kW). In other work, Dimitrova [START_REF] Dimitrova | Environomic design of vehicle integrated energy systems[END_REF] presented a preliminary study of the impact of an WHR system based on ORC on the efficiency of both gasoline and diesel engine. From this study, it can be concluded that the waste heat recovery system can reduce the engine fuel consumption within the range of 3 % to 7 % for the gasoline engine and between 2 % and 4 % for the diesel engine.

In studies [START_REF] Kang | Design and experimental study of ORC (organic Rankine cycle) and radial turbine using R245fa working fluid[END_REF][START_REF] Chen | Study on Exhaust Heat Recovery Utilizing Organic Rankine Cycle for Diesel Engine at Full-load Conditions[END_REF][START_REF] Capata | Preliminary Design and Simulation of a Turbo Expander for Small Rated Power Organic Rankine Cycle (ORC)[END_REF][START_REF] Yang | Effects of Degree of Superheat on the Running Performance of an Organic Rankine Cycle (ORC) Waste Heat Recovery System for Diesel Engines under Various Operating Conditions[END_REF][START_REF] Boretti | Recovery of exhaust and coolant heat with R245fa organic Rankine cycles in a hybrid passenger car with a naturally aspirated gasoline engine[END_REF][START_REF] Yu | Simulation and thermodynamic analysis of a bottoming Organic Rankine Cycle (ORC) of diesel engine (DE)[END_REF][START_REF] Zhang | A performance analysis of a novel system of a dual loop bottoming organic Rankine cycle (ORC) with a light-duty diesel engine[END_REF][START_REF] Usman | Impact of organic Rankine cycle system installation on light duty vehicle considering both positive and negative aspects[END_REF][START_REF] Yu | Multi-approach evaluations of a cascade-Organic Rankine Cycle (C-ORC) system driven by diesel engine waste heat: Part B-techno-economic evaluations[END_REF][START_REF] Wiedemann | Simulation of an Exhaust Heat Driven Rankine-cycle for Heavy-duty Diesel Engines[END_REF][START_REF] Sung | Thermodynamic analysis of a novel dual-loop organic Rankine cycle for engine waste heat and LNG cold[END_REF][START_REF] Galindo | Advanced exergy analysis for a bottoming organic rankine cycle coupled to an internal combustion engine[END_REF] are presented results concerning waste heat recovery system from different engines based on ORC. On the basis of these studies it is concluded that this type of system is suitable for waste heat recovery in case of low-temperature heat source. Here, Rankine cycle using organic fluids offers efficiency between 8 % and 15%.

In [START_REF] Leduc | Rankine System for Heat Recovery: an Interesting Way to Reduce Fuel Consumption[END_REF][START_REF] Weerasinghe | Thermal efficiency improvement in high output diesel engines a comparison of a Rankine cycle with turbo-compounding[END_REF][START_REF] Barrieu | Power from Wasted Heat: Challenges and Opportunities of Rankine Based Systems for Passenger Vehicles[END_REF][START_REF] Serrano | HD Diesel engine equipped with a bottoming Rankine cycle as a waste heat recovery system. Part 2: Evaluation of alternative solutions[END_REF], steam Rankine cycle or Rankine cycle operates with working fluid different than organic fluids were studied as a WHR system in internal combustion engines. The results revealed a possibility to reduce the fuel consumption of internal combustion engines in the range of 4 % to 10 % and the efficiency of the cycle varied from 1 % to 14 %.

The studies [START_REF] Hountalas | Improvement of bottoming cycle efficiency and heat rejection for HD truck applications by utilization of EGR and CAC heat[END_REF][START_REF] Katsanos | Thermodynamic analysis of a Rankine cycle applied on a diesel truck engine using steam and organic medium[END_REF][START_REF] Espinosa | Rankine cycle for waste heat recovery on commercial trucks: approach, constraints and modelling[END_REF][START_REF] Dolz | HD Diesel engine equipped with a bottoming Rankine cycle as a waste heat recovery system. Part 1: Study and analysis of the waste heat energy[END_REF][START_REF] Yu | Experimental investigations on a cascaded steam-/organic-Rankine-cycle (RC/ORC) system for waste heat recovery (WHR) from diesel engine[END_REF], presented a comparison of a steam Rankine cycle and ORC. In [START_REF] Katsanos | Thermodynamic analysis of a Rankine cycle applied on a diesel truck engine using steam and organic medium[END_REF] was presented a comparison of RC and ORC (R245ca) as a WHR from exhaust gases of a heavy-duty diesel engine. The results revealed a reduction of the brake specific fuel consumption in case of ORC in the range of 8.5 % to 10.2 % and for RC of 6.1 % to 7.5 %.

Review of the Rankine cycle 3.1 Working fluid

The selection of the working fluid for the Rankine cycle is an important, as the thermo-physical properties have a significant effect on the system parameters such as: system efficiency, size and design of the components. The working fluid is subject to a number of requirements [5,[START_REF] Badr | Selecting a working fluid for a Rankine-cycle engine[END_REF]. The most important are: low global warming potential (GWP), low ozone depletion potential (ODP), low toxicity, non-flammability, low freezing point, condensation pressure, low evaporation pressure, small volumetric flow rate, low expansion ratio, high efficiency of the cycle, stability at high temperature and etc.

In large industrial installations, water is most commonly used as working fluid due to some important advantages such as: good thermodynamic properties, low toxicity, non-flammability, low GWP and etc. The main disadvantage of water is higher evaporation temperature which means that high temperature heat source is needed. In addition, the use of water as a working fluid has the following disadvantages: in order to avoid condensation during the expansion process, it is necessary to overheat the steam; the risk of steam condensation results in more complex and expensive expansion machines.

At selection of the working fluid it is important that the fluid to be consistent with the cycle application, the power of the heat source as well as the temperature of the heat source. that the working fluid to be superheated, to avoid the condensation during the expansion. One of the important parameters of expansion machine is the content of the liquid phase in the total volume of the end of the expansion. Typically, it should not exceed 5% [START_REF] Chen | Energetic and exergetic analysis of CO2-and R32-based transcritical Rankine cycles for low-grade heat conversion[END_REF]. For example, isentropic fluid as R11 and "dry" as n-pentane do not need of superheating of the steam due to the reliability of the expansion machine. In this case the superheating is rather due to improvement the efficiency of the cycle. However, the overheating of the dry or isentropic fluids can lead to overloading the condenser [START_REF] Chen | A review of thermodynamic cycles and working fluids for the conversion of low-grade heat[END_REF]. In order to avoid the cooling issues an extra heat exchanger can be placed before the condenser. According to the researches of Hung et al. [START_REF] Hung | A study of organic working fluids on system efficiency of an ORC using low-grade energy sources[END_REF], isentropic fluids are most suitable for using in ORC.

The working fluid has to meet several requirements [START_REF] Badr | Selecting a working fluid for a Rankine-cycle engine[END_REF]. Here, the most important are: low ozone depletion potential, low viscosity, high latent heat of evaporation and high thermal conductivity; not aggressive to the materials from which the system is built (seals, pipelines, heat exchangers, etc.); chemically stability at wide temperature range; non-flammability; low toxicity; good lubricating properties; low price; low freezing temperatures and ect.

Danel et al. [START_REF] Danel | Waste Heat Recovery Applied to a Tractor Engine[END_REF] presented a study of a waste heat recovery system based on Rankine cycle. This study was focused on the selection of working fluid depending on the temperature of the heat source. The results revealed that ethanol offers the best performance in the temperature range of 300 °C to 400 °C and not limited evaporator heat exchange surface. In case of heat exchanger with small heat exchange surface, the water offers the best performance over the whole temperature range.

Punov et al. [START_REF] Punov | Numerical study of the waste heat recovery potential of the exhaust gases from a tractor engine[END_REF] presented a numerical study of Rankine cycle with different working fluids: water, ethanol and organic fluids (R245fa and R134a), as a waste heat recovery system for diesel internal combustion engines intended to agricultural machine with a maximum power of 110 kW. On the basis of that study, conducted at engine operating points with the speed of 1650 min -1 and BMEP of 10 bar, it was found that the steam RC offers the highest output power of 6.69 kW. The lowest power was obtained using R134a -3.45 kW, respectively.

In [START_REF] Lakew | Working fluids for low-temperature heat source[END_REF][START_REF] Mikielewicz | A thermodynamic criterion for selection of working fluid for subcritical and supercritical domestic micro CHP[END_REF][START_REF] Fernández | Thermodynamic analysis of high-temperature regenerative organic Rankine cycles using siloxanes as working fluids[END_REF][START_REF] Guo | Fluids and parameters optimization for a novel cogeneration system driven by low-temperature geothermal sources[END_REF][START_REF] Datla | Organic Rankine Cycle System Analysis for Low GWP Working Fluids[END_REF][START_REF] Gao | Performance Analysis and Working Fluid Selection of a Supercritical Organic Rankine Cycle for Low Grade Waste Heat Recovery[END_REF][START_REF] He | The optimal evaporation temperature and working fluids for subcritical organic Rankine cycle[END_REF][START_REF] Heberle | Zeotropic mixtures as working fluids in Organic Rankine Cycles for low-enthalpy geothermal resources[END_REF][START_REF] Vidhi | Organic Fluids in a Supercritical Rankine Cycle for Low Temperature Power Generation[END_REF][START_REF] Zhang | Unsteady analysis of a bottoming Organic Rankine Cycle for exhaust heat recovery from an Internal Combustion Engine using Monte Carlo simulation[END_REF][START_REF] Shu | Experimental comparison of R123 and R245fa as working fluids for waste heat recovery from heavy-duty diesel engine[END_REF][START_REF] Desideri | Experimental comparison of organic fluids for low temperature ORC (organic Rankine cycle) systems for waste heat recovery applications[END_REF] various organic fluids have been studied. These studies concluded that the fluids R245fa, R134a and R123 have the highest performances of ORC and they are most commonly used.

According to the study of Вао et al. [START_REF] Bao | A review of working fluid and expander selections for organic Rankine cycle[END_REF], working fluids for Rankine cycle can be divided into seven groups based on their composition. Santarossa et al. [START_REF] Santarossa | Turboden ORC for heat recovery in cement plants: proven solutions for your tomorrow[END_REF] reported that fluids can be divided in three groups according to the temperature of the heat source: Silicone oils from 100 °С to 200 °С; Hydrocarbon fluids from 150 °С to 390 ° C; -Fluorinated fluids from 250 °С to 350 °С. Wang in [START_REF] Wang | Efficiency and optimal performance evaluation of organic Rankine cycle for low grade waste heat power generation[END_REF] proposed a classification of different fluids depending on the temperature of the source, thus, the results are presented in Fig. 1.8. In order to improve the properties of the working fluid as well as to avoid some of disadvantages the mixtures of two or more fluids can be applied. In researches [START_REF] Heberle | Zeotropic mixtures as working fluids in Organic Rankine Cycles for low-enthalpy geothermal resources[END_REF][START_REF] Wang | A comparative study of pure and zeotropic mixtures in lowtemperature solar Rankine cycle[END_REF][START_REF] Baik | Power enhancement potential of a mixture transcritical cycle for a lowtemperature geothermal power generation[END_REF][START_REF] Chys | Potential of zeotropic mixtures as working fluids in organic Rankine cycles[END_REF][START_REF] Dai | Thermodynamic analysis of carbon dioxide blends with low GWP (global warming potential) working fluids-based transcritical Rankine cycles for low-grade heat energy recovery[END_REF] working fluids mixture have been studied. The conclusions of these studies revealed that the mixtures of three fluids offers better performance than mixture of two fluids. Shu et al. [START_REF] Shu | Study of mixtures based on hydrocarbons used in ORC (Organic Rankine Cycle) for engine waste heat recovery[END_REF] studied the ORC performance using a mixture of hydrocarbons (cyclopentane, cyclohexane and benzene) with refrigerants (R11 and R123). It has been reported that the isentropic mixtures result in an increase of cycle efficiency compared to pure fluids. In case of mixture of 70 % benzene and 30 % R11 the cycle efficiency achieved 16.7 %. In conclusion, it can be stated that the working fluid is an important element of the Rankine cycle. Thus, depending on the heat source and operating conditions different fluid is suitable. In order to achieve optimal RC efficiency, it is necessary an improvement of the working fluids characteristics as well as the study of new fluids.

Expander machines

Another essential element of the Rankine cycle is the expansion machine. The expansion machine is the element of the system which converts thermal energy contained in the fluid into mechanical work. Several types of expansion machines can be used such as: turbines, piston machines, screw, scroll, vane and etc. [START_REF] Qiu | Expanders for micro-CHP systems with organic Rankine cycle[END_REF].

Turbines

The turbines are suitable in case of relatively high power of the Rankine cycle, for example in electric power plants. They are characterized by a high specific power due to high speed of rotation and high efficiency. At low output power of several kW's the turbine size is very small, it results to lower efficiency. High rotational speed is also a disadvantage when the turbine is used in automotive applications. Usually, it needs the use of complex transmissions or high speed electric machine. Turbines offer low expansion rate which leads to use multi-stage expansion machines in some applications. Expanders of turbine type cannot operate with droplets in the flow which lead to rapid destruction of the blades. The turbine machines need to meet to following requirements:

-The turbine must be designed that the inlet velocity of the fluid must be lower than supersonic speed, otherwise the efficiency decreases.

-In Organic Rankine cycle, it is better to use a small turbine in order to increase the cycle efficiency, due to the fact that organic fluids have lower specific volume than water.

-In ORC using turbine, it is recommended to take into consideration the leakage of fluid as it could be dangerous for the environment.

Both radial and axial turbines are used as expander in Rankine cycle. In his study Sauret et al. [START_REF] Sauret | Candidate radial-inflow turbines and high-density working fluids for geothermal power systems[END_REF] presented some advantages of the radial turbines by studying a radial turbine with nominal output power of 400 kW, handling with organic fluid R143a. By means of numerical simulation, the turbine efficiency was estimated to be 88.45 % at rated output power. Fiaschi et al. [START_REF] Fiaschi | Thermo-fluid dynamics preliminary design of turboexpanders for ORC cycles[END_REF] presented numerical optimization of a radial turbine with a nominal output power of 50 kW. The efficiency was followed and the design with various organic fluids was optimized. Efficiency ranged from 78 % to 85 % with an exception of R123, where it drops to 69 %. The highest efficiency was obtained with R134a. Kang in [START_REF] Kang | Design and experimental study of ORC (organic Rankine cycle) and radial turbine using R245fa working fluid[END_REF] presented an experimental study of a radial turbine with rated power of 30 kW using organic fluid R245fa. An oscillator is installed to test the output power of the turbine. The maximum efficiency of the turbine was reported to be 78.8 % with an electric power of 32.7 kW.

Several studies of radial turbines as an expander machine [START_REF] Nguyen | Development of a prototype low-temperature Rankine cycle electricity generation system[END_REF][START_REF] Pei | Construction and dynamic test of a small-scale organic rankine cycle[END_REF][START_REF] Li | Energetic and exergetic investigation of an organic Rankine cycle at different heat source temperatures[END_REF][START_REF] Guillaume | Performance of a radial-inflow turbine integrated in an ORC system and designed for a WHR on truck application: An experimental comparison between R245fa and R1233zd[END_REF][START_REF] Yamamoto | Design and testing of the Organic Rankine Cycle[END_REF][START_REF] Inoue | Development of Electric Power Generation Unit Driven by Waste Heat: Study on Working Fluids and Expansion Turbines[END_REF], revealed that the efficiency varied within the range of 40 % to 85 % while the rotation speed varied from 15000 min-1 to 63000 min -1 .

Piston expander

Piston machines are widely used for Rankine cycle application [START_REF] Wang | A review of researches on thermal exhaust heat recovery with Rankine cycle[END_REF]. This type volumetric machines are characterized by cyclic workflow which requires gas-exchange mechanism. Moreover, piston machines generate vibrations due to inertial forces. Another disadvantage is the higher friction losses than turbines due to the friction in the cylinder. Despite these disadvantages, piston expansion machines are preferred at low RC output power due to their reliability and ability to handle different types of fluids. Their rotation speed is relatively low, making them easy to adapt to the engine crankshaft or to an electric generator without a transmission. In Fig. 1.9 is shown several types of piston machines with one-sided and two-sided action piston.

Glavatskaya in [START_REF] Glavatskaya | Reciprocating Expander for an Exhaust Heat Recovery Rankine Cycle for a Passenger Car Application[END_REF], presented a study of the piston expander. The performance of the piston engine has been tested under different operating modes and expansion ratio. For pressure ratio of 30, the net power varies from 3.9 kW to 6.1 kW depending on the rotational speed. The efficiency of the machine varies from 55 % to 70 % slightly increasing by increasing the expansion ratio and rotation speed. In the study of Clemente et al. [START_REF] Clemente | Performance analysis and modeling of different volumetric expanders for smallscale organic Rankine cycles[END_REF] a numerical studies of a piston expander and screw expander was reported. This comparative study revealed that piston machines are better adapted to operate with working fluids in case of large variations of specific enthalpy. Danel [100] presented two prototypes of piston machines with different gas-exchange mechanisms (piston controlled intake and exhaust ports and valve train mechanism controlled by the camshaft). The numerical simulation of the piston machine revealed maximum efficiency in the range of 60 % to 72 % depending on the displacement. Using a conventional valvetrain mechanism leads to maximum efficiency of up to 80%. However, it was achieved at low output power. For both machines the maximum efficiency does not correspond to the maximum output power. On the basis of the studies concerning screw expanders [112-121], the efficiency varied from 34 % to 83 % while the rotation speed was within the range from 300 min -1 to 3670 min -1 .

Scroll expanders

This type expander is considered as positive displacement machine. In Fig. 1.11 is presented the design and operation of scroll machines. In these machines the gas is expanded in an enclosed space between two spiral-exposed plates, one is movable and performs a circular movement.

Scroll expanders presented in studies [122-124] offer an efficiency in the range of 26 % to 76 %, with rotation speed of 400 min -1 to 3600 min -1 . Lemort et al.

[115] studied a prototype of a scroll expander using R245fa as working fluid. The nominal power of the machine is 2.5 kW. In that study, the maximum efficiency of the machine was 71.03 %, calculated on the basis of the electrical output power and 77% calculated on the basis of shaft power. A similar study was done in [125], where the maximum efficiency of the expansion machine was 75.7 % and output power was 2.1 kW. 

Heat exchangers

Heat exchangers are devices for heat transfer from one medium to another. Heat exchangers can be classified into many groups. Depends on the flow directions they can be classified as: cocurrent, counter-current and cross-flow heat exchangers. On the basis of the design, heat exchangers can be classified as shell and tube, finned plate, spiral tube, double pipe, spiral plate, finned tube and etc. [127,128]. In order to be selected the heat exchanger many parameters have to be taken into account such as: maximum pressure, maximum operating temperature, heat exchange surface, efficiency, size, mass flow rates, hydraulic losses price and etc. Usually, the bigger heat exchange surface leads to less thermal resistance.

Glavatskaya [START_REF] Glavatskaya | Conversion de l'énergie thermique des gaz d'échappement en travail mécanique par un cycle de Rankine afin de réduire les émissions des gaz à effet de serre[END_REF] presented a comparative study of the technologies for the Rankine cycle evaporator. On the basis of that study three heat exchangers have been recommended: plate and fins exchanger, pipe bundle type exchanger and shell and tube exchanger. As a result of this study it has been found that for the same thermal power the tube bundle type technology is the most compact and it offers minimum exhaust gases pressure drop. As a part of this study two types of condensers have been selected for use in a Rankine cycle: tube and fin condenser for air cooling and plate exchanger for water cooling. The comparative study of the condensers in these operating conditions showed that the water cooled plate condenser offered optimal ratio between the size and performance. Danel in [100], presented experimental and numerical study of a heat exchanger designed by 23 helical tubes situated along the length of the evaporator which provides the heat exchange surface of approximately 1.8 m 2 . The results revealed that heat exchanger efficiency varied from 30 % to 42 %. On the basis of the studies in [129-137], tube heat exchangers are most commonly used as the efficiency varied from 24 % to 76 % depends on design and operating conditions.

Conclusions

 The future development of the transport and in particular the internal combustion engine is closely related to the carbon dioxide emission legislation;

 Despite development of modern technological solutions in order to increase thermal efficiency and decrease the fuel consumption of internal combustion engines by improving the combustion process, future environmental requirements seem difficult to be met;

 Since not less than 60 % of the fuel energy in the internal combustion engine is lost as a form of heat, waste heat recovery is a prospective way to increase overall engine efficiency and to improve the specific fuel consumption;

 Waste heat recovery from exhaust gases offers higher potential compared to the cooling system due to the higher exhaust gases exergy, which reaches 19 % of the fuel energy;

 The analysis of the various waste heat recovery technics reveals that Rankine cycle is the most promising solution for internal combustion engines due to the overall efficiency which reaches more than 15 %;  The choice of working fluid in a waste heat recovery system based on Rankine cycle from the exhaust gases of ICE is difficult due to the fact that the exhaust gases temperature varies in a wide range. The water is a suitable fluid in the temperature range above 300 °C, which covers the engines operating maps from middle to full load;

 The Rankine cycle efficiency depends on: heat source, working fluid, boiler (evaporator), expander, condenser and working fluids operating parameters (mass flow rate and pressure).

Chapter II

Experimental study of an internal combustion engine

The second chapter describes an experimental test bench for studying a modern diesel engine intended for passenger cars. The test bench is equipped with fully flexible engine management system, equipment to study the combustion process and engine performance measurement instrumentation.

In this chapter the experimental measurement of the indicated cylinder pressure is presented. Then, the rate of heat release in the cylinder was determined over a part of the engine operating map.

During the experimental test the load characteristics of the engine was taken in order to determine the engine effective parameters and exhaust gases parameters (temperature and mass flow rate).

The chapter finishes with conclusions based on the experimental study.

Engine experimental set up

The engine test laboratory is situated at the Department "Combustion Engines, automobiles and transport", Faculty of Transport at Technical University of Sofia. The experimental test bench is equipped with a diesel engine developed by PSA (Peugeot Société Anonyme). The test bench is also equipped with modern instrumentation for measurement and control in order to study the engine indicated and effective parameters. Schematic diagram of the test facility is presented in Fig. 

Internal combustion engine

The engine under study is a direct injection diesel engine with displacement of 1998 cm 3 . This engine is equipped with a Common rail system for direct injection of the fuel in the cylinder, turbocharging system, exhaust gas recirculation system (EGR), catalytic converter and etc. The rated engine power is 101 kW at 4000 min -1 and the maximum torque is 320 Nm at 2000 min -1 . The engine is equipped with a variable geometry turbocharger. The boost pressure is limited to 1.3 bar. The Common rail system of the engine is developed by Delphi. The maximum injection pressure is limited to 1600 bar. The main parameters of the engine are shown in Table 2 

Hydraulic brake

The test bench is equipped with hydraulic brake D-4 (Fig. 2.3) with maximum power 250 kW at 4500 min -1 . Hydraulic brake torque is controlled by means of the water level inside. The level and mass flow rate of the water are adjusted by means of two mechanical valves -one of the inlet and another one on the fluid outlet.

The brake is used in order to simulate engine output load and to measure the effective torque. For that reason, the hydraulic brake stator is connected by means of a force sensor to the fundament. It allows measurement of the engine torque. The brake was modernized in order to increase the precision in measurement and control. The fluid outlet valve was turn by means of an electric motor. The mechanical force measurement system was replaced by a strain-gauge sensor. The main element of the system is the Real-Time Controller -NI PXI-8106 (Fig. 2.4). This controller operates with real-time operating system and allows control of all engine management modules without using a PC. Low Side module is designed to control solenoid valves by means of PWM regulation (Fig. 2.5 b). The module offers 8 outputs. Outputs from number 1 to 4 are for general use while the outputs from 5 to 8 can be used to control low impedance solenoids with a programmable peak-hold current profile. DI Driver is designed to control the solenoid and piezo injectors for both diesel and gasoline engines (Fig. 2.5 c). A single module offers three output channels to control the solenoid injectors or two output channels for piezo injectors. Therefore, in our application two DI Driver modules are used in order to control four-cylinder diesel engine.

The entire system provides very large functionality for real-time management and monitoring of the engine control parameters such as: injection process control with up to five separate injections per cycle, injection pressure control, boost pressure control, exhaust gas recirculation (EGR) control, closed-loop control of injection by means of wide band oxygen sensor in exhaust gases and etc.

The engine control parameters and the sensor signal are visualized on the host PC by means of software CalView developed by Drivven. The front panel of the software is presented in Fig. 2.6. This software is also used to set the engine control parameters in real time. A PCB Piezotronics signal conditioner F482B05 was used in order to charge the in-line converter as well as to transmit the output signal (Fig. 2.9). It is a four-channel, line operated signal conditioner for use with ICP sensor. This unit provides a 24 VDC, 4mA constant current. The signal conditioner consists of a front panel meter and a four position selector switch on the front panel. The rear panel contains four inputs and four outputs. The optical angle encoder 364C is a high precision sensor for crank angle determination in measurement the in-cylinder pressure. The angle mark resolution is 0.5 degree (up to 0.1 deg. in case of multiplication). The electronic components are mounted separately from the sensor (crank shaft) in order to minimize the influence of electric interference, temperature and vibration. The angel encoder is connected to AVL pulse converter 3064Z04 which converts the signal in voltage.

The mounting position and the design of the angle encoder are shown in Fig. 2.10 and 2.11. 1.4.2 Fuel consumption measurement system

The fuel consumption was measured by means of volumetric flow meter Rotronics RCC101 (Fig. 2.14). This measurement instrument offers a possibility to indicate volume flow rate or mass flow rate on the display in front of the rack mounted box. In order to calculate the mass flow rate the fuel density has to be determined. The fuel consumption measurement system can be connect to data acquisition system by means of numeric and analogue outputs The analogue outputs range can be 0..5 V or 0..10 V.

Fig. 2.14. Fuel consumption system front panel [143]

The fuel consumption measurement system uses differential volumetric flow transducer in order to measure the flow in the supply and return line to the fuel tank. The transducer consists of pairs of gears, which determines the controlled volume of the fuel for one gear turn. In order to calculate the volume flow the turns per second are measured. Thus, the fuel consumption of the engine is the difference between the supply and return flow. The connection scheme of the measuring system is shown in Fig. 2.15. In order to increase the accuracy, the fuel supply line has to be under pressure. For that reason an electric supply fuel pump is installed on the fuel tank side. Moreover, the supply pressure can be adjusted. 

Exhaust gases temperature measurement

Two thermocouples were used in order to measure the exhaust gases temperature at the engine exhaust system. The thermocouples are K Type (Fig. 2.16) with operating range from 0 °C to 1100 °C. Both thermocouples were previously calibrated up to 600 °C. The calibration data are listed in Table 2 The first thermocouple was mounted in the exhaust manifold (Fig. 2.16) near the inlet of turbocharger. The results, measured in this location were used to study the exhaust gases thermal energy rejected from the cylinders. The second thermocouple was mounted 1.5 m downstream the turbocharger in the exhaust line. We consider that this place can be the inlet of the Rankine cycle heat exchanger. The temperature measured at this point is assumed to be the inlet temperature of the exhaust gases in the heat exchanger. Fig. 2.17 shows the mounting place of the second thermocouple in the engine exhaust system. 

.+120 °C Table 2.6 Basic technical data of the mass flow meter

The air mass flow sensor is hot film based sensor. A part of the flow goes through the transducer which cools down the hot film. The higher the air flow, the more heat is dissipated which reflect to current in the supply circuit. Thus, an electronic module transforms the signal to output voltage depending on air mass flow. The mass flow meter was calibrated in order to validate the manufacturer calibration curve. The result of this calibration is presented in Fig. 2.19. 

Engine experimental study

The engine was experimentally tested in order to measure in-cylinder pressure, engine performance as well as the exhaust gases parameters (temperature and mass flow). On the basis of the combustion process analysis, the rate of heat release in the cylinder was determined. A number of load characteristics of the engine in the operating range from 1400 min -1 to 2400 min -1 , by an interval of 200 min -1 , were carried out. The engine load was varied from the idle to full load. At engine speed of 2000 min -1 is the maximum torque of the engine. The experimental study was limited to that operating range due to the fact that the hydraulic brake is manually controlled, thus, the engine operating parameters (rotational speed and torque) cannot be keep stable at very low engine speed and speed over 2400 min -1 .

In-cylinder pressure

The measured in-cylinder pressure for each engine operating point is presented in Fig. from 2.26 to 2.31. At 1400 min -1 the in-cylinder pressure was registered at six operating points from idle to full load. The maximum measured pressure at this engine speed is 130.8 bar at BMEP of 15.2 bar. This value is measured at an angle position of the crankshaft 13 °CA after TDC. At engine speed of 1800 min -1 , the pressure reaches a maximum value of 168.9 bar at BMEP of 19.5 bar. This value is measured at an angle position of the crankshaft 11 °CA after TDC.

At engine speed of 2000 min -1 , the maximum cylinder pressure was 172.5 bar. This value is measured at an angle position of the crankshaft 11 °CA after TDC. In this operating point the engine reaches maximum torque of 320 Nm. 1.5 m downstream the turbocharger is presented. The temperature at exhaust manifold was measured in order to study the thermal energy of the exhaust gases rejected by the engine. The temperature downstream the turbocharger was studied in order to estimate the thermal power at the Rankine cycle heat exchanger inlet. The exhaust gases parameters were also measured at the engine operating range from 1400 min -1 to 2400 min -1 and from idle to full load. Fig. 2.39. Exhaust gases temperature at exhaust manifold Fig. 2.39 shows the exhaust gases temperature in the exhaust system before the turbocharger. The results reveal that the exhaust gases temperature increases as a function of engine load. The maximum value of the exhaust gases temperature is 688 °C at engine speed of 1600 min -1 and BMEP of 17.8 bar.

The exhaust gases temperature 1.5 m downstream the turbocharger in the exhaust system is shown in Fig. 2.40. Due to the turbocharger and heat transfer to the atmosphere the temperature in this location is lower. Here, the maximum temperature of 518 °C is measured at engine speed of 2400 min -1 and BMEP of 19.7 bar.

The mass flow rate of the exhaust gases was not measured directly in the exhaust system due the technical difficulty of measuring the gas flow at high temperature. Therefore, the mass flow rate was calculated on the basis of the intake mass flow and fuel consumption of the engine as follows:

𝑚̇𝑔 = 𝐺 г + 𝐺 в , kg/h (2.1)
In Fig. 2.41 is presented the mass flow rate of the exhaust gases. The exhaust gases mass flow slightly increases by increasing the engine output power. The maximum mass flow rate of 270.1 kg/h was observed at engine speed of 2400 min -1 and BMEP of 19.7 bar. The developed model is complying with the experimentally studied engine. It is a four-cylinder diesel engine with displacement of 1998 cm 3 . The engine is equipped with a Common-Rail system for direct injection of the fuel in the cylinder, turbocharging system, EGR system and post treatment system including catalytic converter and DPF and etc. The rated engine power is 101 kW at 4000 min -1 , and maximum torque is 320 Nm at 2000 min -1 .

The engine model was developed by means of the available elements in the simulation software AVL Boost (Fig. 3.1). The main elements used in the model are as follows: cylinder, plenum, pipe, intercooler, turbocharger and etc. The connections between the elements are created by means of pipes and plenums. 

. Mathematical background

In order to study the in-cylinder parameters an element calls "Cylinder" was used. Here in this element, the main geometric parameters of the cylinder have to be defined as well as the combustion model, heat transfer model and valve parameters such as valve port specification, valve lift curve, flow coefficients and etc. The main geometric parameters of the engine are shown in Table 2.1.

The estimation of the thermodynamic state of the cylinder is based on the first law of thermodynamics as follows: The first law of thermodynamics during the combustion in the cylinder states that the variation of the internal energy in the cylinder is equal to the sum of piston work, fuel heat release, wall heat losses and the enthalpy flow due to blow-by.

The variation of the mass in the cylinder can be calculated by means of instant intake mass flow, exhaust mass flow and blow-by mass flow as follows:

𝑑𝑚 𝑐 𝑑𝜑 = ∑ 𝑑𝑚 𝑖 𝑑𝜑 -∑ 𝑑𝑚 𝑒 𝑑𝜑 - 𝑑𝑚 𝐵𝐵 𝑑𝜑 (3.2)
During the combustion process, it is assumed that the combustion products are homogeneously mixed with the fresh air in the combustion chamber. Thus, the combustion product ratio in the combustion chamber depends on the fuel heat release.

In order to estimate the thermodynamic parameters in the cylinder the ideal gas state law is used as follows:

𝑝 𝑐 = 1 𝑉 . 𝑚 𝑐 . 𝑅 𝑜 . 𝑇 𝑐 (3.3)
The mass flow rate through the intake and exhaust ports is calculated as it was assumed steady flow through the ports and constant pressure difference. Then, following correlation is used: The actual effective flow area can be determined from measured flow coefficients:

𝐴 𝑒𝑓𝑓 = 𝑓 𝑠𝑐 . 𝜇 𝑣 . 𝑑 𝑣𝑖 2 .𝜋 4 (3.7)
In this case, the scaling factor takes into account the increased geometric section in case more than one valve of the same type is used (intake or exhaust):

𝑓 𝑠𝑐 = 𝑛 𝑣 .𝑑 𝑣𝑖 2 𝑑 𝑝𝑖 2 (3.8)
The reference valve diameter used in order to estimate valve lift is shown in Fig. 3.3. In "Initialization" menu the initial in-cylinder pressure, temperature and gas composition is defined at the crank angle position corresponding to exhaust valve opening.

In "Combustion" menu the combustion model is chosen by means of heat release law in combustion chamber. Therefore, the injected fuel mass and air-fuel ratio needs to be defined. The function is defined by the start and duration of combustion as well as the shape parameter '𝑚'. These values can be specified either as constant values or dependent on engine speed (in rpm) and engine load (expressed as BMEP in bar). The start of combustion must be defined considering specific fuel consumption, peak cylinder pressure limitation and pollutant emissions. The Vibe parameter '𝑎' characterizes the completeness of the combustion. For complete combustion, a value of 6.9 is required. In "Heat Transfer" menu the parameters of the wall heat transfer in the combustion chamber is defined.

The heat transfer to the wall of the combustion chamber, i.e. the cylinder head, the piston, and the cylinder liner, is calculated from following correlation:

𝑄 𝑤𝑖 = 𝐴 𝑖 . 𝛼 𝑤 . (𝑇 𝑐 -𝑇 𝑤𝑖 ) (3.14) 
A number of empirical correlations have been proposed in the literature mainly based on experimental studies of heat exchange in engines. In order to define the heat transfer coefficient in our simulations the Woschni model is used [147]. It is the most commonly used model for prediction of the heat transfer in numerical simulation of internal combustion engines nowadays. Woschni proposed the following correlation: 𝛼 𝑤 = 0,013. 𝐷 𝑐 -0,2 . 𝑝 𝑐 0,8 . 𝑇 𝑐 -0,53 . 𝑣 0.8 (3.15) where 𝑣 is the average velocity of the fuel mixture in the cylinder. The velocity 𝑣 is defined by:

𝑣 = 𝐶 1 . 𝑣 𝑏 + 𝐶 2 . 𝑉 𝑐 .𝑇 𝑖 𝑝 0 .𝑉 0 . (𝑝 𝑐 -𝑝 𝑐(𝑤𝑐) ) (3.16)
The coefficients 𝐶 1 and 𝐶 2 depend on the process in the cylinder and can be chosen as follows according to Woschni:

-During the exhaust and intake: 𝐶 1 =6.18, 𝐶 2 =0, -During the compression: 𝐶 1 =2.28, 𝐶 2 =0, -During the combustion and expansion: 𝐶 1 =2.28, 𝐶 2 =0.00324.

At "Valve Port Specification" menu the geometric and kinematic parameters of the valves are defined such as: valve diameter, valve number, valve lift, flow coefficient and etc. The reference valve diameter which corresponds to valve seat inner diameter required in order to calculate the instant flow section at the valve port. In our simulation valves lift curves were previously measured by the intake and exhaust camshafts. Then, the valve lift curves were estimated taking into consideration the valve train kinematic scheme. Measured cam lift and calculated valve lift for both intake and exhaust valve are presented in Fig. 3.7.

Fig. 3.7. Lift curve of intake and exhaust valve

The flow coefficient of the valve is chosen from "Flow coefficients" menu. In this case the flow coefficient was taken from the program library.

Modeling the turbocharger

The turbocharger parameters were defined in the element called "Turbocharger". In our simulation the simplified model is used. Thus, the model considers constant compressor and turbine efficiencies in order to calculate the turbocharger energy balance. The advantage of this model is that it simply requires limited data to describe the turbocharger performance characteristic. The mechanical efficiency of the turbocharger is also set as an input parameter.

Heat transfer modeling in the intercooler

By means of the element called "Air Cooler" the intercooler parameters were introduced. The following parameters were defined: geometric parameters, reference operating conditions, friction and heat transfer. Total intercooler volume, inlet and outlet collector volume and the length of the cooling element are required as input parameters. The hydraulic diameter of the cooler pipes is calculated on the basis of the specific volume and specific length of the cooler.

Modeling gas flow in the pipe and plenum

The intake and exhaust manifolds and silencers are represented by the elements called "pipe" and "plenum".

The "Pipe" element offers the connection between other elements in the model. For each pipe geometrical parameters such as pipe length and diameter needs to be defined. Moreover, the friction coefficient and heat transfer coefficient to the wall have to be defined.

The set of conservation equations to describe a one-dimensional pipe flow is given by the 'Euler Equation System': 

where 𝐸 is the total internal energy,

𝐸 = 𝜌. 𝑐 𝑉 . 𝑇 + 1 2 . 𝜌. 𝑢 2 (3.20) 
The source term on the right hand side comprises two different source terms:

𝑆 (𝑈) = 𝑆 𝐴 (𝐹(𝑈)) + 𝑆 𝑅 (𝑈) (3.21) 
These are sources caused by axial changes in the pipe cross section:

𝑆 𝐴 (𝐹(𝑈)) = - 1 𝐴 . 𝑑𝐴 𝑑𝑥 . ( 𝐹 + ( 0 -𝑝 0 0 ) ) (3.22) 
and sources taking into account homogeneous chemical reactions, heat and mass transfer terms between the gas and solid phase and friction sources. The entire source term is given by:

𝑆 𝑅 (𝑈) = ( 0 - 𝐹 𝑅 𝑉 𝑐𝑐 𝑞 𝑤 𝑉 𝑐𝑐 𝑀. 𝑊 𝑗 . (∑ 𝑣 𝑖.𝑗 . 𝑟i 𝑅 ℎ𝑜𝑚 𝑖 ) ) (3.23) 
The wall friction force can be determined from the wall friction factor '𝜆 𝑓 ':

𝐹 𝑅 𝑉 𝑐𝑐 = 𝜙. 𝜆 𝑓 2.𝑑 ℎ𝑦𝑑 . 𝜌. 𝑣 𝑖 . |𝑢| (3.24) 
The factor '𝜙' is called Fanning friction factor and takes into account deviations from round channel cross sections. In this model are used pipes with round cross sections and the value of the factor is 1.

The friction factor '𝜆 𝑓 ' is typically described as a function of the Reynolds Number:

𝑅 𝑒 = 𝑑 ℎ𝑦𝑑 .𝑢 𝑣 (3.25)
and changes depending on the flow regime (laminar, transition or turbulent):

𝑅 𝑒 ≤ 𝑅 𝑒 𝑙𝑎𝑚 |𝜆 𝑓 = 𝜆 𝑓 𝑙𝑎𝑚 𝑅 𝑒 ≥ 𝑅 𝑒 𝑡𝑢𝑟𝑏 |𝜆 𝑓 = 𝜆 𝑓 𝑡𝑢𝑟𝑏 𝑅 𝑒 𝑡𝑢𝑟𝑏 ≥ 𝑅 𝑒 ≥ 𝑅 𝑒 𝑙𝑎𝑚 |𝜆 𝑓 = 𝜆 𝑓 𝑙𝑎𝑚 (1 - 𝑅 𝑒 -𝑅 𝑒 𝑙𝑎𝑚 𝑅 𝑒 𝑡𝑢𝑟𝑏 -𝑅 𝑒 𝑙𝑎𝑚 ) + 𝜆 𝑓 𝑡𝑢𝑟𝑏 (1 - 𝑅 𝑒 -𝑅 𝑒 𝑙𝑎𝑚 𝑅 𝑒 𝑡𝑢𝑟𝑏 -𝑅 𝑒 𝑙𝑎𝑚 )
The convective heat transfer between the exhaust gas and the pipe wall is modeled by a Nusselt approach:

𝑁𝑢 = 𝛼 𝑔𝑤 .𝑑 ℎ𝑦𝑑 𝜆 𝑔 (3.26)
By means of the element called "Plenum" complex volume configurations such as receivers, collectors, mufflers can be modeled. The plenums are defined by means of geometric parameters such as size or volume of relevant detail. Moreover, the menu "Connection Definition" is used to determine the connections with the pipes. The first law of the thermodynamics is used in order to estimate the gas parameters in the plenum.

Basic parameters of the simulation

Into the element "E1" (Fig. 3.1) are defined the main simulation control parameters such as engine speed, number of cylinders, engine type, number of simulated cycles, firing order, inertial moment and etc.

In "Friction Mode" menu is defined engine parameters needed for mechanical losses estimation. Oil viscosity and temperature, design of the valvetrain mechanism, type of high pressure pump and etc. need to be defined here. In our simulating model the valvetrain mechanism consist of two overhead camshafts. The kinematics includes roller follower. Detailed modeling of mechanical losses is presented in Appendix 1.

Model calibration

In order to validate the engine model, the experimental results for in-cylinder pressure were compared with the numerical results. In this case, "Target pressure curve" combustion model was chosen in AVL Boost. Thus, the rate of heat release was estimated based on the experimental incylinder pressure.

The comparison concerning the heat release at 2000 min -1 is presented in Fig. 3.8. The deviation between heat release obtained by AVL 647 Indiscop and engine simulating model is small, so it not allows evaluation the appropriateness of the engine simulating model. Thus, the model validation was carried out by means of the rates of heat release. In order to study the whole engine operating map (including the part that was not studied experimentally), the rate of heat release was approximated by means of double Vibe function. The rate of heat release for double Vibe function can be given as follows: )

𝑑𝑋 𝑑𝜑 = 𝑎 1 .
(𝑚 2 +1) (3.27) 
where:

𝑎 1 + 𝑎 2 = 1 (3.28)
This approximation was carried out by means of the rate of heat release estimated by the engine model in AVL Boost. The comparative analysis at engine operating range concerning engine speed from 1400 min -1 to 2400 min -1 is presented in Fig. 3.12 to 3.20. On the basis of the comparison at 1400 min -1 in can be stated that increasing of the engine load leads to small deviation between approximated and estimated curve. In order to validate this approach, we compared the measured in-cylinder pressure with the pressure curves estimated by means of the engine simulation model using the rate of heat release determined by double Vibe function. In this study the parameters of the double Vibe function were determined by approximation presented above. The results are presented in Fig. 3.21 to 3.23. The maximum deviation between estimated pressure and experimental values at 1400 min -1 can be summarized as follows:

-At idle, the maximum deviation was observed after the peak of cylinder pressure. It accounts to 3.25 bar which means maximum deviation of 7% at relative value. -At engine load determined by BMEP of 9.5 bar the maximum deviation was observed to be 3 bar or 6.6 %. -At full load the maximum deviation was observed after the peak of cylinder pressure. Here, the experimental value is lower than calculated by 6.73 bar or 6.3 %.

At engine speed of 2000 min -1 the maximum deviation is as follows:

-At idle, the maximum deviation was observed after the peak cylinder pressure. It accounts to 3.9 bar which means 7.4 %. -At engine load with BMEP of 9.5 bar the maximum deviation is 1bar or 1.3 %. The maximum deviation was observed at the maximum cylinder pressure. -At operating point with the maximum engine torque the maximum deviation is 3 bar or 1.86 %.

At engine speed 2400 min -1 the deviation is as follows:

-At idle the maximum deviation is 4.6 bar or 9.1 %. It was observed after the peak of cylinder pressure.

-At engine load determined by BMEP of 9.5 bar the maximum deviation is 2.8 bar which means 4.9 %. It was observed before the peak of cylinder pressure on the negative slope of the pressure curve. -At full load the maximum deviation was observed after the peak of cylinder pressure and it accounts to 10 bar or 8.9%. By means of extrapolation the parameters of the double Vibe function were determined over the engine operating range outside of the range tested experimentally (below 1400 min -1 and above 2400 min -1 ). As the engine operates without pilot injection above 3500 min -1 a single Vibe function is used in this operating range. At engine operating range with pilot injection, the double Vibe parameters were determined on the basis of Vibe function parameters in the experimentally studied engine operating range (from 1400 min -1 to 2400 min -1 ) with respect to the trend of injection parameters variation depending on the load and engine speed. At operating range without pilot injection, the Vibe function parameters were determined on the basis of the recommended Vibe parameters in the literature. At none experimentally tested engine operating range, the validation of the model was carried out by means of the engine output power and the maximum in-cylinder pressure. The parameters of the Vibe function over the whole engine operating map are shown in Fig. from 3.24 to 3.28. The double Vibe function parameter (m1), which is related to the rate of heat release of the pilot injection has a constant value of 2.5, thus, it is not presented as a graph. Fig. 3.24 shows the variation of the double Vibe function parameter (m2). This parameter varies from 0.4 to 1.5 over the engine operating map. On the basis of the results, it can be stated that by increasing the engine load at low engine speed the value of m2 increases. The increasing engine speed leads to decreasing of the combustion duration and most of the fuel is burned at the beginning of the combustion process. The shape parameter (m2) of the double Vibe function at full load and engine speed of 2500 min -1 decreases to 1. Over engine speed of 2500 min -1 and low engine load the shape parameters decreases to 0.4. At operating range bellow 2500 min -1 m2 is over 1 and increases to 1.5. With increasing the engine load the injected fuel mass increases. It improves the mixing conditions, thus, the shape parameter has higher value. The start of the heat release due to the main injected fuel in cylinder is shown in Fig. 3.26. The values vary within the range of 4 °CA before TDC to 18 °CA after TDC. The start of the heat release from the main injection occurs before TDC at operating range with pilot injection. At engine operating range without pilot injection the start of the heat release concerning the main injection varies between 10 °CA and 18 °CA after TDC, as in the operating points with high efficiency the start of the heat release has the highest value. The duration of the heat release of the pilot injection varies between 3 °CA and 6 °CA. Concerning the main injection the combustion duration varies from 18 °CA to 70 °CA. The maximum duration was observed at engine operating point corresponding to maximum engine power. It can be stated that increasing of the engine speed and load leads to increase the duration of the heat release from the main injection.

Energy balance and exergy analysis of the engine 3.1 Energy balance of the engine

The internal combustion engines are thermal machines which convert the fuel heat energy released during the combustion process in mechanical power. The distribution of the fuel energy is called energy balance of the engine.

In order to calculate the energy balance the following correlation is used [START_REF] Евтимов | Двигатели с вътрешно горене[END_REF]:

𝑄 𝑓 = 𝑄 е + 𝑄 𝑤 + 𝑄 𝑒𝑥ℎ + 𝑄 𝑓𝑟 + 𝑄 𝑢𝑛 [kJ] (3.29) 
Equation (3.29) shows that the thermal energy of the fuel is equal to the sum of the energy equivalent to the engine output power, waste heat energy in the cooling system, waste heat energy in the exhaust system, energy to overcome the friction losses and additional waste heat energy.

In order to estimate the energy balance in relative values it is necessary to multiply the terms by 100/𝑄 𝐹 :

𝑞 𝑓 = 𝑞 е + 𝑞 𝑤 + 𝑞 𝑒𝑥ℎ + 𝑞 𝑓𝑟 + 𝑞 𝑢𝑛 [%] (3.30) 
where: 

𝑞 е = 𝑄 е . ( 100 
In order to better illustrate the results, the energy balance is presented in the form of power balance as the energy was estimated per second. It was assumed the additional heat losses to be zero, thus, the equation 3.29 was transformed as follows:

𝑃 𝑓 = 𝑃 е + 𝑃 𝑤 + 𝑃 𝑒𝑥ℎ + 𝑃 𝑓𝑟 [ 𝑘𝐽 𝑠 ] (3.36) 
Due to the fact that the engine intended to a passenger car operates at variable speed and load it was necessary to study the energy balance at whole operating map. Fig. 3.29 shows the output power variation over the engine map. Here, the maximum output power of 101 kW at 4000 min -1 was observed. On the same graph the specific fuel consumption is presented. The minimum value of 206 g/kWh was estimated. On the basis of the results, it can be stated that the exhaust gases temperature varies within the range of 189 ºC to 727 °C. The higher value was observed at full load and high engine speed. The exhaust gases flow rate (Fig. 3.30) varies in the range of 0.02 kg/s to 0.12 kg/s with the maximum value at the engine maximum power. The exhaust gases flow rate depends on the intake mass flow rate and fuel consumption. Both slightly increase by increasing engine load and speed. Fig. 3.33. Thermal power of the exhaust gases at exhaust manifold The variation of output power and exhaust gases thermal power follow the same trends at the whole operating range (Fig. 3.29 and 3.33). The maximum exhaust thermal power was observed at the same operating point as the maximum power was obtained. The exhaust gases thermal power is higher than output power at engine speed over 3000 min -1 and BMEP over 18 bar. The maximum exhaust thermal power is 108 kW, which means 8% higher than maximum output power.

Фиг. 3.34. Thermal power of the exhaust gases in percentage by the fuel energy

The relative exhaust energy estimated by percentage of the fuel energy is presented in Fig. 3.34. The relative energy of the exhaust gases varies from 29 % to 60 %. The highest value was observed at engine close to idle mode when the absolute exhaust gases thermal power is low and the effective engine power is close to 0. In the most part of engine operating map the exhaust gases energy is higher than 35% of the fuel chemical energy. Due to the fact that the heat exchanger of a waste heat recovery system based on Rankine cycle needs to be placed downstream the turbocharger and post treatment system, the thermal power of the exhaust gases was estimated at the exhaust system section located 1.5 m downstream the turbocharger. The heat exchanger has to not affect the functionality of the post treatment system. This section was considered to be suitable place for the heat exchanger inlet. In Fig. 3.35 to 3.37, the exhaust gases parameters at section 1.5 m downstream the turbocharger as well as the thermal power is presented.

The variation of the exhaust gases temperature in the exhaust system 1.5 m after the turbocharger is shown in Fig. 3.36. The temperature varies from 164 °C to 620 °C. The maximum value is at operating point corresponding to maximum engine output power. The maximum thermal power (Fig. 3.37) in this section of the exhaust system is 88 kW at 4000 min -1 and full engine load. The thermal power in the cooling system (Fig. 3.39) is lower than that of the exhaust gases. The maximum value of 40 kW is observed in the area where the engine power is high at 4000 min -1 . Depending on the energy of the fuel, the power in the cooling system varies in the range of 14.3 % to 26.5 % (Fig. 3.40).

The friction losses present a small part of the wasted energy (Fig 3.41). The losses slightly increase as a function of engine speed. Moreover, the influence of the load is very low. The maximum indicated power wasted for friction loss is 10.3 kW at 4000 min -1 .

Fig. 3.41. Friction losses power

Due to the fact that the engine under study was designed with an exhaust gas recirculation system (EGR), the influence of this system on the exhaust gases parameters was also studied. In case of exhaust gases recirculation, the exhaust gases temperature is lower. Since the EGR system operates at engine operating range with speed bellow 2400 min -1 and BMEP bellow 7 bar, the exhaust gas flow rate is lower in this range than presented in Fig. 3.3. The maximum difference in mass flow rate of the exhaust gases is 0.02 kg/s which is the maximum exhaust gases flow through the recirculation system. It has a small impact over the thermal power of the exhaust gases as reduction is by maximum 3 kW. For that reason, the exhaust gases parameters such as temperature, mass flow and thermal power without exhaust gases recirculation are taken into consideration in this study.

Exergy analysis

The engine energy balance reveals engine thermal efficiency and the waste energy in the exhaust and cooling system but it cannot reveal the recovery potential of the wasted energy. For this reason, an analysis of the waste heat recovery potential from the exhaust gases and the cooling system was carried out by means of the second law of the thermodynamics. Thus, the exergy of the exhaust gases and the cooling system was estimated. The exergy in a thermodynamic system represents the energy that can be theoretically converted into mechanical work when the working fluid is cooled down to the ambient temperature. Exergy is calculated by means of the following correlation: where 𝑇 0 is 293 K.

In order to determine the potential for waste heat recovery of the exhaust gases and cooling system the exergy was estimated as a form of power. Here, following correlation was proposed: The potential for waste heat recovery from the exhaust gases and cooling system is shown in Fig. 3.42 to 3.44. The exergy power of the exhaust gases at exhaust manifold varies from 1 kW to 56.8 kW. Therefore, more than 50 % of the exhaust gases thermal power can be theoretically converted in mechanical power by means of thermodynamic cycle. The exergy power of the cooling system (Fig. 3.44) varies from 0.1 kW to 4 kW. On the basis of this study, it can be stated that waste heat recovery potential of the exhaust gases is much higher than the cooling system. The main reason for that is significantly higher temperature of the exhaust gases. Fig. 3.43 shows the exergy power in the exhaust system 1.5 m downstream the turbocharger. The power calculated on the basis of the exhaust gases exergy in this section varies from 0.9 kW to 40.3 kW. The energy that can be theoretically recovered in the exhaust system 1.5 m downstream the turbocharger is still higher than that in the cooling system. These results reveal the theoretical possibility to increase the engine thermal efficiency by means of waste heat recovery. On the basis of the analysis, waste heat recovery from the exhaust gases at exhaust manifold can improve theoretically the engine efficiency within the range of 12% to 23.8%. The relative exergy in the exhaust system 1.5 m downstream the turbocharger is in the range of 6.9 % to 18.3 %. 

Conclusions

A computer simulation model of a diesel engine was developed by means of advanced simulation software AVL Boost. The simulation model was calibrated comparing the measured indicated diagrams with these obtained by the numerical simulation. In our numerical study, the heat release was estimated by means of double Vibe function. The double Vibe function parameters were determined and validated by means of real rate of heat release approximation.

By means of the simulation model the energy balance and waste heat recovery potential was assessed. On the basis of the numerical study presented in this chapter following conclusions can be presented:  The engine energy balance reveals that the exhaust gases contain higher percentage of wasted energy in the engine. The thermal power of the exhaust gases varies from 3.2 kW to 108 kW in the exhaust manifold, while the thermal power 1.5 m downstream the turbocharger is in the range of 2.9 kW to 88 kW;  The thermal power of the cooling system is lower over the whole engine operating map as it varies within the range of 1 kW to 42 kW;  The analysis of the waste heat recovery potential revealed that the exhaust gases offers higher recovery potential. The exergy power of the exhaust gases at exhaust manifold is in the range of 1 kW to 56.8 kW while 1.5 m downstream the turbocharger it ranges from 0.9 kW to 40.3 kW. The exergy power in the cooling system is in the range of 0.1 kW to 4 kW;  The relative exhaust gases exergy by the fuel energy ranged from 12 % to 23.8 % at exhaust manifold and from 6.9 % to 18.3 % 1.5 m downstream the turbocharger;  The relative exergy in the cooling system is significantly lower than that in the exhaust system, with the maximum value of 3.3%.

Experimental test bench based on Rankine cycle

In order to study the heat exchanger experimentally a test bench of Rankine cycle waste heat recovery system was used. Here, the Rankine cycle consists of the following components: Burner; Heat exchanger (evaporator); Expander; Cooler (condenser); Reservoir; Pump (Fig. The system for exhaust gases generation consists of the following elements: burner, combustion chamber, sensors, diesel fuel supply, fuel consumption measurement, air mass flow sensor and etc.

Burner and combustion chamber

A burner intended for an industrial heating system with maximum power of 80 kW was used in order to generate high temperature exhaust gases. The burner uses diesel fuel, as the fuel consumption and the power is controlled by the injection pressure of the fuel. In order to achieve the appropriate air-excess ratio in the combustion zone, compressed air is delivered through a valve in order to control the mass flow of the air. The thermal power of the exhaust gases can be varied by control of the fuel consumption and air mass flow to the burner. In order to simulate different combinations of the exhaust gases temperature and mass flow, a part of the air goes directly to the combustion chamber. The main part of the compressed air goes to the burner while the additional air is mixed with the exhaust gases after the burning zone in order to adjust the temperature. Fig. 4.2 shows the burner and the combustion chamber. The main burner parameters are listed in Table 4.1. The combustion chamber is designed by means of a steel tube with diameter of 300 mm. The wall thickness is 10 mm and the length is 800 mm. The combustion chamber sides are closed by welded plates with thickness of 10 mm. The outlet of the heat exchanger (evaporator) is equipped with a by-pass valve which can be used in order to avoid the exhaust gases to go through the heat exchanger in case of emergency.

Test bench DAQ system

The air mass flow rate in the burner is controlled by a pneumatic valve (Fig. 

.2 Air mass flow meter parameters

The flow meter principle is based on direct mass flow measurement. The sensor consists of a heater resistor and a temperature indicator. Both are made of temperature-sensitive resistive material. The thermal power is required in order to keep a constant temperature difference between the heated resistor and the indicator. Thus, the thermal power is proportional to the air mass flow rate. 

.2 Pump

The pump is needed in order to increase the pressure of the working fluid in the cycle. In our test bench a pump HT6007 produced by Interpump Group was used. This pump is designed to operate with water with temperature up to 85 °C. It is a three-cylinder pump powered by an asynchronous motor with nominal power of 4 kW. The volume of the pump is 4.8 cm 3 . The maximum flow rate at 3000 min -1 is 117 g/s and the maximum pressure is 150 bar. In order to vary the electric motor speed frequency control system was used. The rotation speed was controlled by feedback concerning working fluid mass flow rate. PID control is performed in LabView. 

Condenser

In our study the expansion machine was not used due to the fact that there was not a machine in good working order. Therefore, the working fluid passes through a valve and goes directly to the condenser. The condensation of the fluid is performed in a plate type heat exchanger (Fig. 2. Experimental study of the heat exchanger efficiency An experimental study of the heat exchanger efficiency was conducted. Due to the fact that the heat exchanger was studied for waste heat recovery system from exhaust gases of an internal combustion engine, the exhaust gases parameters produced by the burner correspond to that of the diesel engine presented in the second chapter of the thesis. It is assumed that the thermal power of the engine exhaust gases is equal to that of the gases produced by the industrial burner when the temperature and mass flow are the same. In fact, there is a difference in the composition of the gases (due to the variation of the air-fuel ratio) which leads to a small variation in the specific heat capacity.

The experimental study was carried out as the exhaust gases parameters (temperature and mass flow) at different operating points of the diesel engine were determined. At engine operating range from 1400 min -1 to 2400 min -1 the exhaust gases parameters were determined during the engine experimental test. For other operating points the engine simulation model was used. Thus, 28 operating points over the engine operating map were selected (Fig. 4.11). For each point the exhaust gases temperature and mass flow were determined.

The burner injector is adapted to operate with different orifice size. Thus, the injected fuel and thermal power can be adjusted. However, low exhaust gases temperature is difficult to be simulated. For this reason, at engine load with BMEP bellow 6.6 bar, the exhaust gases temperature and mass flow cannot be simulated on the Rankine cycle test bench. Therefore, the engine operating range with BMEP below 6.6 bar was not studied.

The experimental test was carried out as follows:

-For each of the selected engine operating point the exhaust gases were simulated on the Rankine cycle test bench. The exhaust gases temperature and mass flow were taken either from the engine test or the engine simulation. -The flow rate and pressure of the working fluid in the Rankine cycle ware varied. Thus, the mass flow rate of the working fluid was set to 2, 4, 6, 8 and 10 g/s while the pressure was set to 5, 10, 15 and 20 bar. These values were selected in order to meet the safety requirements of test-bench. -After establishing the steady heat transfer in the Rankine cycle for each studied point, the temperature and pressure of the working fluid, the exhaust gases temperature as well as the mass flow rate of both fluids were measured.

The results which are close to the saturation curve or even on the left side of the curve are not presented due to the fact that in this case the working fluid is not completely evaporated. For this reason, results are not presented for the engine rotation speed below 1200 min -1 and for some points with low engine load. The temperature of the working fluid presented in Fig. 4.19 varies from 154 °C to 232 °C. In this engine operating point the exhaust gases thermal power is higher, thus, the working fluid outlet temperature is higher.

The temperature presented in Fig. 4.20 varies in the range of 161 °C to 300 °C. Here, higher working fluid outlet temperature was observed. It can be stated that at this engine operating point full evaporation occurs. 

Study on the heat exchanger efficiency

The experimental test was conducted in order to study the heat exchanger efficiency. The measured parameters allow to estimate heat transferred from the exhaust gases to the working fluid, thus, the efficiency of the heat exchanger.

The evaporator efficiency is calculated as follows:

𝜂 𝐻𝐸 = 𝑚 𝑤𝑓 .(ℎ 𝑓𝑠 -ℎ 𝑓𝑒 ) 𝑚 𝑔 .𝑐 𝑝𝑔 (𝑇 𝑔𝑒 -𝑇 0 )
. 100, % (4.1)

The variation in specific heat capacity of the exhaust gases was estimated by means of engine simulation model. In Fig. 4.23, the variation of the specific heat capacity as a function of exhaust gases temperature at constant air-fuel ratio is presented. 4.29 shows the heat exchanger efficiency over a part of the engine operating map. Evaporator efficiency varies within the range of 24.8 % to 51.9 %. The maximum value was observed at 2000 min -1 and BMEP of 15.2 bar while the minimum value is at 3500 min -1 and BMEP of 6.6 bar. On the basis of the results, it can be stated that the heat exchanger efficiency is higher in the zone with maximum engine thermal efficiency. The working fluid thermal power increases by increasing the engine speed and load (at engine output power). The maximum thermal power of the working fluid was estimated to be 35 kW at the engine operating point corresponding to the maximum output power at 4000 min -1 and BMEP 14.7 bar.

On the basis of this study, the optimal Rankine cycle operating parameters (mass flow and pressure of the working fluid) were determined 

Heat transfer in evaporator

Evaporation of the working fluid in the heat exchanger (process 2-3 in Fig. 5.2) occurs at constant pressure. In the heat exchanger, we found three zones: liquid phase, mixture of liquid and gas and gas phase. For modeling of the heat exchange process in the heat exchanger, a discretized model is used in which the heat exchanger was divided in finite number of elements. Thus, at each element the heat flow from the exhaust gases to the working fluid is estimated. Fig. 5.3 presents the heat transfer computational scheme in the heat exchanger.

At each computational volume it was assumed that heat transfer occurs at constant exhaust gases temperature and working fluid temperature. In order to determine the heat flux from exhaust gases to the working fluid the overall heat transfer coefficient, heat exchange surface and temperature of exhaust gases and the working fluid temperature were used in following correlation:

𝑄 ℎ𝑒 [𝑖] = 𝐴 [𝑖] . 𝐾 [𝑖] . (𝑇 𝑔𝑎𝑠 [𝑖] -𝑇 𝑤𝑓 [𝑖] ) (5.1)
The heat transfer surface 𝐴 [𝑖] was determined on the basis of the calculated total heat transfer surface of the heat exchanger divided by the number of computational element.

The heat transfer coefficient for each element 𝐾 [𝑖] is determined by means of convective heat transfer coefficient at both fluid boundaries and thermal conductivity of the wall. The thermal conductivity of the wall 𝜆 is constant as it was chosen on the basis of the tube material. For our heat exchanger stainless steel 316l tubes were used with thermal conductivity of 16 W/m.K.

The convective heat transfer coefficient on the boundary layer to the working fluid is determined depending of the state of the fluid. In case the working fluid is in single phase (liquid or gas) the heat transfer coefficient to the wall was determined by the Dittus-Boelter equation [151]:

𝛼 𝑓 = 𝑁𝑢.𝜆 𝐷 (5.3)
Here, the heat transfer coefficient depends on Nusselt number for turbulent flow inside the pipe: Finally, the working fluid thermal power at heat exchanger outlet obtained by means of the simulation or the experiment is near the same. On the basis of the analysis here, it can be stated that our simulation model in terms of heat transfer at the exchanger was successfully validated. Thus, we can use our model in order to estimate theoretically Rankine cycle output power. Here, a numerical study of the Rankine cycle output power, efficiency as well as the impact of the waste heat recovery on the studied engine performance is presented. Exhaust gases parameters correspond to the previously defined engine operating points while optimized working fluid parameters over the engine map was used.

Study on the Rankine cycle output power

A numerical study of the Rankine cycle output power was carried out including piston expander machine with different expansion ratio: ɛ = 4, ɛ = 6 and an ideal expansion machine with an expansion of the working fluid to the atmospheric pressure. The expansion ratio was selected on the basis of the analysis performed on the piston expanders intended for Rankine cycle. The estimated Rankine cycle output power is presented in Fig. 5.10 to 5.12. Each graphic corresponds to different expansion ratio. The variation of the Rankine cycle output power in case of expansion ratio ɛ = 6 is presented in Fig. 5.11. Here, higher output power was observed within the range of 0.11 kW to 3.67 kW. The maximum and minimum power is observed at the same operating points as in Fig. 5.10. Fig. 5.12 shows the variation of Rankine cycle power in case of an ideal expansion machine with an expansion of the working fluid to the atmospheric pressure. The power in this case is maximal. The maximum output power was observed at engine operating point that corresponds to the maximum engine power. It accounts to 4.4 kW while the minimum Rankine cycle power was estimated to be 0.12 kW at low engine speed.

Study on the Rankine cycle efficiency

On the basis of the Rankine cycle output which was studied in the previous section the Rankine cycle efficiency was estimated with different expansion ratio of the expansion machine. The Rankine cycle efficiency was calculated by means of equation 5.27.

The results concerning the Rankine cycle efficiency are presented over a part of the engine operating map in Fig. 5.13 to 5.15. In case of an ideal expansion machine with expansion to the atmospheric pressure, the efficiency varies in the range from 1.9 % to 11.9 %. Here, the minimum efficiency was obtained at the same engine operating point as the previous study. However, the maximum efficiency was observed at engine operating point that corresponds to the maximum engine power. In case of expansion rate  =6, the rate of waste heat recovery varies from 0.33 % to 5.4 %. The maximum value was obtained at 1400 min -1 and BMEP of 10.5 bar.

Waste heat recovery rate from the exhaust gases

The rate of waste heat recovery obtained in case of an ideal expansion machine ranges from 0.9 % to 6.55 %. The maximum value was observed at engine speed of 4000 min -1 and BMEP of 10.5 bar.

3.4 Impact of the waste heat recovery system based on Rankine cycle over the engine performance

The impact of the Rankine cycle on the engine output power was studied in case of volumetric expansion machine with expansion ratio  = 6 and an ideal expansion machine. The Rankine cycle output power was added to the engine output power over the studied operating range. It was considered that there are not power losses. Fig. 5.19 shows the impact on the engine output power by percentage in case of an ideal machine. An important improvement of the engine power was observed at full load and high speed. The maximum effect was estimated to be 4.3 % at engine speed of 4000 min -1 and BMEP of 14.7 bar. The minimum value was estimated to be 0.35 % at engine speed of 2000 min -1 and BMEP of 20.3 bar. 

General conclusions

On the basis of the theoretical and experimental research carried out in the thesis, the following general conclusions can be made:

-Experimental study of the working process in a diesel engine by means of in-cylinder pressure measurement over the engine operating range from engine speed of 1400 min -1 to 2400 min -1 was carried out; -The engine performance and exhaust gases parameters were experimentally studied. The exhaust gases temperature was measured at the exhaust manifold before turbocharger and 1.5 m downstream the turbocharger; -An engine simulation model was developed by means of advanced simulation software AVL Boost. On the basis of the experimental data concerning the in-cylinder pressure, the Vibe function parameters (single or double) were determined over the engine operating map; -The energy balance and exergy analysis on the studied engine reveal that despite high thermal power in both exhaust and cooling system the recovery potential of the exhaust system is much higher due to the higher exergy of the exhaust gases. Theoretically, the improvement of the engine performance can reach 18.3% estimated on the basis of the exhaust gases exergy and 3.3 % based on the cooling system exergy; -0D Rankine cycle simulation model in steady operating mode was developed including a discrete model of the heat exchanger. The computational algorithm was implemented in Python(x,y). In additional CoolProp database is used in order to determine the working fluid parameters; -The experimental study of the heat exchanger(evaporator) in waste heat recovery system based on Rankine cycle reveals that the heat transfer efficiency varies from 25 % to 51.9 %; -The Rankine cycle working fluid pressure and mass flow were experimentally optimized in order to achieve maximum heat exchanger efficiency; -The Rankine cycle net power was estimated in case of volumetric expansion machine with varying expansion ratio. The maximum estimated power accounts to 3 kW, 3.67 kW and 4.4 kW in case of expansion ratio  = 4,  = 6 and expansion to the atmospheric pressure, respectively; -The maximum engine output power and brake specific consumption improvement varies in the range of 3.63 % to 4.3 % depends on the expansion ratio of the expansion machine. The high value was observed in case of an ideal expansion machine.

Contributions of the thesis

-The rate of heat release of a direct injection diesel engine was determined on the basis of experimental test. Then, the rate of heat release was approximated by means of double Vibe function at engine operating range where pilot injection occurs; -An assessment of waste heat recovery potential from the engine exhaust gases and cooling system on the basis of the second thermodynamics law (exergetic analysis) was carried out; -A simulation model of Rankine cycle was developed including discrete heat exchanger model. By means of the model the efficiency of the Rankine cycle at steady operating modes was studied. -An experimental test bench of a diesel engine was equipped in order to study the combustion process, exhaust gases parameters and engine performance; -The in-cylinder pressure and the rate of heat release over a part of the engine operating map was experimentally studied; -A simulation model of a direct injection diesel engine was developed in order to study of the engine operating cycle, exhaust gases energy and cooling energy; -The efficiency of heat exchanger intended to waste heat recovery system based on Rankine cycle was studied experimentally over the engine operating map; -The possibility to improve the engine efficiency and brake specific fuel consumption by means of waste heat recovery system based on Rankine cycle was assessed. The FMEP in the crankshaft group is calculated using the following equation: 

𝐹𝑀𝐸𝑃 𝐶𝑆 =

Résumé en anglais

This study is motivated by the environment protection and the reduction of emissions CO2 from internal combustion engines. The aim of the thesis is to study the possibilities of fuel consumption reduction of a diesel engine intended for a passenger car by means of waste heat recovery from exhaust gases based on thermodynamic cycle (Rankine cycle). In order to determine the waste heat, the engine was tested on a test bench as the exhaust parameters were measured. A simulation model of the engine has also been developed and validated by means of experimental results. The recovery potential of the exhaust gases and the cooling system has been estimated. This analysis revealed that the waste heat recovery potential of the exhaust gases is higher that the cooling system. By means of Rankine cycle numerical model and experimental test, the output power and efficiency of the Rankine cycle were studied. Finally, the impact of the heat recovery system on engine performance was studied. The results revealed that the engine power increases by 4.3% at the operating point which corresponds to the maximum engine power. Keywords: Waste heat recovery; Rankine cycle; Internal combustion engines; Exhaust gases Résumé en bulgare Това изследване е мотивирано от опазването на околната среда и намаляването на емисиите на CO2 от двигателите с вътрешно горене. Целта на дисертацията е да проучи възможностите за намаляване на разхода на гориво на дизелов двигател, предназначен за лек автомобил, чрез рекупериране на енергия с цикъл на Ранкин. За да се определи неоползотворената енергия в отработилите газове бе използван изпитателен стенд. Симулационен модел на двигателя е разработен и валидиран чрез експерименталните резултати. Направена е оценка на потенциала за рекупериране на енергия от отработилите газове и охладителната система. Този анализ показва, че потенциала за рекупериране е по-голям в изпускателната система. С помощта на експериментален стенд и числен модел на цикъла на Ранкин са установени мощността и ефективността на системата. Въздействието на системата за рекупериране на енергия е изследвано. Резултатите показват, че мощността на двигателя се увеличава с до 4,3%. Ключови думи: Рекупериране на енергия; Цикъл на Ранкин; Двигател с вътрешно горене; Отработили газове
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  Fig. 3.5. Puissance du moteur et consommation spécifique Sur la base des résultats, on peut affirmer que la température des gaz d'échappement varie dans la plage de 189 ºC à 727 ° C. La valeur la plus élevée a été observée à pleine charge et à vitesse élevée du moteur. Le débit des gaz d'échappement varie dans la plage de 0,02 kg/s à 0,12 kg/s avec la valeur maximale pour la puissance maximale du moteur. La puissance thermique maximale des gaz d'échappement est de 108 kW (figure 3.5). La variation de la température des gaz d'échappement à l'échappement 1,5 m après le turbocompresseur est de 164 °C à 620 °C. La puissance thermique maximale dans cette section de l'échappement est de 88 kW à 4000 tr.min -1 et la pleine charge du moteur (Fig. 3.6). La puissance thermique dans le refroidissement est inférieure à celle des gaz d'échappement. La valeur maximale est de 40 kW (figure 3.7).Les pertes par frottement représentent une petite partie de l'énergie gaspillée. Les pertes augmentent légèrement en fonction de la vitesse du moteur. La puissance maximale indiquée perdue par frottement est de 10,3 kW à 4000 tr.min -1 .
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 55 Fig. 5.5. Taux de récupération de chaleur des gaz d'échappement dans le cas d'une machine de détente idéale Le taux de récupération de la chaleur des gaz d'échappement dans le cas d'une machine avec un taux de détente  = 4 varie de 0.3 % à 4.5 %. La valeur maximale a été observée à 4000 tr.min -1 et pour une PME de 10.5 bar.
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 56 Fig. 5.6. Amélioration de la puissance de sortie du moteur due à la récupération de chaleur perdue au moyen du cycle Rankine et d'une machine de détente idéale La figure 5.6 montre l'impact sur la puissance du moteur en pourcentage dans le cas d'une machine idéale. Une amélioration importante de la puissance du moteur a été observée à pleine charge et à vitesse élevée. L'effet maximal a été estimé à 4,3% pour une vitesse du moteur de 4000 tr.min -1 et une PME de 14.7 bar. La valeur minimale a été estimée à 0,35% à la vitesse du moteur de 2000 min -1 et pour une PME de 20.3 bar.
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Fig. 1 .

 1 Fig.1.1. Future СО2 emissions restrictions implemented to passenger cars[5] 

Fig. 1 . 2 .

 12 Fig. 1.2. Downsizing effect on engine operating mode 2.1.4 Variable valve timing and lift control

2. 2 . 5 . 1

 251 Stirling cycle The thermodynamic cycle of Stirling was patented by Dr. Robert Stirling in 1816. The Stirling cycle occurs in four stages (Fig. 1.4): 1-2 Isothermal expansion (heat transfer from the external source) 2-3 Isochoric heat removal (internal heat transfer from the working fluid to the regenerator) 3-4 Isothermal compression (heat rejection to the external sink) 4-1 Isochoric heat addition (internal heat transfer from the regenerator back to the working fluid)

Fig. 1 . 4 .

 14 Fig. 1.4. Stirling cycle in P-V diagram

Fig. 1 . 5 .

 15 Fig. 1.5. Erickson cycle in P-V diagram A research of Bonnet et al.[START_REF] Bonnet | Energy, exergy and cost analysis of a micro-cogeneration system based on an Ericsson engine[END_REF] revealed the energy, exergy and cost study of a micro-cogeneration system based on Erickson cycle. A net power of 10.8 kW can be obtained at the engine output shaft. Bianchi et al.[START_REF] Bianchi | Bottoming cycles for electric energy generation: Parametric investigation of available and innovative solutions for the exploitation of low and medium temperature heat sources[END_REF] presented a comparison between Joule, Stirling and organic Rankine cycle (ORC). Thus, the thermal efficiency of the ORC is 20 % in comparison with 10 % thermal efficiency of the Joule cycle.

  .6 a. The ideal Rankine cycle presented in the T-S diagram (Fig. 1.6 b) consists of the following processes: 1-2 isentropic compression in the pump; 2-3 working fluid heating and evaporation in the boiler; 3-4 isentropic expansion in the turbine; 4-1 working fluid cooling in the condenser. a) b) Fig. 1.6. Rankine cycle scheme and T-s diagram of the processes

  An important characteristic of the working fluid is the slope of the saturation curve in T-s diagram. The working fluids are divided in three groups: Isentropic fluids are characterized by vertical slope of the saturation curve (Fig. 1.7 a); "Wet" fluid with negative slope (Fig. 1.7 b); "Dry" fluids which saturation curve have positive slope (Fig. 1.7 c).

Fig. 1 .

 1 Fig. 1.7. T-s diagram of fluids depending on the saturation curve For example the water and ammonia are the fluids in the second category. Due to the negative slope of the saturation curve of the fluids in the second group, it is necessary in the Rankine cycle

Fig. 1 . 8 .

 18 Fig. 1.8. Optimal working fluids depending on the temperature of the heat source

Fig. 1 .

 1 Fig. 1.9. Piston expanders On the basis of the studies [101-104], conducted on piston expander, efficiency has varied from 60 % to 70 %. Fig. 1.10 shows a swash-plate expander design. In this type of machine the expansion ratio can be adjusted depending on the operating mode. Galindo et al. in [105] presented an experimental and numerical study of a swash-plate expander in a stationary mode at three rotation speed. The thermal source in that study offered thermal power of 25 kW. Ethanol was used as working fluid. The experimental results revealed output power within the range from 1.53 kW to 1.65 kW. Isentropic efficiency was in the range of 50.6 % to 58.8 %.In other studies of expanders of this type [106-109] the efficiency varied from 18 % to 75 % and the rotation speed was in the range of 1000 min -1 to 4000 min -1 .

Fig. 1 .

 1 Fig. 1.11. Scroll expander design

Fig. 2 . 1 .

 21 Fig. 2.1. Engine test bench schematic diagram

Fig. 2 .

 2 Fig. 2.2 shows a photo of the engine mounted on the test bench.

Fig. 2 . 2 .

 22 Fig. 2.2. Engine test bench

Fig. 2 . 3 .

 23 Fig. 2.3. Hydraulic brake D-4

1. 3

 3 Engine management The engine management system is based on National Instruments real-time controller. The hardware of the system consists of: PXI chassis -NI PXI-1031, Real-Time Embedded Controller -NI PXI-8106 RT, FPGA module -NI PXI-7813R, two R Series Expansion Chassis -NI CRIO 9151 as well as the modules developed by Drivven. In our project we used four modules: DI Driver -2pcs, Low Side, AD Combo and O2 sensor module. All of these modules are based on NI C series interface.

Fig. 2 . 4 .

 24 Fig. 2.4. Real-Time Controller -NI PXI-8106The peripheral modules (Fig.2.5) developed by Drivven are used in order to measure the signal from the sensors as well as to control the injectors and electromagnetic valves. AD Combo module (Fig.2.5 a) offers 21 analogue and 4 digital inputs to be used with standard engine sensors.

Fig. 2 . 6 .

 26 Fig. 2.6. CalView front panel

Fig. 2 . 7 .

 27 Fig. 2.7. In-cylinder pressure sensor [138] Parameter Value Measuring range 0 ÷ 250 [bar] Sensitivity 16 [pC/bar]

Fig. 2 . 9 .

 29 Fig. 2.9. Signal conditioner [140]

Fig. 2 .Fig. 2 . 13 .

 2213 Fig. 2.10. Mounting position of the angle encoder [141]

Fig. 2 .

 2 Fig. 2.15. Fuel consumption measurement for diesel common rail fuel system [143]

Fig. 2 .

 2 Fig. 2.16. Thermocouple and mounting location before turbocharger

Fig. 2 .

 2 Fig. 2.17. Exhaust gases temperature measurement 1.5 m downstream the turbocharger

Fig. 2 .

 2 Fig. 2.18. Air mass flow meter and plug-in sensor construction [144]

Fig. 2 .

 2 Fig. 2.21. Mass of injected fuel with pilot injection

Fig. 2 .

 2 Fig. 2.23 and 2.24 present the start of pilot and main injection over the engine operating map. The negative values refer to the crankshaft angle position before top dead center. In Fig. 2.23 can be seen that the increasing of the engine speed and load lead to earlier start of injection. Here, the highest value is 35 °CA before TDC.

Fig. 2 .

 2 Fig.2.24 shows the start of main injection over the whole engine operating field. It can be seen from the graph that with increasing engine speed the start of main injection varies from 2 °CA after TDC to 16 °CA before TDC.

Fig. 2 .

 2 Fig. 2.25. Boost pressure The intake manifold pressure variation is shown in Fig. 2.25. The data presented in the graph shows that the boost pressure increases slightly as a function of the engine load. The maximum boost pressure is limited to 1.3 bar.

Fig. 2 .

 2 Fig. 2.26. In-cylinder pressure at 1400 min -1At engine speed of 1600 min -1 , seven operating points were studied. The pressure reaches a maximum value of 146.9 bar at BMEP of 17.8 bar. This value is measured at an angle position of the crankshaft 11 °CA after TDC.

Fig. 2 .

 2 Fig. 2.27. In-cylinder pressure at 1600 min -1

Fig. 2 .

 2 Fig. 2.28. In-cylinder pressure at 1800 min -1

Fig. 2 .

 2 Fig. 2.29. In-cylinder pressure at 2000 min -1

Fig. 2 .

 2 Fig. 2.30. In-cylinder pressure at 2200 min -1At engine speed of 2200 min -1 , the pressure reaches a maximum value of 162.4 bar at BMEP of 19.9 bar. This value is measured at an angle position of the crankshaft 10 °CA after TDC.

Fig. 2 .

 2 Fig. 2.32. Rate of heat release at 1400 min -1

Fig. 2 . 1 Fig. 2 .

 212 Fig. 2.33 Rate of heat release at 1600 min -1

Fig. 2 .

 2 Fig. 2.35. Rate of heat release at 2000 min -1 In Fig. 2.35 the maximum value of ROHR due to the pilot injection is 63 kJ/kg.deg at 11 °CA before TDC and the maximum value of ROHR due to the main injection is 90 kJ/kg.deg at 17 °CA after TDC. Both values were observed at BMEP of 12.7 bar.

Fig. 2 .

 2 Fig. 2.36. Rate of heat release at 2200 min -1 At engine speed of 2200 min -1 (Fig. 2.36), the maximum value of ROHR due to the pilot injection is 28 kJ/kg.deg at 12 °CA before TDC and the maximum value of ROHR due to the main injection is 82 kJ/kg.deg at 18 °CA after TDC. Both values were observed at BMEP of 12.7 bar.

Fig. 2 .

 2 Fig. 2.40. Exhaust gases temperature 1.5 m downstream the turbocharger

Fig. 3 . 1 .

 31 Fig. 3.1. Model of the diesel engine in AVL Boost

Fig. 3 . 2 .

 32 Fig. 3.2. Model of the processes in the cylinder [145]

Fig. 3 . 3

 33 Fig. 3.3 Inner valve seat diameter [145] The flow coefficient 𝜇 𝑣 represents the ratio between the actual measured mass flow rate at a constant pressure difference and the theoretical isentropic mass flow rate for the same boundary conditions. The flow coefficient varies as a function of the valve lift, due to increased hydraulic losses. The flow coefficient decreases with increasing the vale lift. Piston displacement is used in order to determine the instant cylinder volume. It is calculated as a function of the crankshaft angle (Fig. 3.4).

Fig. 3 . 4 .

 34 Fig. 3.4. Kinematics of the crankshaft mechanism [145]

  In our model the combustion model was determined by Vibe function[146]. The Vibe function is widely used in combustion simulation either in gasoline and diesel engine. A single function is presented as follows:

Fig. 3 .

 3 Fig. 3.5 shows the approximation of an actual heat release diagram of a DI Diesel engine by a single Vibe function. The start of combustion, combustion duration and shape parameter were obtained by a least square fit of the measured heat release curve.

  𝜌. 𝑢 2 + 𝑝 𝑢. (𝐸 + 𝑝) 𝜌. 𝑢. 𝑤 𝑗 )

Fig. 3 . 8 .

 38 Fig. 3.8. Comparison of heat release at 2000 min -1

Fig. 3 .

 3 Fig. 3.9 to 3.11 present the comparison of the rate of heat release obtained by numerical simulations with that estimated by means of indicating instrument AVL 647 Indiskop at engine speed from 1400 min -1 to 2400 min -1 . For each speed three engine operating points were studied.The results revealed small deviation of the rate of heat release estimated by the indicating instrument and simulation model at whole studied engine operating range.

Fig. 3 . 9 . 1 Fig. 3 .

 3913 Fig. 3.9. Comparison of rate of heat release at 2000 min -1

Fig. 3 . 1 Fig. 3 .

 313 Fig. 3.11. Comparison of rate of heat release at 2400 min -1

Fig. 3 .

 3 Fig. 3.13. Comparison of rate of heat release at 1400 min -1 and BMEP of 9.5 bar

Fig. 3 .

 3 Fig. 3.15. Comparison of rate of heat release at 2000 min -1 and idle

Fig. 3 .

 3 Fig. 3.18. Comparison of rate of heat release at 2400 min -1 and idle

Fig. 3 .

 3 Fig. 3.20. Comparison of rate of heat release at 2400 min -1 and BMEP of 19.7 bar

Fig. 3 .

 3 Fig. 3.21. Comparison of in-cylinder pressure at 1400 min -1

Fig. 3 . 1 Fig. 3 .

 313 Fig. 3.22. Comparison of cylinder pressure at 2000 min -1

Fig. 3 .

 3 Fig. 3.24. Variation of the Vibe function shape parameter (m2) Fig. 3.25 shows the start of the heat release due to the pilot injection. There are not values shown at engine speed above 3500 min -1 due to the fact the engine operates without pilot injection in this area. The start of the heat release varies from 1°CA to 20 °CA before TDC. Here, the negative values refer to the angles of rotation before TDC.

Fig. 3 .

 3 Fig. 3.25. Start of heat release due to pilot injection

Fig. 3 .

 3 Fig. 3.29. Engine output power and BSFC The thermal power of the exhaust gases is calculated by means of following equation: 𝑃 𝑒𝑥ℎ = 𝑚̇𝑔. 𝐶𝑝 𝑔 . (𝑇 𝑔 -𝑇 0 ) (3.37) According to equation (3.37) the thermal power of the exhaust gases depends on the mass flow rate, specific heat capacity and the exhaust gases temperature. The variation of the components in the equation as well as the thermal power of the exhaust gases are presented in Fig. from 3.30 to 3.34.

Fig. 3 .

 3 Fig. 3.35. Specific heat capacity of the exhaust gases 1.5 m downstream the turbocharger

Fig. 3 .

 3 Fig. 3.37 Thermal power of the exhaust gases 1.5 m downstream the turbocharger

Fig. 3 .

 3 Fig. 3.38. Thermal power of the exhaust gases at 1.5 m downstream the turbocharger in percentage of the fuel energy

Fig. 3 .

 3 Fig. 3.39. Thermal power of the cooling system

  123 ∆𝐸𝑥 = (𝐻 -𝐻 0 ) -𝑇 0 (𝑆 -𝑆 0 ) [𝑘𝐽] (3.38) 𝑆 -𝑆 0 = 𝑐 𝑝 𝑔 . ln (

Fig. 3 .

 3 Fig. 3.42. Exergy power of the exhaust gases at exhaust manifold

Fig. 3 .

 3 Fig. 3.44. Exergy power in the cooling system

Fig. 3 .

 3 Fig.3.45, 3.46 and 3.47 present the waste heat recovery potential in two sections of the exhaust system as well as in the cooling system. The results are presented in percentage by the fuel energy. These results reveal the theoretical possibility to increase the engine thermal efficiency by means of waste heat recovery. On the basis of the analysis, waste heat recovery from the exhaust gases at exhaust manifold can improve theoretically the engine efficiency within the range of 12% to 23.8%.

Fig. 3 .

 3 Fig. 3.46. Exergy of the exhaust gases 1.5 m downstream the turbocharger in percentage by the fuel energy

Fig. 3 .

 3 Fig. 3.47. Exergy in the cooling system in percentage by the fuel energy In the cooling system, the potential for waste heat recovery in relative values is in the range of 1.6 % to 3.3 % by the fuel energy.

  4.1). The waste heat recovery system based on Rankine cycle test bench is situated at Institut Aérotechnique (IAT) -Conservatoire National des Arts et Métiers (Cnam) in Saint-Cyr l'École, France. The scheme of the experimental test bench is shown in Fig. 4.1.

Fig. 4

 4 Fig. 4.2. Burner with combustion chamber Parameter Value Fuel consumption 2.0 -5.0 [kg/h] Thermal power 23.7 -80 [kW] Power supply 230 V 50 Hz Nominal electrical power 130 W Table 4.1 Burner parameters

  4.1 -position 9). The diesel fuel consumption of the burner is manually controlled by means of the injection pressure. The burned gas mass flow rate is also adjusted by means of the two valves shown in Fig. 4.1 (position 29 and 33). 1.1.2.1 Measurement of the air mass flow and fuel consumption The air flow rate through the burner was measured by means of mass flow meter Bronkhorst F-107BI. The mass flow meter is shown in Fig. 4.3 while the main technical characteristics are listed in Table 4.2.

Fig. 4 . 3 .

 43 Fig. 4.3. Air mass flow meter [148] Parameter Value Maximum mass flow rate 120 [g/s] Maximum pressure 100 [bar] Power supply 15 -24 V Analog output 0 -10 V Table 4.2 Air mass flow meter parameters

  The burner fuel consumption was measured by means of following equipment: AVL 7130-03 fuel flow meter, fuel quantity control unit AVL 7030-A04.1 and AVL 7030-A05 indicating module.1.1.2.2 Measurement of the exhaust gases parametersThe exhaust gases temperature and pressure were measured on the test bench. Both parameters were measured before and after the heat exchanger (evaporator) in order to determine the exhaust enthalpy and hydraulic losses in the exchanger. The exhaust gases mass flow was estimated on the basis of the air mass flow and the fuel consumption.Exhaust gases and working fluid temperature are measured by means K Type thermocouples. The signal converters (Fig.4.4) were used to convert the measured signals in voltage suitable for measurement by the DAQ.

Fig. 4 .

 4 Fig. 4.4. Signal converter

1. 2 . 1

 21 Working fluidWater was used as working fluid in this study. The test bench is designed to operate with either water or ethanol. Using the ethanol is more dangerous due to its flammability. Fig. 4.5 shows the T-s diagram of the working fluid (water) and the ideal processes in the Rankine cycle (1-2 compression in the pump, 2-3 evaporation of the working fluid in the heat exchanger, 3-4 expansion of the working fluid in the expander, 4-1 condensation of the fluid).

Fig. 4 .

 4 Fig. 4.5. Т-s diagram of water

Fig. 4 .

 4 Fig. 4.6. Pump

Fig. 4 . 7 .

 47 Fig. 4.7. Heat exchanger(evaporator) design

  4.8). It consists of 40 plates with dimension 11 x 28 cm which corresponds to heat exchange surface of approximately 1.2 m 2 . The working fluid is cooled by water.

Fig 4 .

 4 Fig 4.8. Condenser

Fig. 4 . 9 . 3

 493 Fig. 4.9. Pressure sensor [149] The flow rate of the working fluid and the cooling water was measured by means of two mass flow meters (Fig. 4.10). These flow meters generate square pulses with frequency proportional to the flow rate. The maximum measured flow of the working fluid is 50 l/h and 500 l/h for the cooling water. Parameter Value Nominal size 8mm Accuracy ±1% Working temperature -20 до +80˚C Maximum pressure 0.98MPa Table 4.3 Mass flow meter data

Fig. 4 .

 4 Fig. 4.11. Distribution of the studied operating points over the engine map

Fig. 4 .

 4 Fig. 4.12. Experimental results Results, that are presented here, reveal the variation of the exhaust gases temperature and the working fluid temperature at the outlet of the heat exchanger as a function of the working fluid pressure. The experimental test concerns the engine operating points at full load and rotation speed of 1200, 2000, 2800, 3500, and 4000 min -1 .

Fig. from 4 .

 4 Fig. from 4.13 to 4.17 present the results obtained for the variation of the exhaust gases temperature at the outlet of the heat exchanger(evaporator) as a function of the working fluid pressure for optimal value of working fluid mass flow.

Fig. 4 .

 4 Fig. 4.14. Exhaust gases temperature at heat exchanger outlet

Fig. 4 .

 4 Fig. 4.15. Exhaust gases temperature at heat exchanger outlet

Fig. 4 .

 4 Fig. 4.16. Exhaust gases temperature at heat exchanger outlet

Fig. 4 .

 4 Fig. 4.19. Working fluid temperature at heat exchanger outlet

Fig. 4 .

 4 Fig. 4.21. Working fluid temperature at heat exchanger outlet The results in Fig. 4.21 reveal working fluid outlet temperature within the range of 159 °C to 240 °C.

Fig. 4 .

 4 Fig. 4.23. Specific heat capacity of the exhaust gases

Fig. 4 .

 4 Fig. 4.25. Evaporator efficiency The heat exchanger efficiency represented in Fig. 4.25 varies in the range from 49.6% to 50.8%. Here, the maximum value was observed at the working fluid pressure of 10 bar.In Fig.4.26, the efficiency varies from 34.4% to 36.8%. The maximum value was observed at working fluid pressure of 20 bar.

Fig. 4 .

 4 Fig. 4.26. Evaporator efficiency

Fig. 4 .

 4 Fig. 4.29. Evaporator efficiency over a part of the engine operating map

Fig. 4 .

 4 Fig. 4.31. Working fluid mass flow over a part of the engine operating map

Fig. 5 . 3 .

 53 Fig. 5.3. Computational scheme of heat transfer in the heat exchanger The total heat transfer coefficient is determined as follows: 1 𝐾 = 1 𝛼 𝑓 + (𝑑 2 -𝑑 1 ) 2.𝜆 + 1 𝛼 𝑔

Fig. 5 . 5 .

 55 Fig. 5.5. Block diagram of computational algorithm

Fig. 5 . 9 .

 59 Fig. 5.9. Measured exhaust gases temperature at heat exchanger outlet

Fig. 5 . 4 Fig. 5 . 6 Fig. 5 .

 54565 Fig. 5.10. Rankine cycle output power with expansion ratio  = 4 Fig. 5.10 shows the Rankine cycle output power over the engine operating map with expansion ratio ɛ = 4. The power varies within the range of 0.1 kW to 3 kW. The maximum value was observed at engine speed of 4000 min -1 and BMEP of 14.7 bar. The minimum output power was estimated at 1200 min -1 and BMEP of 12.4 bar.

Fig. 5 . 4 Fig. 5 .

 545 Fig. 5.13. Rankine cycle efficiency in case of expansion ratio  = 4 Fig. 5.13 shows the variation of the Rankine cycle efficiency in case of expansion rate  = 4.The maximum efficiency was estimated to be 8.6% at engine speed of 2000 min -1 and BMEP of 6.6 bar. The minimum value accounts to 0.8 % at engine speed of 1600 min -1 and BMEP of 11.6 bar.

Fig. 5 .

 5 Fig. 5.16. Waste heat recovery rate from the exhaust gases in case of expansion ratio  = 4

Fig. 5 .Fig. 5 .

 55 Fig. 5.19. Engine output power improvement due to waste heat recovery by means of Rankine cycle and an ideal expansion machine Fig. 5.20 shows the improvement of the engine power due to waste heat recovery based on Rankine cycle and expansion machine with expansion ratio  = 6. The highest impact was observed in the area of the maximum engine power. The maximum engine power improvement by 3.63 % was observed at engine speed of 4000 min -1 and BMEP 14.7 bar. The minimum effect by 0.27 % was estimated engine speed of 2000 min -1 and BMEP of 20.3 bar.

Fig. 5 .

 5 Fig. 5.20. Engine output power improvement due to waste heat recovery by means of Rankine cycle and expansion machine with expansion ratio  = 6

  from exhaust gases of a diesel engine by means of Rankine cycle Résumé Cette étude est motivée par la protection de l'environnement et la réduction des émissions de CO2 émis par les moteurs à combustion interne. L'objectif de la thèse est d'étudier les possibilités de la réduction de la consommation de carburant d'un moteur diesel d'automobile grâce à la récupération de la chaleur des gaz d'échappement basée sur un cycle de Rankine. Afin de déterminer l'énergie perdue, le moteur a été testé sur un banc d'essais et les paramètres des gaz d'échappement ont été mesurés. Un modèle de simulation du moteur a également été développé et validé grâce aux résultats expérimentaux. Le potentiel de récupération de chaleur sur les gaz d'échappement et sur le refroidissement a été estimé. Cette analyse a révélé que le potentiel sur les gaz d'échappement est plus élevé que celui sur le refroidissement. Grâce au modèle numérique et aux essais, la puissance et l'efficacité du cycle de Rankine ont été étudiées. Enfin, l'impact du système de récupération d'énergie sur les performances du moteur a été analysé. Les résultats montrent que la puissance du moteur augmente de 4,3% au point de puissance maximale du moteur. Mots clés : Récupération de chaleur ; Cycle de Rankine ; Moteurs à combustion interne ; Gaz d'échappement

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  

  La variation de la masse dans le cylindre peut être calculée au moyen de débits massiques instantanés d'admission, d'échappement et de blow-by comme suit:

				𝑑𝑚 𝑐 𝑑𝜑 = ∑	𝑑𝑚 𝑖 𝑑𝜑 -∑	𝑑𝑚 𝑒 𝑑𝜑 -	𝑑𝑚 𝐵𝐵 𝑑𝜑	(3.2)
		Afin d'estimer les paramètres thermodynamiques dans le cylindre, la loi des gaz parfaits idéaux est
	utilisée comme suit:	
				𝑝 𝑐 =	1 𝑉 . 𝑚 𝑐 . 𝑅 𝑜 . 𝑇 𝑐	(3.3)
		Le débit massique à travers les orifices d'admission et d'échappement est calculé en supposant un
	écoulement permanent à travers les ports et une différence de pression constante. Ensuite, la corrélation
	suivante est utilisée:	
				𝑑𝑚 𝑑𝑡	= 𝐴 𝑒𝑓𝑓 . 𝑝 𝑜1 . √ 𝑅 𝑜 .𝑇 𝑜1 2	. 𝜓	(3.4)
		Pour un flux subsonique,	
						2
				𝜓 = √ 𝑘 𝑘-1 . [( 𝑝 𝑜1 𝑝 2	) 𝑘 -( 𝑝 𝑜1 𝑝 2
	𝑑𝑄 𝐹 𝑑𝜑		-apport de chaleur par le combustible
	∑	𝑑𝑄 𝑤 𝑑𝜑	-pertes de chaleur par les parois
	ℎ 𝐵𝐵 .	𝑑𝑚 𝐵𝐵 𝑑𝜑	-débit d'enthalpie dû au blow-by
		𝑑𝑚 𝐵𝐵		
			𝑑𝜑		

-débit massique du blow-by

  𝐶 1 =6.18, 𝐶 2 =0; -Pendant la compression: 𝐶 1 =2.28, 𝐶 2 =0; -Pendant la combustion et la détente: 𝐶 1 =2.28, 𝐶 2 =0.00324. Dans nos simulations, les courbes de levée de soupapes ont été précédemment mesurées au moyen des arbres à came d'admission et d'échappement. Ensuite, les courbes de levée de soupapes ont été estimées en tenant compte de la cinématique du train de soupapes.Les paramètres du turbocompresseur ont été définis dans l'élément appelé "Turbocompresseur". Dans notre simulation, le modèle simplifié est utilisé. Ainsi, le modèle considère un rendement constant du compresseur et de la turbine pour calculer le bilan énergétique du turbocompresseur. L'avantage de ce modèle est qu'il nécessite simplement des données limitées pour décrire la caractéristique de performance du turbocompresseur. Le rendement mécanique du turbocompresseur est également défini comme paramètre d'entrée.Les collecteurs d'admission et d'échappement ainsi que les silencieux sont représentés par les éléments appelés "pipe" et "plenum". L'ensemble des équations de conservation pour décrire un flux unidimensionnel dans une canalisation est donné par le système des équations d'Euler ('Euler Equation System'):

	𝜕𝑈 𝜕𝑡	+	𝜕𝐹(𝑈) 𝜕𝑥	= 𝑆(𝑈)	(3.15)
					. 𝑝 𝑐 0,8 . 𝑇 𝑐 -0,53 . 𝑣 0.8	(3.13)
	La vitesse 𝑣 est définie par:				
	𝑣 = 𝐶 1 . 𝑣 𝑏 + 𝐶 2 .	𝑉 𝑐 .𝑇 0 𝑝 0 .𝑉 0	. (𝑝 𝑐 -𝑝 𝑐(𝑤𝑐) )	(3.14)

Les coefficients 𝐶 1 et 𝐶 2 dépendent du processus dans le cylindre et peuvent être choisis comme suit selon Woschni:

-Pendant l'échappement et l'admission:

  'étude expérimentale est menée pour 28 points de fonctionnement du moteur : pour chaque point, la température des gaz d'échappement et le débit massique ont été déterminés. Les résultats ont été obtenus pour des débits massiques du fluide de travail 2, 4, 6, 8 et 10 g/s et pour des pressions du fluide de travail 5, 10, 15 et 20 bar.

	2. Etude expérimentale de l'efficacité de l'échangeur de
	chaleur		
		Pompe à carburant	11,15,16,	
		Filtre à carburant	17,20,23,	Thermocouples
		Système de mesure de la	26,28,30	
		consommation de carburant	12	Système d'acquisition
		Brûleur	13	Convertisseur de signal
		Compteur de consommation de	14,19	Débitmètres massiques liquides
		carburant	18,25,27 Capteurs de pression
		Vanne Bypass	21,22	Vannes de régulation de fluide
		Capteur de débit massique d'air	24	Capteur de pression
		Dispositif de contrôle de	29,33	Vannes de contrôle des gaz
		fréquence		d'échappement
		Vanne de réglage débit d'air	31	Capteur de pression
	10	Ordinateur	32	Chambre de combustion

1. Description du banc d'essai du cycle de Rankine

Fig. 4.1. Schéma du banc d'essai expérimental L

  Une fois que la puissance thermique transférée de l'échappement vers le fluide de travail dans un premier élément est estimée, les paramètres des gaz d'échappement et du fluide de travail de l'élément suivant peuvent être déterminés. Ici, les équations suivantes ont été utilisées:𝑚̇𝑔. 𝑐 𝑝𝑔 . 𝑇 𝑔𝑎𝑠[𝑖] -𝑄 ℎ𝑒[𝑖] = 𝑚̇𝑔. 𝑐 𝑝𝑔 . 𝑇 𝑔𝑎𝑠[𝑖+1]

				(5.6)
	𝑚̇𝑔. 𝑐 𝑝𝑔 . 𝑇 𝑤𝑓[𝑖] + 𝑄 ℎ𝑒[𝑖] = 𝑚̇𝑔. 𝑐 𝑝𝑔 . 𝑇 𝑤𝑓[𝑖+1]
	8.𝑀 𝑓	-0,87 ].0,023.𝑅𝑒 0,8 𝑃𝑟 0,4 .𝜆 𝐷	(5.4)
	Le coefficient de transfert de chaleur convectif de la phase gazeuse est déterminé par la corrélation
	suivante:		
	𝛼 𝑔 =	𝑁𝑢.𝜆 𝐷	(5.5)
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Table 2 .

 2 .1.

	Engine type	HDI
	Number of cylinders	4
	Displacement	1998 cm 3
	Bore	85 mm
	Stroke	88 mm
	Compression Ratio	17,6
	Valves per cylinder	4

1 Main parameters of the engine

Table 2 .

 2 2 presents some technical parameters of the strain gauge that was used.

	Parameter	Value
	Nominal load	150 kg
	Sensitivity	150 kg ≈ 2520 με (1.26 mV/V)
	Input resistance	350 Ω
	Output impedance	350 Ω
	Non-linearity	< 0.3 %
	Hysteresis	< 0.15 %

Table 2 .

 2 

2 Basic parameters of the force sensor

Table 2 .

 2 4. 

	Fig. 2.8. In-line converter [139]
	Parameter	Value
	Sensitivity	1 mV/pC
	Input Range	± 2500 pC
	Non-Linearity	≤ 1.0 % FS
	Temperature Range	-54 до +121 °C
	Temperature Response	<2 %
	Excitation Voltage	+18 до 28 VDC
	Output Bias Voltage	+12.00 to 15.00 VDC
	Output Voltage	± 2.5 V
	Constant Current Excitation	2.2 до 20 mA
	Size	13 mm x 86 mm
	Weight	31 g
	Table 2.4 In-line converter characteristics

  .5.

	Set tempera-	Measured temperature	Measured temperature
	ture	with reference tem-	with thermocouple type
		perature sensor	RS Pro K
	°C	°C	°C
	50	50.010	50.11
	100	99.945	100.63
	150	149.898	151.68
	200	199.880	201.84
	250	249.815	251.65
	300	299.770	301.31
	350	349.765	351.12
	400	399.709	401.15
	450	449.644	451.33
	500	499.596	501.36
	550	549.518	551.25
	600	599.390	600.84
	Table 2.5 Calibration data of thermocouples RS Pro K

  𝐹𝑀𝐸𝑃 𝑇𝑂𝑇 = (𝐹𝑀𝐸𝑃 𝐶𝑆 + 𝐹𝑀𝐸𝑃 𝑃 + 𝐹𝑀𝐸𝑃 𝑉𝑇 + 𝐹𝑀𝐸𝑃 𝑎𝑢𝑥 + 𝐹𝑀𝐸𝑃 𝐼𝑃 ). ( 𝑣 𝑇 𝑜𝑖𝑙 𝑣 𝑇 𝑜𝑖𝑙 = 90°𝐶)

	Symbol 𝐴 𝐴 𝑒𝑓𝑓 𝐴 𝑖 𝐴 [𝑖] 𝐷 𝛥𝐸𝑥 𝐹 𝑅 𝐻 𝐻 0 𝐻 𝑓𝑠 𝐻 𝑔𝑒 𝐾 [𝑖] 𝑀 𝑓 𝑃 𝑐𝑜𝑙 𝑃 𝑒𝑥 𝑃 𝑒𝑥ℎ 𝑃 𝑒𝑥𝑝 𝑃 𝑓 𝑃 𝑓𝑟 𝑃 𝑝 𝑃 𝑅𝐶 𝑄, 𝑄 𝑓 𝑄 𝑒 𝑄 𝑒𝑥ℎ 𝑄 𝑓𝑟 𝑄 ℎе 𝑄 ℎе[𝑖] 𝑄 𝑢𝑛 𝑄 𝑤 𝑄 𝑤𝑖 𝑅 𝑜 𝑆 𝑆 0 ℎ 𝑒 ℎ 𝑓е ℎ 𝑓𝑠 𝛼 𝑔 𝛼 𝑤 𝜂 𝑒𝑥𝑝 𝑆 𝑡 𝑇 0 𝑇 𝑖 𝑇 𝑜1 𝑇 𝑐 𝑇 𝑔𝑎𝑠 [𝑖] 𝑇 𝑔 𝑇 𝑔𝑒 𝑇 𝑤𝑓 [𝑖] 𝑇 𝑤𝑖 𝑉 𝑉 𝑓 𝑉 0 𝑉 𝑐𝑐 𝑉 𝐷 𝑉 𝛹 𝑋 𝜒 𝑐 𝑝 𝑔 𝑐 𝑉 𝑑 1 𝑑 2 𝑑 ℎ𝑦𝑑 𝑑 𝑣𝑖 𝑒 𝑓 𝑠𝑐 ℎ 1 ℎ 2𝑖𝑠 ℎ 3 ℎ 4𝑖𝑠 𝛼 𝑓 𝑤 𝑗 𝑢 𝑣 𝑣 𝑏 𝑣 𝑖 𝑣 𝑖.𝑗 𝑟̇𝑖 𝑠 𝑟 𝑝 𝑜1 𝑝 𝑐(𝑤𝑐) 𝑝 𝑐 𝑝 2 𝑝 𝑝 0 𝜓 ℎ 𝑖 ℎ 𝑣 𝜂 𝑝 𝑙 𝑚 𝜂 𝑅𝐶 𝜆 𝜇 𝑚 1 𝜇 𝑣 𝜌 𝑚 2 𝑚 𝑐 𝑑𝑚 𝑒 𝑑𝑚 𝑖 𝑚̇ 𝑚̇𝑔 𝑚̇𝑤 𝑓 𝑛 𝑛 𝑣 𝜑 𝑧2 𝜑 𝑧1 𝜑 𝑧 𝜑 𝑝2 𝜑 𝑝1 𝜑 𝜑 1	Nomenclature Description -The cross section of the tube -Effective flow area -Heat transfer surface -Heat transfer surface of each element -Characteristic parameter -Waste heat recovery potential -Wall friction force -Enthalpy at the start of the process -Enthalpy at the end of the process -Thermal power of the working fluid at the end of the evaporator -Thermal power of the exhaust gases at the end of the evaporator -Heat transfer coefficient of one element -Martinelli factor -Thermal power in the cooling system -Exergy power -Thermal power of the exhaust gases -Expander machine output power -Thermal power of the fuel -Thermal power of the friction losses -Pump power -Rankine cycle power -Total fuel heat input -Effective heat energy -The exhaust waste heat -Heat of mechanical losses -Heat flow from the exhaust gases to working fluid in evaporator -Heat flow from the exhaust gases to working fluid in one element of the evaporator -Unrecognized waste heat -Waste heat flow through the cylinder wall end -Waste heat flow through the cylinder chamber -Gas constant -Entropy at the start of the process -Entropy at the end of the process -Specific enthalpy of the outlet working substance -Specific enthalpy of the working fluid before the evap-orator -Specific enthalpy of the working fluid after the evapo-rator -Exhaust gases heat transfer coefficient -Heat transfer coefficient -Isentropic efficiency of the expander machine -Cross section of the tube -Ambient temperature -Working substance temperature after intake valve closing -Upstream stagnation temperature -Working substance temperature in the cylinder -Exhaust gas temperature in one element of the evapo-rator -Exhaust gases temperature -Exhaust gases temperature before evaporator -Working fluid temperature -Wall temperature -Cylinder volume -Working fluid velocity -Volume of the fuel mixture at the moment of the in--Volume of a computational cell -Engine displacement -Exhaust gases velocity -Mass burned fraction -Adiabatic index -Specific heat capacity at constant pressure of the ex-haust gases -Specific heat capacity at constant volume -Inner diameter of the tube -External diameter of the tube -Hydraulic diameter -Inner diameter of the valve seat -Piston bolt offset -Scaling factor -Specific enthalpy of the working fluid before the pump -Specific enthalpy of the working fluid after the pump -Specific enthalpy of the working fluid after the evapo-rator -Specific enthalpy of the working fluid at the expansion -Working fluid heat transfer coefficient -Mass fraction of the species j in the gas phase -Specific internal energy -Average velocity of the fuel mixture in the cylinder -Piston velocity -Mass flow rate of the air in the intake system -Kinematic viscosity -Reaction rate -Piston distance from TDC -Crank radius -Upstream stagnation pressure tion -Pressure in cylinder at the moment without combus--Cylinder pressure -Static pressure of the fluid take valve closing -Static pressure of the fluid in the tube take valve closing -Pressure of the fuel mixture at the moment of the in-TDC position -Crank angle between vertical crank position and piston -Specific enthalpy of the inlet working substance -Maximum valve lift -Isentropic efficiency of the pump -Con-rod length -Shape parameter of the Vibe function -Shape parameter of the Vibe function for pilot injec--Rankine cycle efficiency -Conductivity -Dynamic viscosity tion -Shape parameter of the Vibe function for main injec--Flow coefficient of the port -Density tion -Working substance mass in the cylinder -Mass element flowing out of the cylinder -Mass element flowing into the cylinder -Mass flow rate -Exhaust gases mass flow rate -Working fluid mass flow rate -Engine speed -Number of the same type valves jection -Duration of the combustion process from the main in-jection -Duration of the combustion process from the pilot in--Duration of the combustion process -Start of heat release from the main injection -Start of heat release from the pilot injection -Crank angle -Crank angle relative to TDC	Unit [𝑚 2 ] [𝑚 2 ] [𝑚 2 ] [𝑚 2 ] [𝑚] [𝑘𝐽] [𝑁] [𝑘𝑊] [𝑘𝑊] [𝑘𝑊] [𝑘𝑊] 𝑊 𝑚 2 . 𝐾 [-] [ 𝑘𝐽 𝑠 ] [𝑘𝐽/𝑠] [ ] [ 𝑘𝐽 𝑠 ] [𝑘𝑊] [ 𝑘𝐽 𝑠 ] [ 𝑘𝐽 𝑠 ] [𝑘𝑊] [𝑘𝑊] [𝑘𝐽] [𝑘𝐽] [𝑘𝐽] [𝑘𝐽] [𝑘𝐽] [𝑘𝐽] [𝑘𝐽] [𝑘𝐽] [𝑘𝐽] [ 𝑘𝐽 𝑚𝑜𝑙. 𝐾 ] [ 𝑘𝐽 𝐾 ] [ [𝑘𝐽/𝑘𝑔] [𝑘𝐽/𝑘𝑔] [𝑘𝐽/𝑘𝑔] [ 𝑊 ] 𝑚 2 . 𝐾 [ 𝑊 ] 𝑚 2 . 𝐾 [%] 𝑘𝐽 𝐾 ] [𝑚 2 ] [𝐾] [𝐾] [𝐾] [𝐾] [𝐾] [𝐾] [𝐾] [𝐾] [𝐾] [𝑚/𝑠] [𝑚 3 ] [𝑚 3 ] [𝑚/𝑠] [ 𝑘𝑔. 𝐾 ] [ 𝑘𝐽 𝑘𝑔. 𝐾 [𝑚] [𝑚] [𝑚] [𝑚] [𝑚] [-] [𝑘𝐽/𝑘𝑔] [𝑘𝐽/𝑘𝑔] [ 𝑚 2 . 𝐾 ] 𝑊 [𝑘𝐽/𝑘𝑔] [-] [𝑘𝐽/𝑘𝑔] [ [ [ [ 𝑠 ] 𝑚 2 𝑠 ] 𝑚 𝑠 ] 𝑚 𝑠 ] 𝑚 [𝑘𝐽] ] [ [𝑚] 𝑚 3 . 𝑠 ] 𝑘𝑚𝑜𝑙 𝑘𝐽 [𝑚] [-] [𝑃𝑎] [-] [𝑃𝑎] [𝑃𝑎] [𝑃𝑎] [𝑚 3 ] [𝑃𝑎] [𝑃𝑎] [°] [𝑚 3 ] [𝑘𝐽/𝑘𝑔] [%] [𝑚] [𝑚] [-] [-] [%] [ 𝑊 ] 𝑚 . 𝐾 [𝑃𝑎. 𝑠] [-] [-] [𝑘𝑔/𝑚 3 ] [𝑘𝑔] [𝑘𝑔/𝑠] [-] [°КВ] [𝑚𝑖𝑛 -1 ] [°КВ] [𝑘𝑔/𝑠] [°КВ] [𝑘𝑔/𝑠] [°КВ] [𝑘𝑔] [°КВ] [𝑘𝑔] [°КВ] [°] 0.24

  𝐶 𝑐𝑏 . ( 𝑁 0.6 . 𝐷 𝑏3 . 𝐿 𝑏 . 𝑛 𝑏 Mean effective pressure due to the friction in the piston group is expressed as follows:𝐹𝑀𝐸𝑃 𝑃 = (𝐶 𝑝𝑏 . ( 𝑁 0.6 . 𝐷 𝑏 3 . 𝐿 𝑏 . 𝑛 𝑏 Mean effective pressure due to the friction in the valve train is expressed as follows:And the auxiliary losses are expressed as follows:𝐹𝑀𝐸𝑃 𝑎𝑢𝑥 = 𝛼 + (𝛽. 𝑁 + 𝛾𝑁 2 ). (For the losses caused by the injector pump is used the following correlation: ,0785 + 4,02. 10 -5 . 𝑁 + 1,06. 10 -8 . 𝑁 2 + 4,64. 10 -8 . 𝐼𝑀𝐸𝑃 + 2,17. 10 -10 . 𝑁. 𝐼𝑀𝐸𝑃)

	𝐹𝑀𝐸𝑃 𝐼𝑃 = . (0Symbol 10 5 . 𝑉 𝐷 0,0025	Description	Unit
	𝐶 𝑐𝑏	-Coefficient of the hydrodynamic losses in main bear-ings	[	𝑃𝑎 𝑟𝑝𝑚. 𝑚	]
	𝐶 𝑐𝑠 𝑛 1 𝜇	-Coefficient of friction losses in main bearing seals -Viscosity index -Oil dynamic viscosity at the operating temperature	[𝑃𝑎. 𝑚] [-] [𝑃𝑎. 𝑠]
	𝜇 𝑟𝑒𝑓	-Oil dynamic viscosity at fully warm, reference condition	[𝑃𝑎. 𝑠]
	𝐶 𝑝𝑏	-Coefficient for connecting rod bearing hydrodynamics	[	𝑘𝑃𝑎 𝑟𝑝𝑚 0,6 . 𝑚	]
	𝐶 𝑝𝑠	-Coefficient for skirt-cylinder wall hydrodynamics	[𝑘𝑃𝑎. 𝑚𝑚 0,5 . 𝑠 0,5 ]
	𝐶 𝑝𝑟 𝐶 𝑣𝑏	𝐵 2 . 𝑆. 𝑛 𝑐 -Coefficient for piston ring-cylinder wall ) . ( 𝜇 𝑚 𝜇 𝑚 𝑟𝑒𝑓 -Coefficient for camshaft bearing hydrodynamic ) 𝑛 1 + 𝐶 𝑐𝑠 . ( 𝐵 2 . 𝑆. 𝑛 𝑐 [𝑘𝑃𝑎. 𝑚𝑚 1,5 . 𝑠 0,5 ] 𝐷 𝑏 ) [ 𝑘𝑃𝑎. 𝑚𝑚 3 𝑟𝑝𝑚 0,6 ]
	𝐶 𝑣ℎ 𝐶 𝑣𝑚 𝐶 𝑣𝑠	𝐵 2 . 𝑆. 𝑛 𝑐 -Oscillating hydrodynamic lubrication constant ) + 𝐶 𝑝𝑠 . ( 𝑉 𝑝 0.5 𝐵 ) + 𝐶 𝑝𝑟 . ( -Oscillating mixed lubrication constant bearing seals -Boundary lubrication constant due to the camshaft 𝑉 𝑝 0.5 𝐵 2 )) . ( 𝜇 𝑚 𝑟𝑒𝑓 𝜇 𝑚 [ 𝑃𝑎. 𝑚 0,5 ) 𝑟𝑝𝑚 0,5 ] 𝑛 1 [𝑃𝑎] [𝑃𝑎]
	𝐶 𝑣𝑓	-Flat cam follower constant		[𝑃𝑎. 𝑚]
	𝐹𝑀𝐸𝑃 𝑉𝑇 = 𝐶 𝑣𝑏 . ( 𝐶 𝑣𝑟 -Roller cam follower constant 𝑁 0.6 . 𝑛 𝑏 𝐵 2 . 𝑆. 𝑛 𝑐 ) . ( 𝜇 𝑚 𝜇 𝑚 𝑟𝑒𝑓 ) 𝑛 1 + 𝐶 𝑣𝑠 + 𝐶 𝑣ℎ . ( 𝑁 0.5 . 𝐿 𝑣 1.5 . 𝑛 𝑣 𝐵 2 . 𝑆. 𝑛 𝑐	) . ( 𝜇 𝑚 𝑟𝑒𝑓 𝜇 𝑚 [𝑃𝑎. 𝑚] ) 𝑛 1
		+ 𝐶 𝑣𝑚 . (2 +	10 5 + 𝜇 𝑚 . 𝑁	) .	𝐿 𝑣 . 𝑁 𝑣 𝑆. 𝑛 𝑐	+ 𝐹𝑀𝐸𝑃 𝐶𝐹
	Flat Cam Follower			
		𝐹𝑀𝐸𝑃 𝐶𝐹 = 𝐶 𝑣𝑓 . (2 +	10 5 + 𝜇 𝑚 . 𝑁	) .	𝑛 𝑣 𝑆. 𝑛 𝑐
	Roller Cam Follower			
			𝐹𝑀𝐸𝑃 𝐶𝐹 = 𝐶 𝑣𝑟 . (	𝑁. 𝑛 𝑣 𝑆. 𝑛 𝑐	)
						𝜇 𝑚 𝑟𝑒𝑓 𝜇 𝑚	) 𝑛 1
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Objectives of the thesis

The aim of the thesis is to study the possibility to improve the thermal efficiency and to reduce the specific fuel consumption in a modern diesel internal combustion engine by means of waste heat recovery from exhaust gases based on Rankine cycle.

In order to achieve the thesis objective, the following tasks need to be completed:

1. Experimental study of the combustion process and the exhaust gases parameters of a modern diesel engine;

2. Development of a simulation model of a diesel engine and model calibration on the basis of the experimental results;

3. Study on energy balance and waste heat recovery potential of the exhaust gases and cooling system of a diesel engine intended for a passenger car;

4. Development of a simulation model of the exhaust gases waste heat recovery system based on Rankine cycle;

5. Experimental study of the heat exchange efficiency in exhaust gases waste heat recovery system based on Rankine cycle;

6. Study the impact of the working fluid operating parameters on the Rankine cycle efficiency 7. Study the impact of the exhaust gases waste heat recovery system based on Rankine cycle on the engine performances.

Indicating instrument

The signals from both pressure sensor and angle encoder are delivered to the multichannel indicating instrument AVL 647 Indiskop (Fig. 2.12).

The AVL 647 Indiskop is a high-speed, multi-channel, data acquisition system from the engine test bed. In combination with a crank angle marker system it is a powerful indicating system which enables continual measurement and display of engine phenomena such as cylinder and injection line pressures, injector needle lift etc. Various functions for data evaluation, e.g. rate of heat release, can be applied to the measured data. The system also automatically calculates various results e.g. injection timing, peak pressure, IMEP and etc. Fig. 2.12. Front panel of the AVL 647 Indiskop

The data and parameters can be stored on micro floppy discs via integral disc drive. The system is also capable of sending data to a host computer by means of which it can be controlled.

The system can operate with four analogue plug-in modules (Fig. 2.13): single channel charge amplifiers AVL 3056-A01 (Fig. 2.13 c), carrier amplifiers AVL 3076-A01 (Fig. 2.1 d) and twochannel voltage amplifier modules AVL 3065-A01 and AVL 3065-A02 (Fig. 2.13 a, b). In our configuration the Indiskop was equipped with four voltage amplifiers AVL 3065-A01.

Engine management calibration

Fuel injection parameters (quantity of injected fuel, start of injection, injection duration, injection pressure and number of injections) and turbocharger pressure have significant impact on engine performance and exhaust gases thermal energy. For that reason, engine experimental test was carried out with the factory optimized engine control parameters.

Here, the injection pressure, start of the main and pilot injection, quantity of injected fuel by main and pilot injection as well as the intake pressure in the cylinder is presented over the whole engine operating map.

In Fig. 2.20 is presented the variation of the fuel injection pressure over the engine operating map. Injection pressure varies from 30 MPa to 160 MPa. The maximum fuel injection pressure is observed at engine speed over 2500 min -1 and brake mean effective pressure over 14 bar. On idle operating point with minimum engine speed the injection pressure is 30 MPa.

Fig. 2.20. Fuel injection pressure

Multiple injections by means of pilot and main injection allows more precise control of the rate of heat release as well as the reduction of nitrogen oxides (NOx) in exhaust gases. At high engine speed and load the separate injection is not necessary due to improved mixing conditions in the combustion chamber. Studied engine here, operates with a single pilot injection across a wide range of operating map with engine speed below 3250 min -1 . Over that speed and BMEP more than 4 bar At maximum studied engine speed of 2400 min -1 , the pressure reaches a maximum value of 159.9 bar at BMEP of 19.7 bar. This value is measured at an angle position of the crankshaft 10 °CA after TDC. In Fig. 2.32, it was observed the maximum value of ROHR due to the pilot injected fuel of 41 kJ/kg.deg at 8 °CA before TDC and the maximum value of ROHR due to the main injection of 94 kJ/kg.deg at 13 °CA after TDC. Both values were observed at engine load with BMEP of 12.7 bar.

On the basis of the results presented in Fig. 2.33 the maximum value of ROHR due to the pilot injection is 49 kJ/kg.deg at 9 °CA before TDC. This value was obtained at BMEP of 12.7 bar. The maximum value of ROHR due to the main injection is 92 kJ/kg.deg at 13 °CA after TDC. This value was observed at BMEP of 6.3 bar.

At engine speed of 1800 min -1 (Fig. 2.34), the maximum value of ROHR due to the pilot injection is 54 kJ/kg.deg at 10 °CA before TDC and the maximum value of ROHR due to the main injection is 87 kJ/kg.deg at 16 °CA after TDC. Both values were observed at BMEP of 12.7 bar.

On the basis of the results presented in Fig. 2.37, it is concluded that the maximum value of ROHR due to the pilot injection is 24 kJ/kg.deg at 19 °CA before TDC. This value is estimated at BMEP of 19.7 bar. The maximum value of ROHR due to the main injection is 70 kJ/kg.deg at 18 °CA after TDC, which is observed at BMEP of 12.7 bar.

On the basis of the combustion process analysis, it was observed two peaks in the rate of heat release for all studied operating points due to the pilot-injection strategy at this operating range. It can be stated that by increasing the engine speed the angle distance between both peaks of the ROHR also increases. The maximum value of the ROHR does not exceed 94 kJ/kg.deg even at idle operating mode.

Fuel consumption measurement

The fuel consumption over the engine operating range from 1400 min -1 to 2400 min -1 and from idle to full load is presented in Fig. 2.38.

Fig. 2.38. Fuel consumption of the engine

The result illustrates the upward trend in fuel consumption by increasing engine speed and load. Thus, the maximum fuel consumption of 15.3 kg/h was observed at engine speed of 2400 min -1 and full load.

Study of the exhaust gases parameters

The experimental study concerning the exhaust gases parameters are presented in Fig. from 2.39 to 2.41. Here, the exhaust gases mass flow rate and both temperatures at exhaust manifold and

Conclusions

In the second chapter of the thesis a detailed description of the engine test bench for experimental study is presented. The experimental study was conducted in order to determine the incylinder pressure and the rate of heat release as well as the exhaust gases parameters and the engine fuel consumption. On the basis of the experimental results the following conclusions were done:  The engine combustion process was studied by means of indicated diagrams and the rate of heat release at whole engine operating range from 1400 min -1 to 2400 min -1 ;  At full engine load, the maximum pressure in the cylinder varies from 130.8 bar to 172.5 bar. The absolute maximum value is measured at engine speed of 2000 min -1 ;  The analysis of the rate of heat release at studied operating range reveals two peaks at the diagram due to the pilot and the main fuel injection;  The maximum rate of heat release is 94 kJ/kg.deg at 1400 min 1 and BMEP of 12.9 bar;  The maximum exhaust gases temperature at exhaust manifold before the turbocharger is 688 °C while in the section 1.5 m downstream the turbocharger it accounts to 518 °C. A significant reduction of the thermal energy at the inlet of the heat exchanger for a waste heat recovery system based on Rankine cycle was observed due to the heat transfer in the exhaust system.

Chapter III

Engine numerical study

In the third chapter of the thesis a simulation model of a modern diesel internal combustion engine is presented. The model was developed in order to study the energy balance of the engine and the waste heat recovery potential from exhaust gases and the cooling system.

The engine model was developed by means of advanced software AVL Boost. Here, the mathematical background of the software as well as the main elements are described.

Then, the calibration of the model is presented by means of experimentally measured in-cylinder pressure and the rate of heat release presented in the previous chapter. Finally, the rate of heat release in the model was approximated by means of double Vibe function. For this approach, the rate of heat release estimated on the basis of the experimental indicated diagrams over the studied engine operating range was used.

By means of the engine simulation model, a numerical study of the engine energy balance was carried out. Thus, the thermal power of the exhaust gases and the cooling system was determined. Moreover, an assessment of waste heat recovery potential was studied by means of exergy analysis of the exhaust gases and the cooling system

The chapter finishes with conclusions on the basis of the numerical results.

Chapter IV Experimental study of the heat exchanger in waste heat recovery system based on Rankine cycle

The fourth chapter presents an experimental test bench that was used in order to study the heat exchanger (evaporator) prototype for a Rankine cycle designed for waste heat recovery from the exhaust gases of internal combustion engine. The working fluid used in the experimental study is water.

By means of the experimental test bench a study of the evaporator efficiency was carried out. The heat source parameters correspond to the engine exhaust gases temperature and mass flow at several engine operating points. Moreover, the impact of the working fluid parameters (mass flow rate and pressure) on the heat exchange efficiency was studied.

The chapter finishes with conclusions based on the experimental study of the heat exchanger efficiency designed for a waste heat recovery system. On the basis of the results presented above, it can be stated that the heat exchanger efficiency is higher than 32 % as the maximum efficiency of 50.8 % was achieved at engine operating point corresponding to maximum torque at engine speed of 2000 min -1 and BMEP of 20.3 bar.

The results presented in the Fig. 4.29 to 4.33 do not cover the whole studied engine operating range. Here, it can be found a zone where the measured results are not presented due to the fact that the complete evaporation of the working fluid was not evident. Thus, we considered the result in this area not to be correct.

Conclusions

In the fourth chapter of the thesis the experimental test-bench of a waste heat recovery system based on the Rankine cycle is described. The experimental study of the Rankine cycle heat exchanger efficiency was carried out. On the basis of the results the following conclusions can be done:

 Tested heat exchanger intended for waste heat recovery system based on the Rankine cycle does not allow the complete evaporation of the working fluid at all studied engine operating points. At low engine load and speed the working fluid outlet temperature is near to the evaporation temperature;  The efficiency of the heat exchanger varies from 25 % to 51.9 % over the studied engine operating range. The maximum efficiency was obtained at the zone with the maximum effective engine efficiency;  The working fluid thermal power depends on the exhaust gases energy at the evaporator inlet as well as the heat transfer efficiency. It mainly increases by increasing engine load and speed;  On the basis of the experimental results the optimum mass flow and pressure of the working fluid in the Rankine cycle were determined.

Chapter V Numerical study of the waste heat recovery system based on Rankine cycle

The fifth chapter presents a numerical study of a waste heat recovery system from exhaust gases of a modern diesel engine based on Rankine cycle. The Rankine cycle simulation model was developed on the basis of ideal cycle at steady operating mode.

Simulation model of the Rankine cycle was validated by means of the comparison between experimentally studied heat transfer presented in previous chapter and the numeric results obtained by simulation.

By means of numerical simulation the Rankine cycle output power, cycle efficiency and the impact on the studied diesel engine performance was studied with different expansion ratios.

The chapter finishes with conclusions on the basis of the numerical results concerning the waste heat recovery system impact on the engine performance. The fluid velocity was calculated taking into account the cross section of single tube and the number of tubes in order to obtain the cross section of the flow.

In case of two phase flow (mixture of liquid and gas) Kenning-Cooper's equation is proposed [152]: -0,87 ].0,023.𝑅𝑒 0,8 𝑃𝑟 0,4 .𝜆 𝐷 (5.9)

In equation (5.9) Martinelli factor 𝑀 𝑓 [151] is used. It gives the relative volume of evaporated fluid to the total volume of the fluid. In order to determine the Martinelli factor 𝑀 𝑓 in numerical simulation following equation is used:

Where 𝑥 is the ratio of the volume of the working fluid in the gas phase to the total volume of the fluid. Fig. 4.5 shows the T-s diagram of the water with variation of the specific enthalpy and density of the fluid. In the zone between evaporation and saturation curve the values for 𝑥 are given.

The convective heat transfer coefficient at gas phase is determined by the following correlation: 𝛼 𝑔 = 𝑁𝑢.𝜆 𝐷 (5.11) In order to take into account, the heat exchanger design especially the tubes pattern inside the exchanger a corrected flow speed need to be used as follows: Where 𝜁 is the ratio of the hydraulic flow diameter 𝐷 2 (spiral diameter of the helical tube) and outside tube diameter 𝑑.

Once, the heat flow transferred from the exhaust gases to the working fluid in single computational volume is estimated the exhaust gases parameters and working fluid parameters at the next element can be determined. Here, following equations were used:

𝑚̇𝑔. 𝑐 𝑝𝑔 . 𝑇 𝑔𝑎𝑠[𝑖] -𝑄 ℎ𝑒[𝑖] = 𝑚̇𝑔. 𝑐 𝑝𝑔 . 𝑇 𝑔𝑎𝑠[𝑖+1]

(5.15)

𝑚̇𝑔. 𝑐 𝑝𝑔 . 𝑇 𝑤𝑓[𝑖] + 𝑄 ℎ𝑒[𝑖] = 𝑚̇𝑔. 𝑐 𝑝𝑔 . 𝑇 𝑤𝑓[𝑖+1]

(5.16)

The model does not take into account the heat transfer to the environment. Thus, the total heat flow transferred from the exhaust gases to the working fluid is determined by the sum of the heat flow in each element:

(5.17 In order to simplify the expander power calculation, it was assumed that the expansion process of the working fluid is adiabatic (Fig. 5.4) without phase change during the expansion stroke in the machine. In order to determine the specific enthalpy of the working fluid at the end of the expansion process, it is necessary to determine the pressure at the end of the expansion. Due to the fact that, the process was considered to be adiabatic, following correlation was used:

Thus, the working fluid thermodynamic parameters at the end of the expansion are determined as follows.

(5.20)

) 𝜒 (5.22) In this case, it was assumed that the expansion machine of piston type is used, thus, the expansion ratio is needed in order to calculate the pressure at the end of the expansion.

The power of the expansion machine can be estimated as follows:

𝑃 𝑒𝑥𝑝 = 𝑚̇𝑤 𝑓 . (ℎ 3 -ℎ 4𝑖𝑠 ). 𝜂 𝑒𝑥𝑝 (5.25) The specific enthalpy at the end of the expansion process ℎ 4𝑖𝑠 is determined by means of Cool-Prop database.

The isentropic efficiency of the expansion machine was chosen to be 0.6 on the basis of the results presented in the first chapter -section 3.2.2.

In order to determine the power required to the pump, the following equation is used:

𝜂 𝑝 (5.26) Here, the isentropic pump efficiency was set to 0.6.

After determining the output power of the cycle by means of equation 5.18, the efficiency of the Rankine cycle can be determined. It is defined as the ratio between the output power and the thermal power of the working fluid:

𝐻 𝑓𝑠 = 𝑚̇𝑓. ℎ

In order to evaluate the overall efficiency of the system heat recovery rate of the Rankine cycle can also be used. Thus, it is defined as the ratio of the output power to the thermal power of the exhaust gases at the heat exchanger input:

𝛥𝐻 𝑔 = 𝑚̇𝑔. 𝑐 𝑝𝑔 . (𝑇 𝑔𝑒 -𝑇 0 ) (5.30)

Computational algorithm

The block diagram of the computational algorithm in Python(x,y) is presented in Fig. 5.5. Initially, the input parameters for the Rankine cycle need to be determined such as exhaust gases temperature at heat exchanger inlet and exhaust mass flow as well as the working fluid parameters such as inlet temperature, evaporation pressure and working fluid mass flow. Moreover, the heat exchanger geometric parameters need to be defined such as heat exchanger cross section, number of tubes, tube length, inside and outside tube diameter and etc. On the basis of geometric parameters the volume and the heat transfer surface of the exchanger are estimated. Then, the overall heat transfer coefficient is estimated for a single computational element as well as the heat flow from the exhaust gases to the working fluid. Therefore, the thermal power of the working fluid and exhaust gases at the next computational domain is estimated by means of equations 5.15 and 5.16. The thermal power of the working fluid at the heat exchanger output is estimated by means of correlation 5.17. Finally, the expander output power and pump power is estimated as well as the cycle efficiency. The result concerning calculated exhaust gases temperature at heat exchanger outlet reveals the variation in the range of 184 °C to 330 °C. The maximum value was observed at engine speed of 4000 min -1 and BMEP of 14.7 bar. The minimum exhaust gases temperature was estimated at 1400 min -1 and BMEP of 10.2 bar.

Rankine cycle model validation

The exhaust gases temperature at heat exchanger outlet measured experimentally over the engine operating map varies from 189 °C to 320 °C. The maximum and minimum temperature of the exhaust gases was observed at the same engine operating range. The rate of waste heat recovery of the exhaust gases in case of expansion machine with expansion ratio  = 4 varies from 0.3 % to 4.5 %. The maximum value was observed at 4000 min -1 and BMEP of 10.5 bar.

Conclusions

In the fifth chapter of the thesis a 0D simulation model of the Rankine cycle in steady operating mode is presented. The computational algorithm is implemented in Python (x, y). By means of numerical simulation the Rankine cycle output power at various expansion ratios of the expansion machine was studied. Thus, the Rankine cycle efficiency and the rate of waste heat recovery were estimated. Finally, the impact on the engine output power due to the waste heat recovery based on Rankine cycle is presented. On the basis of the results reported here, following conclusions were done:

 By increasing the expansion ratio of the expansion machine from  = 4 to  = 6 the Rankine cycle net power increases. The maximum Rankine cycle power estimated at expansion ratio  = 6 accounts to 3.67 kW. In case of an ideal expansion machine the maximum power reaches 4.4 kW.  The Rankine cycle efficiency was evaluated by means of the Rankine cycle net power.

Thus, the efficiency varies in the range of 1.3 % to 10.6 % at expansion ratio  = 6 while in the case of an ideal expansion machine it varies from 1.9 % to 11.9 %.  The rate of waste heat recovery of the exhaust gases varies from 0.33 % to 5.4 % at expansion ratio  = 6. In case of an ideal expander machine the efficiency varies from 0.9 % to 6.5 %.  The waste heat recovery system based on Rankine cycle can improve the engine power by up to 3.63% in case of expander with expansion ratio  = 6 and. However, in case of an ideal expander machine an improvement by up to 4.3 % was observed.

Perspectives

In order to evaluate further the waste heat recovery potential of the exhaust gases of internal combustion engines, an adapted for engine application Rankine cycle needs to be developed. However, with this thesis our team significantly enlarged the knowledge in both laboratories concerning modeling the heat transfer in the exchanger of the Rankine cycle. This knowledge can be used in our future research projects.

The experimental test bench of a modern diesel engine allows to us possibility further to study the engine equipped with exhaust waste heat recovery based on Rankine cycle or Organic Rankine cycle. The Rankine cycle operating parameters needs to be adapted to engine operating mode which requires more complicated engine management system.

The study in this thesis were conducted in steady engine operating mode and steady Rankine cycle operating mode, as well. However, the engines for passenger cars operate mostly in transient operating mode. It means that the Rankine cycle waste heat recovery system needs to be studied at transient engine operating mode taking into account the thermal inertia of the exhaust system and the heat exchanger.

With this thesis work our international cooperation between department of Internal combustion engines, automobiles and transport of Technical University of Sofia and team "Turbomachines et moteurs" of Cnam, Paris will be reinforced. It will enable future staff exchange as well as future thesis in co-supervision between both institutions in the field of energetics. 

Abbreviations

Appendix №1

Modeling the mechanical losses

The program provides a choice between three options: Table, PNH-Model and SLM-Model. In this case is used the model SLM (Shayler, Leong and Murphy). This model fits on friction data from motored engine tests on 4 cylinder diesel engines. The total friction mean effective pressure (FMEP) is calculated as follows: