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Understanding room air distribution with coupled heat-air-moisture transport is essential to the design of building ventilation systems. A proper design should ensure three major criteria: energy efficiency, occupants' thermal comfort and indoor air quality, whose requirements are steadily increasing. Indoor air distribution investigation involves two common methods: numerical simulation and full-scale measurements. Numerical simulation using CFD models (Computational Fluid Dynamics) is most efficient for predicting airflow distributions and for assessing ventilation performances in buildings. However, their accuracy and reliability remain a major concern, given the lack of proper and thorough validation studies, particularly from full-scale experimental studies.

Among indoor air distribution methods, mixing ventilation is one of the most commonly used, whose performance is determined by that of the injected air jet. In the past decades, although numerous research have been undertaken on air jet studies, there are still some issues deserving consideration. In fact, the majority of these studies focused on a symmetric arrangement of supply and exhaust air outlets with respect the room geometry. Besides, studies dealing with room coupled heat-air-moisture transport, which includes the condensation phenomenon on the room inner surface, are generally lacking in the literature. Hence, this work focuses on the following problematic: What is the behavior of a realistic air jet under interaction effects and how to characterize such air jets? In realistic indoor conditions promoting condensation on cold surface, how it is possible to quantify the condensation rate? To tackle these issues, a full-scale experimental investigation has been carried out in the environments controlled MINIBAT test cell (6.2 x 3.1 x 2.5 m).

The first part consists in characterizing a ceiling turbulent air jet in a realistic indoor airflow configuration. Our case study introduces architectural elements which make the air jet interacted with the room: a plenum box, a supply grille diffuser near a side vertical wall, an asymmetric arrangement of the air exhausts regarding the air supply. The indoor air metrology is based on a laboratory-designed mobile robot equipped with accurate sensors. Three cases are tested: an isothermal, a cold and a hot air jet. The experimental results show visible interaction effects of the room architectural elements on the air jet behavior: they have deviated the jet trajectory as well as deformed the jet cross-sectional shape. The jet main characteristics such as the jet dynamic/thermal spread rate, the maximum velocity and temperature decays are quantified. A graphical-based method is proposed to quantify the jet shape deformation using a so-called deformation indicator. The latter shows an acceptable performance in characterizing the deformation of jet cross-sectional profiles.

The second part of this work treats the phenomenon of moisture condensation on a glazing surface by reproducing the winter conditions within the test cell: an indoor hot v humid air jet and a cold outdoor climate. The condensation qualitative prediction, i.e. the moment of its appearance and its growth dynamic mechanism, is achievable using a macro-photography technique. A post-processing of these time-series images makes it possible to estimate the condensate mass flow rate. Comparisons between experimental and theoretical results show some agreement, which could validate the feasibility of the imaging techniques in full-scale condensation studies.

Detailed experimental data accompanied by well-known boundary conditions from this work could serve as a benchmark test for CFD models validation, in particular for airflow configurations with rupture of symmetry. Besides, with advances in computer sciences, the proposed image processing could be considerably improved by means of the artificial intelligence, for instance the artificial neural networks with deep learningbased image analysis. KEYWORDS: Realistic air jet, interaction effects, mixing ventilation, dropwise condensation, image processing. vi

Résumé

La compréhension de la distribution de l'air intérieur accompagné du transfert couplé "chaleur-air-humidité" est essentielle à la conception des systèmes de ventilation des bâtiments. Une conception adéquate devrait garantir trois critères majeurs: l'efficacité énergétique, le confort thermique des occupants et la qualité de l'air intérieur, dont les exigences ne cessent d'augmenter. L'étude de la distribution de l'air intérieur implique deux méthodes courantes : la simulation numérique et les essais à l'échelle réelle. La simulation numérique utilisant des modèles CFD (Computational Fluid Dynamics) est la plus efficace pour prédire la distribution d'air et la performance des systèmes de ventilation dans les bâtiments. Néanmoins, leur précision et leur fiabilité demeurent une préoccupation majeure, compte tenu du manque d'études de validation approfondies, en particulier des études expérimentales à l'échelle réelle.

Parmi les méthodes de distribution d'air intérieur, la ventilation par mélange est l'une des plus couramment utilisées, dont la performance est déterminée par celle du jet d'air injecté. Au cours des dernières décennies, bien que de nombreuses recherches aient été menées sur les études des jets d'air, certaines questions méritent toutefois d'être examinées. En effet, la majorité de ces études se sont concentrées sur une disposition symétrique des bouches de soufflage et d'extraction par rapport à la géométrie du local. En outre, les études traitant du transfert couplé "chaleur-air-humidité", qui inclut le phénomène de condensation sur la surface interne du local, sont encore limités dans la littérature. Par conséquent, ce travail se concentre sur la problématique suivante : Quel est le comportement d'un jet d'air réaliste sous des effets d'interaction et comment caractériser de tels jets d'air ? Dans des conditions d'intérieur réalistes favorisant la condensation sur une surface froide, serait-il possible de quantifier le débit massique du condensat ? Pour apporter des réponses à ces questions, une étude expérimentale à l'échelle réelle est réalisée dans la cellule d'essais MINIBAT (6,2 x 3,1 x 2,5 m).

La première partie consiste à caractériser un jet d'air turbulent au plafond dans une configuration d'écoulement intérieur réaliste. Notre configuration introduit des éléments architecturaux qui font interagir le jet d'air avec la pièce : un plénum, une bouche de soufflage équipée de fixes ailettes et située près d'un mur latéral, une disposition asymétrique des bouches d'extraction par rapport au soufflage. La mesure des champs intérieurs est basée sur un robot mobile équipé de capteurs précis. Trois cas sont testés : un jet isotherme, un jet froid et un jet chaud. Les résultats expérimentaux montrent les effets d'interaction visibles des éléments architecturaux de la pièce sur le comportement du jet d'air : ils ont dévié la trajectoire du jet ainsi que déformé la forme du jet. Les principales caractéristiques du jet, telles que les taux d'expansion dynamique/thermique du jet, les décroissances de vitesse et de température maximales, sont quantifiées. Pour quantifier la déformation des profils transversaux du jet, une méthode graphique basée sur un indicateur de déformation est proposée et montre des résultats acceptables. vii La deuxième partie de ce travail traite le phénomène de condensation sur une surface vitrée en reproduisant les conditions hivernales dans la cellule de test : un jet chaud et humide à l'intérieur et un climat extérieur froid. La prédiction qualitative de la condensation, c'est-à-dire le moment de son apparition et son mécanisme dynamique de croissance, est réalisable en utilisant une technique de macrophotographie. Un posttraitement de cette série chronologique d'images rend possible l'estimation du débit massique de condensat. Les comparaisons entre les résultats expérimentaux et théoriques montrent une certaine concordance, ce qui pourrait valider la faisabilité des techniques d'imagerie dans des études de condensation à l'échelle du bâtiment.

Des données expérimentales détaillées accompagnées de conditions aux limites bien connues issues de ce travail pourraient servir de test de benchmark pour la validation des modèles CFD, en particulier pour les configurations découlement avec rupture de symétrie. De plus, avec les progrès de l'informatique, le traitement d'image proposé pourrait être considérablement amélioré grâce à l'intelligence artificielle, par exemple les réseaux de neurones artificiels avec l'analyse d'images basée sur l'apprentissage profond. [START_REF] Loomans | The measurement and simulation of indoor air flow[END_REF] . . 

MOTS-CLEFS:

Building ventilation design for human comfort

For a long time, human protections and shelters from external climatic conditions had always been the very first objective of buildings. The building design was straightforward, it was focused on the occupants comfort. With respect to the local climate conditions, some ventilation techniques for the indoor environment were possible, mostly by natural ventilation1 (e.g. through window and/or stack openings). The cooling and heating were only ensured by passive strategies. They were manually driven according to the occupants needs [START_REF] Courgey | La conception bioclimatique: des maisons économes et confortables en neuf et en réhabilitation[END_REF].

Since the final third of the 19th century, an enormous and rapid development of the mechanical, electrical and metallurgy industry has been observed in the human history. This period is also known as the Second Industrial Revolution or the Technological Revolution [START_REF] Morison | Men, machines, and modern times[END_REF]. These new technologies allowed the human to build higher buildings equipped with mechanical ventilation systems for more convenient occupant comfort. These systems, popular with the abbreviation HVAC&R2 , are capable to create an indoor climate environment relatively independent with regard to the outdoor climate conditions [START_REF] Swenson | HVAC: heating, ventilating, and air conditioning[END_REF]. Therefore, now both mechanical and natural ventilation techniques are considered by designers and engineers in order to provide the occupant thermal comfort.

The first thermal comfort model was reported by [START_REF] Fanger | Thermal comfort. Analysis and applications in environmental engineering[END_REF], [START_REF] Fanger | Air turbulence and sensation of draught[END_REF][START_REF] Fanger | Turbulence and draft[END_REF]. It has met a tremendous success. This model is defined in the international standard, the ISO 7730 (2005) 3 ; as well as in American standard for HVAC&R designs, the ASHRAE 4 standard 55 (2017). Fanger's model defines a narrow range of indoor environmental parameters in which thermal comfort is met. However, this range may vary depending on various factors such as external environmental conditions or sociological perception of heat. More evolved comfort models were developed to take into account those differences of perception: they are called adaptive comfort models. Since then, research based on this approach has led to substantial improvements in comfort modeling. Detailed descriptions of the adaptive comfort models can be found in the following references: [START_REF] Humphreys | Understanding the adaptive approach to thermal comfort[END_REF]; De [START_REF] De Dear | Developing an adaptive model of thermal comfort and preference/discussion[END_REF]; de [START_REF] De Dear | Thermal comfort in naturally ventilated buildings: revisions to ASHRAE Standard 55[END_REF]; [START_REF] Nicol | Adaptive thermal comfort and sustainable thermal standards for buildings[END_REF]; [START_REF] Nicol | Adaptive thermal comfort: principles and practice[END_REF]. Besides, a succinct review on the evolution of methodological approaches regarding the determination of the thermal comfort can be found in [START_REF] Antoniadou | Occupants' thermal comfort: State of the art and the prospects of personalized assessment in office buildings[END_REF].

Building ventilation design regarding the energy efficiency 1.1.2.1 Energy crisis, climate change and energy efficient buildings

In the 1970s, during the oil crisis, a new concern had arisen: the energy efficiency, due to the "explosion" of the energy price. In fact, this crisis implied two major consequences in the human awareness of energy issues. First, one realized that the fossil energy such as oil, coal, natural gas will run out one day. Thus, humans need to find alternative energy sources, such as nuclear power energy or renewable energy in order to be less dependent to the fossil fuels. Nevertheless, nowadays, nuclear energy still faces security and environmental issues, and renewable energy sources are still not fully developed. Thus, for the last three decades, fossil fuels still contributed up to 80% of the global energy demand (data as of 2017, (IEA, 2018) 5 ), despite the strong growth of alternative energy sources. This marginal transition turned humans toward an other goal: the energy consumption reduction of all economic sectors 6 , and obviously the building sector included.

Here are statistical data that shows how the huge is the building energy consumption. The total final energy consumption (TFC) of the building sector accounts for:

1.1. Building ventilation for comfort, health and energy: a look back in the history • 30% of the world TFC (2015 data, (IEA, 2017));

• 41% of the USA TFC (2011 data, (EIA, 2012) 7 );

• 38.1% of the Europe TFC (2014 data, (EEA, 2015) 8 );

• 45% of the French TFC (2014( data, (ADEME, 2015) ) 9 ). Besides, the world population has doubled between 1970 and 2017 and reached 7.6 billion people. According to a United Nations (UN) report, the world population is expected to reach 8.6 billion in 2030 and 9.8 billion in 2050 (UN, 2017). This significant growth could lead to more global energy demand, which might cause heavy environmental impacts such as green-house gas 10 (GHG) emissions. According to a report from Intergovernmental Panel on Climate Change (IPCC) in climate change [START_REF] Lucon | Buildings. Climate Change 2014: Mitigation of Climate Change. Contribution of Working Group III to the Fifth Assessment Report of the Intergovernmental Panel on Climate Change (IPCC) (9)[END_REF], the building sector contributes between 6% (electricity use excluded) and 25% (electricity use included) of the global GHG emissions worldwide (2010 data). In the USA, the building sector was responsible for nearly half (44.6%) of USA CO 2 emissions in 2010 [START_REF] Eia | Annual Energy Review[END_REF]. In France, the building sector represents 23.3% of the GHG emissions according to ADEME (2015).

The population growth, the increasing need for indoor living comfort and services, together with the majority of time that human spend inside buildings, make the energy saving and efficiency the priority objective for the building sector [START_REF] Lucon | Buildings. Climate Change 2014: Mitigation of Climate Change. Contribution of Working Group III to the Fifth Assessment Report of the Intergovernmental Panel on Climate Change (IPCC) (9)[END_REF]. This is particularly true for HVAC&R systems, which consume energy for heating, cooling and ventilating the buildings. Anyway, while encouragements and incitements for energy saving are not sufficient, the energy efficiency in buildings is a prime objective for energy policies at regional, national and international levels. At the European Union's (EU) level, there is a legislative law aiming to promote the improvement of the energy performance of buildings within the Community, called Energy Performance of Buildings Directive (EPBD). It involves the EU Member States to adopt new regulations on building design, especially on thermal insulation and ventilation. The first version was published in 2002 (Directive 2002/91/EC, European-Commission). The latter was then replaced by the so-called "EPBD recast" Directive 2010/31/EU (2010). Along with the Energy Efficiency Directive 2012/27/EU (2012), the aim of the EU countries regarding the building energy consumption is clear: all new buildings are required to be nearly zero-energy buildings (NZEBs) by 31 December 2020. The EU ambitious ob-7 Energy Information Administration 8 European Environment Agency 9 Agence de l'environnement et de la maîtrise de l'énergie 10 A green-house gas is a gas that absorbs and emits radiant energy within the infrared range. This process is the fundamental cause of the greenhouse effect. The primary greenhouse gases in Earth's atmosphere are water vapor, carbon dioxide, methane, nitrous oxide, and ozone. jectives by 2020 is the "20-20-20 target" (European-Commission, 2014): 20% reduction of GHG emissions (in comparison with 1990), 20% increase of the EU renewable shares in the energy consumption and 20% improvement in the EU energy efficiency. At the national level, the France has rapidly responded to the EU 2002 directive by a National Climate Plan "Factor 4" commitment (2003). According to this commitment, France aims to reduce by a factor 4 its GHG emissions by 2050 (with regard to 1990 level). As for the Building sector, given the largest part of the energy consumption as well as GHG emissions of this sector, regulations were established to improve the building energy performance and efficiency. They aimed to reduce the building total energy consumption by 30% by 2050. Replacing the 2005 Thermal Regulation (RT 2005), the 2012 Thermal Regulation (RT 2012) fixes, among other things, an average energy consumption threshold of 50 kW h/m 2 / y ear (in primary energy consumption) for new buildings.

Building energy efficiency: huge potential for ventilation design

As stated earlier, among building services regarding inhabitants living activities, HVAC&R systems accounts for a significant part of the building energy usage. In fact, in the USA, it represents 50% of the building consumption and 20% of the total final consumption [START_REF] Pérez-Lombard | A review on buildings energy consumption information[END_REF]. In France, according to ADEME, the part of HVAC&R systems accounts for 60% of the building energy consumption in the residential sector and 54% in the commercial sector (ADEME, 2015). Reasons are broad: it could be due to poorly designed buildings, or the lack of performance of HVAC&R systems, or even due to the different behaviors and habits of occupants.

Given these limitations, this is a real challenge for building designers, engineers and researchers to reduce the building energy consumption. In order to reach this objective, there is a need to rethink traditional ventilation designs, in order to assess and improve their performance. As a practical support, standards and guidelines were developed to help ventilation designers: the ASHRAE Fundamental Handbook (2017) and standards (ASHRAE standard 90, 2016) for the USA. In the EU, recently in August 2017, the European Committee for Standardization (CEN), and the International Standards Organisation (ISO), have published a set of standards 11 for a common methodology for calculating the integrated energy performance of buildings, in accordance with the Energy Performance of Buildings Directive. This set of EPB standards will be the basis for the Energy Performance Buildings assessment in Europe. The overall structure of the EPB standards has been envisaged to facilitate national implementation and to motivate Members States to adopt those standards in their national regulations. Among these EPB standards, there are standards that are specifically ded-1.1. Building ventilation for comfort, health and energy: a look back in the history icated to the building ventilation design : EN 16798:2017(CEN, 2017). France has also integrated these standards into their national standards, known as NF EN 16798 (AFNOR, 2017) 12 . A succinct review about Europe achievements, perspectives and challenges within forty years of regulations on the building energy performance can be found in [START_REF] Papadopoulos | Forty years of regulations on the thermal performance of the building envelope in Europe: Achievements, perspectives and challenges[END_REF].

Building ventilation design regarding the indoor air quality

Consequences of improving building energy performances is that new buildings became air-tight [START_REF] Passarelli | Sick building syndrome: An overview to raise awareness[END_REF]. Natural ventilation systems were progressively replaced by central mechanical ventilation systems (e.g. the air handling unit) with a reduced air flow rate to minimize the infiltration of outside fresh air. These techniques led to a poor indoor air change rate and thus, a poor indoor air quality (IAQ). Fresh air could not be supplied directly to the occupant breathing level. Ineffective air distribution led to stagnant-air zones The problem was aggravated by the installation of modern building synthetic materials, furniture and cleaning products, such as dry wall, carpets, particle board, plastics, solvents, adhesives, etc. Along with other indoor air contaminants (CO 2 , CO, dusts, moisture and molds, PM2.5 13 ), volatile organic compounds (VOCs) emitted by these materials are extremely harmful to the human health.

Sick Building Syndrome

The so-called "air-tight" building gave birth to a phenomenon named Sick Building Syndrome 14 (SBS), which is believed to provoke sickness/illness and productivity losses in specific buildings. Its common symptoms on human health include: irritation, cough, shortness of breath, headache, fatigue, lack of concentration, etc. [START_REF] Redlich | Sick-building syndrome[END_REF]. According to [START_REF] Murphy | Sick building syndrome and the problem of uncertainty: environmental politics, technoscience, and women workers[END_REF], the sick building syndrome did not exist before 1970s. It was after the 1970s crisis that the term SBS became common concern because of the effects of this syndrome being experienced by more and more people.

Since then, intensive research investigations were carried out on the relation between the SBS and the redesigned "air-tight" building. Here is a non-exhaustive list of publications related to those investigations since 1990s: [START_REF] Baechler | Sick building syndrome sources[END_REF], Jaakkola and Miettinen (1995a,b), [START_REF] Wargocki | Ventilation and health in non-industrial indoor environments: report from a European multidisciplinary scientific consensus meeting (EUROVEN)[END_REF][START_REF] Wargocki | Perceived air quality, sick building syndrome (SBS) symptoms and productivity in an office with two different pollution loads[END_REF], [START_REF] Daisey | Indoor air quality, ventilation and health symptoms in schools: an analysis of existing information[END_REF], Seppänen andFisk (2002, 2004), [START_REF] Joshi | The sick building syndrome[END_REF]. They concluded that the building ventilation 12 Association Française de Normalisation 13 Particulate Matter of 2.5 µm 14 an illness that people who work in certain buildings can get, caused by poor air quality inside the building (Cambridge Advanced Learner's Dictionary, 2017). is strongly associated with occupant comfort and perceived air quality, as well as their productivity. They also pointed out that increasing air supply rate could improves the indoor air quality, and that an air supply rate below 25 L/s per person increase the risk of SBS symptoms. A comprehensive overview about the sick building syndrome is given by [START_REF] Passarelli | Sick building syndrome: An overview to raise awareness[END_REF]. His study shows that an inadequate ventilation and poor IAQ were the main cause and were responsible for nearly half 48% of the causes of SBS.

Ventilation rate and IAQ

Ideally, HVAC&R systems supply fresh outdoor air, mix the fresh air with recovered air and distribute the conditioned air to the building. To achieve good air quality the system must be able to supply sufficient fresh air to all occupied spaces in the building and to remove contaminated air, reducing the concentration of any air contaminants. Many problems can result in an inadequate functioning of HVAC&R systems. For example, these systems rely on a clean fresh supply of outside air. If the air intakes are located next to a loading dock or other source of pollutants, contaminated air may be introduced into the building. Problems can also arise in the distribution of fresh air, and in the removal of contaminated air. Although the overall ventilation may appear adequate, ventilation in different parts of a building may be uneven, or fresh air from the supply may be shortcircuited to the return ducts, bypassing the occupants' breathing zone. In addition, the ventilation system itself can be the source of air contaminants. Unsealed fibreglass and other insulation material lining the ventilation ducts can release particules into the air. Such material can also become wet, creating an ideal and often concealed site for the growth of microorganisms.

Consequently, concerns about human health and indoor air quality raise another challenge for building ventilation designers. International policies have established, with the help of researchers, working groups and standardization organizations, design standards and guidelines regarding these concerns. One can take for example two standards in the USA (ASHRAE and ANSI, 2016a,b); one standard in the EU (CEN, 2007), which was replaced recently by the EN 16798 series (2017). In France, there is a national regulation (Legifrance, 1982) regarding the building ventilation for the indoor air quality but it was not updated since 1983.

According to a multidisciplinary review by [START_REF] Sundell | Ventilation rates and health: multidisciplinary review of the scientific literature[END_REF], increasing the ventilation rate above currently adopted standards and guidelines should result in reduced prevalence of negative health outcomes. In fact, to obtain an acceptable IAQ with a minimum energy consumption, ASHRAE recommends a minimum ventilation rate in breathing zone of 2.5 L/s per person (ASHRAE and ANSI, 2016a), which is ten time less than the ventilation rate suggested by previous studies [START_REF] Seppänen | Summary of human responses to ventilation[END_REF]. In France, the 1982's decree remains the reference concerning the ventilation rate in res-1.1. Building ventilation for comfort, health and energy: a look back in the history idential buildings. It sets the minimum ventilation rate of 10 m 3 /h (about 2.8 L/s) at the air exhaust in service rooms. In addition, the air must be able to move freely from main rooms to service rooms. [START_REF] Sundell | Ventilation rates and health: multidisciplinary review of the scientific literature[END_REF] also pointed out that building operators and designers should avoid low ventilation rates unless alternative effective measures are employed to limit indoor pollutant levels. But again, the energy efficiency criteria seems difficult to achieve.

Building ventilation design

Energy efficiency

Indoor air quality

Thermal comfort

Figure 1.1 -Building ventilation design

In summary, let the three "thermal comfort", "energy efficiency" and "indoor air quality" criteria gravitate toward a centered circle on the "buidling ventilation design " (c.f. Figure 1.1). From what have been reviewed here above, these criteria seem to be strongly interdependent. Therefore, to give a meaning to the building ventilation design, great attention should be paid, ventilation performances need to be predicted, and compromises have to be made with respect to all these three aspects.

Indoor air distribution and ventilation performance prediction: a literature review

"No air conditioning is better than its air distribution."

-Willis Haviland Carrier, HVAC systems founder.

In this quote, the "air conditioning" term represents the air conditioned from the ventilation system performance alone, whereas the "air distribution" term represents the air distribution within the indoor environment as a whole. The air change rate at the supply and exhaust levels do not provide enough information to predict the thermal comfort and air quality conditions for individual occupants. It is actually the indoor distributions of air velocity, turbulence intensity, temperature, humidity and contaminant concentration that impacts directly the occupants thermal comfort and the IAQ. Therefore, evaluations of the occupants comfort and the IAQ require the knowledge of the indoor air distribution. Since then, tools for indoor air distribution prediction as well as ventilation performance determination have been developed. In addition, several indoor air distribution methods have been invented and applied for building ventilation design. These following sections will address these topics.

Tools for building ventilation performance prediction

Common tools for investigating and assessing indoor air distribution and ventilation performance include:

• analytical models;

• empirical models;

• small-scale experiments;

• full-scale experiments;

• multizone models;

• zonal models;

• CFD15 models. This section does not intend to give an exhaustive description of each tool. A very comprehensive and detailed description of those methods can be found in this review [START_REF] Chen | Ventilation performance prediction for buildings: A method overview and recent applications[END_REF]. Only three methods are addressed below, which are empirical models, full-scale experimental models and CFD models.

Empirical models

Empirical models are developed from fundamental basis of the conservation equation of momentum, mass and energy. In order to establish their equations, most of the time, empirical models are based on observations and experiments [START_REF] Abramovich | The Theory of Turbulent Jets[END_REF][START_REF] Rajaratnam | Turbulent Jets[END_REF][START_REF] Chen | Vertical turbulent buoyant jets: a review of experimental data[END_REF][START_REF] Grimitlyn | Fundamentals of Optimizing Air Distribution in Ventilated Spaces[END_REF], or sometimes based on CFD numerical simulations [START_REF] Karimipanah | Theoretical and experimental investigation of impinging jet ventilation and comparison with wall displacement ventilation[END_REF][START_REF] Cho | Theoretical and experimental investigation of wall confluent jets ventilation and comparison with wall displacement ventilation[END_REF]. Very often, empirical coefficients are required. Those parameters need to be adjusted case by case.

Often limited to cases with simplified geometry and simplified thermo-aeraulic boundary conditions, empirical models still prove their robustness and maturity. Indeed, empirical models have been developed for decades but still serve actually as references in building ventilation practical design guidelines [START_REF] Awbi | Ventilation of buildings[END_REF][START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF] or fundamental handbooks (ASHRAE, 2013[START_REF] Ashrae | Thermal environmental conditions for human occupancy[END_REF]. Due to their simplicity and cost-effectiveness, [START_REF] Chen | Ventilation performance prediction for buildings: A method overview and recent applications[END_REF] concluded that empirical models "have been a bread and butter tool for design engineers to estimate thermal comfort and indoor air quality in a ventilated space."

CFD models

Computational fluid dynamics was first used in the 1970s for the building ventilation airflow prediction [START_REF] Nielsen | Prediction of air flow and comfort in air conditioned spaces[END_REF][START_REF] Nielsen | Flow in air conditioned rooms[END_REF]. Nowadays, the name CFD is tremendously well-known by ventilation communities (for both scientific and industry). It is a convenient and efficient simulation tool for assessing indoor airflow distribution in buildings and other enclosures, such as aircraft cabin, train, car, etc. [START_REF] Chen | Ventilation performance prediction for buildings: A method overview and recent applications[END_REF].

Developments in numerical methods and in turbulence models have improved considerably the CFD models for both research and practical/industrial engineering applications [START_REF] Blocken | 50 years of Computational Wind Engineering: Past, present and future[END_REF][START_REF] Nielsen | Fifty years of CFD for room air distribution[END_REF]. Advanced progress on supercomputers also seems to significantly boost the CFD models capacity, which strongly relies on computer processing speed. [START_REF] Chen | Ventilation performance prediction for buildings: A method overview and recent applications[END_REF] indicated that studies based on CFD models contributed nearly three-quarter (70%) of the building ventilation performance studies published from 2007 to 2009. He also pointed out that CFD simulation results were all validated by experimental data (in about two thirds of the CFD studies), which "clearly indicates that the community has not yet trusted the CFD modeling without validation."

The increasing trend of using CFD models for indoor air predictions and the building ventilation assessment is foreseeable. However, their accuracy and reliability remain a major concern and merit great attention, given the lack of proper and thorough validation studies, particularly from full-scale validation studies. [START_REF] Oberkampf | Verification, validation, and predictive capability in computational engineering and physics[END_REF], in his extensive and comprehensive work 16 , has stated "In validation, the relationship between computation and the real world, i.e. experimental data, is the issue."

Full-scale experimental studies

As stated above, experiments (reduced-scale and full-scale) have been used for decades to generate data for empirical models establishment. Detailed data produced by extensive and reliable full-scale experiments, associated with well-known boundary conditions, could also be considered as reliable for CFD model validation purpose.

Full-scale experiments can be categorized into two types: laboratory experiments and in-situ experiments. In-situ experiments are not really suitable for validation purposes since boundary conditions are not controllable in most cases. Extensive in-situ experiments by [START_REF] Hanzawa | Airflow characteristics in the occupied zone of ventilated spaces[END_REF], [START_REF] Melikov | Airflow characteristics in the occupied zone of heated spaces without mechanical ventilation[END_REF] and [START_REF] Melikov | Displacement ventilation-air flow in the near zone[END_REF] have provided some information about actual indoor air flow characteristics. However, they could not be used for CFD validations as boundary conditions are not known. On the other side, full-scale rooms built for laboratory experiments are often environmentally controllable, but still limited to a relative simple geometry (from a single room to a several small rooms) due to the investment cost. One can take for example a quite popular well-documented experimental study of a two-dimensional isothermal ceiling jet [START_REF] Nielsen | Specification of a Two-Dimensional Test Case: (IEA)[END_REF][START_REF] Nielsen | The IEA Annex 20 Two-Dimensional Benchmark Test for CFD Predictions[END_REF]. This study, as part of IEA Annex 20 17 , has been used intensively in the literature as a benchmark test 18 to validate CFD models [START_REF] Luo | Simulation of air flow in the IEA Annex 20 test room-validation of a simplified model for the nozzle diffuser in isothermal test cases[END_REF], Foat et al. (2018), etc.). However, this configuration is relatively simple and does not represent realistic and practical indoor air flow situations.

Hence, despite enormous investments in both equipment costs and efforts to carry out high quality measurements, full-scale experiments are valuable and even indispensable for CFD models validation. Nielsen, a CFD pioneer for building ventilation, said in his report (Fifty years of CFD for room air distribution, 2015), that "the CFD method has not replaced the experimental method. On the contrary, experiments made in recent years probably support CFD as important benchmark tests."

Indoor air distribution methods

A building can be ventilated naturally thanks to wind and buoyancy driven forces; or ventilated mechanically with a mechanical ventilation system; or even hybridly, i.e. the combination of both methods [START_REF] Awbi | Ventilation of buildings[END_REF]. 16 Verification, validation, and predictive capability in computational engineering and physics, 2004 17 International Energy Agency Annex 20 "Air Flow Pattern within Buildings" [START_REF] Lemaire | Room air and contaminant flow, evaluation of computational methods, Subtask-1 summary report[END_REF] 18 http://www.cfd-benchmarks.com/ 1.2. Indoor air distribution and ventilation performance prediction: a literature review The natural and hybrid ventilation strategies are beyond the scope of this study. Detailed studies on the natural ventilation applied in buildings can be found in these following references: [START_REF] Allocca | Design analysis of single-sided natural ventilation[END_REF]; [START_REF] Jiang | Buoyancy-driven single-sided natural ventilation in buildings with large openings[END_REF]; [START_REF] Zhai | Review of Natural Ventilation Models[END_REF]; [START_REF] Etheridge | A perspective on fifty years of natural ventilation research[END_REF]; [START_REF] Nomura | A review: Natural ventilation performance of office buildings in Japan[END_REF]. According to a review study of Cao et al. (2014a), eight mechanical ventilation methods are recognized so far and have been employed in designs of building ventilation:

• mixing ventilation (MV);

• displacement ventilation(DV);

• personalized ventilation (PV);

• hybrid air distribution (HAD);

• stratum ventilation (SV);

• protected occupied zone ventilation (POV);

• local exhaust ventilation (LEV);

• piston ventilation (PiV).

Once again, one does not intend to analyze in detail pros and cons of every methods. Only two methods, considered as conventional method, will be described here: the mixing ventilation and the displacement ventilation. The other methods such as the personalized ventilation and the protected occupied zone ventilation were invented and tested recently. They could be promising methods for building ventilation designs regarding the occupants comfort, the IAQ and the energy efficiency. However, published studies showed that they still need to be coupled with conventional systems. More lecture about these methods can be found in the following references [START_REF] Melikov | Personalized ventilation[END_REF]; [START_REF] Kaczmarczyk | Human response to personalized ventilation and mixing ventilation[END_REF]; [START_REF] Yang | Ceiling mounted personalized ventilation system in hot and humid climate-An energy analysis[END_REF]; Cao et al. (2014a,b); [START_REF] Lipczynska | Thermal environment and air quality in office with personalized ventilation combined with chilled ceiling[END_REF]; [START_REF] Melikov | Advanced air distribution: improving health and comfort while reducing energy use[END_REF]; [START_REF] Xu | Impacts of airflow interactions with thermal boundary layer on performance of personalized ventilation[END_REF].

Displacement ventilation

Displacement ventilation (DV) is based on the supply of outdoor fresh air with relatively low velocity (< 0.5 m/s) at the room floor level. As the air is displaced and warmed up by internal heat sources (occupants, electric devices), thermal plumes occur. The warmed and contaminated air is exhausted through mouths at the ceiling level. A schematic of the DV principle is given in the Figure 1.2(b). In terms of room air distribution classifications, the DV is characterized as a fully stratified room air distribution system (ASHRAE, 2017). In fact, with this method, there is a vertical gradient of air velocity, air temperature and contaminant concentration within the indoor air volume.

A low air velocity means a low fan power, which means a low energy consumption.

DV systems are believed to have a high ventilation effectiveness19 regarding the occupant comfort and the IAQ in general [START_REF] Skistad | Displacement ventilation in non-industrial premises. No. 1 in REHVA Guidebook[END_REF]. Nevertheless, the DV systems principle is based on convective flows and thermal stratification. Internal heat sources are imperative, thus DV systems are less suitable for heating applications: since the heated airflow can be bypassed by heat emitters, it might not penetrate in the room core [START_REF] Cho | Theoretical and experimental investigation of wall confluent jets ventilation and comparison with wall displacement ventilation[END_REF]. In addition, the combined effect of the cool air displacement at foot level and excessive temperature differences between head and foot levels can provoke a local discomfort for occupants [START_REF] Melikov | Field study on occupant comfort and the office thermal environment in rooms with displacement ventilation[END_REF], [START_REF] Magnier | Experimental assessment of the velocity and temperature distribution in an indoor displacement ventilation jet[END_REF]. 

Mixing ventilation

Mixing ventilation (MV) is based on the supply of outdoor fresh air, but this time with relatively high velocity (typically > 1.0 m/s). The air inlets are located on the upper part of the room (ceiling or upper wall zone) [START_REF] Awbi | Ventilation of buildings[END_REF]. The high velocity of the supply air and its spreading within the room are supposed to guarantee an uniform mixing of the fresh supply air with the room air. The diluted contaminated air is subsequently exhausted through mouths, located at the floor level or at the ceiling level. A scheme of the MV principle is given in the Figure 1.2(a). For MV systems, an ideal mixing of the indoor air might be achieved thanks to a proper design of the supply/exhaust air terminal devices (ATD): air diffusers type, their dimensions and locations.

In contrast to displacement ventilation, the MV is classified as a fully mixed room air distribution system [START_REF] Ashrae | Thermal environmental conditions for human occupancy[END_REF]. Indeed, the high mixing degree ensures that the air temperature and contaminant concentration is uniformly distributed within the indoor air volume.

Although MV systems are known to have lower ventilation effectiveness in comparison to other air distribution systems [START_REF] Awbi | Ventilation for Good Indoor Air Quality and Energy Efficiency[END_REF], they are still the most common air distribution systems applied for building ventilation (Cao et al., 2014a). In fact, since MV function principle does not does not depend on the presence of internal heat sources, it can be employed for both heating and cooling applications.

At present, the application of the mixing ventilation is quite well guided for practical designers [START_REF] Kandzia | Mixing Ventilation. Guide on mixing air distribution design[END_REF]. In addition, several studies are conducted in order to improve the performance of the MV:

• some researchers carried out extensive studies on the effect of different parameters such as the ATD location, the supply air change rate, the floor or window temperature, on the MV ventilation effectiveness [START_REF] Krajčík | Air distribution and ventilation effectiveness in an occupied room heated by warm air[END_REF][START_REF] Tomasi | Experimental evaluation of air distribution in mechanically ventilated residential rooms: Thermal comfort and ventilation effectiveness[END_REF][START_REF] Amai | Experimental study on air change effectiveness in mixing ventilation[END_REF][START_REF] Amai | Experimental study on air change effectiveness: Improving air distribution with all-air heating systems[END_REF][START_REF] Kosutova | CFD simulation of non-isothermal mixing ventilation in a generic enclosure: Impact of computational and physical parameters[END_REF] • other researchers studied the coupling of MV systems with other air distribution systems to improve the overall ventilation performance and effectiveness [START_REF] Karimipanah | Theoretical and experimental investigation of impinging jet ventilation and comparison with wall displacement ventilation[END_REF][START_REF] Cho | Theoretical and experimental investigation of wall confluent jets ventilation and comparison with wall displacement ventilation[END_REF][START_REF] Assaad | Mixing ventilation coupled with personalized sinusoidal ventilation: Optimal frequency and flow rate for acceptable air quality[END_REF].

To summarize, the Figure 1.3 gives an succinct overview of what have been presented so far about issues related to the building ventilation design. We have detailed the three major criteria the building ventilation design should satisfy (the "Why?" question). We have detailed some principal models that allow predicting the ventilation performance (the "How?" question). Finally, we have seen the different air distribution methods, by which we have described the two most commonly applied for building ventilation (the "Which?" question).
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Figure 1.3 -The "Why, Which and How" of ventilation designs for buildings

Problem statement and outline of the thesis

Problem statement

With a mixing ventilation system, the air is supplied into the indoor environment through various types of diffusers and subsequently distributed by turbulent air jets, in most cases. For this ventilation method, the whole-field distributions of indoor air velocity, temperature, moisture and contaminants are mainly determined by the air jet characteristics and its mixing ability with the indoor air. These characteristics include typically:

• dynamic characteristics such as the jet momentum flow rate, its trajectory, its dynamic boundary layer, and its cross-sectional velocity distributions;

• thermal characteristics such as the thermal boundary layer, and the temperature distribution in the jet cross-section.

Problem statement and outline of the thesis

In other words, to predict the ventilation effectiveness of a mixing ventilation system, the performance of the air jet issued by this system is the primary and determining element.

Turbulent free jet theory

In fluid mechanics, a turbulent free jet is defined as a jet that develops in an infinitely large space without the presence of obstructions. The jet has high velocities, which makes it turbulent. This fluid dynamic phenomenon has been widely studied in the literature. The first theory for solving the jet problem was believed to be formulated by Kirchhoff in 1850's (as reported by [START_REF] Mitrovic | Fluid dynamics and condensation-heating of capillary liquid jets[END_REF]). Since then, numerous studies have been conducted in order to investigate the turbulent free jet. They were essentially based on experimental, empirical and analytical models [START_REF] Tollmien | Sonderabdruck aus zeitschrift fur angewandte[END_REF][START_REF] Corrsin | Investigation of Flow in an Axially Symmetrical Heated Jet of Air[END_REF]. The theory of turbulent jets was developed and detailed in well-known publications of [START_REF] Abramovich | The Theory of Turbulent Jets[END_REF] and [START_REF] Rajaratnam | Turbulent Jets[END_REF]. Those early studies were focused on air jets with the following characteristics:

• turbulent high outlet velocity (high Reynolds number);

• axisymmetric free development;

• outlet with small dimensions;

• isothermal condition 20 .

In HVAC design for building ventilation, the characteristics of air jets are relatively different. They are generally issued from an outlet with larger dimensions, they have a lower outlet velocity, and more importantly, the air jet is often non-isothermal 21 . This temperature difference provokes buoyancy forces, which are believed to affect the air jet trajectory, the location where the jet attaches or separates from the floor/ceiling. Hence, early research in ventilation applications have already taken into account the non-isothermality of the air jet: [START_REF] Koestel | Computing temperatures and velocities in vertical jets of hot or cold air[END_REF], [START_REF] Shepelev | Supply ventilation jets and air fountains[END_REF], [START_REF] Chen | Vertical turbulent buoyant jets: a review of experimental data[END_REF], [START_REF] Baker | An analysis of the axisymmetric turbulent buoyant jet[END_REF], [START_REF] Rodi | Turbulent buoyant jets and plumes, 1st Edition. No. 6 in HMT-the science & applications of heat and mass transfer[END_REF]. Afterward, researchers started to investigate the fundamental basis of air jet temperature distribution alongside the air velocity distribution within mechanical ventilated spaces. One can take for example studies by [START_REF] Tuve | Air velocities in ventilating jets[END_REF], [START_REF] Nielsen | Prediction of air flow and comfort in air conditioned spaces[END_REF], [START_REF] Zhang | Regional airflow characteristics in a mechanically ventilated room under non-isothermal conditions[END_REF]; [START_REF] Zhang | A fundamental study of two-dimensional room ventilation flows under isothermal and non-isothermal conditions[END_REF], [START_REF] Zhivov | Theory and practice of air distribution with inclined jets[END_REF], [START_REF] Grimitlyn | Fundamentals of Optimizing Air Distribution in Ventilated Spaces[END_REF]. A succinct literature review is given by Li et al. (1993b). In this review, the various empirical equations for characterizing an isothermal/nonisothermal free air jet are well-formulated and summarized. The main characteristics of a free air jet include: the jet centerline decay of velocity and temperature, the jet 20 supply air temperature equals surrounding air temperature 21 supply air temperature does not equal surrounding room air temperature (ASHRAE, 2017). cross-sectional velocity and temperature profiles and the jet throw22 . The authors concluded that it is possible to predict the indoor air velocity and temperature based on the characteristics of diffuser air jets. In addition, they insisted on the importance of quantifying the effects of the room geometry, the diffuser type and their location, in order to have a better understanding of the jet development as well as the indoor air distribution. Indeed, while a theoretical description of a symmetric free air jet development could be sufficient for a fundamental study, it does not represent a realistic configuration in which the air jet is not developed freely and symmetrically.

From free jet theory to realistic jet in a complex geometry

With the considerable progress in computer sciences as stated earlier in the section 1.2.1.2, studies on mixing ventilation and air jet were continued in both experimental field and CFD numerical simulation field. On one hand, some researchers kept on conducting investigations on the air jet region.

Here is a non-exhaustive list of related studies:

• [START_REF] Hussein | Velocity measurements in a high-Reynolds-number, momentum-conserving, axisymmetric, turbulent jet[END_REF] used recent velocity measurement techniques to obtain more in-depth information on a jet flow;

• [START_REF] Malmström | Centreline velocity decay measurements in low-velocity axisymmetric jets[END_REF]; [START_REF] Malmström | Influence of output characteristics on free axial air jets[END_REF] examined the influence of outlet conditions on axisymmetric free air jets: effects of the nozzle diameter and the supply air velocity;

• [START_REF] Zou | Velocity Decay in Air Jets for HVAC Applications[END_REF][START_REF] Zou | Air jets in ventilation applications[END_REF] studied the velocity decay of air jets in the far field from the outlet;

• [START_REF] Mi | Reynolds number influence on statistical behaviors of turbulence in a circular free jet[END_REF] examined the effect of Reynolds number on turbulence properties in the transition region of a circular jet.

On the other hand, intensive studies were carried out to investigate and predict the airflow distribution and characteristics within rooms ventilated mechanically by air jets.

Here is a non-exhaustive list of related studies:

• [START_REF] Zhang | Regional airflow characteristics in a mechanically ventilated room under non-isothermal conditions[END_REF]; [START_REF] Zhang | A fundamental study of two-dimensional room ventilation flows under isothermal and non-isothermal conditions[END_REF]; Zhang et al. (1992a,b) and Sun et al. (2004a) conducted CFD and full-scale studies on the two-dimensional indoor airflow under isothermal and non-isothermal conditions. Measurements were carried out only in the middle plane of the environmentally controlled full-scale room;

• [START_REF] Huo | A systematic approach to describe the air terminal device in CFD simulation for room air distribution analysis[END_REF] conducted CFD simulation and full-scale experiments to describe three configurations of ATD for room air distribution analysis;

• [START_REF] Hosni | Development of a Particle Image Velocimetry for Measuring Air Velocity in Large-Scale Room Airflow Applications[END_REF] and [START_REF] Jia | Data processing of large-scale particle image velocimetry measurements around the human body[END_REF] conducted PIV23 measurements to characterize the airflow field around a human body in a full-scale room. Measurements were done in several horizontal and vertical planes; the manikin, the air inlet and outlet were placed in the room axis;

• [START_REF] Kashirajima | Experimental study of indoor thermal environment for cold air distribution systems using various air outlets[END_REF] carried out full-scale experiments of the indoor air distribution supplied by cold air jets. The air inlet is located at the celing, in the center of the room; various air diffusers were examined;

• [START_REF] Kuznik | Etude expérimentale des jets axisymétriques anisothermes horizontaux se développant près d'une paroi. Application à la modélisation numérique des cavités ventilées[END_REF], [START_REF] Kuznik | Experimental and numerical study of a mechanically ventilated enclosure with thermal effects[END_REF][START_REF] Kuznik | Experimental and numerical study of a full scale ventilated enclosure: Comparison of four two equations closure turbulence models[END_REF] and [START_REF] Teodosiu | Integrated moisture (including condensation) -Energy-airflow model within enclosures. Experimental validation[END_REF] carried out fullscale experiments (environmentally controlled room) and CFD simulations to characterize a non-isothermal horizontal air jet. Using automated mobile arm equipped with sensors, measurements were done in the median-plane only. In the last study (2013), the investigation of moisture transport has been taken into account;

• [START_REF] Meslem | Passive mixing control for innovative air diffusion terminal devices for buildings[END_REF]; [START_REF] Nastase | Vortex dynamics and mass entrainment in turbulent lobed jets with and without lobe deflection angles[END_REF]; [START_REF] Nastase | Lobed grilles for high mixing ventilation -An experimental analysis in a full scale model room[END_REF][START_REF] Bragança | Experimental investigation of airflow and thermal comfort under mixing ventilation in a full scale model roomcomparison of lobed and conventional diffusers[END_REF][START_REF] Bragança | Passive Control Strategy for Mixing Ventilation in Heating and Cooling Modes Using Lobed Inserts[END_REF]; [START_REF] Bragança | Ventilation par mélange utilisant des dispositifs de diffusion munis d'inserts lobés : analyse des écoulements moteurs et du confort thermique induit[END_REF]; [START_REF] Meslem | Mixing ventilation efficiency using a vortex diffuser -comparison to a lobed multi-cone diffuser[END_REF] conducted intensive studies on an innovative concept for optimized air distributions in buildings using a lobed diffuser [START_REF] Vialle | Diffusion device with lobe inserts and fan coil comprising such a device[END_REF]. Their experiments were carried out in a fullscale room with PIV measurements. The supply air diffuser is located at the ceiling, in the center of the room geometry;

• the following studies were performed in reduced-scale rooms: [START_REF] Posner | Measurement and prediction of indoor air flow in a model room[END_REF] studied the influence of obstructions in the airflow distribution; van Hooff et al.

(2012) analyzed the transitional flow of an isothermal horizontal plane jet; Serra and Semiao (2013) characterized a non-isothermal horizontal jet by 3D PIV measurements;

• [START_REF] Nielsen | Specification of a Two-Dimensional Test Case: (IEA)[END_REF]; [START_REF] Nielsen | The IEA Annex 20 Two-Dimensional Benchmark Test for CFD Predictions[END_REF] carried out experimental study of a twodimensional isothermal ceiling jet. The geometry was standardized and has been used intensively in the literature as a benchmark test for CFD models validation;

• [START_REF] Hurnik | Air distribution measurement in a room with a sidewall jet: A 3d benchmark test for CFD validation[END_REF] conducted a reduced-scale (1:5) experimental study to characterize the indoor air distribution in both the jet zone and the occupied zone. The various air jet configurations had been considered; important factors such as obstructions, internal heat sources had been taken into account. It was probably a complete experimental benchmark test for CFD validation;

• Li et al. (1993a), [START_REF] Cehlin | Numerical and experimental investigations of air flow and temperature patterns of a low velocity diffuser[END_REF], [START_REF] Magnier | Experimental assessment of the velocity and temperature distribution in an indoor displacement ventilation jet[END_REF] studied the indoor air distribution supplied by low velocity air inlet (displacement ventilation) in full-scale rooms; measurements were done in the room median-plane.

In summary, numerous studies were conducted to investigate indoor air characteristics distributions by various types of assessment: reduced-scale/full-scale experiments [START_REF] Nielsen | Specification of a Two-Dimensional Test Case: (IEA)[END_REF]) (Zhang et al., 1992b) [START_REF] Huo | A systematic approach to describe the air terminal device in CFD simulation for room air distribution analysis[END_REF] ( [START_REF] Einberg | CFD modelling of an industrial air diffuser-predicting velocity and temperature in the near zone[END_REF] Table 1.1 -Some room configurations studied in the literature and CFD numerical prediction. The Table 1.1 presents some examples of the room geometries studied in the literature. Configurations of non-isothermal air jets have been well considered, impacts of obstructions or internal heat sources have been taken into account in some studies; nevertheless, in those configurations, the air supply and exhaust mouths are all located symmetrically with respect to the room geometry. This arrangement was probably made in purpose for which the air jet is believed to have a free development behavior and a symmetric distribution; and thus investigations were carried out merely in the axis of the room, i.e. the median-plane.

In realistic building ventilation systems, the position of the air supply and exhaust mouths in a room are rarely symmetric or aligned with the room geometry. For instance, the air supply mouth could be located near a vertical side wall and thus the air jet would not develop freely. Considering the interaction between the air jet and the room geometry, the airflow could potentially be distributed asymmetrically.

Up until now, to the best knowledge of the author, there are only a few experimental studies dealing with a non-isothermal realistic air jet configuration within a mechanically ventilated room. That is not to mention studies dealing with a humid air jet (presence of moisture) are quite limited. [START_REF] Einberg | CFD modelling of an industrial air diffuser-predicting velocity and temperature in the near zone[END_REF] carried out both CFD simulations and full-scale experiments for predicting indoor velocity and temperature distributions of an industrial air diffuser. Their test configuration is shown in the Table 1.1. They revealed that the flow around the diffuser is not completely symmetric as predicted by CFD simulations. The cause of the observed asymmetry was not identified. [START_REF] Fatemi | Experimental study of a non-isothermal wall jet issued by a displacement ventilation system[END_REF] conducted a full-scale experimental study of a non-isothermal wall jet from a DV system, located in the corner of the room (c.f. Table 1.1). Given the lack of measurement points, the air velocity distribution was believed to be quasi-symmetric with respect to the jet axis. Lately, [START_REF] Krajčík | Air distribution and ventilation effectiveness in an occupied room heated by warm air[END_REF], [START_REF] Tomasi | Experimental evaluation of air distribution in mechanically ventilated residential rooms: Thermal comfort and ventilation effectiveness[END_REF] and [START_REF] Amai | Experimental study on air change effectiveness in mixing ventilation[END_REF]; [START_REF] Amai | Experimental study on air change effectiveness: Improving air distribution with all-air heating systems[END_REF] carried out intensive experiments to assess the impact of the air terminal device types and location in full-scale rooms. However, studies were focused on the evaluation of the thermal comfort and the ventilation effectiveness; the indoor air distribution in the jet zone and the occupied zone was not addressed.

Besides, another factor could merit a fairly attention. It is the connection between the ductwork and the supply air inlet, as remarked by [START_REF] Ren | Influence of Diffuser Jet Characteristics on Indoor Air Distribution under Actual Connecting Conditions[END_REF]. Due to the limited space above the suspended ceiling, a duct elbow or a plenum box must be installed before the air inlet. It potentially induces an abrupt change of the airflow direction, and might disturb the development of the jet, as observed by [START_REF] Smoljan | Influence of a plenum box design on uniformity of the radial air jet issuing from a vortex diffuser[END_REF].

Therefore, the measurement of a realistic indoor air field distribution issued from a realistic asymmetric air jet appears to be necessary. Dealing with such air jets, an advanced analysis of the 3D airflow structures is strongly recommended. Detailed measurements from full-scale experiments accompanied by well-known boundary conditions could be reliable enough to serve as benchmark test for CFD models validation.

Moisture transport and condensation

The indoor airflow distribution implies the heat transfer (temperature) but also the mass transfer (moisture, contaminants). Moisture diffusion and transport in a space is a complex phenomenon, especially if the interaction with the airflow is taken into account. In fact, transfers of heat-air-moisture (HAM) within an enclosure are strongly interdependent and need to be taken into account in a global analysis [START_REF] Woloszyn | Whole building heat-airflow-moisture behaviour in France : Research in Cethil and CSTB Grenoble[END_REF]. The indoor air humidity is believed to have a significant impact regarding the occupant thermal comfort, the indoor air quality, the building energy consumption and the building envelope durability:

1. Low or high levels of relative humidity have straight effects on the perception of occupants' thermal comfort. For instance, high relative humidity reduces the effectiveness of sweating in cooling the body, while too low relative humidity causes chapped skin and lips, the long-term effect being a constant discomfort. That's why the indoor air humidity is needed to determine the thermal comfort, according to the Fanger model's (ISO 7730, 2005);

2. The humidity and mould were also qualified as common contaminants in indoor air that are believed to provoke the SBS [START_REF] Passarelli | Sick building syndrome: An overview to raise awareness[END_REF][START_REF] Redlich | Sick-building syndrome[END_REF];

3. For the building envelope, excessive humidity promotes the growth of mould and condensation on walls, ceilings, furniture, which are very harmful to their durability.

As a result, numerous research programs have been carried out since the 1980s to study possible manifestations of moisture inside the buildings, for example: the AIVC24 technical note 20 "Airborne Moisture Transfer" (1987), the IEA Annex 14 "Condensation and energy" (1992), the IEA Annex 24 "Heat, Air and Moisture Transport" (1996) and more recently the IEA Annex 41 "Whole building heat, air, moisture response" (2008). Since then, the topic of indoor moisture transport has gradually retained special attention. Several studies, based on both CFD models and experiments, were carried out to deal with the physical phenomena of the indoor heat-air-moisture coupled transfer in the whole-building scale: [START_REF] Karagiozis | Hygrothermal system-performance of a whole building[END_REF]; [START_REF] Plathner | Interzonal air and moisture transport in a test house: experiment and modelling[END_REF]; [START_REF] Teodosiu | Numerical prediction of indoor air humidity and its effect on indoor environment[END_REF]; [START_REF] Woloszyn | Whole building heat-airflow-moisture behaviour in France : Research in Cethil and CSTB Grenoble[END_REF]; [START_REF] Mortensen | CFD modelling of moisture interactions between air and constructions[END_REF]; [START_REF] Woloszyn | The effect of combining a relative-humidity-sensitive ventilation system with the moisture-buffering capacity of materials on indoor climate and energy efficiency of buildings[END_REF]; [START_REF] Qin | Whole-building heat, air, and moisture transfer modeling for residential buildings in different climates[END_REF][START_REF] Tariku | Integrated analysis of whole building heat, air and moisture transfer[END_REF]; [START_REF] Feng | CHAMPS-Multizone-A combined heat, air, moisture and pollutant simulation environment for whole-building performance analysis[END_REF][START_REF] Van Belleghem | Benchmark experiments for moisture transfer modelling in air and porous materials[END_REF], 2014). Very recently, a whole new chapter dedicated to the "Moisture Management in Build-1.3. Problem statement and outline of the thesis ings"25 was added to the ASHRAE Fundamental Handbooks26 [START_REF] Ashrae | Thermal environmental conditions for human occupancy[END_REF]. It shows clearly that great attention should be paid on the indoor moisture problem regarding the design of HVAC&R systems. Some researchers give a special focus toward the indoor condensation problem (on surface and in the air volume), for instance: [START_REF] Jing | Experimental and CFD studies on surface condensation[END_REF]; [START_REF] Liu | CFD prediction of surface condensation on walls and its experimental validation[END_REF]; [START_REF] Hohota | Modélisation de l'humidité dans un code CFD (basses vitesses en grande cavité) : comparaison avec l'expérimental[END_REF]; [START_REF] Teodosiu | Integrated moisture (including condensation) -Energy-airflow model within enclosures. Experimental validation[END_REF]; [START_REF] Gong | Investigation of moisture condensation on papermaking plant envelopes in high humidity environment by orthogonal analysis and CFD simulation[END_REF]; [START_REF] Ma | An algorithm to predict the transient moisture distribution for wall condensation under a steady flow field[END_REF]; [START_REF] Palmowska | Experimental study and numerical prediction of thermal and humidity conditions in the ventilated ice rink arena[END_REF]; [START_REF] You | Study on moisture condensation on the interior surface of buildings in high humidity climate[END_REF]. Nevertheless, studies dealing with the condensation phenomenon are still limited given the transient, unsteady and even instantaneous characteristic of the phenomenon. A qualitative prediction of the surface condensation is possible. One can predict the location where the condensation takes place, the time of its production and its evolution in space/time [START_REF] Liu | CFD prediction of surface condensation on walls and its experimental validation[END_REF][START_REF] Gong | Investigation of moisture condensation on papermaking plant envelopes in high humidity environment by orthogonal analysis and CFD simulation[END_REF][START_REF] Teodosiu | Integrated moisture (including condensation) -Energy-airflow model within enclosures. Experimental validation[END_REF][START_REF] You | Study on moisture condensation on the interior surface of buildings in high humidity climate[END_REF]. But the quantitative prediction techniques are lacking in the literature. These techniques intend to predict the condensation rate, i.e. the time evolution of the mass flow rate of condensed fluid per unit area. Studies on the condensation quantification were found at the micro-scale, e.g. on a metal plate surface of small size. Experimental studies were carried out on a controlled wind tunnel, the mass of the condensed fluid was achievable using a micrometric weight balance [START_REF] Tiwari | Towards the Prediction of Heat and Mass Transfer in an Air-Conditioned Environment for a Life Support System in Space[END_REF][START_REF] Tiwari | Characterization of mass transfer by condensation on a horizontal plate[END_REF], or by means of high-definition image recording [START_REF] Sakay | Contribution à la caractérisation expérimentale des transferts couplés en écoulement turbulent en conduite horizontale avec ou sans condensation[END_REF][START_REF] Sakay | Experimental dropwise condensation of unsaturated humid air -Influence of humidity level on latent and convective heat transfer for fully developed turbulent flow[END_REF]. Studies on the condensation quantification at the room reduced-scale are quite limited [START_REF] Liu | CFD prediction of surface condensation on walls and its experimental validation[END_REF]. No such studies were found at the room full-scale.

Therefore, there is a real need to investigate the indoor air distribution with the presence of moisture, including the surface condensation problem. With advanced techniques available nowadays, the condensation quantification might be achievable.

Outline of the thesis 1.3.2.1 Research objectives

Based on these previous statements concerning the need of knowledge about a realistic indoor air field distribution issued from an asymmetric air jet, as well as the need for indoor air field investigation with the presence of moisture and condensation situations, one could formulate the thesis problematic in the form of two following questions:

• What is the behavior of a realistic asymmetric air jet under local interactions and how to characterize such an air jet?

• Under indoor airflow conditions promoting condensation on cold surface, how it is possible to quantify the condensation rate?

The present PhD study is a full-scale experimental study. The experiments were carried out in a controlled environmental chamber at our laboratory (CETHIL, France), known by the name "MINIBAT test cell". The author's main intention is to produce a new 3D benchmark test to validate CFD models for more realistic ventilation configurations. According to [START_REF] Chen | A Procedure for Verification, Validation, and Reporting of Indoor Environment CFD Analyses[END_REF], detailed data issued from benchmark test should contain complete and accurate information on simulated object geometry, initial conditions, boundary conditions and measurements with their uncertainties.

Definition of the studied configuration

The studied configuration needs to be carefully defined. The chosen one must include the following specifications:

• an asymmetric air jet, i.e. the supply air inlet is not in the center nor the axis of the room;

• the exhaust air outlet is not aligned with the air inlet but should ensure the wellmixing of the indoor air;

• a plenum box in the supply circuit, before the air inlet;

• a diffuser mouth at the air inlet;

• a surface temperature gradient in the test cell to reproduce realistic conditions (e.g. summer or winter scenario);

• a vertical wall that allows promoting the condensation phenomenon.

A simplified schematic of the air jet configuration definition is given in the Figure 1.4(a). Some transformation works were undertaken within the test cell enclosure for this study. Further details on the test cell along with those architectural elements above-mentioned will be given in the next Chapter 2.

Given the presence of the plenum box, the air jet chosen is a vertical air jet issued from the ceiling. For a given cross-sectional plane, an axisymmetric free jet will have a symmetric and uniform spatial distribution: its velocity contours are supposed to have a circular form, as shown in the Figure 1.4(b). Then, the supply air inlet is moved away from the room axis but should not be too close to the side wall to avoid the Coanda effect27 . A grille diffuser is then fixed at the air inlet. The diffuser geometry should not be too complex in order to avoid approximations for CFD solving [START_REF] Chen | A Procedure for Verification, Validation, and Reporting of Indoor Environment CFD Analyses[END_REF]. Lastly, air exhausts will be installed on the lower side of the other side of the room. This disposition should guarantee a homogeneous Hence, these various architectural elements presented will potentially disturb the air jet behavior, and thus a non-circular form of the velocity contours is expected, as can be seen in the Figure 1.4(b).

Expected outcomes

For the academic research, this study could contribute to a better characterization of a realistic asymmetric air jet having interaction with local architectural elements. A method of 3D analysis is proposed to investigate this kind of air jet. In addition, based on the achieved knowledge on the indoor air distribution, this study provides in-depth information about the condensation on cold surface. A measurement technique is proposed to deal with the qualification and quantification of this phenomenon.

The detailed experimental data issued from this study could be used as a 3D benchmark study for validating and improving CFD numerical models, especially for airflow configurations with rupture of symmetry. Besides, experimental results on surface condensation data could be extremely valuable for validation purpose since there was no similar studies in the literature. This thesis is a part of an ANR28 project named "Integrated Heat-Air-Moisture model within enclosures -Experimental validation", abbreviated under the name "HAM". The project was planned by a partnership between Technical University of Civil Engineering Bucharest (UTCB, Romania) and The Center for Thermal Sciences of Lyon (CETHIL, France) for three years (Jan/2014 -Dec/2016).

Manuscript organization

The remaining of the manuscript is divided into five chapters:

Chapter 2 describes the full-scale experimental set-up for this study. The actual configuration of the MINIBAT test cell and the existing metrology are detailed. Then, the various architectural elements installed within the actual airflow configuration are described. Finally, the description on the boundary conditions within the whole system is reported.

Chapter 3 explains in detail the metrology for the indoor air measurement. A mobile robot is specifically designed for the indoor air metrology since the indoor threedimensional fields of air velocity, temperature and relative humidity are expected. Besides, the experimental protocol is also presented.

Chapter 4 provides a succinct description of an empirical model of an axisymmetric vertical free air jet. Its characteristics and its parametric coefficients are used to define reference criteria for characterizing the experimental jet.

Chapter 5 focuses on analyzing the behavior and the characteristics of the realistic interacting jet. The various test cases with the measured boundary conditions are pre-1.3. Problem statement and outline of the thesis sented at first. The experimental results on the indoor air velocity and temperature fields are then reported. The characterization of the air jet includes: the trajectory deviation, the jet thickness and spread rate, the jet maximum velocity and temperature decay, and the jet cross-sectional profiles distribution and deformation. The turbulent characteristics of the indoor airflow are also analyzed.

Chapter 6 details the indoor condensation study on cold surface. The physical backgrounds of the phenomenon are presented at first. Then the measurement technique, the data processing method as well as some first experimental results and comparisons are detailed.

Finally, conclusions of the present work and the main recommendations for possible improvements in the future will be discussed.

Chapter 2

Experimental set-up

Introduction

The study of the indoor distribution of air velocity, temperature and humidity fields within a mechanically ventilated room requires reliable and accurate experimental data. However, the quality of such measurements is only possible through an entirely controllable experimental test cell. This chapter presents the full-scale experimental set-up of the current study. It is organized as follows:

• the section 2.2 provides a detailed description of the MINIBAT experimental facility;

• section 2.3 describes the adaptation that was conducted in MINIBAT to fit with the issues of the present study;

• section 2.4 summarizes the nature of the boundary conditions within our configuration study.

MINIBAT experimental facility

General purpose of MINIBAT

MINIBAT consists of a test cell whose thermal boundary conditions are fully controlled.

The test cell has the dimensions of a realistic indoor rectangular room. The boundary conditions reproduce the effect of adjacent rooms along five faces of the test cell, and the effect of outdoor climatic conditions along the remaining face.

The test cell was designed to allow a very fine characterization of the indoor thermal environment under controlled and reproducible boundary conditions.

History of MINIBAT

MINIBAT experimental facility is located at the CETHIL laboratory (Villeurbanne, France). It was built during the 1980s and was used massively over the last thirty years as a tool for building physics tests. Here is a non-exhaustive lists of previous research carried out in MINIBAT from the oldest to the most recent:

• [START_REF] Allard | Étude de l'incidence des apports solaires sur une cellule test en ambiance climatique simulée[END_REF], [START_REF] Allard | Contribution a l'etude des transferts de chaleur dans les cavites thermiquement entrainees a grand nombre de rayleigh : application aux cellules d'habitation[END_REF] studied indoor heat transfer by radiation and convection;

• Inard et al. (1996aInard et al. ( ,b, 1997) ) conducted experimental investigation within MINIBAT to validate a zonal model used for predicting the indoor air temperature distribution;

• the next research [START_REF] Castanet | Contribution à l'étude de la ventilation et de la[END_REF] was dedicated to study the relation between the ventilation system, the occupant thermal comfort and the indoor air quality;

• in 2003, Hohota carried out experimental studies to validate an indoor CFD model which includes humidity transfer;

• [START_REF] Kuznik | Etude expérimentale des jets axisymétriques anisothermes horizontaux se développant près d'une paroi. Application à la modélisation numérique des cavités ventilées[END_REF], [START_REF] Kuznik | Experimental and numerical study of a full scale ventilated enclosure: Comparison of four two equations closure turbulence models[END_REF] used MINIBAT to investigate the behavior of a horizontal axisymmetric air jet developed near a ceiling. They validated their CFD turbulence models using the experimental data;

• lately, MINIBAT was dedicated to study physics of a double-skin facade system [START_REF] Gavan | Full-Scale experimental evaluation and modelling of a double-skin façade : optimal control of thermal and visual comfort[END_REF][START_REF] Kuznik | Numerical modelling of combined heat transfers in a double skin façade -Full-scale laboratory experiment validation[END_REF][START_REF] Gavan | Experimental study of a mechanically ventilated double-skin façade with venetian sun-shading device: A full-scale investigation in controlled environment[END_REF];

• [START_REF] Biwole | Large scale particle tracking velocimetry for 3-dimensional indoor airflow study[END_REF]; [START_REF] Biwole | A complete 3d particle tracking algorithm and its applications to the indoor airflow study[END_REF] studied 3D PTV (particle tracking velocimetry), a new method for the indoor airflow measurement;

• [START_REF] Catalina | Evaluation of thermal comfort using combined CFD and experimentation study in a test room equipped with a cooling ceiling[END_REF] carried out a full-scale experimental study in MINIBAT with a cold ceiling. They evaluated indoor thermal comfort and validated their CFD model with the experimental data.

Hence, detailed and relevant experimental data has been obtained thanks to entirely controllable environment of the MINIBAT facility. Still, [START_REF] Hohota | Modélisation de l'humidité dans un code CFD (basses vitesses en grande cavité) : comparaison avec l'expérimental[END_REF]; [START_REF] Kuznik | Etude expérimentale des jets axisymétriques anisothermes horizontaux se développant près d'une paroi. Application à la modélisation numérique des cavités ventilées[END_REF]; [START_REF] Gavan | Full-Scale experimental evaluation and modelling of a double-skin façade : optimal control of thermal and visual comfort[END_REF] noticed temperature fluctuations within the MINIBAT environment. This fluctuation had an amplitude of ±1.5 • C. It could potentially influence the performances of MINIBAT.

MINIBAT was renovated and upgraded recently to make it more controllable. Thus, more accurate data can now be achieved. The description provided below concerns the new configuration of MINIBAT. Detailed information concerning the old configuration one can be found in [START_REF] Kuznik | Etude expérimentale des jets axisymétriques anisothermes horizontaux se développant près d'une paroi. Application à la modélisation numérique des cavités ventilées[END_REF].

MINIBAT architecture

The test cell

A simplified schematic of the test cell inner volume is given in the Figure 2.1. The test cell has an inner dimension of L x W x H = 6.20 x 3.10 x 2.50 m. The four geographical directions North-South-East-West are also defined in the figure. They will be used later for walls name assignments. We define a system of coordinate of the test cell (X; Y; Z). The origin of this system of coordinate is located at the lower corner between the East wall and the North wall. The X-direction follows the East-West direction, i.e. along the cell width dimension. The Y-direction follows the North-South direction, i.e. along the cell length dimension. The Z-direction goes from the floor to the ceiling. The walls compositions are shown in the Figure 2.2. The illustration also provides the total thickness e S2S and an estimation of the Surface-to-Surface thermal resistance 29 R S2S of each wall:

• the opaque vertical walls are made of 5 cm thick agglomerated wood panels. They are covered on their internal faces by 1.3 cm thick plasterboard;

• the floor is made of 20 cm thick cellular concrete;

• the ceiling consists of 2.5 cm thick plywood plate, covered with 4.5 cm thick glass wool. A 1.3 cm thick plasterboard is fixed on the lower part of the ceiling.

All the inner opaque surfaces of the test cell are covered with gray painting and are varnished. By that way, the emissivity is homogeneous along all the test cell inner surfaces. The envelope materials and their thickness are summarized in the 

The thermal zones

The test cell is surrounded by two thermal zones: a thermal buffer zone and a climatic chamber. A 3D schematized model of these zones is given in the Figure 2.3.

THERMAL BUFFER ZONE

The thermal buffer zone communicates with the test cell through five walls: North, East, West, the floor and the ceiling. It consists of two cavities: the first cavity is located below the test cell floor, the second cavity covers the upper part of the test cell. The external envelope of the thermal buffer zone is made of 20 cm thick layer of aerated cellular concrete and 10 cm thick layer of extruded polystyrene panels. This outer insulating layer, added on the East, West and ceiling walls, reduces the heat exchanges with the outdoor environment.

The thermal buffer zone is ventilated with a closed-loop air handling unit (AHU) entirely regulated in temperature. It is represented by the red boxes, located outside of the thermal buffer zone envelope (c.f. Fig. 2.3(e)). The air temperature is regulated at the air outlet of the AHU, before entering the thermal buffer zone. The accepted temperature range at the outlet of the AHU is [10 • C ; 30 • C]. By that way, we can reproduce thermal conditions similar to adjacent rooms along five walls of the test cell. 

Where: Red boxes -Air handling units for the thermal buffer zone and the climatic chamber

The air distribution inside the thermal buffer zone is ensured by a ducts network, as shown in the Figure 2.3(c) and (e). The air is supplied into the thermal buffer zone through an array of lateral diffusers, which are installed in the upper part of the thermal buffer zone. The air is then extracted from the thermal buffer zone by two arrays of exhaust mouths located in the lower part throughout the East and West walls. This disposition promotes a regular and homogeneous air mixing within the thermal buffer zone volume.

CLIMATIC CHAMBER

The climatic chamber faces the south wall of the test cell. It consists of a movable air cavity which is regulated in temperature, plus an artificial lighting system which reproduces the sun radiation. The air handling unit used for the temperature regulation is located inside the volume of the climatic chamber (c.f. Fig. 2.3(c,d)). The temperature range in the climatic chamber is between -10 • C and 40 • C. Air mixing inside the climatic chamber is ensured by a centrifugal fan. Horizontal and vertical grille deflector are added at the AHU outlet to allow a homogeneous air distribution. By that way, we can reproduce various outdoor weather conditions in the climatic chamber, i.e. winter, mid-season and summer climatic conditions. The artificial lighting system was not used for this study; it will not be described. Further information on the lighting system can be found in [START_REF] Gavan | Full-Scale experimental evaluation and modelling of a double-skin façade : optimal control of thermal and visual comfort[END_REF] and [START_REF] Biwole | Large scale particle tracking velocimetry for 3-dimensional indoor airflow study[END_REF].

During experiments, the climatic chamber is moved toward the test cell so that they are in contact to each other (c.f. Fig. 2.3(e)). The MINIBAT experimental facility is not exposed to direct sunlight and outdoor environment. It is located inside a large building hall with 7 m of height.

Existing metrology in MINIBAT WALL SURFACES TEMPERATURE

In order to precisely evaluate the surface temperature of the test cell walls, a network of 180 RTD1 probes was implemented on both external and internal sides of the walls.

The probes are the 4-wire miniaturized (2 mm x 2.3 mm) Pt1002 . Each wall surface has 36 measurement points: 18 probes on the internal face and 18 probes on the external face. The North side (door) and the South side (glazing) each have 18 measurement points: 9 probes on the internal face and 9 probes on the external face. The exact positions of the probes are given in the Figure 2.4. Their calibration has been conducted by [START_REF] Catalina | Evaluation of thermal comfort using combined CFD and experimentation study in a test room equipped with a cooling ceiling[END_REF]. He reported that these probes have a measurement error of ±0.2 • C. South (glazing side) 

North (door side)

Performance test of MINIBAT

Some preliminary measurements were performed to assess the stability and the precision of the temperature boundary conditions generated by the experimental facility.

We present here a measurement of a heating configuration. The temperature setpoint in the thermal buffer zone was set to 21 • C, and the temperature set-point in the climatic chamber was set to 15 • C. The temperature in the hall was approximately equal to 11 • C. The Figure 2.6(a) presents the evolution of the surface temperature of the six test cell walls, in the climatic chamber, and in the thermal buffer zone, over a period of 144 hours. The Figure 2.6(b) focus on the evolution of the thermal buffer zone air temperature.

The result showed a satisfying stability during the preliminary measurement. The wall temperatures show a mean standard deviation of ±0.05 • C, which is below the probes accuracy. The mean amplitude of the temperature fluctuation in the thermal buffer zone is ±0.2 • C; the maximum fluctuation amplitude is ±0.4 • C around the temperature set point.

Test cell adapted configuration for the study

The primary objective of the present PhD work is to study the temperature and velocity distribution in a room due to a mixing ventilation system. We remind that, in realistic conditions, the ventilation system is not located on a symmetrical plane of the room; the jet is disturbed by the geometry of the grill diffuser, by the shape of the ducts before the grill diffuser, by the proximity of walls near the air supply, by the temperature of the walls and by the location of the air exhausts. The ventilation system of MINIBAT test cell was designed to reproduce all those perturbations on a mixing ventilation air jet.

The ventilation system was designed to allow very stable air conditions at the air inlet (flow rate, temperature and humidity). It was essential that we could reproduce a stationary regime in order to have the time to measure the temperature and velocity fields in the room.

An additional constrain was taken into account during the design of the ventilation system: the whole system (test room + ventilation ducts near the room) should be easy to model in CFD simulation tools. Thus, we avoided complex curved surfaces, and we ensured that it was possible to estimate the boundary conditions on every external surface of the system.

Airflow configuration for the test cell

The Figure 2.7 presents the schematic of the test cell with the airflow configuration. The figure highlights the architectural elements which might disturb the air jet development: the near side wall, the plenum geometry, the grille diffuser geometry, and the location of the air exhausts.

Air supply and air exhaust mouths

The air is introduced into the test cell via an air diffuser located on the ceiling; the air jet issued from the diffuser is vertical and descendant. The air is extracted from the test cell by means of two air exhausts located on the North wall. This disposition increases the homogeneity of the air distribution within the test cell. On the inlet side, the ventilation network includes a horizontal duct, a plenum box, a vertical duct and an air diffuser. The various red arrows show the airflow directions within the test cell. The center of the air inlet is located 1.0 m from the East wall and 4.2 m from the North wall ( 160 mm). The distance between the near wall East and the supply air inlet is large enough so that the air jet would not be attached to the wall. Calculations are based on [START_REF] Awbi | Ventilation of buildings[END_REF]. The two air exhausts are located on the North wall. They are distanced by 0.3 m from the floor and 0.65 m from the adjacent vertical East and West walls ( 100 mm). The two air exhausts opening are balanced in order to reach the same exhaust flow rate in each duct.

Plenum box

As illustrated in Figure . 2.7, a plenum box is added inside the thermal buffer zone, just before the air inlet. Its dimension is 258 x 222 x 222 mm (c.f. Figure 2.8). According to [START_REF] Smoljan | Influence of a plenum box design on uniformity of the radial air jet issuing from a vortex diffuser[END_REF], a major advantage of this component is that it offers better uniformity of the outflow velocity from the air supply diffuser (if a duct elbow had been used instead of a plenum box, the outflow velocity would follows a nearly Poiseuille's profile). Besides, in practice, the plenum box usually offers a much lower noise level compared to the conventional duct elbow.

Grille diffuser

As can be seen in the Figure 2.8 (A-A section), a grille diffuser is mounted at the supply air inlet. The grille is not a commercial model. It is a generic model, which was 3D printed at our laboratory. It was specifically designed to ease the numerical modeling.

A scheme of the grille diffuser is given in the Figure 2.9. The grille has an inner diameter of 160 mm and is equipped with five fixed grille fins. It has an effective area/free area ratio of 76%. This ratio is defined according to (ASHRAE, 2017); for which the effective area is the net area of an inlet device through which air can pass; the free area is the total minimum area of openings in an air inlet through which air can pass. The direction of the grille fins is parallel to the X-direction, as can be seen in the section-view in the Figure 2.8.

Southern wall

The first design criterion for the South facade was a low thermal resistance. A low thermal resistance allows us to get strong wall temperature gradients between the South surface and the other surfaces of the test cell. The other design criterion were motivated by the fact that we planned to perform condensation experiments with this facade. Thus, the facade had to have a very smooth surface to allow a homogeneous initiation of the APPR.
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Figure 2.9 -Grille diffuser scheme (milimeter units) 39 condensation, and to ease the visualization of water vapor droplets.

Hence, the selected design was a fully glazed facade, made with a 1.2 cm thick laminated glazing. Its dimension is W x H = 2.90 x 2.30 m. The resulting surface to surface thermal resistance is R = 0.012 m 2 .K/W .

Air handling unit for the test cell

Air handling unit description

The temperature, the humidity and the flow rate of the ventilation airflow are controlled by an air handling unit installed on the roof of an adjacent local. A 3D schematic and a photo of the air handling unit are given in the Figure 2.10(a) and the Figure 2.10(b). The ductwork which conducts airflow from the air handling unit to the MINIBAT test cell is shown in the Figure 2.10(c).

The dimensions of the AHU are L x W x H = 2.40 x 1.00 x 0.77 m. Its envelope is made of double-skin panels, insulated by 5 m thick of rockwool. As shown in the Figure 2.10(a), the air handling unit comprises, in the direction of airflow:

• an air filter;

• a cooling coil with a refrigerating capacity of 3.2 kW ;

• a centrifugal plug fan with an air flow rate range from 70 to 400 m 3 /h;

• an electrical resistance with a heating capacity of 2.6 kW ;

• a steam injection nozzle connected to a humidity generator;

• an auxiliary heating of a capacity of 0.5 kW , which is located inside the thermal buffer zone, near the air inlet into the MINIBAT test cell.

A 15 m of ducts network was needed to connect the AHU to the cell (as shown in the Figure 2.10(c)); the ducts are thermally insulated to reduce heat loss throughout the network. The AHU is operating in closed-loop to reduce fluctuations due to external conditions.

Air handling unit metrology and regulation

SUPPLY AIRFLOW RATE

The airflow rate is measured and regulated thanks to a propeller flow meter with an accuracy of ±0.5 m 3 /h. Its calibration was carried out by the CETIAT 3 in 2015. The flow meter is located at the air entrance of the air handling unit. Therefore, the flow meter measures the airflow rate at the air outlet from the test cell. Some measurements were performed to assess the air tightness of the ventilation circuit between the flow meter and the air supply. The procedure we followed is described in the Appendix D. We followed this procedure for two flow rate set points: 200 m 3 /h and 100 m 3 /h. We found that the air flow rate difference between the air flow meter and the air supply did not exceed 2%.

The regulation of the airflow rate is carried out with a PID controller4 programmed in a LabVIEW program.

SUPPLY AIR TEMPERATURE AND HUMIDITY

Air temperature and humidity measurements along the air handling unit and the ducts network are carried out by using Pt100 probes and Sensirion SHT75 probes The SHT75 probes measure the air relative humidity (with an accuracy of ±1.8 %RH) and the air temperature (accuracy of ±0.3 • C). The specific humidity is computed with the temperature data from the Pt100 probes, and the relative humidity data from the SHT75 probes. Those SHT75 probes are calibrated by the manufacturer. The temperature of the cooling coil is set to be constant. Thus, the cooling coil cools down and dries out the air constantly. The AHU outlet temperature and specific humidity are regulated with two PID controllers. The first PID controller acts on the steam generator to regulate the specific humidity. The second PID controller acts on the resistances to adjust the air temperature. This regulation scheme avoids dead regulation zones. The temperature of the air is adjusted just before the plenum with the auxiliary heater.

SUPPLY AIR VELOCITY

A thermoelectric anemometer was added in the duct located just before the plenum, to perform fast measurements of the inlet air velocity. Those fast measurements are used to determine the inlet turbulence characteristics. The probe employed is a Schiltknecht ThermoAir64 omnidirectional hot-sphere anemometer. Its description will be discussed further in the section 3.2.1.4. The probe velocity range goes from 0.15 to 5 m/s, with an accuracy of ±0.5% of full-scale and ±1.5% of the reading value. The location of the anemometer is shown in the Figure 2.11.

Steam generator for the air handling unit

The humidity generator for the air handling unit is a precise steam generator E-3000 from Cellkraft. A picture of the unit is given in the Figure 2.12.

Figure 2.12 -Precise steam generator unit for the air handling unit It is a "ready-to-use" complete system, which comprises a precision pump and an evaporator. Its steam flow rate range goes from 1 to 50 g/min. The steam flow rate is regulated by the pump control, which precisely adjusts the water supply to the evaporator with high resolution and stability. The flow accuracy is ±2% of full scale at steady state. Its steam temperature range goes from 100 to 200 • C with an accuracy of ±2 • C.

Summary: boundary conditions of the system

This section summarizes the nature of the boundary conditions within our configuration study. Those boundary conditions are reproduced and measured thanks to the MINIBAT configuration presented here above. The summary of the boundary conditions might be helpful for the CFD researchers who will try to simulate our configuration to validate their model. The Table 2.3 andthe Table 2.4 describe the nature of the boundary conditions applied on each surface of MINIBAT test cell along with the ventilation system. Each boundary condition is associated with some parameters, which is measured during the experimental campaign. The names of the parameters are also given in the tables.

There are two options for modeling the walls around the cell. In the Table 2.3, we consider that the walls are modeled with a temperature boundary condition. In that case, we provide the temperature measured on the inner surface of the walls. In the Table 2.4, we consider that the walls are modeled with a mixed boundary condition with the thermal resistance of the wall and the temperature measured on the outer surface of the wall. The tables also provide a color code to identify the various surfaces of the system on the Chapter 3
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Indoor air metrology and experimental protocol

Introduction

A detailed study of the indoor hygrothermal and airflow characteristics, especially the turbulent characteristics, requires accurate measurements in the interior volume. The measurements comprise measurements of the air velocity (instantaneous and mean value), the air temperature and the air humidity. Therefore, this chapter presents the indoor test cell metrology as follows:

• section 3.2 describes the different sensors used to measure the air fields in the test cell;

• section 3.3 decribes the mobile robot developed to scan the volume of the test cell;

• section 3.4 presents the experimental protocol for the air jet studies.

Metrology for indoor air fields measurements

Indoor air velocity

Airflow parameters and characteristics

The indoor airflow is characterized by the following magnitudes:

• the instantaneous velocity u i , where i represents the direction of velocity component (i.e. x, y, z);

• the mean velocity u i ;

• the standard deviation of the velocity σ u ;

• and the turbulence intensity T I.

The indoor airflow within a mechanically ventilated room is characterized by a relatively low mean velocity (0.01 -2 m/s) and by relative high turbulence intensity (10% -70%), according to [START_REF] Hanzawa | Airflow characteristics in the occupied zone of ventilated spaces[END_REF]. The velocity fluctuations with frequencies between 1 Hz and 2 Hz contribute by 90% of the RMS of the fluctuating component [START_REF] Popiolek | Assessment of Uncertainty in Measurements with Low Velocity Thermal Anemometers[END_REF]. Therefore, flow measurement systems need to be carefully chosen to obtain reliable and accurate information of the airflow pattern along with velocity and turbulence intensity distributions.

In our configuration, we have a relatively large space (L x W x H = 6.20 x 3.10 x 2.50 m), mechanically ventilated by a turbulent vertical descendant air jet through a grille diffuser of 160 mm. The AHU airflow rate ranges from 70 to 400 m 3 /h, which means that the air velocity supplied through the diffuser ranges from 0.9 to 5.5 m/s. However, as preconized by ISO and ASHRAE Handbook Fundamentals (ASHRAE, 2017), the indoor mean air velocity should not exceed 0.5 m/s in the occupied region and 2 m/s in the jet region. Therefore, the AHU airflow rate range will be restricted to 70 -150 m 3 /h.

A study by [START_REF] Loomans | The measurement and simulation of indoor air flow[END_REF] gives an overview of the expected mean velocity and turbulence intensity values in different zones of a mechanically ventilated room. An illustration which is extracted from his study is given in the Figure 3.1. According to the author, the mean velocity (in m/s) and turbulence intensity (in %) values are distributed as follows: [START_REF] Loomans | The measurement and simulation of indoor air flow[END_REF] It is obvious that the flow measurement system should have an appropriate velocity measurement range (0.01 -2 m/s) with a high spatial resolution. It must have a high dynamic (frequency) response to be able to access to most of the flow turbulence information. Furthermore, the three-dimensional characterization of the air jet pattern is required.

Metrology for indoor air fields measurements

Two measurement techniques were candidate for the velocity field measurement in this study: the hot-sphere anemometer and the particle image velocimetry (PIV). A short review of flow measurement techniques used in the literature is given in the section 3.2.1.2. Two techniques mentioned above will be described in detail. Their advantages and their limitations will be analyzed to justify our decision.

Flow measurement techniques

Different techniques for indoor flow measurement along with their applications and their limitations have been reviewed by [START_REF] Sun | An Overview of Room Air Motion Measurement: Technology and Application[END_REF]. They can be divided into two categories: point-wise technique which can only give the velocity data at the measured point of the probe, and global-wise technique which can measure a whole-field velocity data. For instance, point-wise techniques include: rotating vane anemometer, hot-wire anemometer, hot-sphere anemometer, ultrasonic anemometer, Laser-Doppler velocimetry (LDV); and global-wise techniques include: particle image velocimetry (PIV), stereoscopic PIV (SPIV) and particle tracking velocimetry (PTV).

Point-wise techniques

Rotating vane anemometer and ultrasonic anemometer have a low spatial resolution (3.5 -10 cm) and a significant intrusiveness. They are not suitable for low room air velocity measurement and thus not appropriate for our study. Hot-wire anemometer and LDV techniques, despite their intrusiveness, support three dimensional velocity components measurement with a high spatial resolution (1 mm) and a high time resolution (0.1 to 10 ms). Besides, three-dimensional hot-wire anemometers had been used before by [START_REF] Kuznik | Experimental and numerical study of a full scale ventilated enclosure: Comparison of four two equations closure turbulence models[END_REF] for his experimental study within the MINIBAT test cell. Their probes had an accuracy of ±0.05 m/s and ±3% of the reading value. According to the author, the results were relevant, the probes showed a good performance. Thus, they are suitable for our need but however, these techniques mentioned above are finally excluded due to its excessive high cost. Hot-sphere anemometers are omnidirectional, which mean they are not sensitive to the airflow direction and thus can only measure the air total speed (velocity magnitude). They offer a high spatial resolution (1 mm) and a good time resolution (0.1 s to 2 s). Their price is also reasonable, which make the hot-sphere anemometer a good candidate in the point-wise measurement technique category.

Global-wise techniques

The particle image velocimetry (PIV) and particle tracking velocimetry (PTV) techniques consist of a visualization method with a digital image processing technique. They are capable to provide both qualitative fluid information (airflow pattern) and quantitative fluid information (velocity data). Both techniques are based on seeding tracer particles to the indoor airflow with an ap-propriate particle concentration. These particles, which ideally have the same physical density as the ambient air, are illuminated by a pulsed light source and recorded within a short time interval thanks to one or multiple high-speed digital camera. For the PIV and SPIV techniques, the displacement of a group of tracer particles is recorded in a specific plane to get instantaneous air velocity values. In the case of the PTV technique, the displacement of a single particle is recorded and tracked to get the 3D air trajectories. To get the turbulence flow data, a high sequence of airflow field image must be captured within a short time interval by increasing the image acquisition frequency. More details about the measurement principle and the data processing of the PIV and SPIV techniques can be found in a comprehensive book by [START_REF] Raffel | Particle image velocimetry: a practical guide, 2nd Edition[END_REF]. These techniques, partially-intrusive, offer a high time resolution (dependent on the pulse interval, from less than 1 ms to 500 ms) and a high spatial resolution (dependent on the tracer particle size) with a low limit of velocity detection [START_REF] Sun | An Overview of Room Air Motion Measurement: Technology and Application[END_REF].

A complete summary and review of the PIV and the PTV applications for indoor airflow measurements are given by (Cao et al., 2014c) and by [START_REF] Fu | Particle Tracking Velocimetry for indoor airflow field: A review[END_REF]. This study only focuses on the applications achieved in full-scale experiments. [START_REF] Hosni | Development of a Particle Image Velocimetry for Measuring Air Velocity in Large-Scale Room Airflow Applications[END_REF] used the PIV to measure the local airflow distribution within a volume of 2.3 x 2.3 x 2.3 m around a thermal manikin. The latter is placed in a real size room whose dimension is 7.3 x 4.9 x 2.7 m. They concluded that the flow pattern, as well as accurate velocity and turbulence intensity magnitudes and directions, can be measured using the PIV technique.

An American research group from University of Illinois has intensively studied indoor airflow distribution using the PIV technique in a full-scale test room of dimension 5.5 x 3.7 x 2.4 m. They have developed and tested both two-dimensional PIV technique [START_REF] Zhao | Measurement of airflow patterns in ventilated spaces using particle image velocimetry[END_REF], [START_REF] Zhao | Measurement of Two-Dimensional Air Velocities in a Full-Scale Room Using Particle Image Velocimetry[END_REF] and three-dimensional SPIV technique [START_REF] Sun | Development of a Stereoscopic Particle Image Velocimetry System for Full-Scale Room Air Flow Studies. Part I: Algorithms and Validation[END_REF], [START_REF] Sun | Development of a Stereoscopic Particle Image Velocimetry System for Full-Scale Room Airflow Studies, Part II: Experimental Setup[END_REF] and (Sun et al., 2004b). According to the author, these techniques are capable to recognize clearly small differences in airflow patterns and velocity distributions. There is no limitation for the PIV method to detect low air velocity, in theory. The lowest velocity resolution can be detected is of order of 0.02 m/s.

A research group from Germany have built a highly developed PIV and PTV techniques [START_REF] Bosbach | Large scale particle image velocimetry of natural and mixed convection[END_REF], which are able to measure strongly turbulent 3D airflow in an area as large as 12.6 m 2 . In fact, the biggest challenge concerning the PIV and the PTV development is about the equipment technology limitations. For example, a low tracer particle generating rate impacts the seeding density and thus leads to a poor spatial density. As pointed out by [START_REF] Bosbach | Large scale particle image velocimetry with helium filled soap bubbles[END_REF], the critical factor in full-scale airflow investigation using these techniques is that a much higher seeding density is mandatory to determine the flow velocity and the turbulence data. Therefore, using helium filled soap bubbles (HFSBs) as tracer particles, they have developed a multi-channel generator 3.2. Metrology for indoor air fields measurements with a nozzle orifice, which is capable to generate up to several thousand HFSBs per second. They have conducted full-scale experiments in their cylindrical convection cell whose dimensions are 7.15 x H 6.3 m. Using their newly built bubble generator, combined with a high power pulsed laser illuminate source, a measurement plane of 4 x 3.5 m can be recorded with the SPIV technique [START_REF] Resagk | Large-scale flow visualization and particle image velocimetry in convective airflow[END_REF]. Later in 2010, using the 3D PTV technique, they were capable to perform an airflow measurement within a zone of 7 x 3 m [START_REF] Lobutova | Investigation of large-scale circulations in room air flows using three-dimensional particle tracking velocimetry[END_REF]. For this study, their 3D PTV technique requires four highspeed camera recording system, a powerful full-volume illumination system and latex balloons as tracer particles. [START_REF] Biwole | Large scale particle tracking velocimetry for 3-dimensional indoor airflow study[END_REF]; [START_REF] Biwole | A complete 3d particle tracking algorithm and its applications to the indoor airflow study[END_REF] have developed a complete large-scale 3D PTV algorithm that can be fully applied to measure the indoor air velocity. He has conducted several experiments within large-scale rooms, such as MINIBAT (3.1 x 3.1 x 2.5 m) and a 5.5 x 3.7 x 2.4 m test room. Their results showed that the algorithm can track more than 1400 tracer particles in a volume up to 3 x 3 x 1.2 m.

Choice of technique for the present study

Indoor airflow measurements in large-scale enclosures as MINIBAT are technically achievable using PIV/PTV techniques. We have conducted a feasibility test in MINIBAT with our existing PIV system. As a result, a significant investment is required for a system that allows to obtain 3D airflow data. In addition, a rail support system is required to displace the camera recording system in MINIBAT. Its intrusiveness potentially disturbs the airflow.

The investigation presented here above led to the decision to use the hot-sphere anemometer. Despite the fact that this is a point-wise and intrusive technique, it still offers a good compromise between the performance and the cost. According to [START_REF] Sun | An Overview of Room Air Motion Measurement: Technology and Application[END_REF], the hot-sphere anemometer is specially designed for indoor airflow applications with a measured speed (velocity magnitude) range from 0.05 to 5 m/s.

Hot-sphere anemometer description

The anemometer selected is an omnidirectional hot-sphere anemometer ThermoAir64 developed by a Swiss manufacturer, Schiltknecht. The Figure 3.2(a) presents a picture of the hot-sphere anemometer.

As mentioned in the section 3.2.1.1, the indoor velocity fluctuation may reach a frequency up to 2 Hz. The hot-sphere anemometer has an acquisition frequency of 10 Hz (with undamped option). The diameter of the sphere (sensing element) is about d spher e = 200 µm. This low size may allow us to capture indoor velocity fluctuations. Lack of information from the manufacturer, we suppose that the material of the probe is Assuming a first-order transfer function of the probe , its amplitude can be expressed as follows:

|T

F ( f )| = 1 1 + (2π f τ) 2 (3.2)
This transfer function is shown in the Figure 3.2(b). We note f 95 , the frequency for which 95% of the fluctuation amplitude can be captured by the anemometer. We have

f 95 1 20τ
0.88 Hz. Hence, it is possible to capture a part of the velocity fluctuations with the anemometer selected. Besides, we note f c , the cut-off frequency for which the signal amplitude through the anemometer begins to attenuated. We have f c = 1 2πτ 2.79 Hz.

Shilknecht proposes two measurement ranges for their anemometer: 0.01-1 m/s and 0.015-5 m/s. The anemometer probes were calibrated by the manufacturer. We did not recalibrate them in the laboratory. The manufacturer provides the following information about the probes accuracy:

• 0.01 -1 m/s with an accuracy of ±1% fs. and ±1.5% rdg.

• 0.015 -5 m/s with an accuracy of ±0.5% fs. and ±1.5% rdg.

(fs. = full-scale ; rdg. = reading value)

The absolute accuracy of the probes are shown in the Figure 3.3. For an anemometer with a measuring range of 0.01 -1 m/s, the accuracy vary from ±0.01 to ±0.025 m/s. For 3.2. Metrology for indoor air fields measurements an anemometer with a measuring range of 0.15 -5 m/s, the accuracy vary from ±0.027 to ±0.1 m/s. However, one should be paid attention with regard to the various factors which can potentially impact the hot-sphere anemometer measurement uncertainty, as presented by [START_REF] Melikov | Accuracy Limitations for Low-Velocity Measurements and Draft Assessment in Rooms[END_REF]. Their detailed study consists in testing four different type of low-velocity hot-sphere anemometer and analyzing the impact of error sources on the accuracy of the mean air velocity and the turbulence intensity. They identified 11 important error sources affecting the measurement:

1. Natural convection 2. Directional sensitivity 3. Frequency response 4. Calibration reference 5. Conversion and reproducibility 6. Velocity gradient 7. Temperature compensation 8. Temperature gradient 9. Air temperature fluctuations 10. Barometric pressure variations 11. Humidity variations Afterward, they were able to quantify the absolute expanded accuracy1 of the measured velocity introduced by the combined effect of all error sources. They defined an equation in which the absolute expanded accuracy of mean air velocity is determined as a function of the mean air velocity. Other equations for the absolute expanded accuracy of the velocity fluctuation and the turbulence intensity are also defined. These equations are given below:

∆ū(ū) = ±(0.025 + 0.025ū) (3.3) ∆σ u (σ u ) = ±(0.007 + 0.15σ u ) (3.4) ∆T I(T I) = ±(4 + 0.23T I) (3.5)
It is beyond our scope to perform such a detailed study as they did. Therefore, we recalculated the absolute accuracy of our hot-sphere anemometer for mean velocity measurement with their formulas. The expanded absolute accuracy are shown in the Figure 3.3. We should keep in mind that the hot-sphere anemometer actually measures air speed (velocity magnitude) but not real air velocity. Anyway, since "velocity" is a more common term and is widely used [START_REF] Popiolek | Assessment of Uncertainty in Measurements with Low Velocity Thermal Anemometers[END_REF], the term "velocity" will be used through-out this manuscript instead of the more correct term "speed", for the sake of simplicity.

Figure 3.3 -Anemometer absolute accuracy as function of mean velocity measured For low velocity measurements (i.e. between 0.01 and 1 m/s), the expanded accuracy recalculated is twice higher than the accuracy given by the manufacturer. A mean velocity value of 1 m/s measured has an absolute accuracy of ±0.05 m/s instead of ±0.025 m/s. More surprisingly, a mean velocity measured as low as 0.01 m/s could have an expanded accuracy of ±0.025 m/s, which is greater than the value itself. As for the hot-sphere anemometer with the measuring range of 0.015 -5 m/s, their expanded absolute accuracy vary between ±0.028 and ±0.15 m/s.

For the present study, we used five anemometers with a range 0.01-1 m/s and five anemometers with a range 0.015-5 m/s. The position of the probes on the mobile robot will be described in the section 3.3.

Indoor air temperature

Temperature measurement techniques

The temperature measurement techniques for HVAC and building applications can also be divided into two categories, which are whole-field and point-wise techniques.

Whole-field air temperature measurement can be achieved by using the infrared thermography [START_REF] Sandberg | Whole-Field Measuring Methods in Ventilated Rooms[END_REF]. However, air is transparent to infrared radiation. Thus, a measuring screen needs to be installed within the indoor volume. The infrared (IR) camera actually measures the temperature of the screen that adopts the air temperature. The problem is the measuring screen disturbs significantly the airflow motion. Besides, the IR camera has an absolute accuracy of about ±2 • C, which is unacceptable for our study.

As for the air temperature measurement using point-wise technique, two sensor types are commonly used: the RTD Pt100 probe and the thermocouple. Here we used thermocouples in order to get faster dynamic response time.

Thermocouples for the present study

In our configuration, we can have a temperature gradient up to 8 • C between the air supply temperature and the zone near the simulated outdoor environment. We used 17 K-type thermocouples 25 µm to scan the temperature field in the test cell. The thermocouples were welded at the CETHIL.

The Figure 3.4(a) presents an image captured of our thermocouples (scale 40:1). Given the very small size of the hot weld, these thermocouples allow a very fast response time. For instance, for the airflow with the air velocity ranging from 0.03 m/s to 2.1 m/s, their response time vary from 8.80 ms down to 6.19 ms. The description of the thermocouple response time determination is given in the appendix C. A precise calibration process is required to guarantee a good accuracy of the thermocouple. The thermocouples were calibrated in-situ at our laboratory. The calibration device consists of a reflux thermostatic bath Lauda RM6T with constant fluid temperature and a reference sensor Pt100 AOIP AN 5847, which is connected to a thermometer AOIP PHP61. More details on the calibration procedure and the uncertainty determination can be found in the appendices A and B. A calibration curve of one of these thermocouples is shown in the Figure 3.4(b) for example. Results issued by the calibration process give an absolute accuracy of approximately ±0.06 • C (on the mean measured value).

Indoor air humidity

The measurement of the indoor air humidity are performed using SHT75 probes manufactured by Sensirion.

The SHT75 probe, whose dimensions are L x W = 5.08 x 3.1 mm, is able to measure the air relative humidity and the air temperature. Pictures of the SHT75 probe are given in the Figure 3.5. The SHT75 probes were calibrated by the manufacturer. We did not recalibrate them in the laboratory. The manufacturer provides the following information about the probes accuracy (c.f. Figure 3.6):

• for the relative humidity: ±1.8 %RH within the measurement range of [10; 90] %RH;

• for the temperature: ±0. 

MINIBAT mobile robot description

Mobile robot system and sensors

In order to determine indoor air velocity, temperature and humidity fields, we have designed and programmed a mobile robot equipped with the sensors described above. A The robot chassis is made of aluminum alloy whose dimensions are L x W x H = 400 x 300 x 120 mm. The chassis can support a maximum load of 15 kg. The main masts (1) and ( 2) are made of carbon fiber. The robot is equipped with 4 Mecanum wheels ( 100 mm) (3); each of these wheels has its own geared DC motor and its own rotary encoder. This configuration makes it possible to independently control the movement of 57 each wheel. The four motors are driven by one Arduino TM microcontroller board, which is located inside the robot chassis. Different schemes of the robot chassis along with additional information on technical specifications can be found in the Appendix G.

A mini-PC Intel R NUC ( 4) is installed on the horizontal mast. It controls the Arduino The central profile (A) has a vertical amplitude of 1.5 m, which extends from 0.5 m to 2.0 m in height. The main purpose of this profile is to measure airflow characteristics within this zone. It includes 7 measurements of air temperature and humidity, and 6 measurements of air velocity. It is the data from this profile which will be analyzed in the further sections.

The mobile robot total cost is evaluated approximately 27,000 euros tax-excluded. It took two years to accomplish, from the design stage to assemblage and programming stage. Compared to the mobile arm on rail system used previously by [START_REF] Hohota | Modélisation de l'humidité dans un code CFD (basses vitesses en grande cavité) : comparaison avec l'expérimental[END_REF] and [START_REF] Kuznik | Etude expérimentale des jets axisymétriques anisothermes horizontaux se développant près d'une paroi. Application à la modélisation numérique des cavités ventilées[END_REF], there are two main advantages of using the mobile robot system: (1) air flow disturbances reduction given the limited volume of materials installed inside the test cell; (2) data measurements in any area of interest, avoiding regular measurement meshes as it was happened before. In addition, the total heat gain due to the microcontroller, the mini PC, the LiDAR and data acquisition systems is of order of 10 W , airflow characteristics disturbance due to natural convection is minimal.

Evaluation of measurement positions

The absolute coordinates of a sensors in the MINIBAT system of coordinates are a combination of:

1. The coordinates of the sensors in the Robot system of coordinates; 2. The coordinate of the Robot in the MINIBAT system of coordinates.

The coordinates of the sensors in the Robot system of coordinates are constant. They were evaluated beforehand. We used a laser level to projected the location of the sensors on a vertical scale (for the Z coordinate) and on a millimeter paper located on the ground (for the X and the Y coordinates).

The center of the robot system of coordinates is located on the rotation axis of the Lidar (Laser Detection And Ranging) system 2 . The Lidar is shown in the Figure 3.7 (6). This system is used to locate the mobile robot within the test cell. Its accuracy is evaluated at ±2 mm.

The Figure 3.9(a) shows a screenshot of the Lidar mapping software in MINIBAT. The Lidar functions at a rate of 6.7 Hz and gives instantly the distance to obstacles within 360 • . A Scilab script is used to convert data from the robot coordinate to the test cell system of coordinates, whose origin was defined previously (c.f. section 2.2.3.1). The Figure 3.9(b) shows the principle schematic for Lidar data processing. Assuming a function that gives the distance between the series of points and the test cell:

f (X , Y, θ ) = d 2 i (X , Y, θ ) (3.6)
2 It is a technique using pulsed laser light to measure distance to an obstacle in every direction. 

Data acquisition system

The temperature, and velocity signals are recorded through data acquisition cards placed in a National Instruments TM NI cRIO-9074 3 data acquisition chassis.

The thermocouples are connected to a cold weld junction box. This box consists in a heavily insulated copper cylinder in which the cold weld junctions of the thermocouples are concentrated. The temperature of the cylinder is measured by two high precision Pt100 probes. The cold junction box redirects the voltage signals of the thermocouple toward two NI-9205 data acquisition cards, and the signal of the Pt100 probes toward one NI-9217 data acquisition card. The anemometers are plugged in a box which distribute their electrical power supply, and redirect their signal toward two NI-9203 data acquisition cards. The SHT75 signals are processed in a laboratory-made electrical circuit which then redirects the signal to a Raspberry Pi 4 control card. The Figure 3.10 presents a scheme of the complete data acquisition network.

The cRIO is connected to the mini-PC, which is remote controlled using Wi-fi data transmission. The mobile robot displacement is piloted using a program executed in the Arduino software. For each robot position, a LabVIEW program is used to collect indoor air measurements via the cRIO controller.

3 CompactRIO (or cRIO) is a real-time embedded controller, with re-configurable input/output modules, and a FPGA (Field-Programmable Gate Array) module, which allows implementing high-speed response time control, custom timing and triggering directly in hardware. 

Experimental protocol

For each measurement campaign, the very first step consists in establishing the steady state within the MINIBAT test cell. During this stage, the set points of the test cell ventilation system, of the thermal buffer zone ventilation system and of the climatic chamber ventilation system are kept constant. According to the observation we made during various experiments conducted before in MINIBAT, a minimum of three days are required to obtain the steady state. During this stabilization period, the wall surface temperatures and the inlet air velocity, temperature and humidity are recorded every five minutes.

Examining planes

Once the steady state is reached, the mobile robot is used to scan an indoor airflow volume of 12 m 3 (L x W x H = 4 x 2 x 1.5 m), divided into 6 horizontal planes (for velocity measurements) and 7 planes (for temperature and humidity measurements). The height of the plane corresponds to the height of the sensors. We distinguish 3 scanning areas in the test cell volume, as shown in the Figure 3.11. • The remaining region is a 2 x 2 m volume located on the north side. In this region, the distance between the measurement points is 0.2 m. This region is considered as the occupied zone, since it is far enough from the air jet zone. This zone can also be considered as the free-zone according to the flow regimes division, as described in the section 3.2.1.1.

Data acquisition parameters

The indoor instantaneous air velocity and temperature are measured with an acquisition frequency of 10 Hz (100 ms between each measure). Recorded values are then averaged over 2000 samples, i.e. in 200 s, to obtain the mean air velocity and the mean air temperature. The averaging allows to reduce the fluctuation error. The indoor air relative humidity is measured with an acquisition frequency of 0.5 Hz, averaged over 100 samples (200 s).

The time required between two positions of the mobile robot is about 5 minutes. It includes the time for the robot displacement, the waiting time before starting the data acquisition and the time for data acquisition mentioned above (3 minutes and 20 seconds).

During the experimental campaign, the boundary conditions data were recorded with a reduced time interval of two minutes. It allows us to follow their evolution and to detect an eventual non-steady behaviors. It took about 1 week, steady state establishment included, to accomplish each experimental campaign.

3.5. Summary

Summary

• Two main matters have been detailed in this chapter: the indoor air fields metrology and the experimental protocol.

• In order to determine the indoor air velocity, temperature and humidity fields, a mobile robot equipped with various sensors has been designed and programmed.

The choice of the hot-sphere anemometer for the indoor air velocity measurement and the thermocouple 25 µm for the air temperature measurement are justified in detail. The absolute accuracy associated with each sensor is also determined.

• Finally the experimental protocol for the indoor air jet study is presented, which includes an initial period for steady state establishment and a test period with a well-defined scanning procedure.

Chapter 4

Turbulent vertical axisymmetric free jet -Empirical model

Introduction

An air jet can be considered as a free jet if his development is not affected and obstructed by any neighboring room architecture elements such as a ceiling, a floor, walls or any other surfaces. This section presents the empirical model for characterizing an axisymmetric free air jet. This empirical model was widely used in the literature for both academic research and practical design [START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF][START_REF] Awbi | Ventilation of buildings[END_REF][START_REF] Ashrae | Thermal environmental conditions for human occupancy[END_REF][START_REF] Rajaratnam | Turbulent Jets[END_REF].

The empirical model of an axisymmetric free jet will be presented as follows:

• section 4.2 gives a short description of the different zones within an air jet;

• section 4.3 treats the cases of an idealized isothermal air jet, where the temperature of the supply air is equal to the temperature of the room ambient air;

• section 4.4 treats the cases of a non-isothermal air jet, where the temperature of the supply air is different from that of the room ambient air. In reality, it is frequently the case. Depending upon the outdoor weather scenario, i.e. winter or summer, the supply air jet could be a heated (hot) air jet or a cooled (cold) air jet, accordingly;

• section 4.5 presents a short discussion on the axisymmetric free jet empirical model.

• section 4.6 describes briefly the different characteristics of the turbulent airflow;

• in the concluding section 4.7, the author describes the procedure that will be used to characterize the experimental jet.

Jet zones decomposition

According to ASHRAE Handbook Fundamentals ASHRAE (2017), the zones decomposition of a full length air jet is based on the flow development and on the maximum velocity decay along the jet axis. As illustrated in the • Zone 1: the potential core is the zone located near the diffuser outlet. In this zone, the centerline velocity u m remains practically unchanged and is equal to the outlet velocity U 0 ;

• Zone 2: the transition zone is the zone where the centerline velocity u m begins to decrease and is assumed to be proportional to 1/x n , where n depends on the outlet characteristics such as its geometry or its aspect ratio. The length of the zone 2 is usually very short. For a circular jet, this zone can be considered as having a negligible length [START_REF] Awbi | Ventilation of buildings[END_REF][START_REF] Kuznik | Etude expérimentale des jets axisymétriques anisothermes horizontaux se développant près d'une paroi. Application à la modélisation numérique des cavités ventilées[END_REF];

• Zone 3: the zone of fully developed jet is the zone where the centerline velocity u m is often approximated as proportional to 1/x and where the jet cross-sectional profiles are found to be similar. In this zone, the heat and mass transfers between the air jet and the room ambient air strongly occur and the airflow has a high turbulence;

• Zone 4: the terminal zone is the zone where the residual velocity decreases rapidly into large-scale turbulent eddies. It is often assumed that the beginning of this zone is located where the centerline velocity goes below 0.25 m/s.

The zone 3 is the zone of the fully established turbulent flow. From a technical point of view, zone 3 is the most important area since, in most cases, it is the part of the jet that enters the occupied region. It is the zone which has the most influence on the occupant thermal comfort and the indoor air quality.

According to ASHRAE ( 2009), an air jet can be decomposed into two layers, which are the core layer and the boundary layer. An illustration is given in the Figure 4.1(b). In this figure, the airflow is divided into two color code:

• the dark blue envelope represents the jet core layer (primary air zone) where the air velocity ratio u m /U 0 is greater than 0.5;

• and the light blue envelope represents the jet boundary layer (total air zone) where the ratio u m /U 0 is greater than 0.5. ASHRAE ( 2009) also pointed out that the primary air zone can be treated analytically, whereas the total air zone is "not subjected to precise analytical treatment". 

Isothermal axisymmetric free air jet characteristics

Centerline velocity decay

For an axisymmetric free air jet, the maximum velocity in the cross-section is located on the jet axis. The maximum velocity decay is also the centerline velocity decay. It is possible to calculate the centerline velocity decay in zone 3 from equations based on the principle of momentum conservation along the jet. The calculation is described in detail in [START_REF] Malmström | Centreline velocity decay measurements in low-velocity axisymmetric jets[END_REF]. The centerline velocity decay in zone 3 is given by the following equation:

u m (x) U 0 = K 1 A 0 x + x (4.1)
with:

• U 0 : the averaged initial velocity at the diffuser outlet [m/s]

• u m (x): the centerline velocity at distance x from the diffuser outlet face [m/s] This formula includes two empirical constants: the maximum velocity decay coefficient K 1 and the virtual origin x. These two parameters, which are interdependent according to [START_REF] Zou | An Experimental Investigation of Turbulent Wall Jets[END_REF], depend mainly upon the type of jets, the type of diffuser outlet, the jet initial velocity and the temperature difference between the air supply and them room ambient air. In other words, K 1 and x need to be evaluate experimentally, there is no universal value of these empirical coefficients.

According to Tuve's experimental studies [START_REF] Tuve | Air velocities in ventilating jets[END_REF], K 1 varies between 5.7 and 7 for a circular jet depending upon the supply air velocity and the type of outlet. [START_REF] Malmström | Centreline velocity decay measurements in low-velocity axisymmetric jets[END_REF] suggests that K 1 depends on the jet initial velocity at the diffuser outlet face: it varies between 3 and 6 for U 0 < 5m/s and remains equal to 6 for U 0 > 5m/s. [START_REF] Kuznik | Etude expérimentale des jets axisymétriques anisothermes horizontaux se développant près d'une paroi. Application à la modélisation numérique des cavités ventilées[END_REF] defined the K 1 -value as a function of the initial Reynolds number Re 0 : K 1 = -3.10 -5 Re 0 +5.424. [START_REF] Chassaing | Turbulence en mécanique des fluides[END_REF] summarizes all the K 1 -value found in the literature 4.3. Isothermal axisymmetric free air jet characteristics in his book. For an initial velocity between 14 m/s and 230 m/s: K 1 = 5.91 ± 0.15.

For a vertical circular jet, Li et al. (1993b) found K 1 = 5.7 for a diffuser effective area A 0 = 0.4 f t 2 0.03716m 2 . ASHRAE (2013) advised a K 1 -value of 4.7 for air jets issued from a floor grille diffuser (i.e. vertical ascendant jets). [START_REF] Awbi | Ventilation of buildings[END_REF] divided supply air diffusers into 4 classes. The class 1 comprises diffusers from which the jet is essentially three-dimensional, e.g. nozzles and grilles. He suggested a value of 4.6 for grilles having free area >40% and U 0 < 5m/s. Some researchers [START_REF] Rajaratnam | Turbulent Jets[END_REF][START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF] set the virtual origin x = 0, for pratical reason. [START_REF] Abramovich | The Theory of Turbulent Jets[END_REF] found that the virtual origin ranges from 0.6d to 2.2d behind the nozzle, where d is the nozzle diameter. According to Zou's study [START_REF] Zou | Air jets in ventilation applications[END_REF], for U 0 < 5m/s, the virtual origin varies between 0 and 4 times the diffuser outlet diameter.

Besides, in the case of an air outlet equipped with a diffuser, U 0 is actually the averaged air velocity at the diffuser outlet face. In fact, it is difficult to evaluate U 0 in a representative manner. There is no single outlet velocity U 0 in the case of a diffuser, but rather multiple local air velocities within a big interval. Therefore, one traditional and simple way to determine the value of U 0 is by averaging the air velocity over the opening section of the diffuser:

U 0 = Q 0 A 0 (4.2)
with Q 0 is the measured supply airflow rate [m 3 /h].

Jet dynamic thickness

According to [START_REF] Rajaratnam | Turbulent Jets[END_REF], the dynamic thickness1 of the jet can be obtained using this equation:

b v (x) = K 2 (x + x) (4.3)
with:

• b v (x): the radial distance from the jet axis to the point where velocity is one-half the centerline velocity:

u(x, r = b v ) = 0.5u m (x) [m] • K 2 : the jet spread coefficient [-]
K 2 -value depends on the type of diffusers (circular, rectangular opening, etc.) the and initial velocity of the jet. It has been evaluated by various researchers in the literature for a circular jet: K 2 = 0.097 according to [START_REF] Abramovich | The Theory of Turbulent Jets[END_REF], 0.151 according to [START_REF] Tollmien | Sonderabdruck aus zeitschrift fur angewandte[END_REF], and 0.1 according to [START_REF] Rajaratnam | Turbulent Jets[END_REF]. [START_REF] Rajaratnam | Turbulent Jets[END_REF], [START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF] and [START_REF] Awbi | Ventilation of buildings[END_REF] demonstrated that, in the fully developed jet region, cross-sectional velocity distribution profiles at different heights of the jet were found to have a similar shape. These profiles could be approximated by the following Gauss error-function:

Velocity profiles in the jet cross-section

u u m (x) = ex p -ln2. r b v (x) 2 (4.4)
where u is the jet velocity corresponding to the radial distance r.

Jet throw

Using the and the definition of the jet zones listed above in the section 4.2, it is possible to determine the diffuser jet throw.

The diffuser jet throw L thr ow is a parameter which is commonly used in air diffuser sizing. It is the distance between the diffuser outlet and the beginning of the terminal zone (where u m < 0.25 m/s). From the equation (4.1), the jet throw is expressed as follows:

L thr ow = K 1 A 0 U 0 u t -x (4.5)
where u t is the velocity in the terminal zone, assumed to be 0.25 m/s.

Non-isothermal axisymmetrical free air jet characteristics

Criteria for vertical non-isothermal air jets

In ventilation for buildings, the temperature of the air jet is often higher or lower than the room ambient air temperature. In these cases, the temperature difference between the supplied air and room air generates buoyancy forces in the jet, affecting the trajectory, the spread as well as the throw of the jet [START_REF] Chen | Vertical turbulent buoyant jets: a review of experimental data[END_REF][START_REF] Koestel | Computing temperatures and velocities in vertical jets of hot or cold air[END_REF]. The Figure 4.3 presents a scheme of what the airflow behavior from vertical non-isothermal jets should looks like in the case of a cold jet and in the case of a hot jet.

Physically, the jet flow behavior is governed by both the buoyancy forces (due to the temperature difference) and the inertia forces (due to the jet momentum). Nonisothermal air jets can be classified as follows [START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF]): • Buoyant jet: buoyancy forces act in the same direction as the inertia forces. This is the case for a downward cold air jet;

• Negative buoyant jet: buoyancy forces act in the opposite direction with the inertia forces. This is the case for a downward hot air jet;

• Plume: the buoyancy forces completely dominate the inertia forces;

• Non-buoyant jet: the effect of buoyancy is negligible, i.e. an isothermal air jet.

The significance of such effects is conditioned by the ratio of the thermal buoyancy to the inertia force within the air jet. This ratio is referred as the Archimedes number. At the diffuser outlet face level, the Archimedes number can be expressed by the following formula:

Ar 0 = g A 0 (T 0 -T amb ) U 2 0 T amb (4.6)
with:

• g: the gravitational acceleration [m/s 2 ]

• T 0 : the air temperature at the diffuser face

[ • C]
• T amb : the room ambient air temperature

[ • C]
• U 0 : the averaged initial velocity at the diffuser outlet [m/s]

• A 0 : the diffuser effective area through which air can pass

[m 2 ]
In this formula, the buoyancy force and the inertia force are represented by the terms g and the terms U 2 0 / A 0 , respectively. The Archimedes number is an algebraic number: a negative value corresponds to a cold air jet situation, whereas a positive value corresponds to a hot air jet.

In general, in the region near the supply air diffuser, the inertia forces dominate the flow since the air jet always has an initial momentum. Hence, it behaves like a nonbuoyant jet. There follows an intermediate region where the the buoyancy forces begin to dominate the inertia forces. In the final region, the initial momentum is nullified and the air jet behaves like a plume. The knowledge about the transition between those regions is important for an air jet characterization, in terms of both velocity and temperature.

Local Archimedes number

Given a non-isothermal axisymmetric free air jet, [START_REF] Grimitlyn | Fundamentals of Optimizing Air Distribution in Ventilated Spaces[END_REF] has defined a local Archimedes number, in order to characterize the relationship between the buoyancy forces and the inertia forces in different cross-sections of the jet:

Ar x = Ar 0 K T K 2 1 x + x A 0 2 (4.7)
with:

• K T : the jet temperature decay coefficient [-]

• K 1 : the jet velocity decay coefficient [-]

• x: the distance to the diffuser face [m]

• x: the virtual origin of the air jet [m]

After intensive experimental investigations, Grimitlyn proposes a threshold value of Archimedes number for which non-isothermal jets can be described by the empirical model:

• Ar x ≤ 0.25: the jet velocity and temperature characteristics can be predictable by applying a correction coefficient K n ;

• Ar x > 0.25: the jet characteristics are unpredictable by empirical model, experimental data should be used instead.

Besides, the air jet can be considered as unaffected by buoyancy forces if Archimedes number ≤ 0.1.

Coefficient of non-isothermality

As mentioned previously, Grimitlyn defined a correction coefficient K n , named coefficient of non-isothermality. This coefficient can be used to determine the velocity and temperature distributions, as long as the criterion of Ar x ≤ 0.25 is satisfied.

For an axisymmetric free jet, the coefficient of non-isothermality K n is expressed as follows:

K n (x) = 3 1 ± 2.5Ar x = 3 1 ± 2.5Ar 0 K T K 2 1 x + x A 0 2 (4.8)
In this equation, the plus-sign corresponds to the situation in which the directions of the buoyancy and the inertia forces coincide, whereas the minus-sign will be used if they do not. In other words, the plus-sign will be applied for a downward cooled air jet, and the minus-sign for a downward heated air jet. 

Velocity and temperature characteristics in a non-isothermal vertical air jet

A simplified schematic of a non-isothermal vertical axisymmetric free jet is presented in the Figure 4.4. The different magnitudes used for the characterization are indicated. As illustrated in the schematic, along with a constant velocity potential core (Zone 1), there is also a constant temperature core zone in a jet. Considering the more intensive heat diffusion than the momentum diffusion, the core of constant temperatures fades away faster than that of constant velocities; and the temperature profile is subsequently flatter than the velocity profile [START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF][START_REF] Awbi | Ventilation of buildings[END_REF].

Before entering into details about the various equations of the empirical model, it would be appropriate to mention the governed assumptions:

• the non-isothermal air jet is supplied into a room in which the ambient air is still and the air temperature is uniform;

• the buoyancy forces are the only force opposing to the inertia forces (in the case of a heated air jet);

• the shape of the temperature and velocity profiles along the jet cross-section still follow a Gaussian curve.

The following sections only describe the equations which are added or modified when we take into account the buoyancy effects in the jet: the jet centerline velocity and temperature decays, the jet throw. The other characteristics remain unchanged.

Centerline velocity and temperature decay

For an axisymmetric free air jet, the maximum velocity and the extremum temperature in the cross-section are all located on the jet centerline axis. The centerline velocity decay and temperature decay2 are determined by the following equations: The equation (4.10) involves another empirical coefficient, K T , for characterizing the jet temperature decay. As in the case of the velocity decay coefficient K 1 , values of K T depend upon the air supply conditions, i.e. the diffuser type, the jet supply velocity and more importantly, the temperature difference between the air supply and the room ambient air. According to [START_REF] Shepelev | Supply ventilation jets and air fountains[END_REF]; [START_REF] Grimitlyn | Fundamentals of Optimizing Air Distribution in Ventilated Spaces[END_REF], there is a relation between the K 1 and K T coefficients. They suggest the following formula:

u m U 0 = K 1 A 0 x + x .K n (x) (4.9) ∆T m ∆T 0 = K T A 0 x + x . 1 K n (x) ( 
K T = K 1 1 + P r 2 (4.11)
where P r is the Prandtl number, which is the ratio between the air momentum diffusivity and the air thermal diffusivity. The Prandtl number actually gives the relative thickness of the momentum and thermal boundary layers. When P r is small, it means that the heat diffuses more than the momentum, so the thermal boundary layer is thicker than the momentum boundary layer. Typical values for P r are around 0.7 -0.8 for air [START_REF] Incropera | Fundamentals of heat and mass transfer, 6th Edition[END_REF]. A Prandtl number of 0.7 has been suggested, according to many researchers in the literature and as reported by [START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF].

Velocity and temperature profiles in the jet cross-section

The jet spread coefficient K 2 is supposed to be unaffected by the buoyancy forces (K 2 = const). The equation for the jet dynamic thickness b v remains unchanged (c.f. equation (4.3)).

It is supposed that the buoyancy forces do not disturb the jet cross-sectional velocity and temperature profiles even if the momentum increases or decreases due to the buoyancy forces. Hence, it would be appropriate to approximate these profiles by the following Gauss error-function: 

u u m = ex p -ln2.

Non-isothermal jet throw

In the case of a downward cold air jet, the jet throw is determined using the equation (4.5) presented in the previous chapter. As for the case of a hot air jet supplied downward, the buoyancy forces become dominating at this stage and strongly disturb the jet flow development. In fact, due to momentum losses, warm air begin to escape in the radial direction, and rise upward due to the convective transfer. This escaping warm air then rises and causes a change in ambient conditions for the upper part of the jet, like a plume. By taking into account the initial Archimedes number, the maximum throw of a downward-projected hot air jet can be determined as follows [START_REF] Grimitlyn | Fundamentals of Optimizing Air Distribution in Ventilated Spaces[END_REF]:

L thr ow = 0.63K 1 A 0 K T Ar 0 -x (4.15)

Free air jet empirical model: Discussions

The empirical model of an axisymmetric free air jet has been presented in this chapter.

The ability of this model to predict the air jet performance was discussed by [START_REF] Chen | Ventilation performance prediction for buildings: A method overview and recent applications[END_REF].

The centerline velocity decay coefficient K 1 and the virtual origin x are key factors for describing the performance of a free air jet since they are directly proportional to the velocity decay along the jet axis. Hence, the determination of their values has received a great attention in the literature (Li et al., 1993b).

K 1 and x are often estimated experimentally based on the linear fitting of the function U 0 /u m = f (x/ A 0 ) [START_REF] Zou | Air jets in ventilation applications[END_REF]. The slope of the line gives the coefficient K 1 (or rather 1/K 1 ). The intersection of the line and the x-axis gives information on x.

On the other hand, K 2 and x can be estimated based on the linear fitting of the function b(x) = K 2 (x + x). The slope of the line gives K 2 ; the intersection of the line and the x-axis gives x. Nevertheless, this approach was rarely used in the literature.

Since the length of the Zone 3 of the air jet is not well-defined beforehand, decisions about which measured points should be comprised in the fitting line might have a great influence on the estimated values of K 1 , K 2 and x. As described previously in the section 3.3, we decided to have 6 measurements of air velocity and 7 measurements of air temperature, humidity in this zone.

Briefly, the free air jet empirical model is a parametric model with three empirical coefficients: the maximum velocity decay K 1 , the jet growth coefficient K 2 and the virtual origin x. Since those coefficients vary upon the diffuser outlet type, the jet initial velocity, their values need to be estimated individually by experimental study according to each test configuration [START_REF] Grimitlyn | Fundamentals of Optimizing Air Distribution in Ventilated Spaces[END_REF]. No universal values were found in the literature. Hence, it is obvious that there is no fixing reference case, but rather a fitting empirical model that could be adjusted upon the test configuration.

Turbulent characteristics of the indoor airflow

In mechanically ventilated enclosures supplied by mixing ventilation air jets, the indoor airflow is rarely laminar. The relatively high velocity within the jet region implies a turbulent airflow. The indoor turbulence airflow has a high random feature. Its characterization involves statistical analysis of time-series signals of the air velocity. The turbulence airflow can be characterized by the following magnitudes:

• the instantaneous velocity u i , where i represents the direction of velocity component (i.e. x, y, z);

• the mean velocity u i ;

• the standard deviation of the velocity σ u ;

• the turbulence intensity T I;

• and the turbulent kinetic energy k.

The instantaneous velocity u i can be Reynolds decomposed as follows:

u i = u i + u i (4.16)
where u i is the mean velocity component and u i is the velocity fluctuation component.

It should be noticed that u i represents the velocity fluctuation in the main flow direction considering the hot-sphere anemometer employed is omnidirectional. The mean velocity is the average of the instantaneous velocity over an interval of time ∆t. Its means the averaged value of the velocity fluctuation is statistically supposed to be equal to zero.

The standard deviation of the velocity is the root-mean-square (RMS) of the fluctuating component. Its shows the average dispersion of the velocity fluctuation over ∆t:

σ u = u i 2 (4.17)
The turbulence intensity T I is defined as the standard deviation divided by the mean velocity. The result is usually expressed as percentage:

T I(%) = u i 2 u i .100 (4.18)
The turbulent kinetic energy per unit mass can be calculated from:

k = 1 2 u i 2 (4.19)
where u i 2 represents the variance of the total energy of the velocity fluctuation.
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The energy spectral density function can be defined from the velocity fluctuation by the following relation:

∞ 0 E( f )d f = u i 2 (4.20)
E( f ) provides information about the distribution of the turbulent kinetic energy over a range of frequencies.

The turbulence intensity T I is useful to predict the sensation of draught, which is believed to provoke the local discomfort due to turbulent flow [START_REF] Fanger | Air turbulence and sensation of draught[END_REF][START_REF] Melikov | Accuracy Limitations for Low-Velocity Measurements and Draft Assessment in Rooms[END_REF]. Nevertheless, the turbulence intensity is not sufficient to characterize the turbulent flow. According to [START_REF] Hanzawa | Airflow characteristics in the occupied zone of ventilated spaces[END_REF], we can found turbulent flows with the same mean velocity and turbulence intensity but having different frequencies in terms of the velocity fluctuation. In addition, [START_REF] Zhou | Equivalent frequency -a new parameter for description of frequency characteristics of airflow fluctuations[END_REF] has pointed out that the main responsible factor for occupants' draught sensation are velocity fluctuations having frequencies between 0.2 and 0.6 Hz. Hence, the present study will address in particular the energy spectra and the turbulent kinetic energy of the turbulent airflow.

Summary: Criteria for characterizing an interacting air jet

The existing empirical coefficients can be served as criteria for describing and quantifying the characteristics of the interacting air jet. K 1 coefficient describes the centerline velocity decay, which is also the maximum velocity decay for an axisymmetric free jet. But this is not necessarily the case for an interacting and deviated jet. Hence, to avoid such confusion, the coefficient K 2 appears to be a more relevant criterion for characterizing such air jets.

On the other hand, for the virtual origin x, its location is affected by the air jet initials conditions. If the air jet flow is disturbed at the diffuser outlet (i.e. by the presence of grilles, etc.), it will cause an increased room air entrainment with the air jet. This influence can be described as an upstream shift of the virtual origin distance, which make the apparent source of the air jet can be located behind the diffuser outlet face [START_REF] Malmström | Influence of output characteristics on free axial air jets[END_REF]. For practical reason, some researchers neglect this distance, since the length of the fully developed jet zone is usually preponderant with regard to the length of the virtual origin [START_REF] Rajaratnam | Turbulent Jets[END_REF]. But in our present study, since the length of the jet is limited by the height of the test cell (2.5 m), taking into account the virtual origin will potentially allow a correction of the jet development.

Under local interaction effects and non-isothermal effects within a realistic configu-4.7. Summary: Criteria for characterizing an interacting air jet ration, a trajectory deviation of the experimental jet is expected. The shape of the jet is expected to be asymmetrical and deformed. Hence, to characterize such an air jet, the data analysis should be able to respond to the following questions. An illustration schematic is given in the Figure 4.5.

(1) The deviation of the jet trajectory from the diffuser axis? The maximum velocity and temperature decays?

(2) The distribution of velocity and temperature cross-sectional profiles? The spread rate of the dynamic and thermal layers in the jet?

(3) The characterization of the shape deformation of those cross-sectional profiles?

(4) The turbulent flow characteristics? (energy spectral distribution, turbulent kinetic energy)

One can notice in the Figure 4.5(b) the presence of two new coefficients K 2,T and xT . In the case of an interacting jet, the velocity and temperature profiles do not necessarily correlated to each other. Hence, K 2,T and xT are introduced to characterize the spread rate and the virtual origin of jet thermal layer. Chapter 5

Interacting air jet -Experimental results and analysis

Introduction

The experimental results of the interacting asymmetric jets are shown and analyzed in the following order:

• section 5.2 describes the different test cases which have been investigated. For each test case, we present the set points applied to MINIBAT, and we expose the measured values of the test cell boundary conditions;

• section 5.3 presents the indoor velocity and temperature fields;

• in section 5.4, the air jet characteristics are computed from the measurement results;

• section 5.5 analyses the turbulence characteristics of the air jet.

Test cases description

In the present chapter, we present and analyze the results of one measurement campaign which consists in three test cases: one isothermal jet, one cold jet and one hot jet. This is the final measurement campaign of the thesis. It was preceded by preliminary measurement campaigns whose measurement results were used to adjust the density of the field measurement mesh, to fit the regulation parameters, and to define the way to analyze the experimental data.

For all the test cases of the present measurement campaign, the supply airflow rate of the ventilation system is 120 m 3 /h. The three test cases are named "iso_120" for the isothermal jet, "cold_120" for the cold jet, and "hot_120" for the hot jet.

Configuration Symbol

Set points

Q 0,sp [m 3 /h] T 0,sp [ • C] T cc,sp [ • C] T t bz,sp [ • C]
Isothermal jet iso_120 120 20 20 20 Cold jet cold_120 120 16 22 22

Hot jet hot_120 120 30 16 20

Table 5.1 -Set points for the three test cases

Where: Q 0,sp -airflow rate set point; T 0,sp -supply air temperature set point; T cc,sp -climatic chamber temperature set point; T t bz,sp -thermal buffer zone temperature set point

The set points for those three test cases are summarized in the Table 5.1. For the "iso_120" test case, the ventilation, thermal buffer zone and climatic chamber temperature set points are all equal to 20 • C. For the "cold_120" test case, the MINIBAT configuration corresponds to a summer climate configuration: the temperature set point in the climatic chamber is 22 • C, the temperature set point of the ventilation is 16 • C, and the temperature set point of the thermal buffer zone is 22 • C. For the "hot_120" test case, the MINIBAT configuration corresponds to a winter climate configuration: the temperature set point in the climatic chamber is 16 • C, the temperature set point of the ventilation is 30 • C, and the temperature set point of the thermal buffer zone is 20 • C.

The measured boundary conditions for each test case are summarized in the Table 5.2 and 5.3. In those tables, the standard deviation quantifies the fluctuations of the measured values over the time during the steady state regime. Let Y be a measured quantity, the standard deviation s Y is given by the equation:

s Y = N Y i=1 (Y i -Y ) 2 N Y -1 (5.1)
where Y i are the measured values, Y is the mean value and N Y is the number of measurement samples.

For the "iso_120" test case, the walls mean temperatures are close to each other. It would be appropriate to consider an isothermal condition. However, the standard deviation of the temperature is high (an order of 0.20 • C). This is probably due to the high temperature fluctuations of the outdoor environment during the days the experimental campaign took place. In the contrast, the "cold_120" and "hot_120" test cases show lower temperature standard deviations. The temperatures of the walls are quite stabilized over the time. The air temperatures in the thermal buffer zone and in the climatic chamber do not differ

Test cases description

Category -Name

Symbol iso_120 cold_120 hot_120

Mean The table 5.3 provides values for the air supply characteristics. The Archimedes number is calculated using the equation (4.6). The Reynolds number is computed using the following equation:

Re 0 = U 0 A 0 ν (5.2)
where ν is the kinematic viscosity of the air supply [m 2 /s].

The measured airflow rate is close to the set point. The control is correct; a standard deviation of about 1 m 3 /h is observed (0.83% with regard to the mean value). The air velocity at the diffuser outlet is calculated using the equation (4.2), there is no standard deviation associated. The mean air temperature is regulated accurately with respect to the set point; the standard deviation is low (about 0.06 • C). The graphs representing the evolution of the measured boundary conditions for the three test cases are given in the Appendix E.

Indoor velocity and temperature fields

In this section, we present the measured mean velocity and mean temperature fields. We remind that the mean values are the values which were averaged over 200 seconds of measurement.

Data processing

The first step consists in interpolating the experimental data obtained on each horizontal measurement plane. This interpolation process allows to visualize the data contour map. It also allows to determine the location and the value of the maximum velocity and temperature points (u m , ∆T m ) (c.f. section 5.4.1.1).

The interpolation was performed using Python language. We use the function interpolate.griddata from the library Scipy. The associated interpolation scheme is the Clough-Tocher scheme [START_REF] Alfeld | A trivariate Clough-Tocher scheme for tetrahedral data[END_REF]. It is a second order, two dimensional interpolation method. It uses 2D Bezier polynomials as interpolation functions. The resulting interpolant is piecewise cubic and continuously differentiable.

The interpolations were first performed on the horizontal measurement planes (Figure 5.1(a) for the velocity and Figure 5.1(b) for the temperature). The interpolated domains formed 0.8 x 0.8 m squares around the jet centerline. The interpolated values were computed on a 2 x 2 mm regular squared mesh (c.f. Table 5.4). The Figure 5.1(c) illustrates a horizontal plane view from the top. It includes the location of the plenum box and the grille diffuser. The coordinates (X , Y ) = (0; 0) corresponds to the diffuser axis.

Then, interpolations were performed over two cross-section vertical planes (c.f. 

Velocity fields

In the following mean velocity contour maps, the air velocities below 0.2 m/s are not plotted. This threshold value was chosen based on recommendations found in the literature [START_REF] Hurnik | Air distribution measurement in a room with a sidewall jet: A 3d benchmark test for CFD validation[END_REF][START_REF] Nastase | Vortex dynamics and mass entrainment in turbulent lobed jets with and without lobe deflection angles[END_REF]. The authors stated that such small velocities did not take part of the dynamic of the jet. Moreover, our hot-sphere anemometers have a relative high uncertainty at the low velocity range. A value measured lower than 0.15 m/s (uncertainty included) can be treated as not reliable (c.f. Figure 3.3). 

Description of the velocity fields over the horizontal planes

The Figures 5.2, 5.3 and 5.4 present the contours maps of mean velocity fields over the horizontal planes (c.f. Figure 5.1(a)). The center of the diffuser is marked by a black dot. The maximum velocity value of each plane is marked by a red dot.

In general, we can notice that the jet flow is developed asymmetrically. As described previously, the jet dynamic core layer is characterized by a mean velocity value over 0.75 m/s. For the isothermal and the hot jet, the core layer has an oval form. This might be explained by the direction of the grille fins, as shown in the Figure 5.1(c). However, in the cold jet case, the direction of the grille fins seems to have much less impact on the velocity core distribution. The velocity contours remain quasi-circular.

The jet dynamic boundary layer can be characterized by a mean velocity value between 0.2 and 0.75 m/s. The shape of the jet boundary layer seems to be deformed by the room geometry, especially by the aspiration of exhausts mouths and by the glazing (temperature gradient between the glazing and the air jet). The diffuser geometry seems to have much less impacts on the jet boundary layer than on the jet core layer. For the hot jet, the jet boundary layer cannot be well defined1 , since the recirculated airflow are also captured by the anemometers.

For the first four planes, the maximum velocity locations are not deviated much from the diffuser axis comparing to the downstream region. Considering the hot jet case, the mean velocity values have decreased to the range of 0.2...0.3 m/s at the downstream region. In this region, the amplitude of the velocity distribution is small and the velocity measurement uncertainty is not negligible. Hence, the computed maximum velocity value is not reliable at this level.

Description of the velocity fields over the vertical planes

The Figure 5.5 presents the contours map of mean velocity fields over the vertical planes. The low threshold value is fixed at 0.2 m/s. The four directions NSEW are given in the figure for a better comprehension. The six measurement planes are indicated by horizontal dashed lines.

The jet boundary layer tends to spread in the direction of the nearest side wall (East wall), after entering the room for a distance of about 0.8 m from the diffuser (Z = 1.7 m). This tendency is observed for all test cases (figures on the right). This behavior could be explained by a pressure difference across the jet caused by the near side wall. In fact, as the air jet develops, the turbulent mixing layer entrains room air from both sides of the jet. A lower static pressure due to the disturbance of the near side wall, creates a deflection of the air flow toward the wall. This phenomenon is a kind of the Coanda effect. It can be observed typically in ceiling horizontal wall jets2 [START_REF] Awbi | Ventilation of buildings[END_REF][START_REF] Zou | An Experimental Investigation of Turbulent Wall Jets[END_REF][START_REF] Kuznik | Etude expérimentale des jets axisymétriques anisothermes horizontaux se développant près d'une paroi. Application à la modélisation numérique des cavités ventilées[END_REF]. [START_REF] Awbi | Ventilation of buildings[END_REF] defined a critical distance D c between the diffuser outlet and the near wall, below which the attachment of the air jet will occurs. For an axisymmetric free jet, D c was found to equal to 6 A 0 . In our case, D c = 0.74 m while the diffuser center is located 1.007 m from the East wall. Hence, the jet flow develops without reaching the wall surface.

For the isothermal jet, the dynamic core layer reaches Z = 1.2 m (1.3 m far from the outlet). For the cold jet, the direction of the buoyancy forces and the inertia forces coincide and thus they help the velocity core reaching Z = 0.8 m (1.7 m far from the outlet). For the hot jet, the buoyancy forces act in the opposite direction of the jet inertia forces. The velocity core cannot reach farther than Z = 1.5 m (1.0 m far from the outlet).

Besides, for the hot jet case, we notice that the jet has a wide spread between Z = 0.8 and Z = 1.7 m. This behavior is due probably to the recirculated airflow. Under the effect of the buoyancy forces, the latter acts in the uprising direction (c.f. Figure 5.5(c)). The jet flow on the East side seems to be influenced by both the Coanda effect and the uprising recirculated flow. As stated earlier in the metrology section 3.2.1.4, the hot-sphere anemometers are omnidirectional; they are able to measure the velocity magnitude but not the velocity direction. It is therefore not possible, in this case, to distinguish the impact of each effect on the jet flow development. From what have been shown in the literature, the real flow pattern of a downward-projected hot jet is very much like an inverted-mushroom [START_REF] Chen | Vertical turbulent buoyant jets: a review of experimental data[END_REF].

Temperature fields

The mean air temperature fields are plotted in this section. Here we plot the contour maps of the temperature difference between the jet and the room ambient air temperature, i.e. ∆T = T -T amb . The Figures 5.6 and 5.7 present the temperature difference contour maps over the seven horizontal planes (c.f. For the hot jet, the jet temperature contours develop widely in the radial direction, which is in agreement with the velocity distribution. Nevertheless, the interesting point is that the thermal layer continues to develop in the axial Z-direction up to Z = 0.2 m, while the dynamic layer has already disintegrate at about Z = 0.5 m. The buoyancy forces have indeed supported the convective heat transfers at these levels. The extremum velocity (or temperature) points are the points where the interpolated velocity (or temperature) values are the maximum over the interpolated planes. We recall that the interpolation scheme we used is a second order interpolation scheme. This scheme allows us to get a subgrid precision on the extremum velocity (and temperature) values and position. This effect is illustrated on a 1D example in the Figure 5.9. Let x i , x i+1 ... x i+3 be four measurement locations, on which we measure the quantities y i , y i+1 ... y i+3 .

Figure 5.9 -Data interpolation principle If we use a first order interpolation scheme, straight lines link the measurement values. The maximum value location must be ones of the measurement locations. If we use a second order interpolation scheme, the measurement points are linked by cubic interpolants, which allow local maximums between the measurement points. The maximum value location can be located between the measurement points. Thus, the precision on the maximum value and the maximum value location are improved by the 2nd order interpolation. Since the mesh size of the interpolation points is 2 x 2 mm, we can expect a minimum 2 mm uncertainty on the maximum point locations.

We provide in this section 3D vizualisations of the jet trajectories. The visualizations were performed on ParaView software. The 3D visualizations also show iso-velocity surfaces at 0.25 m/s to provide a first impression of the jet spreads.

Amplitude and angle of deviation of the jet trajectory

The jet trajectories for the isothermal jet, the cold jet and the hot jet cases are displayed in 3D views in Figures 5.10, 5.12 and 5.14. The (a) figures show a closer visualization of the jet behavior. Visualizations in X and Y-direction are given in (b) and (c) figures.

The quantitative descriptions of the jet deviation from the diffuser axis are given in the Figure 5.11, 5.13 and 5.15 for the three cases accordingly. The (a) figures are plotted in local polar coordinates (0, δ, θ ): the center (0; 0) corresponds to the diffuser axis; the NSEW-directions are the same as those shown previously in the Figure 2.7, the Northdirection points to the exhausts mouths while the South direction points to the glazing. In the (b) figures, the deviation amplitudes δ are plotted against the room height Z.

In the isothermal case, the downstream flow is deviated toward the North-West (NW) direction. The North side is where the exhausts are located: the jet is attracted by the exhaust mouth. The West side is the side where the jet has more space to spread on the East-West direction. The presence of the plenum box may also have an impact on this deviation: the jet flow at the upstream is shifted toward the North side. The plenum box imposes an abrupt change of the inlet airflow and tends to deviate the jet flow at the diffuser face. As shown in Fig. 5.11, at the upstream region, the deviation amplitude remains minimal (1 cm to 2 cm). At the downstream region (Z = 0.76 m and 0.51 m), the deviation is much more visible with an amplitude reaching 15 cm and an angle of 45 • (NW-direction).

In the summer scenario (cold jet), the deviation of the jet trajectory is much smaller. It is concentrated at the lower part of the jet where the jet seems to be attracted in the South direction. The higher temperature of the glazing causes an aspiration at the ground level due to natural convection flows. The maximum velocity decay curve and the minimum temperature decay curves seem to inline to each other. This alignment shows the coherence between the core dynamic layer and the core thermal layer within the air jet. The velocity contours in Figure 5.12(b) and 5.12(c) show that the jets tends to spread over the South direction (due to the aspiration of the glazing) and the East direction (due to the Coanda effect). The velocity curve deviates slightly to the West direction at the upstream region (c.f. Fig. 5.13). However, the deviation amplitude remains minimal, r < 1 cm. Then, the amplitude reach 2 cm at Z = 0.76 m and 5 cm at Z = 0.51 m. The velocity curve deviates toward the South side under the aspiration effect of the temperature gradient at the glazing. The minimum temperature curve develops more narrowly; the deviation amplitude does not exceed 2 cm. The first three points deviate slightly to the NW-direction and the four others to the South direction, which are in coherence with the velocity curve. The mean and maximum absolute difference between the two curves are respectively 0.5 cm and In the winter scenario (hot jet), the hot jet shows a large spread right after leaving the diffuser (c.f. Figure 5.14(a)). The jet trajectory seems to curve towards the West direction at the region near the floor. However, it could not reach the floor and seems to disintegrate earlier than the two other cases. The velocity and temperature decay curves are aligned in the upstream region (c.f. Fig. 5.15). They deviate generally in the NW-direction. The mean absolute difference is about 0.8 cm. The maximum velocity values in the last two planes are not plotted due to its questionable reliability. There is an agreement between the jet behavior in the first four measurement planes. In this region, the influence of the temperature gradients in the room is weaker and the jet behavior mainly depends on the upstream flow. All the jets deviated in the quarter formed by the North and the West directions, with a deviation amplitudes which do not exceed 6 cm. Due to the effect of the buoyancy forces, the cold air jet trajectory is the least deviated while the hot air jet trajectory is the most deviated.

Jet cross-sectional distributions

For characterizing the jet cross-sectional distributions, it is common to represent the velocity and temperature fields in terms of dimensionless values u u m , ∆T ∆T m [START_REF] Rajaratnam | Turbulent Jets[END_REF][START_REF] Awbi | Ventilation of buildings[END_REF][START_REF] Ashrae | Thermal environmental conditions for human occupancy[END_REF]. 100

Interacting asymmetric jet characterization

The theory predicts that the velocity and the temperature distributions in the jet crosssection are axisymmetric and follow a Gaussian curve along the radial direction. In this section, we visualize the radial distributions of the velocity and the temperature to check if we retrieve the Gaussian distributions.

Data processing

The measured temperature and velocity distributions are not centered around the jet axis (due to the deviation of the jet) and are not axisymmetric. It is then irrelevant to plot the velocity and temperature evolution along the X and the Y directions to have an idea of their distributions. We would risk a loss of information with such an analysis. To visualize the velocity and temperature evolution across the jet, we plot the velocity and temperature values as functions of the disk-equivalent radius r Deq .

Figure 5.17 -Area and disk-equivalent radius of an isocontour

To get the disk-equivalent radius for a specific velocity or temperature value, we first draw the corresponding isocontour on the selected measurement plane (c.f. Figure 5.17). Then we compute the area S c [m 2 ] inside the isocontour. The disk-equivalent radius is the radius of a circular contour which would have the same area:

r Deq = S c π (5.3)
The disk-equivalent radius is inspired from the "equivalent diameter" employed in duct sizing3 . This approach was addressed in the book of [START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF], but it was rarely used in the literature.

We first plotted the dimensionless velocity values u/u m as functions of the disk-equivalent radius r Deq . We got one curve for each measurement plane. From each curve, we identified the jet dynamic thickness b v . This is the value of the disk-equivalent radius where u/u m is equal to 0.5:

b v = r Deq u u m = 0.5 (5.4)
The same procedure was used to determine the jet thermal thickness b T . We first plotted the dimensionless temperature difference ∆T /∆T m as functions of the disk-equivalent radius r Deq . We got one curve for each measurement plane. On each curve, the jet thermal thickness is the value of the disk-equivalent radius where:

b T = r Deq ∆T ∆T m = 0.5 (5.5)
Finally, the dimensionless velocity and temperature distributions are plotted as functions of the dimensionless disk-equivalent radius r Deq /b v and r Deq /b T .

Velocity and temperature distributions in the jet cross-section

The contour maps of the dimensionless velocity and temperature distribution are given in the Appendix H. Those graphs are used to compute the disk-equivalent radius of each isocontour in the horizontal measurement planes. 

Figure 5.18 -iso_120 -Dimensionless velocity profiles distribution

There is a remarkable self-similarity between all the profiles despite the asymmetric spreading. The measurement points located above the reference curve indicate a larger spread. Otherwise, the points located below the reference curve indicate a smaller spread.

For the isothermal jet (c.f. Fig. 5.18), the jet spreads roughly with the same rate as the reference profile at the core zone (u/u m > 0.5). At the jet boundary layer (u/u m < 0.3), the jet spreads about 18% larger than the reference profile. The cross-sectional The same conclusions can be drawn for the non-isothermal jets. The figures 5.19 and 5.20 highlight the self-similarity of both the cross-sectional velocity and temperature profiles.

In the core zone of the cold jet, the velocity and temperature profiles have a smaller spread than the reference profile. It is assumed that this behavior is due to the coincided inertia and buoyancy forces which have the opposite effect on the heat transfer. The profiles have a larger spread in the jet boundary zone where the airflow is constrained by both the turbulence and the convective heat transfer. The profiles at the downstream flow seem to be distributed linearly rather than normally. The same tendency is observed for the hot air jet. The velocity profiles at Z = 0.76 and 0.51 m show some dispersion compared to the other profiles. However, the results at this level are subjected to uncertainty due to the low velocity values. The dimensionless velocity value below 0.5 of the planes Z = 0.76 and 0.51 m are not plotted.

Jet thickness and spread rate

One of the most important criteria for characterizing an air jet is the jet dynamic spread rate K 2 . This is the rate of the evolution of the jet dynamic thickness b v along the xdirection (the x-direction is the axial distance from the diffuser face). We recall that the equation for b v (x) is (c.f. section 4.3.2):

b v (x) = K 2 (x + x) (5.6)
where x is the virtual origin of the jet dynamic layer.

For non-isothermal jets, we also define the jet thermal spread rate K 2,T as the rate of evolution of the jet thermal thickness along the x-direction:

b T (x) = K 2,T (x + x T ) (5.7)
where x T is the virtual origin of the jet thermal layer. We recall that, from a theoretical point of view, the relations between b v (x) and b T (x) should be (c.f. section 4.4.2.2):

b T = b v 1 P r
(5.8)

Data processing

To determine the values of K 2 and x, we first plot the values of b v determined by the procedure described in section 5.4.2, as functions of x = H -Z where Z is the height of the measurement plane, and H = 2.5 m is the height of the room.

Then we perform a linear regression to estimate the relationship between these points. The slope and the x-intercept of the line correspond respectively to the jet spread coefficient K 2 and the virtual origin x.

The linear regressions were performed with the function stats.linregress from the Scipy library of Python.

The procedure above-mentioned was also applied on the jet thermal thickness to get the jet thermal spread rate K 2,T and the virtual origin of the jet thermal layer x T .

Jet dynamic and thermal spread

The Figure 5.21 presents the linear regression graphs of the jet dynamic thickness of the three test cases. The Figure 5.22 presents the linear regression graphs on the jet For the jet dynamic thickness, individual results of the three cases are combined into one single graph for a better comparison (c.f. Figure 5.21(d)). The three coefficient of determination R 2 obtained are all higher than 0.98. This coefficient represents the goodness of a fit: R 2 = 1 means a perfect fit and 0 < R 2 < 0.6 means a poor fit. Hence, it is possible to assume a linear spread of the interacting asymmetrical jet considered. The jet dynamic spread rates increase in the following order: cold < isothermal < hot (K 2 = 0.091, 0.126, 0.143 accordingly). This result is in agreement with remarks noticed on the effect of buoyancy forces. The coincidence of inertia and buoyancy forces makes the cold jet spreads more narrowly, whereas the reversed buoyancy forces make the hot jet spreads more widely. Besides, the jet dynamic virtual origin, issued from the linear fitting, increases in the reverse order: hot < isothermal < cold (x = 0.154, 0.223, 0.457 m accordingly). The dynamic virtual origin of the jet is located further from the diffuser surface when the jet is colder.

For the jet thermal thickness, results of both the jet dynamic and thermal spread are combined into one graph (c.f. Figure 5.22(c) for the cold jet and Figure 5.22(d) for the hot jet). In those graphs, the square markers represent the jet dynamic thickness and the dot markers represent the jet thermal thickness issued from measured data. The dashedlines show the jet dynamic spreads, the solid-lines show the jet thermal spreads obtained experimentally and the dotted-lines give the jet thermal spreads deducted empirically using the equation (5.8). Given the relative high coefficient R 2 obtained, we can assume a linear spread of the jet thermal layer. The jet thermal spread is smaller than the jet dynamic spread (K 2,T = 0.083 < 0.091 = K 2 ) for the cold jet, while the reverse order is observed for the hot jet (K 2,T = 0.193 > 0.143 = K 2 ). Besides, we can notice a discrepancy between the jet thermal thickness obtained experimentally and empirically. For the cold jet, the experimental thermal layer tends to spread larger than the empirical one at the upstream but then spreads more narrowly at the downstream. Their relative mean difference is about 5%. For the hot jet, the experimental thermal layer always has a large spread compared to the empirical one with a difference of 25%.

These parameters for characterizing the jet spread are summarized in the Table 5.5. Their uncertainties (at 95% confidence interval) are also reported. The results on the hot jet dynamic layer show a largest uncertainty compared to other cases. For instance, the virtual origin of the dynamic layer could actually located in front of the diffuser face and not behind it (x < 0). This is because the linear regression for the hot jet case was performed on 5 points (instead of 6). The last point was excluded given its questionable reliability as mentioned previously. That explains the relative large width of the confidence limits band obtained (c.f. Figure 5.21(c)). For the isothermal jet, the jet spread coefficient is found to equal to 0.126, which lies between the interval [0.085 -0.151] found in the literature for an isothermal axisymmetric free jet [START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF].
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Jet dynamic spread 

K 2 [-] 0 

Maximum velocity and temperature decay

The maximum velocity and temperature decays are widely used in the literature to describe the behavior of a free jet [START_REF] Zou | Velocity Decay in Air Jets for HVAC Applications[END_REF][START_REF] Awbi | Ventilation of buildings[END_REF]. Those decays are theoretically predicted by equations (4.9) and (4.10). Those equations involve two empirical coefficients: K 1 , K T and their corresponding virtual origin x, x T .

Here, we will determine the values of those coefficients for our measured velocity and temperature decays.

Data processing

We recall the equations the theory used for predicting the decays of a free jet:

u m U 0 = K 1 A 0 x + x (5.9a) u m U 0 = K 1 A 0 x + x .K n (x) (5.9b) ∆T m ∆T 0 = K T A 0 x + x . 1 K n (x)
(5.9c)

For isothermal jets (eq. (5.9a)), K 1 and x are estimated based on the linear regression of the function U 0 /u m = f (x/ A 0 ). The slope and the x-intercept of the fitted line correspond to 1/K 1 and x/ A 0 . For non-isothermal jets (eq. (5.9b), (5.9c)), the theory predicts that the value of K 1 remains the same between an isothermal and a non-isothermal jet (with the same inlet flow rate). The effects of the non-isothermality are taken into account by the coefficient K n (x) (c.f. section 4.4.1.2). The relationship between U 0 /u m (or ∆T 0 /∆T m ) and x/ A 0 is not necessarily linear since K n (x) depends on x/ A 0 to the power of 2/3.

In this section, we will assume that the non-linearity due to the temperature gradient is weak and that we can express the jet maximum velocity and temperature decays with the equations (5.10a) and (5.10b). Those equations involve the four coefficients K 1 , K T , x and x T that we will determine from the linear regression.

u m U 0 = K 1 A 0 x + x (5.10a) ∆T m ∆T 0 = K T A 0
x + x T (5.10b)

Evaluation of the jet decays

The graphs of the jet velocity and temperature decay are presented in Figures 5.23 and 5.24. The jet maximum velocity and temperature decays u m /U 0 and ∆T m /∆T 0 are plotted as functions of the dimensionless jet axial distance x/ A 0 . Values of U 0 and ∆T 0 (=T 0 -T a mb) in the three test cases are recapitulated in the Table 5.6.

iso_120 cold_120 hot_120 U 0 [m/s] 2.18 ∆T 0 [ • C] - -3.74 6.75
Table 5.6 -Values of U 0 and ∆T 0 in the three test cases

For the maximum velocity decay (Fig. 5.23(b)), we can observe a same tendency between the three curves corresponding to the three test cases. In each measurement plane, the velocity values decrease in the following order: cold > isothermal > hot. Compared to the isothermal jet, the cold jet has a slower decay (u m /U 0 increases by 15.6%); the hot jet has a quicker decay (u m /U 0 decreases by 22.4%).

The Figure 5.23(a) presents the maximum velocity decay of the isothermal jet that taken into account the virtual origin. A curve of the empirical free jet is presented for reference. This curve is computed using the equation (5.9a) with K 1 = 4.7 (ASHRAE, 2017) and x = 0.223 m (c.f. Table 5.5). The maximum velocity decay of the isothermal jet does not differ much from that of the free jet (0.6% of mean relative difference).

For the maximum temperature decay (Fig. 5.24), in the contrast with the velocity This contrast result between the cold and hot jet can be reasonably explained by the buoyancy effects, which have opposite impacts on those two jet cases. Besides, it is possible to deduct that the architectural elements might deviate the jet trajectory but due to the mass conservation, the free jet and the interacting jet have about the same maximum velocity decay, at least in the isothermal condition.

Regression results

The Figure 5.25 and 5.26 present the results of the linear regression which were used to determine the coefficients characterizing the maximum velocity and temperature decay of the experimental jet. The estimated equations, their coefficient of determination and their associated confidence limits band are given.

In all those graphs, the coefficient of determination R 2 are all higher than 0. linear decay can be assumed for the jet maximum velocity and temperature. The regression of the hot jet velocity decay is only based on four points; thus, the confidence limits band is broader compared to other graphs. The regression of the hot jet temperature decay gives the best fit (R 2 = 0.995), and the confidence limits band is much smaller. The coefficients deducted from the linear regression are summarized in the Table 5.7.
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Velocity decay coeff. For the isothermal jet, a value of 4.945 is found for the velocity decay coefficient K 1 . This value is not far from the values found in the literature for a vertical grille diffuser: 4.7 for a floor grille (ASHRAE, 2017), 4.6 for a grille with free area >40% [START_REF] Awbi | Ventilation of buildings[END_REF]. A value of 0.224 m is found for the virtual origin x. This value is in agreement with the value found previously in the section 5.4.3.2.

For the non-isothermal jet, if we assume that the decays are linear, the cold jet has a highest K 1 -value while the hot jet has the lowest. The dynamic virtual origin x found for this part are not in very consistency with that found in the previous section. The uncertainties associated to x are larger due to the less goodness of the linear fitting compared to the previous one. On the other side, the hot jet has a K T -value twice as high as that of the cold jet. The thermal virtual origin x T of the cold jet is in agreement with what found previously (uncertainty included). The hot jet has a x T reaching up to 1 m, which is 5 times higher than that found previously. This length is not physically true since it is even located outside of the supply air circuit.

Quantification of jet profiles deformation

Deformation indicator definition

For quantifying the deformation of the jet cross-sectional profiles, we define a deformation indicator, noted DI. For a given jet cross-section, this indicator can be used to describe how much the jet is deformed with respect to a circular spread (i.e. an axisym-5.4. Interacting asymmetric jet characterization metric free jet). The deformation indicator is given by the following formula:

DI = r h r Deq
(5.11)

The deformation indicator is computed for each measurement plane, for a set of velocity (and temperature) values. Let's consider a particular velocity value. We saw in the section 5.4.2.1 how to compute the disk-equivalent radius r Deq for that velocity value from the area S c inside its isocontour. The hydraulic radius4 r h depends on the area S c inside the isocontour, and on the perimeter P c of the isocontour (c.f. Figure 5.17):

r h = 2S c P c
(5.12)

The hydraulic radius takes into account the isocontour perimeter, and thus can represent the effective radius corresponding to a given isocontour shape. As shown in the Figure 5.27, for a circular isocontour, we get r h = r Deq , so DI = 1. For a distorted isocontour with the same area, the hydraulic radius decreases, so DI gets values below 1.

Figure 5.27 -Hydraulic radius and disk-equivalent radius of an isocontour Hence, DI has an interval value between [0; 1]. DI = 1 means zero-deformation, a circular contour is obtained. A DI-value near zero means the contour is strongly deformed; but it is rarely the case, at least for an air jet issued from a diffuser with circular opening.

Jet profiles deformation evaluation

The DI-values are calculated for different dimensionless velocity and temperature values u/u m and ∆T /∆T m . Their values are plotted in the Figure 5.28, 5.29 and 5.30 for the isothermal, cold and hot jet case. The scatter points give us the variation of DI of different dimensionless velocity and temperature values. The curve presents the mean value of DI according to each cross-sectional plane. For the isothermal jet (Fig. 5.28), the mean-value curves show generally that profiles in the upstream are less deformed than that in the downstream. The plane Z = 1.5 m is the least deformed with DI = 0.95. Then DI decreases from 0.95 to 0.85 when Z decreases from 1.5 to 0.5 m. Now let's take a closer look to the scatter points in each cross-sectional profile. In the upstream, the jet shows a larger deformation in the core zone than in the boundary zone: the dimensionless velocity value 0.9 is the most deformed in the first four planes. This is the jet core velocity, which is mainly deformed because of the diffuser geometry. Contrariwise, in the two lowest planes, the profile 0.2 is the most deformed due to its interaction with room architectural elements. This is the jet boundary layer which is distorted at this level.

For the cold jet (Fig. 5.29), a same tendency is observed for the mean curve. The velocity profiles show that DI mean values decrease from 0.98 to 0.86 when Z decrease from 2 to 0.5 m. The temperature profiles show a general concordance of DI mean values with the velocity profiles, except for the profile Z = 1.50 m. At this height, the velocity profile at the boundary has already spread out and deformed while the temperature profile still stay closed to the circular shape. In each cross-section plane, the DI-value tends to decrease when u/u m and ∆T /∆T m decrease, i.e. from the jet core zone to the boundary zone. The velocity profiles in the core layer and in the jet upstream are the least deformed due to the effect of buoyancy forces. At the boundary zone, the interaction effects with architectural elements dominate the airflow. Theses effects include the aspirations of the exhaust mouths, the near side-wall and the gradient temperature at the glazing. Hence, the profiles are likely to be more deformed.

For the hot jet (Fig. 5.30), the mean curves show a similar tendency: less deformed in the upstream and more deformed in the downstream. Following the room height, the DI mean values decrease from about 0.95 to 0.81 when Z decreases. The temperature profiles are less deformed with a mean value decreasing from 0.98 to 0.90. In each cross-section plane, for the velocity profiles, the DI-value tends to increase when u/u m decreases. It is the same tendency as the isothermal jet case. The profile 0.2 at Z = 1.5 and 1.25 m seem to largely deformed. The profiles below 0.5 at Z = 0.75 and 0.5 m have DI-values greater than 1 and are not shown in the graph. This is due to the fact that those contours are not fully connected, as shown in the Fig. H.3. Hence, the DI-value obtained are not exact. For the temperature profiles, the DI-value increases when u/u m increases. The thermal core layer is the least deformed while the boundary is the most deformed. This result is reasonable given the strong convective transfer at this zone.

Characterization of the indoor flow turbulence

In this section, we present the characteristics of the turbulence of the airflow. These characteristics were introduced previously in the section 4.6.

Energy spectral density analysis

Data processing

A spectral analysis of the turbulent flow implies a treatment of time-series air velocity data signals. In order to obtain a relevant energy spectral density function, we should take into account the two following factors:

• the probe performance: the transfer function and the frequency f 95 , for which 95% of the fluctuation amplitude can be captured by the probe (c.f. section 3.2.1.4);

• the algorithm used for discrete-time signal processing. To express the velocity fluctuation in the frequency-domain, a Fast Fourier Transform (FFT) method is used. The original spectra is computed using a Discrete Fourier Transform (DFT). The output is Hermitian-symmetric: the negative frequency terms are redundant since they are just the complex conjugates values of the corresponding positivefrequency terms. The transformation is computed up to the Nyquist frequency, which corresponds to f s /2 = 5 Hz in this case. The spectra using a simple DFT appears to be noisy. This noise is mainly due to the finite data sample. It is not quite useful for the interpretation. Hence, an improvement is performed using the Welch's method [START_REF] Welch | The use of fast Fourier transform for the estimation of power spectra: a method based on time averaging over short, modified periodograms[END_REF]. Here is the principle of the Welch's method:

1. the data is divided into overlapping segments; 2. a non-rectangular window function is applied to the overlapping segments. This process helps avoiding redundant information due to overlapping data;

3. the energy spectral density of each windowed segment is computed using the DFT, and is then averaged.

The method reduces the variance of the estimated energy spectra, as shown in the Figure 5.31. The data computing was performed using Python programming language and the Scipy library. The functions signal.periodogram and signal.welch were used to compute the original spectra and the spectra with the Welch method, respectively.

We cannot analyze the energy spectra of all the measurement points in the present document. It would be fastidious and most of the information would be redundant. So we restricted our analysis of the turbulent spectra to three (X,Y) positions. For each (X,Y) position, we will plot the turbulence spectra which correspond to the 6 velocity measurement heights. The corresponding vertical lines are shown in the Figure 5.32. They are representative for the three zones in the room. The position (1), located right in the diffuser axis, represents the jet core zone; the position (2), located 0.2 m from the diffuser axis, represents the jet boundary zone; and the position (3), located 2 m from the diffuser axis, represents the occupied zone.

Energy spectra of the turbulent flow

The Figure 5.33 presents the energy spectra of the velocity fluctuation for the hot jet case, for the three (X,Y) positions mentioned previously. For each figure, the four graphs (a), (b), (c) and (d) show respectively the energy spectra at the air inlet, in the jet core zone, in the jet boundary zone and in the occupied zone. The graph "Air inlet" corresponds to the supply air velocity measured by the anemometer in the inlet circuit (c.f. Fig. 2.11). The same tendencies are observed for the graphs of the two other test cases. Those graphs are given in the Figure H.6, H.7 in the Appendix H to avoid overloading the section. In the first graph, the transfer function of our probe and the dashed-line corresponding to the frequency f 95 are shown. But in the other graphs, only the f 95 -line is shown. We remind that the energy spectral density function describes the distribution of the turbulent kinetic energy with respect to a frequency range. The low-frequency components correspond to large eddies and the higher to smaller eddies. We should note that only a part of the turbulent kinetic energy can be captured with our anemometers. We assume that the data located on the left of the dashed-line are not yet damped by the probe.

In general, all the spectra show that the large eddies are the main contribution to the total turbulent kinetic energy. At the air inlet, the curves have roughly the same distribution, and tend to follow the f -5/3 Kolmogorov law [START_REF] Hanzawa | Airflow characteristics in the occupied zone of ventilated spaces[END_REF] in the frequency above 0.3 Hz. At the jet core zone and the jet boundary zone, the velocities contain higher levels of the turbulent kinetic energy compared to those in the air inlet (represented by the dottedcurve). The curves tend to decrease quicker than the f -5/3 law. High fluctuations in the high-frequency range can be observed in the core zone compared to the boundary zone. This indicates that more small eddies are generated due to the large velocity gradients in the core zone. At the occupied zone, the distribution of the turbulent kinetic energy is significantly reduced. In most of the cases, we can observe a peak frequency at about 2 Hz, whose origin remains unknown.

Turbulence intensity and turbulent kinetic energy

Data processing

For the same three (X,Y) positions presented above, the Figure 5.34 presents the characteristics of the turbulent flow following the room height, in the three cases. Those characteristics are: the standard deviation of velocity σ u (a), the turbulent kinetic energy k (b) and the turbulence intensity T I (c). We recall that the equations used for computing those characteristics are (c.f. section 4.6):

σ u = u 2 (5.13a) k = 0.5u 2 (5.13b) T I = 100.σ u /u (5.13c)
where u is the mean velocity and u is the velocity fluctuation.

The standard deviation of the velocity represents the average dispersion of the velocity fluctuation over an interval of time. The turbulent kinetic energy represents the kinetic energy contained in turbulent eddies. The turbulence intensity represents the degree of turbulence in percentage.

The absolute uncertainty associated to each characteristic is presented in the graph. The calculation is based on the equations (3.3). They are the minimum realistic expanded uncertainty at 95% confidence, proposed by [START_REF] Melikov | Accuracy Limitations for Low-Velocity Measurements and Draft Assessment in Rooms[END_REF] which takes into account the various error sources.

Results analysis

For the standard deviation of the air velocity σ u and the turbulent kinetic energy k, we can observe a similar tendency for all the three cases. The uncertainty band associated to the turbulent kinetic energy is broader since k is correlated to σ u by the equation (4.19). Its absolute uncertainty is evaluated to equal to ±2.σ u .∆σ u . Between the three zones, the core zone and the boundary zone have the σ u and k much higher than that in the occupied zone and the air inlet. In the air inlet, the averaged standard deviation is σ u = 0.066 m/s, the averaged turbulent kinetic energy is k = 0.22 × 10 -2 m 2 /s 2 . With regard to the air inlet, we have:

• in the jet core zone: σ u = 0.148 m/s (increased by 125%); k = 1.13 × 10 -2 m 2 /s 2 (increased by 400%);

• in the boundary zone: σ u = 0.168 m/s (increased by 155%); k = 1.44×10 -2 m 2 /s 2 (increased by 550%);

• in the occupied zone: σ u = 0.031 m/s (decreased by 50%); k = 0.06 × 10 -2 m 2 /s 2 (decreased by 70%).

A high standard deviation indicates a high velocity fluctuation. According to the turbulence theory [START_REF] Hinze | Turbulence[END_REF], the velocity fluctuation are responsible for the generation of turbulence. At the jet zone, the turbulence is generated due to the mixing interaction between the jet air and the room air and between the jet and the local architectural elements. The turbulence is subsequently transported from the jet zone to the occupied zone by the convection but it is also dissipated by the viscous effect. This may explain the significant lower turbulent kinetic energy of the airflow in the occupied zone compared to the jet zone. These observations are in agreement with results from (Li et al., 1993b).

For the averaged turbulence intensity, we have T I = 14.95% in the jet core zone. In the jet boundary zone, we have T I = 38.31% (increased by 160%); and in the occupied zone, T I = 52.58% (increased by 250%). For information, we have T I = 3.86% in the air inlet.

In the contrast with the turbulent kinetic energy, the turbulence intensity is the highest in the occupied zone and the lowest in the jet core zone. This can be explained by the fact that the turbulence intensity is the ratio between the standard deviation and the mean velocity. The mean velocity is much lower in the occupied zone than in the core zone, e.g. an averaged value of 0.07 m/s compared to 1.04 m/s. The mean velocity is increased by 14 times while the standard deviation is only increased by 4 times. Zhang et al. (1992b) concluded that the turbulent kinetic energy is "a more appropriate term to represent the importance of the turbulence effect on the room air motion than the turbulence intensity". The turbulence intensity is required to characterize the draught sensation, though [START_REF] Fanger | Air turbulence and sensation of draught[END_REF][START_REF] Fanger | Turbulence and draft[END_REF]).

Now we analyze the graphs over the room height Z. For the jet core zone, σ u and k increase by 36% from Z = 2.0 m to 1.75 m. They decrease progressively by 30% between Z = 1.75 and 0.75 m. Then they decrease drastically by 60% from 0.75 m to 0.5 m. The same tendency is observed for the jet boundary zone, except that σ u and k are the most higher between Z = 1.5 and 0.75 m. In the occupied zone, σ u and k also decrease with the room height, but not significantly since their magnitude are already too low. For the turbulence intensity, the three cases show a different tendency if we don't take into account the uncertainty bands. In the jet core zone, T I seems to increase when Z decreases. In the jet boundary zone, the isothermal jet and the cold jet show that T I also decrease with Z, but the hot jet does not follow this tendency. In the occupied zone, the mean velocity is too low that we can see a T I reaching up to 80% at some location.

Turbulent kinetic energy spatial distribution

Data processing

Here we used the interpolation technique described in section 5.3.1 to interpolate the values of turbulent kinetic energy. The size of the grid and the interpolation step for each direction are given in the Table 5.8.

X Y Z

Interpolation plane size

[m] [-0.7 ; 1.0] [-1.3 ; 1.0] [0.1 ; 2.0]
Interpolation step [m] 0.002 0.002 0.125 Table 5.8 -Grid size and interpolation step

Description of the turbulent kinetic energy fields over the horizontal planes

The Figure 5.35, 5.36 and 5.37 present the spatial distribution of the turbulent kinetic energy over the horizontal planes, for the three test cases. The center of the diffuser is marked by a black dot. The maximum turbulent kinetic energy value of each plane determined by the interpolation is marked by a red dot. We don't display turbulent kinetic energy values below k = 0.1×10 -2 m 2 /s 2 for a better visualization of the transport process. In general, the same tendency is observed for the three test cases. Around the diffuser axis, a small zone (a diameter of about 0.1 m) is formed, in which the turbulent kinetic energy is low (about 0.3 × 10 -2 m 2 /s 2 ). It is the jet core zone. Around this zone, a zone in the form of a ring contains significantly higher values of the turbulent kinetic energy k. This zone, with an outer diameter reaching 0.2 m, corresponds to the jet boundary zone. The maximum value of k for each plane is always located in this zone, and it decreases with the room height Z:

• for the isothermal jet: k decreases from 2.48×10 -2 m 2 /s 2 down to 1.17×10 -2 m 2 /s 2 (1.1 times lower);

• for the cold jet: k decreases from 2.82×10 -2 m 2 /s 2 down to 1.11×10 -2 m 2 /s 2 (2.5 times lower);

• for the hot jet: k decreases from 2.15×10 -2 m 2 /s 2 down to 0.54×10 -2 m 2 /s 2 (4 times lower);

The highest turbulent kinetic energy value is found in the cold jet case while the lowest is found in the hot jet case. This observation shows an agreement with a previous statement: the larger the velocity gradient in the jet, the higher the value of the turbulent kinetic energy. Besides, the hot jet seems to have the largest spread among the three cases.

Description of the turbulent kinetic energy fields over the vertical planes

The Figure 5.38 present the spatial distribution of the turbulent kinetic energy over the vertical planes, for the three test cases. The two vertical planes shown are those passing through the diffuser axis. The low threshold value is fixed at k = 0.1 × 10 -2 m 2 /s 2 . The four directions NSEW and the six measured planes are also indicated.

The column near the diffuser axis that captures lower turbulent kinetic energy might be the jet core zone. The neighboring columns that capture much higher turbulent kinetic energy might be the jet boundary zone. Here in these figures, the transport process of the turbulence can be observed. For the isothermal jet (c.f. Fig. 5.38(a)), the turbulent kinetic energy is transported mainly toward the North side at the floor level and toward the near side East wall at the upper level. On the right figure, in the jet boundary zone, we can observe that the turbulent kinetic energy on the East side is lower than that on the West side. This is due to the transport of the turbulence to the near side wall. The interaction between the jet and the local architectural elements is probably responsible for this tendency of turbulence transport. For the cold jet (c.f. Fig. 5.38(b)), a same tendency can be observed with regard to the isothermal case. Furthermore, the turbulent kinetic energy is transported toward the South side. This might be explained by the aspiration effect due to the temperature gradient at the glazing. For the hot jet (c.f. Fig. 5.38(c)), the spreading of the turbulent kinetic energy is much wider. In the contrast with the two other cases, the turbulent kinetic energy is transported as soon as the air jet entering the room. The turbulent kinetic energy is transported over all directions, but relatively smaller to the North side. The negative-buoyancy effects have indeed supported the convective transfer of the turbulent flow. This turbulence transport might be responsible for the large spread of the hot jet. In this chapter, we have characterized an asymmetric interacting air jet under three scenario: isothermal jet, cold jet and hot jet. It is a three-dimensional vertical jet having interaction with local architectural elements. The behavior and the flow structure of the air jet are visualized. The different characteristics of the air jet are analyzed. Here are some statements that could be made. An illustration is given in the Figure 5.39. In the jet upstream region (1):

Summary

• the jet behavior is mainly influenced by the supply conditions (plenum, diffuser geometry);

• the deviation of the jet trajectory is minimal due to inertia forces;

• the distribution of jet cross-sectional profiles is self-similar despite an asymmetric shape;

• the cross-sectional velocity and temperature profiles have their DI-value close to 1, the shape deformation is minimal;

• the jet is more deformed in the inner zone than the outer zone;

• the turbulent kinetic energy is the strongest in the jet boundary zone in this region. In the jet downstream region (2):

• the jet behavior is mainly influenced by the architectural elements such as the near side wall, the glazing and the exhaust mouths; in this region, the hot jet is already disintegrated due to "negative" buoyancy forces;

• the isothermal jet trajectory is largely deviated due to the aspiration of exhaust mouths; the cold jet trajectory is the least deviated due to "positive" buoyancy forces;

• the jet cross-sectional profiles tend to have a linear distribution instead of a Gaussian distribution;

• the jet cross-sectional profiles have their DI-value scattering between 0.6 and 0.95, the shape deformation is more visible;

• the jet is more deformed in the outer zone than the inner zone;

• the turbulent kinetic energy is already attenuated in this region due to the transport/dissipation process of the turbulence. In general for the whole jet, the jet spread coefficients and the jet decay coefficients are quantified:

• we can assume a linear spreading for both the jet dynamic and thermal layers; the cold jet has the smallest spread whereas the hot jet has the largest spread;

• we can also assume a linear decay for both the maximum velocity and the extremum temperature of the air jet.

Chapter 6

Quantification of the condensation rate on cold wall surface

Introduction

This chapter treats the problem of surface condensation on a cold glazing within a ventilated room. The contents will be presented in the following order:

• section 6.2 presents the physical backgrounds of the condensation phenomenon in general and the dropwise condensation in particular;

• section 6.3 describes the experimental set-up, the metrology and the experimental protocol for the study;

• in section 6.4, the experimental results are presented and discussed.

Condensation phenomenon: physical backgrounds

Condensation is a thermodynamic phenomenon where fluid in the vapor state changes into the liquid state. It can be seen easily in the nature. For example: after the rain, the vapor of water condenses on the leaves surfaces which have a lower temperature. Or even in your house, when you boil water you may see some droplets of water formed after the condensing the vapor, that is condensation. The condensation occurs when the temperature of the fluid drops down below the saturation temperature, or when the pressure decreases. The change of pressure affects the temperature of saturation. Scientists have done many researches for years about this phenomenon and tried to apply it in industry and house appliances. There are two modes of condensation: homogeneous condensation and heterogeneous condensation.

Homogeneous and heterogeneous condensation

Homogeneous condensation refers to the condensation of a vapor at the surface of a liquid film, or the condensation of a vapor which forms droplets in the bulk vapor. For this type of condensation, there is usually no foreign particles with a lower temperature which would act as a nucleating agent (dust particles for instance). The lack of the nucleating agent causes difficulties for the vapor to condense at the temperature just below the saturation temperature. It requires a certain level of super-cooling to condensate (cooling below the saturation temperature). The droplet formation will happen when the nucleation site is surrounded by super-cooled vapor.

Heterogeneous condensation refers to the condensation of vapor on a cooled solid surface whose temperature is lower than the saturation temperature of the vapor. For this type of condensation, there are foreign particles of a lower temperature to act as nucleating agents. Thanks to the nucleating agents, this mode of condensation is triggered more easily. Thus, heterogeneous condensation is significantly more common than the homogeneous condensation. The heterogeneous condensation can be divided into two types of condensation: filmwise condensation and dropwise condensation. A schematic of these two condensation types is given in the Figure 6.1. Filmwise condensation (Fig. 6.1(a)) occurs when the condensate forms a thin liquid film on the cold surface which is well wetted by the liquid. Dropwise condensation (Fig. 6.1(b)) occurs when the condensate forms liquid droplets on the cold surface, which is not well wetted. A well-wetted surface is called a hydrophilic surface while a less or non-wetted surface is called a hydrophobic surface. In the nature, the filmwise type could be more easily observed than the dropwise type since hydrophilic surfaces are more common than hydrophobic surfaces. 6.2.2 Filmwise condensation (FWC) [START_REF] Nusselt | Die Oberflachenkondensation des Wasserdampfes[END_REF] was the first researcher who built a filmwise condensation model. FWC occurs when a cold wall surface is in contact with a vapor which is near saturation conditions. FWC on a vertical surface occurs when the liquid phase fully wets the surface (in the case of a hydrophilic surface). The liquid film then begins to flow downward due to the gravity. As the condensation proceeds, more and more condensate liquid is added. The film becomes thicker when the condensate moves downward. If the vertical wall is long enough, three different regimes could be observed: the laminar regime, the wavy regime and turbulent regime [START_REF] Faghri | Transport phenomena in multiphase systems[END_REF]. The local flow regime is determined by the local Reynolds number:

Re δ = 4 ṁ µ l (6.1)
where ṁ is the mass flow rate of condensate per unit width; µ l is the dynamic viscosity of the liquid; and δ is the thickness of the film at the region of interest.

The laminar flow regime is always present on the upper part of the surface, when Re δ is approximately below 30. The wavy and turbulent flows may be present depending on a number of properties such as the height of the plate and the thermo-physical properties of the condensing fluid. [START_REF] Kapitza | Wave flow of thin layers of viscous liquids. Part III. Experimental research of a wave flow regime[END_REF] detailed that the wavy regime can be found when the value for Re is greater than 33. The wavy films may have higher heat transfer coefficients because there is an increase of interfacial area, and furthermore the liquid film can be thinner in some places. If the surface is long enough we could see the turbulent regime which was investigated by [START_REF] Mcadams | Heat transmission[END_REF]. He found that the regime occurs when the Reynolds number reaches the threshold value of 1800 and if the vapor is stagnant. It should be noted that the critical Reynolds number is smaller if the vapor shear stress is significant. In the turbulent flow, the heat transfer coefficient is even higher than in the wavy because of the increase of interfacial surface and the thinner thickness of the film at some area.

FWC is widely used in industry thanks to its good heat transfer coefficients and its easy promotion (the other modes of condensation may require surface coatings or treatments, which increases the cost). Nevertheless, due to the basic mechanism of FWC, the film acts as a thermal boundary between the wall and the vapor. Thus, the condensation no longer occurs at the cool surface but at the liquid-vapor interface. When the vapor condenses at the interface, the latent heat of the vapor is transferred into the film. This heat energy is then transferred across the thickness of the film, towards the condenser surface. Therefore the rate of condensation and the overall rate of heat transfer are both related to the rate of the heat transfer across the thickness of the film, and as such linked to the thermal conductivity of the liquid and the thickness of the film [START_REF] Faghri | Transport phenomena in multiphase systems[END_REF].

Dropwise condensation (DWC)

In contrast with FWC, if the near-saturated vapor is in contact with a not wetted cold wall surface, it may condense in the form of droplets. Having an initial diameter of 10 -100 µm [START_REF] Graham | Drop size distributions and heat transfer in dropwise condensation[END_REF], droplets continue to growth in size. Once the droplets reach a certain size, it will roll off of the surface due to the gravity force (in case of a vertical wall).

According to [START_REF] Rose | Dropwise condensation theory and experiment: A review. Proceedings of the Institution of Mechanical Engineers[END_REF], the dropwise condensation (DWC) was believed to be discovered and analyzed for the first time by [START_REF] Schmidt | Versuche über die Kondensation von Wasserdampf in Film-und Tropfenform[END_REF]. Since then, several studies have been undertaken to improve the understanding on the physical theory behind this type of condensation. Here is a list non-exhaustive of those studies:

• the dynamic mechanism of DWC [START_REF] Umur | Mechanism of Dropwise Condensation[END_REF][START_REF] Rose | On the mechanism of dropwise condensation[END_REF][START_REF] Mikic | On mechanism of dropwise condensation[END_REF][START_REF] Yongji | A study on the mechanism of dropwise condensation[END_REF][START_REF] Beysens | Dew nucleation and growth[END_REF][START_REF] Mei | A numerical study on growth mechanism of dropwise condensation[END_REF][START_REF] Hu | Theoretical investigation of stable dropwise condensation heat transfer on a horizontal tube[END_REF][START_REF] Castillo | The effect of relative humidity on dropwise condensation dynamics[END_REF] • the overall heat transfer in DWC (Le [START_REF] Fevre | An experimental study of heat transfer by dropwise condensation[END_REF][START_REF] Rose | Dropwise condensation theory[END_REF][START_REF] Rose | Condensation Heat Transfer Fundamentals[END_REF][START_REF] Ma | Dropwise condensation heat transfer of steam on a polytethefluoroethylene film[END_REF][START_REF] Vemuri | An experimental and theoretical study on the concept of dropwise condensation[END_REF][START_REF] Niu | Dropwise condensation heat transfer model considering the liquid-solid interfacial thermal resistance[END_REF] • the drop size distributions (Le [START_REF] Fevre | A theory of heat transfer by dropwise condensation[END_REF][START_REF] Graham | Drop size distributions and heat transfer in dropwise condensation[END_REF][START_REF] Rose | Dropwise condensation-The distribution of drop sizes[END_REF][START_REF] Tanaka | A Theoretical Study of Dropwise Condensation[END_REF][START_REF] Rose | Further aspects of dropwise condensation theory[END_REF][START_REF] Kim | Dropwise Condensation Modeling Suitable for Superhydrophobic Surfaces[END_REF][START_REF] Mei | Time-averaged droplet size distribution in steady-state dropwise condensation[END_REF] • the effect of droplet contact angle [START_REF] Kwok | Contact angle measurement and contact angle interpretation[END_REF][START_REF] Cao | The possibility for realizing dropwise condensation with small contact angle[END_REF][START_REF] Kim | Dropwise Condensation Modeling Suitable for Superhydrophobic Surfaces[END_REF][START_REF] Nahavandi | Effect of Contact Angle on Steam Dropwise Condensation: A Simulation Approach[END_REF] • the effect of condensing surface properties [START_REF] Mccormick | Nucleation sites for dropwise condensation[END_REF][START_REF] Griffith | The effect of surface thermal properties and finish on dropwise condensation[END_REF][START_REF] Aksan | Dropwise condensation-The effect of thermal properties of the condenser material[END_REF][START_REF] Hannemann | An analysis of the effect of surface thermal conductivity on the rate of heat transfer in dropwise condensation[END_REF][START_REF] Lara | Experimental investigation of dropwise condensation on hydrophobic heat exchangers. Part II: Effect of coatings and surface geometry[END_REF] Until now, the dynamic mechanism and the heat transfer in DWC are of main interests among research concerns. Researchers have found that DWC leads to significantly higher heat transfer coefficient compared to FWC. For example, Lara and Holtzapple (2011a) found that DWC had heat transfer coefficients in the range of 1.6 -28.6 times greater than FWC. [START_REF] Hannemann | An analysis of the effect of surface thermal conductivity on the rate of heat transfer in dropwise condensation[END_REF] found that the DWC heat transfer coefficients were actually in the range of 30 -40 times greater than in FWC. The magnitude of the ratio between the FWC and DWC heat transfer coefficients seems to be argued, but everyone agreed that the DWC heat transfer coefficients are much higher. The first model to calculate the heat transfer rate of DWC was proposed by [START_REF] Fatica | Dropwise condensation[END_REF] (as mentioned by [START_REF] Vemuri | An experimental and theoretical study on the concept of dropwise condensation[END_REF]). The authors assumed that all the droplets had the same size, were arranged uniformly, and grew by direct condensation in a given area. The uniform spacing assumption was not well consistent. It has been dealt lately by different researchers, for example: Le [START_REF] Fevre | An experimental study of heat transfer by dropwise condensation[END_REF] derived a time averaged distribution for droplets. However this model only described accurate behaviour for very small and very large droplets. Further details on the overall heat transfer in condensation can be found in this reference [START_REF] Carey | Liquid Vapor Phase Change Phenomena: An Introduction to the Thermophysics of Vaporization and Condensation Processes in Heat Transfer Equipment[END_REF].

Droplet formation can be promoted by foreign impurities such as particles. Droplets tend to form at cavities on the surface, whether these cavities are natural or artificially produced by the use of needles or scratches. These impurities act as triggers for droplet nucleation. The amount of nucleation sites on the condensing surface clearly influences the heat transfer. A higher number of nucleation sites leads to a higher amount of droplet growth and therefore increases condensation heat transfer [START_REF] Rose | Dropwise condensation theory and experiment: A review. Proceedings of the Institution of Mechanical Engineers[END_REF].

Upon formation in the nucleation sites, droplets grow only if they form with a radius that exceeds a certain radius, called minimum equilibrium radius. If a droplet forms with a smaller radius, it will spontaneously destruct. [START_REF] Faghri | Transport phenomena in multiphase systems[END_REF] defined this minimum equilibrium radius r min as follows:

r min = 2σ l T vap ρ l h l v (T vap -T w ) (6.2) 
where:

• σ l : the surface tension of the condensing fluid [N /m];

• ρ l : the liquid droplet density [kg/m 3 ];

• h l v : the latent heat of condensation (or vaporization) [J/kg];

• T vap : the vapor temperature [K];

• T w : the cold wall temperature [K];

• and r min is the minimum radius of droplet formation which allows droplets growth

[m].
As DWC occurs when a surface does not get wet, the wettability of a surface plays an important role on this type of condensation. The wettability of the surface influences directly the contact angle of a droplet with a surface. Theses matters will be described in the next section 6.2.4. In practical, surfaces are often coated (often with oils or waxes) in order to promote DWC.

Wettability and contact angle

Wettability is the ability of a solid surface to reduce the surface tension of a liquid in contact with it, so that it spreads over the surface and wets it. The wettability of a surface depends on the free energy of the surface, of the condensate and of the vapor.

The wettability is not a property of just the surface, but also the liquid that composes the condensate and the vapor.

Contact angle definition

The wettability of a surface is characterized by the contact angle. It is the angle between the droplet surface and the solid surface along the triple line (i.e. the line at the intersection of the three phases). The liquid droplet is assumed to be in equilibrium state with the solid surface. An illustration of the contact angle is given in the Figure 6.2. As shown in the figure, the (equilibrium) contact angle, named θ , is the angle through the liquid between the tangent to the liquid-vapor interface and the tangent to the solid surface. The contact angle can be determined based on the three interfacial surface tensions according to the Young's equation [START_REF] Faghri | Transport phenomena in multiphase systems[END_REF]:

cos θ = σ sv -σ sl σ l v (6.3)
where σ sv , σ sl and σ l v are respectively the surface tension at the solid-vapor interface, the solid-liquid interface and the liquid-vapor interface. This equation is valid for a liquid droplet on a smooth, insoluble, and homogeneous solid in equilibrium condition. When there is a relative motion of the liquid droplet over the solid surface, a different contact angle can be expected. When the relative motion stops, an angle different from the apparent (equilibrium) contact angle is seen; it depends upon the direction of the previous motion, i.e. whether it was a receding or advancing surface.

In general, the larger is the contact angle, the lower the wettability of the surface. If the contact angle is smaller than 90 • , the surface is hydrophilic, and the FWC is likely to occur. Inversely, if the contact angle is above 90 • , the surface is hydrophobic, and the DWC is likely to take place. It is possible to observe a mixed type of condensation, i.e. DWC and FWC, at the same time. [START_REF] Cao | The possibility for realizing dropwise condensation with small contact angle[END_REF] found experimentally that for contact angles below 70.67 • , FWC appears more frequently (as expected for a hydrophilic surface) and for contact angles 6.2. Condensation phenomenon: physical backgrounds above 90 • , DWC appears more frequently (as expected for hydrophobic surfaces). A combination of FWC and DWC tends to appear for contact angles between 70.67 • and 90 • . If the contact angle is near 0 • , the surface is considered to be superhydrophilic, while if the contact angle is over 150 • , it is considered to be superhydrophobic [START_REF] Lafuma | Superhydrophobic states[END_REF][START_REF] Wang | Definition of Superhydrophobic States[END_REF].

Contact angle measurement

A contact angle in equilibrium condition can be measured from a static drop on a horizontal surface. There are many ways to measure static contact angles such as: the half-angle method, the captive bubble method or the Telescope-Goniometer [START_REF] Yuan | Contact Angle and Wetting Properties[END_REF][START_REF] Kyowa | Measurement of the Contact Angle: Kyowa Interface Science[END_REF]. With the half-angle method (or θ /2 method), the contact angle is determined by the following equation (c.f. Figure 6.3):

θ = 2 arctan h r (6.4)
where h and r are respectively the height at the droplet apex and the droplet radius.

According to [START_REF] Yuan | Contact Angle and Wetting Properties[END_REF], this method yields reasonable results for small droplets that are assumed to be unaffected by the effect of the gravitational force. The half-angle method is widely used in practical due to its simplicity [START_REF] Kyowa | Measurement of the Contact Angle: Kyowa Interface Science[END_REF].

Figure 6.3 -Contact angle measurement using the half-angle method

Examining the contact angle hysteresis is another method of determining the wettability of a surface [START_REF] Kwok | Contact angle measurement and contact angle interpretation[END_REF]. The contact angle hysteresis is defined as the difference between the advancing contact angle and the receding contact angle. This method is useful for characterizing the surface wettability. There are two ways to measure the contact angle hysteresis: stant and then will decrease slowly. The receding angle is the contact angle of the droplet just before the radius starts to decrease.

• The second method is called "Tilting Plate" method. It can be done by looking at the droplet on an inclined surface. We increase the surface angle until the droplet starts to slide. The advancing contact angle is the largest contact angle (the lowest point of the droplet or downward position). The receding contact angle is the smallest angle (the highest position of the droplet or upward position).

Hydrophobic surfaces promote a small contact angle hysteresis while hydrophilic surfaces promote large contact angle hysteresis. The increase of the surface roughness can result in an increase of the surface hydrophobicity, which promotes DWC and increase drastically the heat transfer coefficient of the surface. However, it is not that simple to increase the heat transfer coefficient. [START_REF] Zhong | Effects of surface free energy and nanostructures on dropwise condensation[END_REF] has observed an opposite trend, the increase of the surface's roughness can actually decrease the rate of heat transfer. This is because of the large contact angle hysteresis which appears. When a droplet falls by the force of gravity it leaves traces behind which are liquid (maybe lines or dots) instead of being wiped. It adds additional thermal resistance to the surface.

Further details on the various techniques that are commonly used to measure contact angles, ranging from the basic one to the most advanced one, can be found in this reference [START_REF] Yuan | Contact Angle and Wetting Properties[END_REF].

Thermal resistances in condensation process

When condensation occurs, the heat transfer between the vapor and the solid may be modeled with a series of thermal resistances. Several of these resistances are common for both DWC and FWC, though they have different formal expressions. [START_REF] Faghri | Transport phenomena in multiphase systems[END_REF] pointed out that these thermal resistances are: two conduction resistances in the solid and in the liquid phase, a resistance in the vapor phase, a resistance caused by capillary depression and two interfacial resistances. There are two more resistances that only apply in the case of DWC: a convective resistance and a constriction resistance. Only the case of the DWC will be described in detail, a schematic of these above-mentioned resistances is given in the Figure 6.4 for a DWC process.

As shown in the Figure 6.4, the thermal resistances, which are associated to the process, comprise:

• R w : the conductive thermal resistance through the cold wall;

• R liq : the conductive thermal resistance through the liquid droplet;

• R cap : the thermal resistance due to the capillary depression of the equilibrium saturation temperature at the interface; 6.2. Condensation phenomenon: physical backgrounds Figure 6.4 -Thermal resistances in a dropwise condensation process

• R il v : the (interfacial) resistance at the liquid-vapor interface;

• R vap : the resistance in the vapor phase;

• R conv : the convective resistance for the area uncovered by the droplets;

• R cons : the constriction resistance which is due to the non-uniform distribution of the condensate on the surface, and the resulting constriction of the heat flux.

If one assumes that the wall surface temperature T w is constant over time, the overall temperature difference between the wall surface and the vapor can be expressed as follows:

∆T t ot al = T sat -T w = ∆T vap + ∆T il v + ∆T cap + ∆T l iq + ∆T cons (6.5)

Conductive resistance through a droplet

Let's consider a single condensed droplet with radius r d and contact angle θ on a vertical glazing surface. The latter is not coated and is assumed to be thin enough to have a unique temperature T w . The contact angle is assumed to be fixed regardless the droplet radius r d , the vapor temperature T vap and the glazing surface temperature T w .

Conduction through an individual liquid droplet is a function of the size of the droplet, as well as the thickness of the droplet. The latter, in turn, depends on where the heat enters (at the apex or the base). [START_REF] Graham | Drop size distributions and heat transfer in dropwise condensation[END_REF] proposed taking the variable thickness of the liquid into account. The temperature drop ∆T liq that is caused by the resistance of a single droplet, which form a contact angle θ can be determined by the following equation [START_REF] Kim | Dropwise Condensation Modeling Suitable for Superhydrophobic Surfaces[END_REF]:

∆T liq = q d θ λ l .4πr d sin θ (6.6)
where:

• q d : the heat transfer rate through a single droplet [W ];

• λ l : the liquid thermal conductivity [W /m.K];

• r d : the radius of the droplet [m].

Resistance in the vapor

The thermal resistance in the vapor phase is usually ignored in both FWC and DWC because its magnitude is negligible regarding the other resistances. There are some special cases in which the thermal resistance of the vapor would have to be taken into account. Typically, it is the case of a superheated vapor, or the case of condensations of vapor mixtures.

Hence, the temperature drop ∆T vap can be assumed to equal to 0.

Interfacial resistance

This resistance is found at the liquid-vapor interface during the condensation process.

According to several theoretical and experimental investigations on the condensation heat and mass transfer rate [START_REF] Rose | Dropwise condensation theory and experiment: A review. Proceedings of the Institution of Mechanical Engineers[END_REF], the corresponding heat transfer coefficient across the interface h il v can be expressed by the following equation:

h il v = 2α 2 -α ρ v h 2 l v T vap M vap
2πRT vap (6.7)

where:

• α: the accommodation coefficient [-];

• ρ v : the vapor density [kg/m 3 ];

• M vap : the molecular mass of the vapor [kg];

• R: the specific gas constant [J/kg.K].

The accommodation coefficient α is defined as the fraction of molecules that condense on the interface with respect to the total amount of molecules that act upon the interface. The accommodation coefficient of pure water is close to unity, i.e. α 1. Hence, the temperature drop ∆T il v across the interface of the considered droplet is obtained by the following relation:

∆T il v = q d h il v .2πr 2 d (1 -cos θ ) (6.8)
Rose (1998) stated that in the case of FWC, when the accommodation coefficient is close to 1, the temperature drop, and the heat transfer resistance as well, are negligible compared to the temperature difference across the liquid film. Liquid metals have accommodation coefficient significantly smaller than 1, so this is the only case where this interfacial resistance must be taken into account. [START_REF] Graham | Drop size distributions and heat transfer in dropwise condensation[END_REF] reported the existence of a thermal resistance due to the slight depression of the equilibrium temperature at the interface. The latter falls below the temperature of saturation for a droplet of radius r d . Therefore, the temperature drop ∆T cap across the capillary depression can be expressed and rearranged as follows [START_REF] Faghri | Transport phenomena in multiphase systems[END_REF]:

Capillary depression resistance

∆T cap = 2σ l T sat ρ l h l v r d = r min r d (T sat -T w ) (6.9)
where T sat is the vapor temperature of saturation [K], and the equation rearrangement is resulting from combining with the eq. ( 6.2).

Convective resistance

The convective resistance is caused by the vapor that exchanges heat with the cold surface without condensing, i.e. along the liquid-free area between droplets. The heat flux by convection is assumed to be negligible compared to the heat exchanged by the latent heat of vaporization. It could therefore be assumed that this resistance is very large, however as it is parallel with the other resistances previously listed. The contribution of convection to heat transfer can generally be neglected.

Constriction resistance

For practical reason, the temperature at the contact surface between the solid and the droplets was assumed as uniformed. In reality, the non-uniform distribution of the dropletsizes causes a non-uniform distribution of the condensing surface temperature. More precisely, the heat flux will be greater in the areas where the droplets are smaller [START_REF] Mikic | On mechanism of dropwise condensation[END_REF]. Due to the liquid thickness acting as a relatively large thermal resistance, Mikic referred to large-diameter droplets as being "inactive", which create an inactive area. He pointed out that the constriction resistance depends on the surface materials especially on the surface thermal conductivity λ s . For a copper surface (λ s = 400W /m.K), Mikic showed that the constriction resistance represents 20% of the global resistance; while for stainless steel (λ s = 16W /m.K), it contributes up to 84% of the global resistance. [START_REF] Takaharu | Experimental verification of constriction resistance theory in dropwise condensation heat transfer[END_REF] confirmed experimentally that the constriction resistance rise when the surface thermal conductivity reduces. [START_REF] Mikic | On mechanism of dropwise condensation[END_REF] found that the constriction resistance also depends upon the orientation of the surface. Its value is significantly lower in the case of a vertical condensing surface. Because, in these cases, there are less large droplets as they roll off due to the force of gravity; and as a result, the inactive area reduces consequently. Hence, the temperature drop ∆T cons can be assumed to equal to 0.

Overall heat transfer coefficient and condensation rate

Overall heat transfer rate

By substituting the expressions for temperature drops of the various terms, i.e. eq. (6.6), eq. (6.8), eq. ( 6.9), into the equation (6.5), the overall temperature difference through one droplet during the condensation process can be expressed as follows:

∆T t ot al = T sat -T w = q d θ λ l .4πr d sin θ + q d h il v .2πr 2 d (1 -cos θ ) + r min r d (T sat -T w ) (6.10)
(one assumes that the temperature drop in the vapor phase and due to the constriction are neglected compared to the other terms).

The heat transfer rate through a single droplet q d , formed on a condensing surface with a contact angle θ , can be then deducted as follows:

q d = ∆T t ot al .2πr 2 d 1 - r min r d r d θ 2λ l + 1 h il v (1 -cos θ ) (6.11)
In order to obtain the overall heat transfer rate through all droplets, an integration of q d over the whole range of droplet size distribution is required [START_REF] Carey | Liquid Vapor Phase Change Phenomena: An Introduction to the Thermophysics of Vaporization and Condensation Processes in Heat Transfer Equipment[END_REF]:

q t ot = 2π∆T t ot al r ma x r min N (r d )r 2 d 1 -r min /r d r d θ 2λ l + 1 h il v (1 -cos θ ) d(r d ) (6.12)
where N (r d ) represents the droplet size distribution [m -3 ] and r ma x is the droplet radius necessary for its fall (fall-off radius).

Drop size distribution

As shown in the eq. ( 6.12), the drop size distribution N (r d ) is the key factor to obtain the overall heat transfer coefficient and the overall heat flux in the DWC process. Yet, its determination is not that simple, especially for droplets having a diameter smaller than 10 µm [START_REF] Graham | Drop size distributions and heat transfer in dropwise condensation[END_REF]. Those droplets are major contributors to the heat transfer in dropwise condensation.

Many researchers have dealt with this topic, as listed previously in the section 6.2.3. According to [START_REF] Kim | Dropwise Condensation Modeling Suitable for Superhydrophobic Surfaces[END_REF], the drop size distribution can be divided into two sub-types: n(r d ) for small droplets and N (r d ) for large droplets. For small droplets that grow mainly by direct condensation, the drop size distribution n(r d ) can be evaluated 6.2. Condensation phenomenon: physical backgrounds with a population balance theory [START_REF] Tanaka | A Theoretical Study of Dropwise Condensation[END_REF]. For large droplets, since they grow by both direct condensation and coalescence between droplets, an empirical equation can be used to determine the drop size distribution N (r d ) (Le [START_REF] Fevre | A theory of heat transfer by dropwise condensation[END_REF]. Kim pointed out that the boundary between n(r d ) and N (r d ) can be defined by an effective radius r e . They suggested a value of r d = r e = 1 µm1 . Le [START_REF] Fevre | A theory of heat transfer by dropwise condensation[END_REF] have established an empirical equation for determining the drop size distribution N (r d ) for larger droplets. This correlation is widely used in the literature:

N (r d ) = 1 3πr 2 d r ma x r d r ma x
-2 3 (6.13)

Overall heat transfer coefficient

The overall heat transfer coefficient h t ot [W /m 2 .K] can be deducted from the eq. ( 6.12):

h t ot = 2π r ma x r min N (r d )r 2 d 1 -r min /r d r d θ 2λ l + 1 h il v (1 -cos θ ) d(r d ) (6.14)
Substituting the eq. ( 6.13) into the eq. (6.14), the overall heat transfer coefficient through all the larger droplets in the dropwise condensation process is given by the following equation:

h t ot = 2π r ma x r min 1 3πr ma x r d r ma x -2 3 1 -r min /r d r d θ 2λ l + 1 h il v (1 -cos θ ) d(r d ) (6.15)
In practice, this theoretical model is rarely used to predict the heat transfer coefficient in DWC process unless we know the droplet size distribution N (r d ). In the case that the studied fluid is water vapor (or steam), [START_REF] Griffith | Dropwise Condensation[END_REF] recommended the following correlation to predict the overall heat transfer coefficient h t ot during the DWC process:

h t ot,cor r = 51104 + 2044.T sat if 22 • C < T sat < 100 • C 255510 if T sat > 100 • C (6.16)
where T sat is the dew point of the vapor.

Condensation rate

The condensation rate can be obtained using the following equation [START_REF] Faghri | Transport phenomena in multiphase systems[END_REF]:

ṁ = q t ot h l v = h t ot (T sat -T w ) h l v (6.17)
where ṁ is the time-dependent condensation mass flow rate per unit area of wall surface during the condensation process [kg/m 2 .s].

Experimental apparatus and protocol

Here we present the measurement devices used to evaluate the condensation rate on the South facade of the MINIBAT test cell. We remind that this South facade is a vertical glazing whose dimensions are W x H = 2.90 x 2.30 m. Condensation appears on the inner surface of this glazing when the temperature in the climatic chamber is sufficiently cold, and when the relative humidity in the test cell is sufficiently high.

Measurement devices

Digital camera

A digital camera equipped with a macro lens was installed inside the test cell. The camera allowed us to capture with precision pictures of condensate droplets on the glazing. The camera is a Nikon D810 digital single-lens reflex (DSLR). Its image sensor has a size of 35.9 x 24.0 mm and a resolution of 7360 x 4912 pixels (36.3 million effective pixels).

The ratio pixel/mm is therefore equal to approximately 205 px/mm in both directions.

Dedicated to macro-photography, the lens we used is a 105 mm f/2.8 with a reproduction ratio of 1:1. This ratio means that the size of the image on the sensor is identical to that of the captured object. The minimum focus distance between the object and the image sensor of the DSLR is 314 mm. The lens is equipped with 4 synchronized speedlight flash system designed especially for macro-photography. A picture of the camera is given in the Figure 6.5(a).

The camera is installed inside the test cell, at the South-East lower corner. It is mounted on a tripod and is set to be perpendicular to the glazing. To guarantee the 1:1 reproduction ratio, the camera needs to aim the glazing at the minimum focus distance, i.e. 314 mm precisely. For this purpose, a micrometric positioning sliding plate is used. The plate is installed between the tripod and the camera, as shown in the Figure 6.5(c). It allows to precisely position the camera system with regard to the glazing. The glazing area being captured by the camera is given in the Figure 6.5(d). It has the 6.3. Experimental apparatus and protocol dimension of the camera image sensor, which is 35.9 x 24.0 mm. Figure 6.5 -Digital camera system for the condensation study

Infrared camera

The glazing area captured has a relative small size. An infrared (IR) camera is installed to monitor the surface temperature of the corresponding glazing area during the condensation test. The IR camera we used is a FLIR T420bx. It supports a temperature measuring range between -20 • C and 350 • C. According to the manufacturer, the IR camera has an absolute accuracy of ±2 • C. The IR camera is mounted on a tripod and is set up inside the climatic chamber, as shown in the Figure 6.6(a).

Despite its advantageous characteristic of whole-field measurements, the infrared measurement technique is constrained by its high uncertainty [START_REF] Sandberg | Whole-Field Measuring Methods in Ventilated Rooms[END_REF], and by its sensitivity to the reflected flux radiation [START_REF] Datcu | Improvement of building wall surface temperature measurements by infrared thermography[END_REF]. More precisely, in our case, the IR camera was used to measure the surface temperature of a glazing, which reflects part of the radiation received. This reflected flux radiation is subsequently detected back by the camera sensor and thus the resulting temperature data is erroneous.

Hence, a procedure for data correction is performed, as suggested by [START_REF] Rodler | Modélisation dynamique tridimensionnelle avec tache solaire pour la simulation du comportement thermique d'un bâtiment basse consommation[END_REF]. Four small pieces of aluminum foil tape were fixed at the four corner, as can be seen in the upper left of the Figure 6.6(a). They were used as correction materials for determining the real temperature of the glazing surface, as shown in the Figure 6.6(b). Besides, a reference K-type thermocouple 80 µm is used to deduct the relative error between the temperature data obtained by the IR camera and the thermocouple. A sample of the image captured by the IR camera is given in the Figure 6.6(b). The surface temperatures of the four aluminum foils are given by the four points from Sp1 to Sp4. The corrected surface temperature of the glazing area is given by the zone Bx1.

Here in this figure, an error source is introduced because the IR camera also captures the temperature of the thermocouple wire. That is why the IR camera is fixed in inclined position to reduce the measurement error. 

.3 Supervision camera

A supervision camera is installed in the climatic chamber to detect the appearance and the evolution of the condensation on the glazing. The camera we used is a TRENDnet TV-IP320PI. A picture of the supervision camera is given in the Figure 6.7(a).

The camera has a near-infrared illumination, which allows it to operate in complete dark- 

Experimental protocol

For this study, MINIBAT was put under a winter scenario, i.e. an outdoor low temperature along with an indoor heated air. The test cell was put on a few days for establishing a steady state without condensation. At this initial condition, steam was already injected into the test cell, but was kept at appropriate level to avoid condensation. Afterward, the air supply set point was changed to the test condition, for which the air humidity level is higher. As presented previously in the section 2.3.3.3, steam was produced using a humidity generator, and was injected into the room ambient air through the hot air jet. This configuration allows to promote significantly the apparition of the condensation on the glazing surface, which is in contact with both the outdoor cold air and the indoor humid hot air.

From this time, the DSLR camera and the IR camera begun capturing the glazing surface area, at a regular time interval. The IR camera was controlled remotely using a software named FLIR Tools. The temperature acquisition time step was fixed at 5 minutes. The DSLR camera was controlled remotely using a software named Nikon Camera Control Pro 2. The photo acquisition time step was fixed at 60 seconds. A post-treatment of these photos allows us to quantify the condensate rate of droplets on the glazing.

2 International Protection marking 147 For the indoor air metrology, the mobile robot was kept immobilized. It was placed close to the glazing in order to record the evolution of the air velocity, temperature and humidity over time. The data recording time step was set at 60 seconds. The data recording begun 15 minutes before setting up the test condition. The location of the robot can be seen in the Figure 6.5(b).

Data post-treatment using image processing methods

Condensation rate

The post treatment aims to determine the condensation rate over the glazing surface from the series of condensation pictures taken by the camera. The condensation rate ṁ is the time evolution of the mass of condensed fluid attached to the glazing per unit of area. It is expressed in kg/m 2 .s. To determine experimentally the condensation rate we must evaluate the mass of water vapor formed on the glazing for each picture. This section describes how we proceed to evaluate this mass.

The condensate mass over a portion of glazing surface is the sum of the droplet mass on this area. The mass of a single droplet is:

m d = ρ w V d (6.18)
The water density at the atmospheric pressure ρ w is given in tables as a function of the water temperature. We must determine the volume of the droplets from the pictures.

Droplet volume as a function of the contact surface

Let's assume that the shape of a droplet is a perfect truncated sphere. The Figure 6.8 presents the different variables used to determine the droplet volume. In the figure, we have:

• A l v : the surface area shared by the solid-liquid interface [m 2 ];

• A sl : the surface area shared by the solid-liquid interface [m 2 ];

• r Deq : the equivalent radius of the surface area A sl [m];

• r d : the droplet radius [m];

• θ : the droplet contact angle

[ • ].
The above-mentioned surface area can be determined as follows:

A sl = πr 2 Deq = πr 2 d (1 -cos 2 θ ) (6.19a) A l v = 2πr 2 d (1 -cos θ ) (6.19b)
Let's assume that we know the area of the contact surface between the droplet and the solid surface A sl . The shape of this surface is a perfect disk whose radius is equal to r Deq . The volume of the truncated sphere, V d [m 3 ], is given by the following equation [START_REF] Faghri | Transport phenomena in multiphase systems[END_REF]:

V d = πr 3 d 3 (2 -3 cos θ + cos 3 θ ) (6.20)
where r d = r Deq / sin θ . The main assumption of our data treatment is that we consider that this equation is also valid for droplets whose shape is not a perfect truncated sphere.

Thus, once we know the contact angle between the glazing and water droplet, we just need to determine the contact surface of each droplet present in the picture, and we get the volume of each droplet from the equation (6.20).

Determination of the contact angle

As mentioned previously, the contact angle, formed by a liquid droplet and a solid surface, depends only on the properties of the surface and the condensed liquid (c.f. section 6.2.4). In our case, these are glazing surface and condensed water vapor. Hence, it seems reasonable to assume that the contact angle remains constant regardless of the droplet size and the surface and vapor temperatures.

Based on this assumption, a side test was conducted to achieve the contact angle information. For this test, we use a glazing sample, which has the same characteristics with the glazing installed in the test cell. Its surface is also cleaned with the same acetone product used to clean the glazing surface in the test cell. The glazing sample is fixed initially at the horizontal position. We use a pipette to drop off some droplet samples onto the surface. Then the glazing surface is put at the vertical position. The DSLR is fixed at the side view position to capture images of the droplet. The contact angle is computed using the half-angle method (c.f. section 6.2.4.2). The whole test is repeated for a several time to deduct an averaged value of the contact angle. The Figure 6.9(a) presents an example of the droplet captured. The fuction cv2.Canny() (OpenCV 3 for Python) is used to detect edges in the image. The Figure 6.9(b) presents the image processed. In this example, the contact angle is about 59.5 • . This value is in agreement with [START_REF] Kwok | Contact angle measurement and contact angle interpretation[END_REF] study's. In general, without surface treatment, a glazing surface is rather hydrophilic than hydrophobic. Hence, a contact angle smaller than 90 • should be obtained.

Determination of the contact surface between the droplets and the solid surface: image processing

The total volume of condensed droplets can be determined experimentally using the image acquisition technique. For each test campaign, image series of the evolution of condensed droplets over time are obtained. A post-treatment computing method is then employed to extract the necessary information to calculate the droplets volume. An example of an image captured is given in the Figure 6.10.

On the left we can observe thousands of droplets of various size on a glazing surface of 35.9 x 24 mm 2 . To obtain a closer look of droplets, the right photo shows a cropped image of area 5 x 5 mm 2 . We can notice the coexistence of the very small droplets and the larger droplets. The small droplets, which grow by direct condensation, have a quasicircular shape. The large droplets, which form by the coalescence between neighboring droplets, have approximately an oval shape.

The image processing method for finding and analyzing the droplet contours include the following steps. An illustration of these steps are given in the Figure 6.11. The raw image taken as example is the one with dimension 5 x 5 mm presented above. (a) Histogram equalization (Fig. 6.11(a)): the raw image shown in the Figure 6.10 has a brighter zone in the center and a darker zone in the corner, i.e. a non-homogeneous contrast. This is due to the flash-lights system that was not able to illuminate the whole captured area. Hence, the histogram equalization method allows to adjust the image global contrast so that areas of lower local contrast can gain a higher contrast [START_REF] Russ | The image processing handbook[END_REF]. The resulting image is given in the Figure 6.11(a), which show a clear difference in terms of global contrast compared to the raw image (Fig. 6.10). Through this adjustment, the luminous intensities can be better distributed on the image's histogram, as shown in the Figure 6.12(a).

(b) Noise filtering (Fig. 6.11(b)): a filter can be applied to reduce the noise content, which can potentially be detected later as droplets edges. Nevertheless, since high frequency contents comprises both edges and noises, a simple Gaussian low-pass filter will help removing noises but also undesirably blurring the edges (OpenCV, 2018c). Hence, the benefit of the bilateral filter, whose current name has been given by [START_REF] Tomasi | Bilateral filtering for gray and color images[END_REF]. The bilateral filtering technique is basically a non-linear Gaussian filter, which demonstrates its highly effectiveness in noise removal while preserving sharp edges; as shown in the Figure 6.11(b). Further readings on this technique can be found in this comprehensive reference [START_REF] Paris | A Gentle Introduction to Bilateral Filtering and Its Applications[END_REF].

(c) Image thresholding (Fig. 6.11(c)): the filtered image goes through the thresholding process. This technique is used for image binarization, i.e. for reducing grayscale images into binary image with only two levels: black or white. This process is essential for increasing the accuracy of the next step, which is the contours finding. There exist several • the simplest one is to assign an unique "user-defined" value as threshold value for the whole image, so this is called the "Global (or Simple) Thresholding";

• when the illuminating conditions vary from an image to another, an adaptive thresholding method might be more relevant. For this, the threshold value is calculated locally for small regions of the image while taking into account the neighborhood region. The OpenCV package proposes two adaptive threshold algorithm:

(1) the threshold value T (x, y) at an image coordinate (x, y) is a mean of the "userdefined" area size in the neighborhood;

(2) the threshold value T (x, y) is a weighted sum (cross-correlation with a Gaussian window) of the "user-defined" area size in the neighborhood. These two methods are called "Adaptive Mean Thresholding" and "Adaptive Gaussian Thresholding" respectively;

• now let's consider a bimodal image, i.e. an image whose histogram distribution possesses two peaks after being equalized, as can be seen in the Figure 6.12(b).

Dealing with such kind of images, a thresholding technique called Otsu's binarization method [START_REF] Otsu | A Threshold Selection Method from Gray-Level Histograms[END_REF] appears to be quite relevant and effective. For this, the threshold value is calculated based on the bimodal image histogram as the middle value between the two peaks, approximately.

(d) Contours finding (Fig. 6.11(d)): the final step consists in finding all the possible contours in the given image (OpenCV, 2018a). The contours detected are colored in green color for a better visualization. Once these contours retrieved, the following information can be extracted: the number of contours detected that correspond to the total number of droplets; the area and the equivalent radius of each droplet; as well as the minimum and maximum equivalent radius of all these droplets.

The whole process are computed using the OpenCV package for Python. In this example, the function cv2.bilateralFilter() is used to filter the image noise. We perform the image binarization with the Adaptive Gaussian thresholding method: the function cv2.adaptiveThreshold() with the cv2.ADAPTIVE_THRESH_GAUSSIAN_C argument is used. The function cv2.findContours() is used to find the image contours. Optionally, those contours can be drawn using the function cv2.drawContours(). The area of each contour is computed using the function cv2.contourArea(). The air velocity, temperature and humidity within the test cell are obtained using the mobile robot fixed near the test area (c.f. section 6.3.2). The evolution of the indoor moist air just before and during the condensation test is presented in the Figure 6.14. The time given in the x-axis is in perfect synchronization with the time shown in the boundary conditions (c.f. Figure 6.13).
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For the air velocity, the moist air velocity at different height is not greater than 0.25 m/s, the influence of convection can be considered as negligible.

For the air temperature, a temperature stratification of approximately 2 • C is observed between the floor and the room upper part (Z = 2.0 m). This stratification appears to be Figure 6.14 -Evolution of the indoor moist air velocity-temperature-humidity just before and during the test comprehensible given the measurement location. This is a stagnant zone where the air velocity can be as low as 0.05 m/s, thus the airflow can not be homogeneously mixed.

The last two graphs present the evolution of the moist air specific humidity and relative humidity over time. As soon as the humidity conditions in the air supply circuit switch quasi-instantaneously from the initial to the test condition, the indoor moist air humidity level begins to increase. The transient regime lasts for approximately 40 minutes. From the newly established quasi-steady state regime, the air humidity vary from 11.5 to 12.5 g/kg as (80 %RH to 72 %RH) between the floor and the room upper part4 . This stratification could be reasonably explained by the fact that the water vapor injected was actually high-temperature steam, which reduces the moist air density and creates this stratification. 1. experimentally using the image processing method (c.f. section 6.3.3); 2. analytically using the Griffith's correlation (eq. (6.16));

3. analytically re-evaluating the overall heat transfer coefficient using the theoretical equation (6.15) and the experimental data;

4. numerically by CFD simulations [START_REF] Ilie | Numerical study of heat and mass transfers in ventilated spaces (in Romanian)[END_REF]; this task was undertaken by the Romanian partners, as part of the joint research ANR project.

Vapor dew point and glazing surface temperature

Except for the first method, computing the three other models require some input data, which include the glazing surface temperature, the indoor moist air temperature, humidity and eventually velocity. In fact, once the moist air temperature and humidity are known, the vapor partial pressure, the dew point as well as the thermophysical properties of the water droplets can be deducted using tables and approximation formulas.

The evolution of the indoor moist air temperature, the corresponding dew point and the glazing surface temperature are given in the Figure 6.16. The same average process was applied for the air specific humidity. Having the air specific humidity, the atmospheric pressure as inputs, the actual partial pressure of the water vapor and the corresponding dew point can be deducted using approximation formulas. The temperature of the glazing inner surface where the image capturing takes place was extrapolated using the Pt100 data which measure both inner and outer glazing surfaces temperature and the IR camera data which measure the glazing outer surface temperature.

The representative moist air temperature is quasi-stable over time. The dew point remains at about 12 • C during the initial condition. With the increasing indoor air hu-We note that the results shown here are computed using a combination of two adaptive thresholding methods regarding the binarization step. This matter will be addressed further in the section 6.4.4.

Symbol Value

Droplets For the condensation rate (c.f. Fig. 6.17), the dropwise condensation occurs as soon as the dew point exceeds the glazing surface temperature (c.f. Fig. 6.16); and thus the condensation rate increases. The comparison of the experimental results with the theoretical model indicates a mean relative difference of approximately 18%, which implies an overall good agreement. Nevertheless, the uncertainty of experimental results is still not evaluated. Furthermore, the CFD numerical results seem to follow the same trend as the experimental and theoretical results. However, we regret that their study [START_REF] Ilie | Numerical study of heat and mass transfers in ventilated spaces (in Romanian)[END_REF] have published results within only 10 minutes (with a time step of 1 minute). According to them, the transient simulations require an initialization of the variables specific to each parameter (indoor air velocity, temperature, moisture content) related to the studied field. If these variables are initialized with the stationary regime initial values, a great number of simulations for each time step are involved, which leads to a significant increase in the computation time.

Discussions on the image post-treatment

As stated previously, the experimental results are computed using combined methods for the image binarization. This is a crucial step since finding droplet contours are based on binarized images.

OpenCV proposes four different methods for binarizing an image (c.f. section 6.3.3.4):

• Global thresholding;

• Otsu's method;

• Adaptive Mean thresholding;

• Adaptive Gaussian thresholding.

For the global thresholding method, it might be complicated to choose manually an optimal threshold value for each image. The Otsu's method is an alternative simple method thanks to its capacity to determine automatically the threshold value for each image. However, this method's accuracy is significantly limited if the histogram of the image in question does not have a significant bimodal distribution [START_REF] Gonzalez | Digital image processing[END_REF]. The adaptive thresholding methods are relevant choices for images with varying illumination. But those methods also require input parameters that need to be defined by the users.

In our case, the droplets are illuminated differently depending on the size. The more the droplets increase in size, the more the light reflection increases. Thus, a series of droplet images do not receive an uniform illumination. Two examples of small and large droplets are given in the Figure 6.18. The image size is 5 x 5 mm. The image on the left is the same as the sample shown earlier (c.f. Fig. 6.10). The image on the right is extracted from the Figure 6.15(i). Both samples have their histogram equalized and their noise filtered with the same parameter. We can notice that the image sample of large droplets is brighter, and the contour edges of the droplets are not illuminated uniformly from one direction to another. Those two image samples are binarized using three different methods, which are the Otsu's method, the Adaptive Mean thresholding and the Adaptive Gaussian thresholding. The results are given in Figures 6.19 and 6.20.

Globally, we can observe on all those figures that some droplet edges are very well connected and form closed contours. Some others, with less uniform illumination re- ceived during the image capturing, could not be connected. The Otsu's method is the least effective among the three methods. This is predictable since the histograms of the two images do not have a bimodal distribution (c.f. Fig. 6.18).

For the image sample of small droplets (Fig. 6.19), the Adaptive Gaussian thresholding (Fig. 6.19(c)) is significantly more effective than the Adaptive Mean method. For the image sample of large droplets (Fig. 6.20), both methods show about the same performance. But the Adaptive Mean thresholding (Fig. 6.20(b)) appears to be more suitable since the resulting image is less noisy than the other one.

Regardless of the method chosen, there are still some droplet contours that cannot be properly connected. Since this constitutes a loss of information, great attention should be made regarding the image thresholding step. The treatment of the two samples shown above are not representative for the whole population of small and large droplets. To define the "transition" radius and the optimized parameters for thresholding, the method for now is trial and error. For the treatment of each image, we compute the averaged equivalent radius of all the droplets r d . By repeated tests, we find the transition radius r d,t r = 100 µm. If r d < r d,t r , 6.5. Summary the Adaptive Gaussian method is used for image thresholding; otherwise the Adaptive Mean thresholding method is used.

Summary

In this chapter, the problem of surface condensation on a cold glazing within a ventilated room is treated. The main intention is to determine the condensation mass flow rate during the codensation process.

• Given the instantaneous and transient characteristics of this phase-change phenomenon, it is important to know the mechanism of droplet formation as well as the heat and mass transfer involved during the phenomenon. The physical background of the condensation and the literature are reviewed. Two theoretical models are identified to determine the condensation rate.

• A method of measurement is proposed to estimate the condensation rate experimentally. The measurement is based on the close-up imaging technique (macrophotography). The image post-treatment process allows to determine the condensation rate over the glazing surface.

• Comparisons between experimental and theoretical results show some agreement, which could validate the feasibility of the imaging techniques in full-scale condensation studies.

Conclusions and perspectives

General summary

In view of the current context about the building energy efficiency and the occupants' comfort and health, it is essential to ensure a proper design of ventilation systems. Despite abundant studies conducted on the mixing ventilation system in the past decades, there are still some issues that need to be considered, which are: (1) an air jet in a realistic airflow configuration; (2) the indoor heat-air-moisture transfer including the surface condensation phenomenon. First, by full-scale experiments, we aim to get improved the knowledge concerning the behavior and the characteristics of a realistic asymmetric air jet having interaction with room architectural elements. Second, under indoor airflow conditions that promote the surface condensation, we intend to measure the condensation rate of the water vapor deposited on a glazing surface.

For the jet study, we have investigated the air jet under three scenario: isothermal jet, cold jet (summer) and hot jet (winter). In total, twelve different test cases were conducted with three of them having the finest measured data. These experimental campaigns allow a precise visualization of the distribution of the indoor air velocity and temperature fields. Through data computing, those measurements allow to better understand the jet behavior, and to analyze the different characteristics of the air jet. Besides, the author's intention is to provide a detailed set of experimental data for further use. The experiments are fully described (the configuration geometry, the metrology, the boundary conditions) so that the results can be used for further analysis or for the validation purpose. Although this full-scale experimental study is restricted to one single configuration, the detailed experimental data accompanied by well-known boundary conditions can serve as a benchmark test to validate and to improve CFD numerical models, especially for airflow configurations with rupture of symmetry.

For the condensation study, a method of measurement is proposed to deal with the quantification of the condensation phenomenon on a cold glazing surface. The measurement is based on the close-up imaging technique (macro-photography). The image post treatment allows to determine the condensation rate over the glazing surface from the series of condensation pictures taken by the camera. We can therefore confirm the feasibility of the imaging techniques in full-scale condensation studies. The experimental results on the surface condensation rate could be extremely valuable for the validation purpose since there was no similar studies in the literature at such the scale.

Last but not least, for the laboratory CETHIL, through this thesis, we have developed an original and realistic configuration and a mobile robot equipped with sensors within 6.5. Summary the experimental test cell that can be served for further research project.

Perspectives

This thesis improves the current knowledge on the realistic air jet and the surface condensation. Nevertheless, some future work is needed to consolidate the findings and expand the analysis.

Regarding the jet study, additional measurements with finer mesh around the diffuser would be useful to improve the results precision on the jet characteristics. In the present study, a mesh of 5 cm was chosen in the volume defined by a 1 x 1 m 2 around the diffuser axis. We suggest a mesh of 2 cm or lower in this zone, which captures the highest gradient in air velocity and temperature. The impact of internal obstructions and internal heat sources such as mannequins, furniture should be studied to better represent a realistic airflow configuration. Additional sensors can also be considered to assess the indoor thermal comfort and the ventilation effectiveness of the ventilation system. Besides, as mentioned earlier, the detailed experimental data issued from this thesis can serve as a benchmark test to validate and to improve CFD numerical models. We have established an "User Guide" providing a description of the procedure to compare simulation results with experimental data. The comparison procedure is based on Python scripts and Paraview visualization. This package is believed to ease the work of CFD modelers.

Introduction

In an experimental investigation, all sensors measurements are subject to uncertainty. A measurement result is considered as relevant when it is associated by a measurement uncertainty. This appendix describes the principle of determination of the measurement uncertainty.

Calculation principle of measurement uncertainty

Let Y be a physical quantity. We call Y T the true value of Y and (Y i ) i=1..N Y a sample set of brut measured values (obtained independently from N Y measurement) of Y T . The difference between a measured value and its true value is called the measurement error (or observational error). The total measurement error is noted ξ Y i and is defined as follows:

Y T = Y i + ξ Y i (A.1)
The total measurement error whose origin can come from two types: systematic errors and random errors. In order to not overload the section, basically, a systematic error is a component of error that remains constant over measurement sets, while a random error, which caused by inherently unpredictable fluctuations, vary from measurement to another. For that reason, the total measurement error can be decomposed into N f term of ξ Y i, f q . Each term ξ Y i, f q is the measurement error related to an error factor f q , which corresponds to a physical or numerical phenomenon. Therefore, the equation A.1 become: 

Y T = Y i + N f q=1 ξ Y i, f q (A.2)
Y = N Y i=1 Y i N Y (A.4)
It is evident that the value of Y T remains unknown, the true value of ξ Y i is also undetermined. Its value can only be estimated by approximated terms (δ Y i ) i=1..N Y of a random variable ∆ Y . Its mean value and each term are calculated as follows:

δ Y i = Y i -Y (A.5) δ Y = N Y i=1 δ Y i N Y (A.6)
Since the uncertainty is evaluated from a finite sample of measured values, the random variable ∆ Y will follow a Student's t-distribution. The sample standard deviation s Y of the random variable ∆ Y is calculated as follows: 

s Y = N Y i=1 (δ Y i ) 2 ν Y = N Y i=1 (Y i -Y ) 2 ν Y (A.
Y ± t ν Y 0.975 . s Y N Y
Besides, it is worthwhile to mention that the estimation of the measurement error can be improved by performing several sample sets of measurement. For instance, if a number of N s samples of brut measured value (Y i,s ) i=1..N Y,s is performed, the total sample standard deviation (s Y ) t ot of the random variable ∆ Y is calculated as follows:

(s Y ) t ot = N s s=1 ν Y,s .s 2 Y,s ν Y,t ot (A.11a) ν Y,t ot = N s s=1 ν Y,s (A.11b)
with s Y,s , ν Y,s are respectively the standard deviation and the degrees of freedom of each sample set.

MEASUREMENT UNCERTAINTY OF MULTIPLE ERROR FACTORS

Now assuming that all error factors ξ Y i, f q are taken into account separately. In other words, the total measurement error is decomposed into N f term of ξ Y i, f q . Each term ξ Y i, f q is the measurement error related to an error factor f q and is approximated by a random variable (∆ Y ) f q .

The first step consists of, for each error factor f q , estimate the statistical parameters (i.e. the mean value and the standard deviation) associated to each random variable (∆ Y ) f q .

In order to determine those statistical parameters of (∆ Y ) f q , we need a sample set of measured values (Y i, f q ) i=1..N Y, f q in which all error factors other than f q are blocked. For example, an error factor f 2 is said to be blocked if the measurement error (ξ Y i, f 2 ) i=1..N Y, f 2 remains constant in the sample set of measured values (Y i, f 1 ) i=1..N Y, f 1 associated to the error factor f 1 . The mean value Y f q and the standard deviation s Y f q are then calculated in the same way as the previous section, i.e. (A.4) and (A.7) equations. In addition, the estimation of those parameters can eventually be improved by performing several sample sets of measurement for each error factor f q . The "improved" mean value and standard deviation are calculated using (A.11a) and (A.11b) equations.

Once the statistical parameters of each random variable (∆ Y ) f q related to each error factor f q are determined, we wanted to estimate the statistical parameters of the random variable associated to the total error ∆ Y . Assuming that all error factors f q are independents, the standard deviation related to the total error ∆ Y is calculated as follows:

s Y = N f q=1 s Y f q 2 (A.12a) ν Y N f q=1 (s Y f q ) 2 N Y, f q 2 N f q=1 (s Y f q ) 2 N Y, f q 2 . 1 ν Y, f q (A.12b)
with N Y, f q , ν Y, f q are respectively the sample size and the degrees of freedom associated to each error factor f q . The equation (A.12b) is called Welch-Satterthwaite equation 1 .

Afterwards, we wanted to estimate the standard deviation of the mean Y . As mentioned in the beginning of the section, there are two types of measurement error:

• random errors f q,r : their terms ξ Y i, f q,r vary from measurement to another ;

• systematic errors f q,s : their terms ξ Y i, f q,s are considered to remain constant for all measurement sets. Therefore, the standard deviation of the mean s Y related to the total measurement error is expressed with the following equation:

s Y = N q,r r=1 s Y f q,r 2 N Y + N q,s s=1 s Y f q,s 2 (A.13)
1 In statistics and uncertainty analysis, the Welch-Satterthwaite equation is used to calculate an approximation to the effective degrees of freedom of a linear combination of independent sample variances.

198 It is possible now to determine the uncertainty at 95% confidence interval of the brut measured values and the mean value as follows: 

∆ Y i 95% = t ν Y 0.975 .s Y = t ν Y 0.975 . N f q=1 s Y f q 2 (A.14) ∆ Y 95% = t ν Y 0.975 .s Y = t ν Y 0.975 . N q,r r=1 s Y f q,r 2 N Y + N q,s s=1 s Y f q,s 2 (A . 

Calibration process steps

The steps of data acquisition, obtaining the calibration curve and the calculation of the uncertainties are explained for a single thermocouple in order to not overload the section. Data acquisition was performed at once for all the 17 thermocouples. The data processing for obtaining the calibration curves and the calculation of the uncertainties is identical for each thermocouple.

The temperature range in which the calibration is performed is situated between 1 • C and 50 • C. This range covers largely the temperature need to measure within our test configuration. A total number of N i = 58 measurement sets was carried out within this 201 temperature range. For each measurement set, the following data have been recorded:

• one value of the reference sensor temperature T r e f ,i

• one value of the acquisition card temperature T ca,i

• one value of the cold-junction temperature T s f ,i

• N j = 150 values of the thermocouple voltage (V t c,i j ) j=1..N j (data acquired simultaneously in 15 seconds at 10 Hz).

In fact, the FPGA module on the NI cRIO-9074 is capable to measure the brute thermocouple voltage, named V t c,i jk at very high frequency (50 Hz). These brute values are then averaged over N k = 650 measurements to obtain the thermocouple voltage V t c,i j . They are communicated at a frequency of 10 Hz, these values that will be used for the calibration. By averaging over N j = 150 recordings, we obtain the mean value of the thermocouple tension measured:

V t c,i = N j j=1 V t c,i j N j (B.1)
The temperature difference between the reference sensor temperature and the coldjunction temperature, as well as the reference voltage obtained with an ideal thermocouple are calculated for each measurement set:

∆T RS,i = T s f ,i -T r e f ,i (B.2)

V r e f ,i = f -1 (∆T RS,i ) (B.3)

Then the difference between the reference thermocouple voltage and the mean thermocouple voltage measured can be deducted as follows:

dV i = V r e f ,i (∆T RS,i ) -V t c,i (∆T RS,i , T ca,i ) (B.4)

For each measurement set, a curve of dV i is drawn as a function of the mean thermocouple voltage measured and the acquisition card temperature: dV i = f (V t c,i , T ca,i ). A linear (or polynomial) regression is used to obtain the correction value cor r V i (V t c,i , T ca,i ).

The curve is used to determine the correlation, which can be expressed as follows:

cor r V i = c 0 + c t c V t c,i + c ca T ca,i (B.5)

Once the value of cor r V i is determined along with the triple coefficient (c 0 , c t c , c ca ), we correct the thermocouple tension value measured with the following formula:

V cor r,i = V t c,i + cor r V i (B.6) 202

Measurement uncertainty determination

The principle of the uncertainty calculation is detailed in the Appendix A and is used in this case to determine the measurement uncertainty of the thermocouple.

The total error of the thermocouple tension corrected value V cor r,i with regard to the true value of tension V t rue can be decomposed in two terms. One term corresponds to the systematic error ξ V s,i and another to the random error ξ V r,i . The systematic error ξ V s,i is due to the calibration correction since it remains constant over measurement sets. The random error ξ V r,i is due to the high-frequency noise along the measurement data acquisition center. Thus, the thermocouple tension corrected value V cor r,i can be expressed as follows:

V cor r,i = V t rue + ξ V s,i + ξ V r,i (B.7)
The random error term, supposing independently from the systematic error, will statistically tend to follow a normal distribution. The sample standard deviation of the random error related to the high-frequency noise for one measurement set is calculated as follows:

s V ξ r,i = N j j=1 (V t c,i j -V t c,i ) 2 N j -1 (B.8)
Then, the total sample deviation related to the random error can be deducted by intrinsically averaging these s V ξ r,i over N i = 58 measurement sets:

s V ξ r = N i i=1 (s V ξ r,i ) 2 N i -1 (B.9)
On the other side, using the equations (B.4) and (B.5), the total sample standard deviation of the systematic error related to the calibration correction can be calculated as follows:

s V ξ s = N i i=1 (dV i -cor r V i ) 2 N i -1 (B.10)
Using the equation (A.12) as mentioned in the Appendix A, it is possible to estimate the total standard deviation of the measurement error and the 95% confidence interval of the measured values as follows: In other words, at the confidence interval of 95%, the true thermocouple tension value V t rue lies within the interval:

s V = (s V ξ s ) 2 + (s V ξ r ) 2 (B.
V t rue = V cor r ± ∆ V cor r 95%
A tension-temperature conversion gives us the measurement uncertainty of our thermocouple : ∆ T cor r 95% 0.06 • C.
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Appendix C

Thermocouple response time Generally, the response time (t R ) is the elapses time required for a sensor, after a sudden change (named a step) of a quantity from one state/condition to another, until the variation of the output of the sensor differs only by % of the final (asymptotic) value. One notes: t R ( %). If the response time was zero, the sensor would be able to instantly follow the variations of the sensed quantity. This is however impossible in reality. It follows a transitional regime that needs to be characterized.

A time constant (τ) is defined as the response time corresponding to an ≈ 63.2%, which means the time required by a sensor to reach approximately 63.2% of a step change of a sensed quantity. Three time constants and five time constants are required for the sensor to approach 95% and 100% of the step change value, accordingly. Therefore, the maximum acquisition frequency allowed by the sensor is defined as:

f (Hz) = 1 5τ (C.1)

Time constant determination

The time constant can be modeled or approximated by a first-order linear differential equation as follows:

T (t) = T i + τ ∂ T ∂ t (C.2)
The solution of the equation (C.2) can be expressed as follows: In the other hand, the time constant of the thermocouple sensing element can be physically determined by using the thermal energy balance established as follows: • ρ t c : the thermocouple 1 density [kg/m 3 ]

T (t) = T 0 + (T 1 -T 0 ) 1 -e -t/τ (C.
ρ t c C p,t c V t c ∂ T t
• C p,t c : the thermocouple specific heat capacity [J/kg.K]

• h ai r : the air convection coefficient [W /m 2 .K]

• λ t c : the thermocouple thermal conductivity [W /m.K]

• σ: the Stefan-Boltzmann constant [W /m 2 .K 4 ]

• ε t c : the thermocouple emissivity [-]

1 to be exactly, those are the physical properties of the thermoelement material that make the thermocouple; but for the sake of simplicity, the term "thermocouple" is used.
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In our case, the two terms of conductive heat transfer and the radiative transfer can be neglected with regard to the convective heat transfer between the thermocouple and the ambient air. Thus, the equation (C.5) is reduced to: The evaluation of τ requires then the knowledge of the physical properties of the thermocouple, which are given by the manufacturer, and more importantly the determination of the air convection coefficient h ai r . This coefficient, which depends on the convection type (natural or forced), vary as a function of the dimensionless Nusselt number:

ρ t c C p,
h ai r = λ ai r N u d t c
(C.9) with:

• λ air : the air thermal conductivity [W /m.K]

• N u: Nusselt number, which characterizes the heat exchange between a fluid and an object [-]

• d t c : the diameter of the thermocouple sensing element [m]

Generally, the Nusselt number depends on three other dimensionless number, N u = f (Re, G r, P r):

• Re: the Reynolds number, which is a measure of the ratio of the inertial to viscous forces acting on the fluid. It characterizes the fluid flow regime;

• G r: the Grashof number, which is a measure of the ratio of the buoyancy forces to the viscous forces acting on the fluid. It characterizes the natural convection;

• P r: the Prandtl number, which is the ratio of momentum diffusivity to thermal diffusivity.
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These three dimensionless number are expressed as follows: with:

Re = u ai
• u ai r : the air velocity [m/s]

• ν ai r : the air momentum diffusivity (kinematic viscosity) [m 2 /s]

• g: the acceleration due to Earth's gravity [m/s 2 ]

• β ai r : the air thermal expansion coefficient [1/K]

• T ∞ : the quiescent temperature (fluid temperature far from the surface of the object)

• α air : the air thermal diffusivity [m 2 /s]

In the case of the natural convection (i.e. the ratio Gr/Re 2 1), the Nusselt number depends only in terms of the Grashof and the Prandtl number, N u = f (Gr, P r) [START_REF] Incropera | Fundamentals of heat and mass transfer, 6th Edition[END_REF]: N u = 0.6 + 0.387Ra 1/6

[1 + (0.559/P r) with: Ra = Gr.P r -the Rayleigh number, which is the product of the Grashof number and the Prandtl number. The formula expressed above is only applicable if the following condition is satisfied: Ra < 10 12 .

As for the other case (i.e. the forced convection), the ratio Gr/Re 2 1 and thus the Nusselt number depends only in terms of the Reynolds and the Prandtl number, N u = f (Re, P r) [START_REF] Incropera | Fundamentals of heat and mass transfer, 6th Edition[END_REF]:

N u = 2 + 0.6P r 1/3 Re 1/2 (C.14)
The formula expressed above is only applicable if two following conditions are satisfied: 0.6 < P r < 400 and Re < 7.10 4 .

The Table C.1 presents the physical properties of the ambient air, supposed at 20 • C and of the thermoelements, which are the chromel and the alumel 2 , as for a K-type ther- La compréhension de la distribution de l'air intérieur accompagné du transfert couplé "chaleur-air-humidité" est essentielle à la conception des systèmes de ventilation des bâtiments. Une conception adéquate devrait garantir trois critères majeurs: l'efficacité énergétique, le confort thermique des occupants et la qualité de l'air intérieur, dont les exigences ne cessent d'augmenter. L'étude de la distribution de l'air intérieur implique deux méthodes courantes : la simulation numérique et les essais à l'échelle réelle. La simulation numérique utilisant des modèles CFD est la plus efficace pour prédire la distribution d'air et la performance des systèmes de ventilation dans les bâtiments. Néanmoins, leur fiabilité demeure une préoccupation majeure, compte tenu du manque d'études de validation approfondies, en particulier des essais à l'échelle réelle.

Au cours des dernières décennies, bien que de nombreuses recherches aient été menées sur les études des jets d'air, certaines questions méritent toutefois d'être examinées. En effet, la majorité de ces études se sont concentrées sur une disposition symétrique des bouches de soufflage et d'extraction par rapport à la géométrie du local. En outre, les études traitant du transfert couplé "chaleur-air-humidité", qui inclut le phénomène de condensation sur la surface interne du local, sont encore limités dans la littérature. Par conséquent, ce travail se concentre sur les problématiques suivantes : Quel est le comportement d'un jet d'air réaliste sous des effets d'interaction et comment caractériser de tels jets d'air ? Dans des conditions d'intérieur favorisant la condensation sur une surface froide, pourrions-nous quantifier le débit massique du condensat ? Une étude expérimentale est réalisée dans la cellule d'essais MINIBAT à l'échelle réelle. Elle se compose de deux parties principales.

La première partie consiste à caractériser un jet d'air turbulent au plafond dans une configuration d'écoulement intérieur réaliste. Notre configuration introduit des éléments architecturaux qui font interagir le jet d'air avec la pièce : un plénum, une bouche de soufflage équipée de fixes ailettes et située près d'un mur latéral, une disposition asymétrique des bouches d'extraction par rapport au soufflage. La mesure de champs intérieurs est basée sur un robot mobile équipé de capteurs précis. Trois cas sont testés : un jet isotherme, un jet froid et un jet chaud. Les résultats expérimentaux montrent les effets d'interaction visibles des éléments architecturaux de la pièce sur le comportement du jet d'air : ils ont dévié la trajectoire du jet ainsi que déformé la forme du jet. Les principales caractéristiques du jet, telles que le taux d'expansion, la décroissance de vitesse et de température, sont quantifiées. Pour quantifier la déformation des profils transversaux du jet, une méthode graphique basée sur un indicateur de déformation est proposée et montre des résultats acceptables.

La deuxième partie de ce travail traite le phénomène de condensation sur une surface vitrée en reproduisant les conditions hivernales dans la cellule d'essais : un jet chaud et humide à l'intérieur et un climat extérieur froid. La prédiction qualitative de la condensation, c'est-à-dire le moment de son apparition et le mécanisme dynamique de croissance des gouttelettes, est réalisable en utilisant une technique de macrophotographie. Un post-traitement de cette série chronologique d'images rend possible l'estimation du débit massique de condensat. Les comparaisons entre les résultats expérimentaux et théoriques montrent une certaine concordance, ce qui pourrait valider la faisabilité des techniques d'imagerie dans des études de condensation à l'échelle du bâtiment.

Des données expérimentales détaillées accompagnées de conditions aux limites bien connues issues de ce travail pourraient servir de test de benchmark pour la validation des modèles CFD, en particulier pour les configurations découlement avec rupture de symétrie. De plus, avec les progrès de l'informatique, le traitement d'image proposé pourrait être considérablement amélioré grâce à l'intelligence artificielle, par exemple les réseaux de neurones artificiels avec l'analyse d'images basée sur l'apprentissage profond. 
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 1 Figure 1.2 -Principle of mixing ventilation (a) and displacement ventilation (b)

  Figure 1.4 -Jet flow configuration definition and expected behavior of the jet
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 2 Figure 2.1 -Simplified schematic of the test cell inner volume (millimeter unit)
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 2 Figure 2.3 -3D schematized model of MINIBAT
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 2 Figure 2.4 -Pt100 probes repartition in the test cell envelope
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 25 Figure 2.5 -Pt100 probes location inside the climatic chamber and the thermal buffer zone
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 2 Figure 2.7 -Test cell schematic with airflow configuration (milimeter unit)
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 28 Figure 2.8 -Plenum box scheme (milimeter units)

3

  Figure 2.10 -AHU system for the test cell

Figure 2

 2 Figure 2.11 -Probes location within the air handling unit and along the ductwork

  Figure 2.13. An illustration of the boundary condition type associated to the plenum box and the grille diffuser, as well as the air exhaust mouths is given in the Figure 2.14.

Figure 2 .

 2 Figure 2.13 -The test cell wall boundary conditions with color code

•

  Figure 3.1 -Room air flow zones division following flow regimes[START_REF] Loomans | The measurement and simulation of indoor air flow[END_REF] 

  Figure 3.2 -Omnidirectional hot-sphere anemometer Schiltknecht ThermoAir64

  Figure 3.4 -K-type thermocouple 25 µm

  Figure 3.5 -Sensirion SHT75 humidity/temperature probe

  3 • C within the measurement range of [10; 40] • C. Besides, the SHT75 probes have a relative slow response time of 8 s, according to the manufacturer.

Figure 3

 3 Figure 3.6 -Accuracy limits of the SHT75 probe (Sensirion, 2018)

Figure 3

 3 Figure 3.7 -MINIBAT mobile robot scheme (1, 2) -main masts; (3) -Mecanum wheel; (4) -Mini-PC remote controlled; (5) -data acquisition systems; (6) -LiDAR; (7) -hot-sphere anemometer ThermoAir64; (8) -K-type thermocouple 25 µm and SHT75 probe; (A, B, C) -central, near-floor, near-ceiling measurement profiles
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 38 Figure 3.8 -Sensors position on the mobile robot

  Figure 3.9 -Lidar system for the mobile robot

4

  Figure 3.10 -Data acquisition systems schematic

Figure 3

 3 Figure 3.11 -Scanning planes within the test room

  Figure 4.1 -Jet zones decomposition

A

  simplified schematic of an axisymmetric free jet development is presented in the Figure 4.2. The different magnitudes used for the characterization are also indicated. The empirical model is based on a jet with an outlet homogeneous velocity equal to U 0 across the outlet mouth surface.
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 42 Figure 4.2 -Isothermal axisymmetric free air jet simplified schematic with characteristics graphs

  Figure 4.3 -Scheme of vertical non-isothermal jets behavior (extract of (ASHRAE, 2009))

Figure 4

 4 Figure 4.4 -Non-isothermal axisymmetric free air jet simplified schematic with characteristics graphs

  T amb T 0 -T amb • U 0 : the averaged initial velocity at the diffuser face [m/s] • u m : the centerline velocity of the jet at distance x from the diffuser face [m/s] • T m : the centerline temperature of the jet at distance x [ • C] • T amb : the room ambient air temperature [ • C] • T 0 : the averaged initial temperature at the diffuser face [ • C]

  that the jet cross-sectional temperature profiles can also be related directly to the velocity profiles by the Prandtl number without passing by the jet thermal thickness b T . We can derive the relation between b T and b v from the equation (4.13):

  Figure 4.5 -Criteria for characterizing an interacting asymmetric jet

  ). Interpolated values were computed on a rectangular mesh with a 2 mm size in the X, Y directions and a 125 mm size in the Z-direction.

  Figure 5.1 -Schematic of the various section-planes plotted

Figure 5

 5 Figure 5.2 -iso_120 -Jet mean velocity contours over the horizontal planes Black dot: diffuser center ; Red dot: maximum velocity location

Figure 5

 5 Figure 5.5 -Jet mean velocity contours over the vertical planes

  Figure 5.1(b)). The Figure 5.8 presents the temperature difference contours map over the vertical planes (c.f.

  Figure 5.6 -cold_120 -Mean temperature contours map over the horizontal planes

  Figure 5.8 -Non-isothermal jets -Temperature contours map following X and Y direction

Figure

  

  This section gives the quantitative description of the trajectory deviation of the interacting jet with regard to an axisymmetric free jet. To do so, we compute the location of the extremum velocity and temperature value on each horizontal measurements plane. The distance between the diffuser axis and the maximum value locations is named δ [m]. The angle of deviation (0 • is the North direction, positive values toward the East direction) is named θ [ • ].

  Figure 5.10 -iso_120 -Maximum velocity trajectory Where: Blue contour -interacting jet; Blue curve -maximum velocity decay; Value taken for contour drawing: 0.25 m/s

Figure 5 .

 5 Figure 5.16 -Comparison of the jet deviation in three test cases

  The dimensionless values u/u m and ∆T /∆T m following the dimensionless radial distance r Deq /b v and r Deq /b T are presented in the figures from 5.18 to 5.20. Values within a range of [0.2 -1.0] are plotted; the profile of value 0.1 is excluded since it was qualified as not reliable. The reference profile is expressed by a single Gauss error-function curve according to equation (4.4).

  Figure 5.19 -cold_120 -Dimensionless velocity and temperature profiles distribution

  Figure 5.21 -Jet dynamic thickness and spread

  Figure 5.23 -Jet maximum velocity decays

  Figure 5.25 -Linear regression of the maximum velocity decay

Figure 5 .

 5 Figure 5.28 -iso_120 -Deformation indicator of velocity profiles

Figure 5 .

 5 Figure 5.31 -Instantaneous air velocity signals and its energy spectra

Figure

  Figure 5.32 -Location of points analyzed

  Figure 5.34 -Standard deviation of the velocity, turbulent kinetic energy and turbulence intensity

Figure 5 .

 5 Figure 5.35 -iso_120 -Turbulent kinetic energy fields over the horizontal planes

  Figure 5.38 -Turbulent kinetic energy fields over the vertical planes

Figure 5 .

 5 Figure 5.39 -Summary of the jet characterization

  Figure 6.1 -Two types of heterogeneous condensation

Figure 6

 6 Figure 6.2 -Contact angle and equilibrium of surface tensions of a single droplet

  (a) DSLR equipped with macro lens and speedlight flash system (b) DSLR set-up position (c) Micrometric positioning sliding plate (d) captured area (meter unit)

  Figure 6.6 -Location of the IR camera and a photo captured sample

  Figure 6.7 -Supervision camera system for the test cell

Figure 6 . 8 -

 68 Figure 6.8 -Contact angle and droplet radius

  Figure 6.9 -Determination of the contact angle

  Figure 6.10 -Example of captured image of droplets on cold glazing

  Figure 6.11 -Image processing steps for droplets contours finding

  Figure 6.13 -Boundary conditions evolution during the test period

  Figure 6.15 -Dropwise condensation dynamic mechanism

Figure 6 .

 6 Figure 6.16 -Temperature evolution of the moist air, the dew point and the glazing surface just before and during the test

  Figure 6.18 -Image samples of small and large droplets (5 x 5 mm) with their corresponding histograms

Figure 6 . 20 -

 620 Figure 6.19 -Image thresholding for the image sample of small droplets

  Our thermocouples are calibrated in-situ at our laboratory. The calibration device consists of a reflux thermostatic bath Lauda RM6T with constant fluid temperature and a reference sensor Pt100 AOIP AN 5847, which is connected to a thermometer AOIP PHP61. A scheme of the thermostatic bath is illustrated in the Figure B.1.

Figure B. 1 -

 1 Figure B.1 -Calibration reflux thermostatic bath scheme

  Figure C.1 -Thermocouple step change temperature as a function of time constant

•

  T ai r : the air temperature to measure [ • C] • T t c : the temperature measured by the thermocouple [ • C] • V t c : the volume of the thermocouple sensing element [m 3 ] • S t c : the surface of the thermocouple sensing element [m 2 ]

2

  Figure C.2 -The response time of two K-type thermocouples with different junction diameter 250 µm and 25 µm

  Figure E.1 -iso_120 -Evolution of the measured boundary conditions

Figure G. 1 -

 1 Figure G.1 -Robot chassis parts and specifications
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 2 Table 2.1. The materials thermophysical properties which were used to compute the surface to surface thermal resistances are summarized in the Table 2.2. /m.K] ρ [kg/m 3 ] C p [J/kg.K]

	Figure 2.2 -Envelope composition of MINIBAT test cell
	30

.2 -Thermophysical properties of MINIBAT envelope materials

Table 2 .

 2 3 -MINIBAT boundary conditions using inner surface

	Surface name	Color code Type	Thermal BC Parameter	Type	Dynamic BC Parameter
	Ceiling	T+R	T		

Table 2

 2 

.4 -MINIBAT boundary conditions using outer surface Thermal boundary condition types: T -Imposed temperature; R -Imposed thermal resistance; AD -Adiabatic Dynamic boundary condition types: SW -Solid wall; QV -Volume flow rate Parameter name nomenclature: SI -inner surface; SE -outer surface; TI -turbulence intensity

  SDEV Mean SDEV Mean SDEV

		Ceiling		T SI,C	20.81 0.18 20.97 0.09 23.18 0.04
		Floor		T SI,F	21.02 0.15 20.86 0.10 20.86 0.05
	Wall tem-	South		T SI,G L	20.99 0.12 21.25 0.06 20.46 0.03
	perature	North		T SI,F	20.73 0.21 21.56 0.09 22.89 0.05
		East		T SI,EW	20.59 0.20 20.80 0.08 22.66 0.05
		West		T SI,W W 20.62 0.20 20.78 0.09 22.75 0.05
		Ambient air	T amb	20.35 0.08 19.74 0.06 23.25 0.06
	Air temper-ature	CC		T cc	20.45 0.28 21.21 0.16 16.38 0.11
		TBZ		T t bz	19.86 0.30 20.86 0.11 20.81 0.07
	Table 5.2 -Measured boundary conditions within the MINIBAT test cell
	Parameters		Symbol	iso_120	cold_120	hot_120
					Mean SDEV	Mean	SDEV Mean SDEV
	Airflow rate		Q 0 [m 3 /h] 119.99 0.72	119.99	0.97 119.98 1.37
	Air velocity		U 0 [m/s]	2.18	-	2.18	-	2.18	-
	Air temperature	T 0 [ • C]	19.97	0.07	16.00	0.04	30.00	0.08
	Reynolds number	Re 0 [-]	17268	-	17268	-	17268	-
	Archimedes number	Ar 0 [-]	0	-	-0.0033	-	0.0058	-
			Table 5.3 -Air supply characteristics	

Where: Mean -mean temperature; SDEV -standard deviation; CC -climatic chamber; TBZ -thermal buffer zone much from the temperature set points. The temperature standard deviation is higher in the climatic chamber. This is due to the regulation of the climatic chamber air handling unit.

  [ • C]

	Initial condition	150	28	9		6	21
	Test condition	150	28	14		6	21
	Table 6.1 -MINIBAT set points for the condensation test
	Where: Q 0,sp -airflow rate set point; T 0,sp -supply air temperature set point;
		r 0,sp -supply air specific humidity set point;	
	T cc,sp -climatic chamber ventilation temperature set point;
	T t bz,sp -thermal buffer zone ventilation temperature set point
		Category -Name	Symbol	cond_150 Mean SDEV
			Ceiling	T S I,C	21.38 0.20
			Floor	T S I,F	21.09 0.19
	Wall temperature	South North	T S I,G L T S I,N W	15.29 0.46 21.29 0.21
			East	T S I,EW	21.05 0.18
			West	T S I,W W 21.15 0.21
			Test cell	T amb	21.19 0.08
	Air temperature	CC	T cc	7.63	0.08
			TBZ	T t bz	21.38 0.07
	Table 6.2 -Measured temperature boundary conditions for the condensation test
	Where: Mean -mean temperature; SDEV -standard deviation;
		CC -climatic chamber; TBZ -thermal buffer zone
		Q				

  The measurement uncertainty evaluation consists of estimate the measurement error ξ Y 95% ] in which we have a chance of 95% to find the true value Y T :Y T = Y i ± ∆ are taken into account through one single term ξ Y i . The mean value Y from the sample of brut measured value (Y i ) i=1..N Y will give a best estimated value of Y T :

	by a confidence interval [-∆	Y i 95% ; ∆	Y i
			Y i 95%	(A.3)
	MEASUREMENT UNCERTAINTY OF A SINGLE ERROR
	Assuming that all error factors ξ Y i, f q	
				i
				195

  7) with ν Y is the degree of freedom, which equal to N Y minus the number of parameters needed to estimate δ Y i . In this case, Y is the only one parameter needed, thus ν Y = N Y -1. Since the best estimator of Y T is the sample mean Y , we wanted to calculate the standard deviation of the sample mean s Y . It is estimated as the sample standard deviation divided by the square root of the sample size N Y : Once the sample standard deviation s Y and the standard deviation of the sample mean s Y is determined, it is possible to estimate the 95% confidence interval of the brut measured values Y i and the sample mean Y as follows:

		∆ 95% = t Y i	ν Y 0.975 .s Y	(A.9)
		∆ Y 95% = t	ν Y 0.975 .s Y = t	ν Y 0.975 .	s Y N Y	(A.10)
	with t	ν Y 0.975 refers to the Student's t-distribution value of order 0.975 associated with ν Y
	degrees of freedom. Its value can be found in a t-distribution statistical table.
	In other words, at the confidence interval of 95%, the true value Y T lies within the
	interval:			
			Y i ± t	ν Y 0.975 .s
		s Y =	s Y N Y	(A.8)

Y

and we have the true sample mean Y (best estimator of Y T ) lying within the interval:

  0.975 refers to the Student's t-distribution value of order 0.975 associated with N i -1 degrees of freedom.

		11)
	∆	V cor r

95% = t 0.975 .s V (B.12) 203 with t

  t c V t c ∂ T t c ∂ t = h ai r S t c (T t c -T ai r ) (C.6)In order to obtain the same form as the equation (C.2), the equation (C.6) can be expressed as follows:

	T air +	ρ t c C p,t c V t c h ai r S t c	∂ T t c ∂ t	= T t c	(C.7)
	Combining both equations (C.2) and (C.7), one could deduct the expression of τ as
	follows:	τ =	ρ t c C p,t c V t c h ai r S t c		(C.8)

  9/16 ] 

	2	
	8/27	(C.13)

  Figure D.2 -Data table for the air flow rate of 100 m 3 /h Figure D.3 -Data table for the air flow rate of 200 m 3 /h

			N°		X				Y	S (cm²)	U (m/s)	Q (m3/h)
		N°	1	X	-4		Y		6	3.78 S (cm²)	1.36 U (m/s)	1.850688 Q (m3/h)
		1	2	-4	-2		6	6.35	5.44 3.77	1.44 3.82	2.820096 5.184504
		2	3	-2	0	6.5 6.35	5.95 5.43	1.36 3.72	2.91312 7.271856
	4 5 6 7 8 9 10 11 12 Category -Name 2 3 0 4 4 2 -6 5 4 -4 6 -6 -2 7 -4 0 8 -2 2 9 0 4 6 10 2 11 4 12 6	6.35 6.5 6 6.35 4 6 4 4 4 4 4 4 4 4 4 4 4 4 4	5.44 5.94 3.78 5.43 4.6 3.77 4 4.58 4 4 4 4 4 4 4 4.6 4 4 4.58 Symbol	1.46 3.55 1.51 3.34 1.48 3.66 1.4 3.6 1.24 3.48 1.18 2.87 1.28 2.61 1.35 1.42 2.98 3.33 3.51 Mean SDEV 7.59132 2.859264 6.529032 2.054808 4.967352 2.45088 5.93568 2.016 5.0112 1.7856 4.1328 1.6992 3.7584 1.8432 1.944 2.35152 4.2912 4.7952 5.787288 iso_120
	13 14 15 -6.35 -4 Airflow rate [m 3 /h] -6.35 -4 -2 13 14 15 -2 Air velocity [m/s]	2 2 2		2 2 2	5.44 4 4 5.43 4 Q 0 4 U 0	1.47 1.36 1.25 3.18 2.75 119.99 0.72 2.878848 1.9584 1.8 6.216264 3.96 2.5 3.6 2.18 -
	16 17 18 19 20 Temperature [ • C] 21 22	16 17 18 19 20 21 AHU inlet 0 2 4 6.35 -6.5 -4 0 2 4 6.35 -6.5 AHU cooling coil 2 2 2 2 0 0 2 2 2 2 0 AHU outlet -4 0 MINIBAT inlet 22 -2 0 -2 0 MINIBAT outlet	4 4 4 5.44 5.95 4 4 4 T I N ,AH U 4 5.43 5.94 T COO L,AH U T OU T,AH U 4 T I N ,M B 4 4 T OU T,M B	1.2 1.18 1.34 1.48 1.5 1.41 2.55 2.44 19.97 2.898432 1.728 1.6992 1.9296 3.213 3.672 0.07 3.5136 2.63 3.7872 3.55 6.93954 3.18 1.12 0.27 17.00 0.11 6.800112 2.58 3.7152 19.97 0.07 2.0304 1.23 1.7712 2.62 3.7728 20.16 0.16
	Specific humidity [g/kg as ] Relative humidity [%]	23 24 25 26 27 28 29 30 31 32 33 34 35 36 37	23 24 AHU inlet 0 2 0 2 25 4 4 AHU cooling coil 0 0 0 0 0 0 26 6.5 0 27 -6.35 -2 28 -4 -2 6.5 0 -6.35 -2 AHU outlet -4 -2 MINIBAT inlet 29 -2 -2 30 0 -2 31 2 -2 -2 -2 0 -2 MINIBAT outlet 2 -2 AHU inlet 32 4 -2 33 6.35 -2 34 -6 -4 35 -4 -4 4 -2 6.35 -2 AHU cooling coil RH COO L,AH U 97.22 4 1.18 4 1.19 4 2.7 4 2.55 4.75 r I N ,AH U 4 1.39 4 2.83 r COO L,AH U 3.96 5.95 1.46 3.12732 1.6992 3.888 3.672 0.08 1.7136 4.0752 0.09 2.0016 5.44 1.56 3.055104 4 1.39 5.94 3.08 6.586272 5.43 3.05 r OU T,AH U 4.55 0.09 5.96214 4 2.41 3.4704 r I N ,M B 4.49 0.07 2.0016 4 1.2 1.728 4 1.17 1.6848 4 1.26 4 2.47 3.5568 4 2.17 4.61 0.03 r OU T,M B 3.1248 4 2.35 RH I N ,AH U 30.59 0.30 3.384 1.8144 4 1.4 2.016 5.44 1.55 3.03552 4.6 1.26 2.08656 4 1.54 4 2.75 3.96 5.43 2.88 0.46 5.629824 -6 -4 4.58 2.98 AHU outlet RH OU T,AH U 38.21 0.77 4.913424 -4 -4 4 2.69 3.8736 MINIBAT inlet 31.31 0.52 RH I N ,M B 2.2176 36 -2 -4 4 1.44 2.0736 -2 -4 4 2.3 3.312 0 -4 4 2.24 3.2256 MINIBAT outlet RH OU T,M B 31.74 0.27
	37 38 Table E.2 -iso_120 -Measured air supply characteristics 0 -4 4 1.35 1.944 2 -4 4 1.42 2.0448 38 2 -4 4 2.57 3.7008 39 4 -4 4 2.93 4.2192
		40	39	6	4		-4	-4	4 4.58	1.55 3.01	2.232 4.962888
		41	40	-4	6		-6	-4	4.6 3.77	1.44 2.94	2.38464 3.990168
		42	41	-2	-4	-6 -6.35	3.78 5.43	1.69 2.86	2.299752 5.590728
		43	42	0	-2	-6.35 -6.5	5.44 5.94	1.64 2.1	3.211776 4.49064
		44	43	2	0	-6.5 -6.35	5.95 5.43	1.71 1.46	3.66282 2.854008
		45	44 45	4	2 4		-6.35 -6 -6	5.44 3.77 3.78	1.65 1.45 1.7 Qtot	1.96794 3.23136 2.31336 205.64298
										Qtot	102.07487
	216								
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Natural ventilation is the process of supplying air to and removing air from an indoor space by means of pressure differences arising from natural forces.

Heating, Ventilation, Air conditioning and Refrigeration 1 Cette thèse est accessible à l'adresse : http://theses.insa-lyon.fr/publication/2018LYSEI077/these.pdf © [C-K. Nguyen], [2018], INSA Lyon, tous droits réservés

17 EN-ISO Energy Performance Buildings (EPB) standards and 29 EPB EN-standards

Computational Fluid Dynamics

The ventilation effectiveness gives an indication on the effectiveness of the fresh supply air for indoor contaminant and heat removal(Mathisen et al., 

2004) 

the distance from the centerline of an outlet perpendicular to a point in the mixed air-stream where the velocity has been reduced to a specified terminal velocity (ASHRAE, 2017).

Particle Image Velocimetry

Air Infiltration and Ventilation Centre

Chapter 36 presents data on indoor vapor release and measured indoor/outdoor vapor pressure/concentration differences, and discusses moisture sources and sinks that can reduce materials' durability, as well as the negative effects of insufficient or excessive indoor relative humidity.

 26 there is no new chapter was added since the 2009 version.

Effect of a moving jet attaching to a parallel surface because of negative pressure developed between jet and surface (ASHRAE, 2017).

Agence Nationale de Recherche

Resistance Temperature Detectors -temperature measurement sensors consists of a fine wire resistor that changes resistance value depending on the temperature variation; the RTD wire is often a pure material such as platinum, which gives a good accuracy and a long-term stability.

platinum probe with a resistance of 100 Ω at 0 • C.

A proportional-integral-derivative controller is a control loop feedback mechanism widely used in industrial control systems and a variety of other applications requiring continuously modulated control. Its continuously calculates an error value as the difference between a desired set point and a measured process variable and applies a correction based on proportional, integral, and derivative terms.

According to the authors, their expanded accuracy was defined at 95% confidence level in accordance with the Guide for the Expression of Uncertainty in Measurement(EN 1995b) accepted by the International Organization for Standardization (ISO).

• In the volume defined by a 1 x 1 m 2 around the diffuser axis, the distance between the measurement points is 0.05 m. This is the air jet region that captures a high gradient in air velocity and temperature;• In the surrounding volume defined by a 2 x 2 m 2 around the diffuser axis, the distance between the measurement points is 0.1 m. This area corresponds to the

there are several other names for the jet boundary: jet spread, jet growth, jet expansion, etc.

it is actually the excessive temperature decay, but the term "temperature decay" is used for the sake of simplicity(Li et al., 1993b;[START_REF] Goodfellow | Industrial Ventilation Design Guidebook[END_REF] 

the plot was also based on the lower threshold velocity value of 0.20 m/s to guarantee the uniform scale within the three test cases

The Coanda effect is an useful practice in mixing ventilation for which the the high-velocity region in a wall jet is restricted to the ceiling thus freeing the occupied zone from discomfort due to draft.

the equivalent diameter is the diameter of a circular duct or pipe that gives the same pressure loss or resistance as an equivalent duct or pipe with non-circular shape (e.g. rectangular, oval, oblong, etc.).

it should not be confused with the hydraulic radius used in fluid dynamics engineering, which is equal to S/P. In that context, the hydraulic radius is defined as the ratio of the cross-sectional area of a channel or pipe in which a fluid is flowing to the wetted perimeter of the conduit.

• The first method is to change the mass of the droplet, by adding or subtracting the liquid in a droplet with a syringe. In the case of adding liquid, firstly we will see an increase of the size of the droplet but the radius of the droplet on the surface remains unchanged. The radius starts to increase slowly after that. The advancing angle is the maximum angle observed during the two phenomenon which are mentioned above. To measure the receding contact, we will do reversely by decreasing the mass of the droplet. The radius of the droplet on the surface will remain con-

this value falls well below the camera resolution employed for our experimental study, which is about 5 µm/p x. Hence, the evaluation of n(r d ) will not be addressed. Further details on the theory of population balance can be found in the following references[START_REF] Tanaka | A Theoretical Study of Dropwise Condensation[END_REF][START_REF] Kim | Dropwise Condensation Modeling Suitable for Superhydrophobic Surfaces[END_REF] 

2011) 

the humidity sensor at Z = 1.5 m seems to be defective since its recorded values differ largely from the others; thus it will be excluded for the data analysis

Regarding the condensation study, it is concluded that the imaging techniques are feasible for estimating the surface condensation rate. However, our method is limited in terms of the accuracy and the precision of the experimental results. We suggest two ways to surpass this problem. First, in terms of the experimental apparatus, we can upgrade the whole camera system, i.e. the body and the lens, to get a higher resolution and a reproduction ratio greater than 1. Another option, the camera lens can be replaced by a telescope. The precision of the pictures can be improved considerably in exchange for its field of view. Besides, an additional camera can be considered in order to obtain information on the droplet contact angle. This camera needs to be set up at the glazing surface, perpendicularly with the direction of the growth of droplets, to capture those information. Second, we can get a higher result accuracy by improving the image post-treatment process. We remind that the process consists in finding the droplet contours in the image series. The actual process we used is the standard one. Its parameters are defined based on the trial-and-error principle. We need an automated algorithm that can determine the optimized parameters for each image. There is another method which is more sophisticated but promising. With advances in computer sciences, the image treatment process could be improved considerably by using the artificial intelligence; for instance, the artificial neural networks with deep learning-based image analysis.
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Experimental results and discussions

6.4.1 Experimental conditions 6.4.1.1 Description of the test case Some preliminary tests were carried out to determine the appropriate test condition. We recall that the condensation measurements comprise an initial steady state without condensation, followed by an increase of the supply air humidity set point. The set points for the initial condition and the test condition are listed in the Table 6.1.

The supply airflow rate was set at 100 m 3 /h. The condensation occurred quite slowly, as well as the condensate growth rate. For instance, a series of ten images captured every 60 seconds showed no significant change. Hence, we opted for test cases with the supply airflow rate of 150 m 3 /h, which gives the maximum restricted indoor air velocity in the jet region (c.f. section 3.2.1.1). The air supply temperature set point is fixed at 28 • C. The vapor specific humidity set point increases from 9 g/kg as to 14 g/kg as between the two conditions. The vapor specific humidity set point cannot go further than 14 g/kg as , otherwise significant fluctuations can be observed due to the limited performance of the steam generator.

Five test cases have been undertaken, but only one is analyzed and discussed in detail in this chapter. It will be noted "cond_150" from now on, for the sake of simplicity.

Measurement of the boundary conditions

The boundary conditions were measured during the whole duration of the test. The measurement results are listed in the Table 6.2 and the Table 6.3. The Figure 6.13 presents the boundary conditions evolution over time, only for the period of the condensation test. More details on the evolution over time of the experimental conditions are given in the Appendix E.

For the temperature evolution (c.f. Figure 6.13(a)), the low standard deviations reveal a reasonable stability of the temperature boundary conditions around the test cell. On the south facade, the standard deviation is much higher (0.46 • C). Its temperature is slightly increased (about 1 • C) during the test. This is due to the condensation process which increase the temperature (c.f. section 6.2.3).

For the air supply characteristics (c.f. Figure 6.13(b)), the set points for the airflow rate and the air temperature remain unchanged for the test. The mean air specific humidity increase from 9.06 g/kg as to 14.07 g/kg as with a respective standard deviation of 1.20 g/kg as and 1.66 g/kg as .

Pictures of the condensation process

The Figure 6.15 presents a series of images captured over time, which could show clearly the formation, the growth, the coalescence as well as the fall-off and the re-nucleation of droplets along the glazing. We note that all the images shown in the figure are not the raw image. They have been equalized according to the method above-mentioned in the section 6.3.3.4, to ensure a better vision.

As shown in the Figure 6.15(a), in the beginning (t = 0), droplets form at the same time at nucleation sites with a very small initial radius. Their initial size is so small that the camera device is not able to do an object-focus properly. As a result, the vignetting effect (darker zone at the image periphery) can be observed. It is actually the failure of the synchronization between the out-of-focus shooting and illuminating. At this early stage, the droplets grow mainly by direct deposition of condensed saturated vapor onto the glazing surface. From the time t = 15 min, the camera device starts to perform a proper focus, the droplets edges are clearly defined on the pictures. For this reason, this is also the moment for which the image series are used for post-processing. As the droplets become larger in size and as the distances between neighboring droplets become smaller, the coalescence effect begins. Smaller droplets fuse into bigger droplets. The coalescence process seems to be the dominating mechanism for the droplet growth since it lasts for the longest time of the whole process: from t = 15 min up until t = 171 min (from Fig. 6.15(b) to Fig. 6.15(k)), which means about two hours and a half.

Once the droplets reach a certain size, called "fall-off size", they roll off the glazing surface. In fact, as the droplets grow by coalescence and increase to the departure size, the gravity forces exceed the capillary force within the droplets. They cause them to fall and sweep away other droplets in its path, as can be seen in the Figure 6.15(l) at the moment t = 172 min. Just one minute later (i.e. at t = 173 min), right at the freshly cleared glazing surface, new droplets form rapidly at the nucleation sites. As shown in the last two figures 6.15(n) and 6.15(o), the re-nucleation starts over and the growth process cycle repeats, next to the other droplets which still undergo the coalescence process.

Quantification of the condensation rate

In this section, we are interested in the condensation rate of the water vapor droplet on the glazing. As shown earlier in the section 6.2.6, the condensation rate is strongly related to the overall heat transfer coefficient during the condensation process. Hence, four different methods are identified in order to determine the condensation rate: midity, i.e. the water vapor content, the corresponding dew point also begin to increase from about 12 • C to 16.5 • C. The glazing surface temperature increases from 14.1 • C to 15.3 • C approximately, as a result of the increasing heat transfer coefficient promoted by the dropwise condensation process.

Condensation rate

The time-evolution of the condensation rate is given in the Figure 6.17. The timeline shown in the x-axis is also in perfect synchronization with all the previous graphs. Results issued from four methods above-mentioned are presented. Figure 6.17 -Evolution of the condensate mass flow rate just before and during the test The two solid curves in black and blue colors represent the condensation rate computed using the Griffith's correlation and the theoretical equation, respectively. For the two scatter plot series, the green dots represent the CFD numerical results extracted from [START_REF] Ilie | Numerical study of heat and mass transfers in ventilated spaces (in Romanian)[END_REF], and the red dots represent the experimental results issued from the image processing method, described previously in the section 6.3.3.4.

To determine the condensation rate, the two solid curves are computed using the same equation (6.17). The overall heat transfer coefficient h t ot,cor r using the Griffith's correlation (eq. (6.16)) is computed with the vapor dew point temperature determined just above. The overall heat transfer coefficient h t ot using the theoretical equation (6.15) is the result of a definite integral. This integral requires information on the droplet minimum equilibrium radius r min , the droplet fall-off radius r max and the droplet contact angle θ . Those information are listed in the Table 6.4. The minimum equilibrium radius r min is computed using the equation (6.2). The fall-off radius r max is assumed based on the Figure 6.15(l). The contact angle θ is obtained experimentally. It is an averaged value determined following the test described in section 6.3.3.3.

Appendix A

Uncertainty evaluation in sensors measurements mocouple.
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Thermoelement 

Appendix D

Verification of the supply air flow rate

As shown in the Figure D.1, the outlet diffuser is decomposed into multiple small zones whose area are known. We impose a flow rate in the air handling unit. We measure the air velocity in each zone and we deduct the airflow rate in each zone. The total airflow rate throughout the diffuser is the sum of all the air flow rate above-mentioned. Two air flow rate set points are tested: 100 m 3 /h and 200 m 3 /h. We found that the air flow rate difference between the air flow meter and the air supply did not excess 2%.

Appendix E

Cases studied boundary conditions

Isothermal jet (iso_120)

Category -Name Symbol iso_120

Mean SDEV