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0.5span with N2 = 10, 000rpm and ṁcr = 0.543kg/s (BEP) . . . . . . . 94

4.36 3D visualization of streamlines on the equipotential surface located at
0.5span with N2 = 10, 000rpm and ṁcr = 0.233kg/s (NIP). The vortices
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Résumé

Dans le domaine des turbomachines, les systèmes contrarotatifs sont utilisés de-
puis le 20e siècle. L’étude de l’application de ce type de systèmes montre de nombreux
avantages : par exemple, l’amélioration des performances, la réduction de l’encombre-
ment et de la masse, l’augmentation de l’efficacité de la poussée, etc. Cependant, ce
système n’a pour le moment encore jamais été appliqué pour créer un compresseur
centrifuge. Cette thèse présente une configuration de compresseur centrifuge utilisant
un système contrarotatif appelé Compresseur Centrifuge Contrarotatif (CRCC pour
Counter-Rotating Centrifugal Compressor en anglais). L’objectif de la thèse est d’étu-
dier d’une part l’effet du système contrarotatif sur les performances du compresseur
centrifuge, et d’autre part l’influence du système sur la zone de pompage lorsque le
débit massique est très faible. Pour concevoir ce CRCC, un compresseur centrifuge
conventionnel est sélectionné comme machine de référence. La roue de cette machine est
remplacée par un ensemble de deux roues qui tournent en sens inverse, de même taille
que la référence. Les autres composants de la machine de référence sont préservés. Ces
deux rotors sont conçus sur la base d’un rapport de longueur dans la vue méridienne.
L’angle des aubes des rotors est calculé en fonction des relations aérodynamiques. Le
banc d’essai RAICOR (Rotor-rotor Aerodynamic Interaction of a COunter-Rotating
centrifugal compressor) est développé et conçu à partir du banc d’essai du compres-
seur centrifuge conventionnel, au LIFSE (Laboratoire d’Ingénierie des Fluides et des
Systèmes Energétiques). L’étude expérimentale montre que l’utilisation d’un système
contrarotatif améliore non seulement les performances du compresseur à des vitesses de
rotation inférieures à la vitesse de conception, mais diminue aussi la zone de pompage.
Le compresseur fonctionnant en mode contrarotatif offre un meilleur taux de com-
pression ainsi qu’un meilleur rendement que le compresseur conventionnel. De plus, la
machine contrarotative peut fonctionner à une vitesse périphérique inférieure à celle du
compresseur de référence tout en ayant les mêmes performances. Pour améliorer la zone
de pompage, un mode de co-rotation (les deux rotors tournent dans le même sens de
rotation) est adopté pour permettre au compresseur de fonctionner à un débit inférieur
à celui du compresseur de référence. La limite du pompage est alors repoussée jusqu’à
24%-28% de la plage de fonctionnement du compresseur, vers les débits plus faibles. Le
point limite est atteint lorsque la vitesse de rotation du rotor en amont est comprise
entre 48% et 64% de celle du rotor en aval. Les résultats de cette étude jouent un rôle
important dans le développement d’une nouvelle génération de compresseur centrifuge
pouvant fonctionner sous un très faible débit massique.

Mots-clés : Contrarotatif, co-rotatif , interaction rotor-rotor, compresseur centri-
fuge, améliorer du pompage.
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Abstract

In the field of turbomachinery, counter-rotating systems have been used since the
20th century. Studying the application of this type of system shows many advantages:
for example, improving performance, reducing overall dimensions and weight, increa-
sing thrust efficiency, etc. However, this system has never yet been applied until now
to create a centrifugal compressor. This thesis presents a configuration of a centrifu-
gal compressor using a counter-rotating system called Counter-Rotating Centrifugal
Compressor (CRCC). The objective of this thesis is to study the effect of the counter-
rotating system on the performance of the centrifugal compressor, and the ability to
extend an operating range to an instability region at a very low mass flow. To design
the CRCC configuration, a conventional centrifugal compressor is selected as the refe-
rence machine. Its single rotor is replaced by a set of two rotors that rotate in opposite
directions, the same size as the reference. The other components of the reference ma-
chine are preserved. These two rotors are designed based on a length ratio parameter
in the meridian view. The blade angles of the rotors are calculated as a function of
the aerodynamic relationships. A RAICOR (Rotor-rotor Aerodynamic Interaction of a
COunter-Rotating centrifugal compressor) test bench is developed and designed from a
test bench of the conventional centrifugal compressor, at LIFSE (Laboratoire d’Ingénie-
rie des Fluides et des Systèmes Energétiques). Experimental results show that the use
of a counter-rotating system not only improves the performance of the compressor at
rotational speeds lower than the design speed but also decreases the instability region.
The compressor operating in counter-rotating mode gives a better pressure ratio as
well as a better efficiency than the conventional compressor. In addition, the counter-
rotating machine can operate at a peripheral velocity lower than that of the reference
compressor while having the same performance. A co-rotation mode (the two rotors
rotate in the same direction) is adopted to allow the compressor to operate at a lower
flow rate than that of the reference compressor. The instability limit of the compressor
is then pushed back from 24% to 28% of the operating range, towards the lower flow
rates. The limit point is reached when the upstream rotor speed is between 48% and
64% of the downstream rotor speed. The results of this study play an important role
in the development of a new generation of centrifugal compressor that can operate at
a very low mass flow rate.

Keywords : Counter-rotating, co-rotating, centrifugal compressor, rotor-rotor in-
teraction, control instability phenomenon.
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Chapter 1

Introduction

Contents
1.1 Background . . . . . . . . . . . . . . . . . . . . . . . . . . . . 1
1.2 Performance of centrifugal compressors . . . . . . . . . . . 5
1.3 Applications of a counter-rotating system and state of art 11
1.4 Motivation . . . . . . . . . . . . . . . . . . . . . . . . . . . . 17

1.1 Background

Acompressor is a device used to pressurize a working fluid and deliver it at a
higher pressure than its initial pressure. It is commonly used in industry for

various purposes such as: providing air for combustion, compressing air for driving
pneumatic tools, circulating fluid through a certain process, etc.

1.1.1 History of centrifugal compressors

The turbomachinery has existed for several centuries, but it is optimized and rapidly
developed in the 20th century. The invention of a centrifugal compressor started with
the idea of using centrifugal force to lift the liquid by Leonardo Da Vinci(1452-1519)[7].
In 1689, Denis Papin had a major contribution to the concept of creating the free forced
vortex within a circular, or spiral casing by means of blades. Following that, in 1754
Euler presented an idealized theoretical application of Newton’s law to centrifugal
rotor based on a conceptualization of his backward tubular turbine is known as the
"Euler equation". A French professor, Auguste Rateau, produced the first centrifugal
compressor. His prototype consists of a single-stage which could compress 0.5m3/s of
atmospheric air to a discharge pressure of 1.5bar at a rotational speed of 20, 000rpm
[8]. After that, to meet the demand of users for compressors with higher pressure,
many generations of compressors with one or multi-stage were developed. It led to the
rapid development of the design method. Along with this, the evolution of information
technology, especially the advancement of programmed computers at the end of 20th
century, has helped to design and develop the compressor quickly and accurately with
high efficiency.

1
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1.1.2 Working principle of a centrifugal compressor
A centrifugal compressor generally consists of four components named inlet, rotor,

diffuser, and collector (or volute). The fluid flows through the compressor by a fast
rotating rotor. The velocity of the fluid is converted into pressure, partially in the
rotor and partially in the stationary diffuser and the volute. Typically, the centrifugal
compressor is designed with a half pressure rise takes place in the rotor and the other
one in the diffuser. A structure of a conventional centrifugal compressor is presented
in figure 1.1.

Volute

Rotor

Vanless 
diffuser

Inlet

Outlet



Figure 1.1 – Schematic diagram of a centrifugal compressor

The most important component of a centrifugal compressor is a rotor which pro-
vides energy to the fluid and thereby raises the angular momentum. Through the rotor,
the flow direction changes from axial to radial direction with increasing static pressure
and velocity. After leaving the rotor, the fluid flows into expanded space called a dif-
fuser in which the kinetic energy of the fluid is converted into pressure energy. So, the
pressure rises rapidly while the velocity decreases. Finally, the volute collects the fluid
from the diffuser and delivers it to the outlet pipe. To understand the energy trans-
formation process in a centrifugal compressor, velocity triangles, and a basic Euler
equation are shortly presented.

1.1.3 Velocity triangles
The velocity triangles are formed by the vector of gas velocities and the peripheral

velocity (tip speed) at the inlet (1) and the outlet (2) of the rotor as shown in figure
1.2. There are three velocity components: absolute velocity C is defined as the velocity
of a fluid particle measures in a fixed coordinate system, relative velocity W is tangent
to the blade curve in a mobile coordinate system, peripheral velocity U is the blades
tip speed depending on the rotation speed and radius of the rotor. The relations of

2



CHAPTER 1 1.1. Background

U1

W1

C1
Cu1

Cx1

Cu2
U2

W2C2
Cr2

2 2

1

1





(a) (b)

1

2

Figure 1.2 – Velocity triangles of the rotor at inlet (a) and outlet (b)

these velocity components are described as the following equation:

C = W + U (1.1)

Inlet triangles
The inlet triangles describe the state of flow infinitesimally upstream of blade lea-

ding edge (1). Assuming that the fluid enters the compressor with the velocity C1 as
shown in figure 1.2a. It is split up into two velocity components axial velocity (Cx1)
and tangential velocity (Cu1). If the prewhirl valve does not exist at the inlet (α = 0◦),
the axial velocity component is equal to absolute velocity (Cu1=0). From the velocity
triangles diagram, the relative fluid flow angle at the inlet can calculate by:

tgβ1 = U1

C1
(1.2)

Outlet triangles
The exit triangles are valid infinitesimally downstream the blade trailing edge. At

the outlet, the fluid is assumed to exit the rotor in the imposed direction of the blade
outlet, as presented in figure 1.2b. This hypothesis called Euler’s hypothesis is justified
only in the case where the number of blades approaching infinity. In fact, the outlet ve-
locity angle is not equal to the blade angle; this phenomenon is depicted in section 1.2.1.
From the velocity triangles diagram, the relative flow angle can be computed as follows:

tgβ2 = U2 − Cu2

Cr2
(1.3)

The calculation of fluid flow helps to determine the blade angle in method design.

1.1.4 Energy transfer in centrifugal compressors
Energy transfer in centrifugal compressor according to the first law of thermody-

namics. The net change in energy of a fluid undergoing any process is equal to the net

3
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energy transfer by work and heat between the fluid and its surroundings. In case of a
steady flow, its energy can be considered the sum of internal energy, the work provided
by the fluid in the surroundings and the kinetic energy as well as potential energy of
the fluid:

Q̇− Ẇ = ṁ
[
(h2 − h1) + 1

2 (C2
2 − C2

1) + g (z2 − z1)
]

(1.4)

Where:

Q̇ - Heat transfer rate, [J/s];
Ẇ - Euler work rate, [J/s];
ṁ - Mass flow rate, [kg/s];
h - Specific enthalpy, [J/kg];
1
2C

2 - Kinetic energy per unit mass, [J/kg];
gz - Potential energy per unit mass, [J/kg];

In addition, most of the centrifugal compressors operate in adiabatic conditions so
there are no heat transfer (Q̇ = 0). The potential energy term g(z2 − z1) is small and
can be neglected. Total enthalpy is defined as h0 = h+1/2C2, the equation 1.4 becomes:

− Ẇ

ṁ
= (h02 − h01) (1.5)

On the other hand, the fluid passes through a control volume is applied to Newton’s
second law of motion. The rate change of momentum is equal to the net force applied
to the control volume in the flow direction. In an arbitrary direction x, the applied
force is calculated as:

Fx = d (mCx)
dt

(1.6)

In the case of steady flow between the inlet (1) and outlet (2), the applied force can
be written as:

Fx = ṁ (Cx2 − Cx1) (1.7)
In the centrifugal compressor, the control volume is considered the rotor. The energy

is transferred due to the torque τ at the rotating shaft. By multiplying equation 1.7
with the radius r. The change of fluid angular momentum passes the rotor as:

τ = ṁ (r2Cu2 − r1Cu1) (1.8)

where:

τ - Torque of rotating shaft, [Nm];
r1 - Inlet radius, [m];
r2 - Outlet radius, [m];
Cu - Tangential velocity component, [m/s];

Dividing the equation 1.8 by ṁ and considering that the peripheral velocity U = rω
lead to the specific work transfer as given by:

Ẇ

ṁ
= τω

ṁ
= (U2Cu2 − U1Cu1) (1.9)

where:
U1 - Blade velocity at inlet, [m/s];
U2 - Blade velocity at outlet, [m/s];
ω - Angular speed of rotor, [rad/s];

From the equations 1.5 and 1.9, equation 1.10 can be obtained:

h02 − h01 = U2Cu2 − U1Cu1 (1.10)

4
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Equation (1.10) shows that the exchanged work through the rotor depends on the
tangential velocity vector component Cu.

According to the velocity triangles diagram in figure 1.2, the velocity triangles at
the outlet can be described by:

Cr
2
2 = C2

2 − Cu2
2 = W 2

2 −Wu
2
2 = W 2

2 − (U2 − Cu2)2 (1.11)

From the equation 1.11 a following relation is obtained:

U2Cu2 = 1
2
(
C2

2 + U2
2 −W 2

2

)
(1.12)

Similarly, the relation at the inlet is:

U1Cu1 = 1
2
(
C2

1 + U2
1 −W 2

1

)
(1.13)

By combining the equation 1.10 with the equation 1.12 and the 1.13, the variation
of total enthalpy can be obtained by:

h02 − h01 = 1
2
[
(C2

2 − C2
1) + (W 2

1 −W 2
2) + (U2

2 − U2
1)
]

(1.14)

The equation 1.14 explains why the static enthalpy rises in a centrifugal compressor
more than a single-stage axial compressor. It can be noted that there are three terms
on the right-hand side of the equation 1.14:
— The first term (C2

2 − C2
1) represents the kinetic energy supply of the fluid. The

increase in kinetic energy leads to the enthalpy rise.
— The second term (W 2

1 −W 2
2 ) shows the contribution from the diffusion of relative

velocity.
— The third term (U2

2 −U2
1 ) illustrates a centrifugal effect. The increase in the rotor

radius leads to an increase of peripheral velocity so that it affects greatly the
enthalpy rise. Consequently, the inlet and outlet radius plays an important role
in centrifugal compressor design.

1.2 Performance of centrifugal compressors
The energy transfer of a centrifugal compressor happens mainly in a rotor. The

fluid enters the rotor at a specific radius with a specific velocity and exits at a different
radius with a different velocity direction. The change of momentum of the fluid is
derived from the work done by the rotor that is driven by an external torque.

1.2.1 Slip factor
A slip factor is an important factor for finding the value of the energy transfer

between the rotor and the fluid. If the rotor could be imagined as being made with an
infinite number of infinitesimally thin blades, then the ideal flow would be perfectly
guided by the blades. The flow would leave the rotor with the blade angle. Unfortu-
nately, the real physical structure of the rotor has a finite number of blades with a
specific thickness. Therefore, the angle of the fluid flow is different from the angle of
the blade. It means the fluid flow is deviated, as shown in figure 1.3, which compares
the relative flow angle β2 with the blade angle β2b at the rotor outlet [9].

5
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U2

W2

C22
2b

Cu2

Cu2b

Cus

Cr
2

Figure 1.3 – Diagram of a deviation of the flow velocity at the rotor outlet

To take into account the deviation of flow, the slip factor is used. It can be defined
as the following equation:

σ = Cu2

Cu2b
(1.15)

With Cu2 is the tangential component of the outlet velocity and is related to the relative
flow angle β2. The blade tangential velocity component Cu2b is related to the relative
blade angle β2b. According to the geometric relation presented in figure 1.3, the slip
velocity is given by Cus = Cu2b − Cu2. So, the slip factor can be calculated as:

σ = 1− Cus
Cu2b

(1.16)

The Cu2 component can be obtained from the velocity triangles diagram:

Cu2b = U2 − Cr2tanβ2b (1.17)

To determine the exact values of the slip factor, numerous research papers are
published. Stodola et al. [10] presented a slip factor based upon the second Helmholtz
law. The authors proposed the relative eddy motion of the fluid flow within the rotor
and assumed that the slip is due to the relative eddy. Stodola’s slip factor is calculated
by:

σ = 1− πcosβ2b

Z (1− φ2tanβ2b)
(1.18)

Where Z is the number of blades and φ2 = Cr2/U2 is the impeller discharge flow coeffi-
cient.

Bausemann et al. [1] developed a more accurate theoretical solution and applied it
to a special case of two-dimensional blades curved as logarithmic spirals are shown in
figure 1.4.

The geometry of the blade can be provided through:

κ = tanβb ln
(
r2

r1

)
(1.19)

where:
βb - Blade angle, [rad];
r1 - Inlet radius, [m];
r2 - Outlet radius, [m];

6
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Figure 1.4 – Logarithmic Spiral Blades where βb is constants for all radii [1]

The ratio of blade length to equivalent blade pitch is defined by:

l

s
= Z

2πcosβb
ln
(
r2

r1

)
(1.20)

Where the equivalent pitch is calculated by:

s = 2π (r2 − r1)
Z ln

(
r2
r1

) (1.21)

The Busemann slip factor could be calculated by the following equation:

σ = A−Bφ2tanβ2b

1− φ2tanβ2b
(1.22)

Where A and B are functions of r2/r1, β2b and Z. However, this slip factor is not
accurate when the flow is calculated near the wall.

The study of Dixon et al. [9] showed that Sotdola’s slip factor and Busemann slip
factor is almost the same if the blade angle is within 50◦ 6 β2b 6 70◦ and the number
of blades exceeds six in zero through-flow condition (φ2 = 0).

Stanitz et al. [11] presented that the slip velocity Cus is independent of the blade
angle β2b. It depends only on a number of blades. Likewise, the authors found that the
compressibility effects did not affect the slip factor. Therefore, an equation to calculate
the slip velocity is given by:

Cus = 0.63U2π

Z
(1.23)

By combining the equations 1.16 and 1.23, the Stanitz slip factor is calculated as
following equation:

σ = 1− 0.63π
Z(1− φ2tanβ2b)

(1.24)

7
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The work of Pfleiderer et al. [12] considered the contribution from downstream
collecting systems. The model can be summarized as:

Cslip = pCu2 where p = ψ′r2
2∫ 2

1 Zrdm

ψ′ = a (1 + sinβ2) with a =


0.6 for vaned diffuser
0.65÷ 0.85 for volute
0.85÷ 1.0 for vaneless diffuser

(1.25)

Where:

p - Output coefficient;
ψ′ - Experience number;
r2 - Outlet radius, [m];∫ 2

1 Zrdm - A static moment from leading to the trailing edge;
Z - Number of blade;

So the slip factor is determined as:

σ = Cslip
U2

= p2

1 + p2

(
1− 1

CNd

)
(1.26)

Where: p2 = ψ′r2
2∫ 2

1 Zrdm
; CNd = U2tanβ2

Cm2d
;

Wiesner et al. [13] proposed an empirical well-fitting the Busemann data up to a
limiting inlet-to-outlet rotor radius ratio based upon the Busemann’s slip factor. An
empirical correction factor for conditions beyond this limiting radius factor is presented.
The simple empirical expression for slip velocity is:

Cus = U2
√
cosβ2b

Z0.7 (1.27)

The slip factor is determined by the following relation:

σ = 1−
√
cosβ2b

Z0.7 (1− φ2tanβ2b)
(1.28)

This formula is applied to calculate the slip factor if the radius ratio is less than
the limit value. It is determined by the empirical expression as shown in the following
relation:

εlimit = r1

r2
= exp

(
−8.16cosβ2b

Z

)
(1.29)

If the radius ratio excesses of this limit, the following empirical expression is used:

σlimit = σ
[
1−

( r1
r2
−εlimit

1−εlimit

)3]
(1.30)

Qiu et al. [14] suggested a new slip model based on Stodola’s and Eck’s slip factor.
According to this model, the slip factor is mainly affected by the rotor rotation on the
radial plane:

σ = 1− Fπcosβ2bsinδ2

Z2
− Fs2φ2

4cosβ2b

(
dβ

dm

)
2

+ Fφ2s2sinβ2b

4ρ2b2

(
dρb

dm

)
2

(1.31)

On the right-hand side of equation 1.31, the second component is a decrement due
to the radial rotation effect, the third component is a decrease because of a rotating
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CHAPTER 1 1.2. Performance of centrifugal compressors

blade, and the last component is a decline due to the passage width variation where F
is a shape factor and it is calculated by:

F = 1− sin π
Z2
sin

(
π

Z2
+ β2b

)
cosβ2bsinδ2 −

t2
s2cosβ2b

(1.32)

Where

δ2 - Deviation at the outlet;
b - Passage width, [m];
φ2 - Exit flow coefficien, φ2 = Cm2/U2;
s - Pitch at the blade exit, s = 2πr2/Z;
ρ - Density, [kg/m3];
t2 - Thickness at trailing edge;

1.2.2 Dimensionless analysis
Dimensionless parameters are often used for the evaluation and the comparison of

the performance of turbomachines. Additionally, these parameters help the designers
to select the optimized machine and to compare different competing designs. Three
dimensionless parameters: flow coefficient φ, head coefficient Ψ, and machine Mach
number Ma are presented below.

Flow coefficient
The flow coefficient determines the actual achieved flow by a rotor of a given geo-

metry at a given tip speed. This parameter is obtained by the equation:

φ = ṁ

ρ1ωπr3
2

(1.33)

Head coefficient
The head coefficient relates the head increase to the speed kinetic energy U2

2/2. So,
it is rather convenient to come up with the head stage of a compressor with a specific
speed. The polytropic head coefficient is determined by:

Ψ = y

U2
2/2

(1.34)

Where y is the head rise of the rotor and it is calculated by the equation:

y = γ

γ − 1RT 1

(P 2

P 1

)( γ−1
γ )
− 1

 (1.35)

Machine Mach number
Mach number represents the compressibility of the fluid. The machine Mach number

is the ratio of rotor tip speed of the rotor and the local sound speed. It is calculated
as the following equation:

Mu = U2

a
(1.36)

Where speed of sound a is determined by:

a =
√
γRT (1.37)
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1.2.3 Pressure ratio
The pressure ratio is the ratio of the downstream pressure to upstream pressure.

It is a parameter to evaluate the performance of the compressor. According to the
thermodynamic analysis, the pressure ratio can be determined by:

Π = P 02

P 01
=
(
T 02−is

T 01

) γ
γ−1

(1.38)

1.2.4 Efficiency
The flow enters the compressor with the static temperature T 1 and the total tem-

perature of T 01. The difference between these two variables is due to the kinetic energy
at the inlet of compressor C2

1/Cp. At the outlet of the rotor, the static pressure can
achieve P2 with a static temperature of T2 and a total temperature of T 02. An isen-
tropic compression to the same static pressure would have resulted in an outlet static
temperature T 2is and total temperature T 02is.

Considering only the static pressure at the rotor outlet, the ratio of the minimum
required energy over the real added one is called total to static efficiency, and it is
defined by the following relation:

ηts = T 2is − T 01

T 02 − T 01
= T 01

(
P 2
P 01

) γ−1
γ − 1

T 02 − T 01
(1.39)

However, in most cases, this is low values because in this definition the kinetic
energy at the rotor outlet is considered as the loss or useless.

The total to total efficiency is defined as:

ηtt = T 02is − T 01

T 02 − T 01
= T 01

(
P 02
P 01

) γ−1
γ − 1

T 02 − T 01
(1.40)

It is clear that the total to total efficiency is much higher than total to static effi-
ciency because the kinetic energy at the rotor exits C2

2 = Cp(T 02is−T 2is) is considered.
Polytropic efficiency is usually used for multistage and high-pressure ratio compressors
to correct the divergence of the iso-pressure lines. Polytropic efficiency compares the
real enthalpy rise with the hypothetical one. It is calculated by the equation 1.41:

ηp = γ − 1
γ

ln
(
P 2
P 1

)
ln
(
T 2
T 1

) (1.41)

1.2.5 Compressor performance map
A performance map is important for evaluating the operating range of a compres-

sor. It gives valuable information about the compressor performance under different
conditions and it is usually measured on a test bench. On the y-axis, the pressure ratio
is presented according to the corrected mass flow or volume flow on the x-axis. At each
constant rotation speed of the rotor, the mass flow rate is progressively reduced while
the overall pressure ratio simultaneously increases to reach a surge region. Surge is an
extremely unstable region where the flow pulsates violently and determines a working
limit as a minimum mass flow rate. On the other hand, the maximum mass flow rate is
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limited by a phenomenon known as a choke. This occurs when a local velocity becomes
equal to the acoustic velocity. The region between surge and choke is called the stable
operating range of a compressor and it is very important to predict the response of the
compressor for a different situation. In addition, the iso-efficiency lines are also plot-
ted to show the efficiency of the compressor as a function of the mass flow rate. The
working condition of the compressor is always controlled within the highest efficiency
region. The more details of a compressor performance map are illustrated in figure 1.5.

Figure 1.5 – Performance map of centrifugal compressors (Source:wikipedia.org)

1.3 Applications of a counter-rotating system and
state of art

The history of the counter-rotating system started at the beginning of 20th cen-
tury with the appearance of a counter-rotating gas turbine concept applied
to aircraft propeller by Taylor [15] and Bourdon [16]. In this study, a second

propeller rotor was added next to the first rotor which rotates the inverse direction.
The authors found that using a counter-rotating system improved the through-flow and
converted engine energy into thrust more effectively. Similarly, Young [17] and Wilcox
[18] reported that a counter-rotating machine with the same speed delivered higher
pressure rise and provided high through-flow capacity. Sharma et al. [19, 20] presen-
ted that counter-stage performance was significantly affected by numerous parameters
such as speed ratio of the two rotors, the axial gap between them, hub-tip ratio, and
pitch-chord ratio. Increasing the speed ratio can make better performance but it also
decreases aeroacoustics performance progressively. However, a trade-off between aero-
dynamic and aeroacoustics can be solved by selecting a suitable gap between the two
rotors. Recently, some nations have applied a counter-rotating concept in an aircraft
and a marine system, for example, a counter-rotating propeller used on the Antonov
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AN-70 of Ukraine and P51 aircraft of North-Amerian as shown in figure 1.6. Because
of the advantage of a counter-rotating system, many researchers continue to improve
the performance of its application in many types of turbomachines.

(a) (b)

Figure 1.6 – Application of counter-rotating system on aircraft (a) Antonov AN-70 (Paris
Air show 2013) and (b) P51 of North-Amerian (Source:wikipedia.org)

1.3.1 Axial turbomachines
Furukawa et al. [21] presented an experimental study of an axial counter-rotating

pump in comparison with a conventional axial pump (rotor-stator). The results illus-
trated that using a counter-rotating system could achieve a more compact design and
work at a lower rotational speed. In addition, the operating range became wider with
higher performance by controlling the rotational speed of the front (Nf ) and rear (Nr)
rotors individually. Besides, in case the front and rear rotors rotate at the same speed,
the relative velocity at the rear rotor inlet became higher, and the rotor blade took a
larger stagger angle. However, the cavitation occurred at the rear rotor leading edge
due to high relative velocity so that the design under the condition of Nf > Nr is
suggested for a better cavitation performance.

Kerrebrock et al. [22] published numerical and experimental results of a vane-
less counter-rotating compressor stage. They concluded that using a vaneless counter-
rotating compressor provides an adiabatic efficiency of about 87% and offers a light-
weight solution for the compression system requirement.

Moroz et al. [23] compared three designs of turbines: the traditional axial turbine
and two variations of counter-rotating designs with 4 and 6 stages. Using a counter-
rotating turbine with the same number of stages can get the same performance level but
reduces the turbine axial length of about 30%. Six stages can be increasing efficiency
by 0.7% in comparison with the initial design. The authors concluded that counter-
rotating turbine efficiency is higher and wider ranges of rotation speeds. It decreases
weight and length simultaneously as well as creates more advanced designs in terms of
aerodynamic quality and overall cost-efficiency.

Lee-Sang CHO et al. [24] conducted an experimental study on the three-dimensional
unsteady flow of a rotor-rotor interaction of a counter-rotating axial-flow fan at the
design point. To measure unsteady flow fields, 45◦-inclined hot-wire probes are used
and placed at the upstream cross-sectional planes, between and downstream of each
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rotor. The stationary hot-wire technique and the phase-locked average method for the
45◦ inclined hot-wire probe were applied to analyze the unsteady flow. The results
showed that the axial velocity highly decreases due to the boundary layer effect by fan
casing and the blade vortex at the blade tip region. At the hub region, the axial velocity
reduces because of the flow separation at the driving motor. Consequently, it induces
the increment of the incidence angle and diffusion factor of the rotors. Therefore, these
rotors have required the decline of the stagger at the hub region compared with the free
vortex design condition for the increment of the fan efficiency. In addition, the blade
passage frequency was affected by the phase-locked average velocity profiles of the front
rotor as well as the rear rotor. That means the blockage effect of the front rotor and
the suction effect of the rear rotor affected simultaneously between the rotors.

Furukawa et al. [25] studied limiting streamlines on the blade passage walls. It
was observed by a multi-colored oil-film method at design and partial flow rates. The
velocity distribution in blade-to-blade flow was measured by Laser-Doppler velocimetry
and static head distribution on the casing wall by pressure sensors. The results showed
that the hydraulic efficiency of the rear rotor, at the design operating point flow rate,
was superior to the efficiency of the front rotor. The reason is that the leakage flow
between the rear rotor blade tip and the casing, unlike the front rotor. The back-flow
in the hub side of the front rotor outlet and the tip side of the rear rotor inlet produces
a large head loss. Though the back-flow at blade tip is elongated with a decrease of
flow rate and head rise is deteriorated with dH/dQ > 0.

Momosaki et al. [26] investigated the internal flow structure of a counter-rotating
axial-flow pump and evaluated the pump performance. They found that unsteady si-
mulations for both front and rear rotors are sufficient to predict the pump performance
even at the design operating point. However, the drawback of this method is that the
pressure performance of the rear rotor does not satisfy the design value in the unsteady
simulation due to the flow stagnation near the leading edge on the suction surface ra-
ther than the pressure surface. In addition, the tip leakage vortex in the central area
of the blade passage near the shroud was also observed at a low flow rate due to the
back-flow. Moreover, the combination of leakage vortex and blockage effect of the flow
separation decreased the flow turning in main flow across the rear rotor because of
reducing Euler’s head pressure.

Alexiou et al. [27] presented a modeling contra-rotating system for engine perfor-
mance simulations. First, the performance characteristics of components are generated
by a modified one-dimensional mean line code. The characteristics are then converted
to three-dimensional maps and compared to conventional turbomachinery maps. The
speed ratio between the two shafts is as an additional map parameter and the torque
ratio is as an additional table. To complete the model, the authors used these maps
to simulate the design and off-design operating points at the component engine le-
vels. The results showed that new models were more effective in the off-design process.
Using a counter-rotating system could reduce about 10% engine weight and more than
0.52% fuel consumption. However, the physics-based performance characteristics for
the counter-rotating system need higher fidelity codes or experiments to obtain more
accurate results.

Shigemitsu et al. [28] conducted a numerical and experimental study of the influence
of blade row distance on the performance and on the flow conditions of counter-rotating
small-sized axial fan. Results showed that the fan static pressure is almost constant by
the blade row distance L=30mm. The tangential velocity between the front and the
rear rotors decreases with the increase of the blade row distance due to the friction
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loss of the casing wall. The authors concluded that the blade row distance between the
front and rear rotors L=30mm is an appropriate distance from the point of view of the
performance and the pressure interaction.

Nouri et al. [29] carried out an experimental study of aerodynamic characteristics of
a subsonic counter-rotating axial-flow fan operating in a ducted configuration. Firstly,
the first rotor was designed according to a conventional inverse method. The through-
flow was calculated by empirical models of losses under assumptions of axisymmetric
and radial equilibrium. The second rotor was designed depending on the tangential
velocity. Secondly, the first rotor was modified until the stage meets requirements. The
results of this experimental study showed that the efficiency rose strongly contrary to
conventional axial fans. The downstream flow angle of the outflow is not completely
straightened at the designed operating point. They concluded that the system is highly
efficient and is high-pressure rises on a wide range of flow rates so that it is very flexible
to use.

Madhur Tiwari et al. [30] presented an axial compressor using a counter-rotation
system and variable rotational speed. The purpose of this design is to push compres-
sor performance during the stall by moving the operating point away from the surge
line with a higher pressure ratio rise. The flow is modeled by means of Navier-stokes
computation using the upstream rotor conditions and outlet static pressure condition
with k− ε as the turbulence model. Compressor exit conditions are then changed until
the compressor stall. After the compressor stall, the rotational speed of the counter-
rotating stage is changed until the compressor recovers from the stall. Results showed
that the stall was successfully mitigated, and the overall pressure ratio of the recovered
compressor system is higher than the design operating point of the compressor system.
However, the counter-rotating system increased the inlet relative Mach number and
pushed the compressor design away from design criteria.

1.3.2 Centrifugal turbomachines
Fukutomi et al. [2] studied counter-rotating rotors in Sirocco fan 1 for getting a

higher pressure and a structure more compact. An outer rotor was added to a radial
position and its rotation speed was equal to the inner rotor speed but in the opposite
direction. The authors calculated Euler head of counter-rotating fan by the following
equation:

H = U4Cu4 + 2U2Cu2

g
(1.42)

The equation 1.42 shows that the head of the counter-rotating fan increases two times
more than the original fan head. So, high discharge pressure could be considered by
using a counter-rotating rotor. An experimental measurement was conducted to com-
pare the performance between the conventional and counter-rotating fan. The schema-
tic diagram of the fan test bench is shown on as figure 1.7.

The authors used two different inner rotors (with different diameters and blade
profiles) and the same outer rotor. The static pressure was measured by static pressure
holes set at the duct. The torque sensors were used to measure the torque of each rotor
shaft. The flow rate was measured by the orifice installed downstream of the rotor. The
internal flow measurement at the outlet of the rotor was conducted with a one-hole
cylindrical pitot tube with an outer diameter of 3.0mm. It was used as the substitution
of a three holes pitot tube by rotating an angle of ±30◦. The flow measurement was

1. Sirocco fan is a centrifugal fan using forward-curved blade
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Figure 1.7 – Schematic diagram of Sirocco fan test bench [2]

carried out at 16 arbitrary positions on the circumference and a distance of 10mm from
outer rotor diameter. Figure 1.8a illustrates that the pressure coefficient of the counter-
rotating fan is 2.5 times greater than the conventional fan because of the increase in
peripheral velocities at the outlet. However, the maximum efficiency of the counter-
rotating fan is 27% lower than that one. Besides that, the influence of inner diameter
was conducted. Figure 1.8b shows the comparison of performance between two types of
sirocco fan. It is clear that the larger rotor (bc type) gives a higher pressure coefficient
than a smaller rotor (ac type). The maximum efficiency of bc type is shifted to a higher
flow rate. Therefore, the influence of the wake and pressure interaction between inner
and outer rotors on performance caused by decreasing in the blade row distance. The
authors concluded that reducing the blade row distance can be effective to increase the
discharge pressure using contra-rotating rotors.

(a) Performance curves of conventional
and counter-rotating fans

(b) Performance curves of ac and bc
types

Figure 1.8 – Comparison of the performances between conventional and counter-rotating
sirocco fan [2]

Tosin et al. [3] presented a preliminary analysis of the applicability of the counter-
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rotating impeller concept on mixed-flow and radial-flow pumps. The design concept
constituted a mixed-flow first rotor with a radial second rotor that rotates in the
opposite direction. Its parameters were selected based on the highest power density co-
efficient and efficiency. A Response Surface Optimation (RSO) analysis was proposed
to choose the best seven machines for investigating. Numerical results were conducted
by Ansys-CFX for the design point are presented in figure 1.9. Observing the figure, the
vertical black line represents the desired design, while the dashed black line (Prototype
5) shows the best performance in terms of the total to total efficiency. It is also matched
the design head of 15m at the desired mass flow rate 36l/s. The basic characteristics
of this prototype are a number of blades of the front impeller ZFR = 11 and the rear
impeller ZRR = 7, design speeds values nFR = +1602rpm and nFR = −1171rpm, and
a load distribution factor χ = 0.77. This prototype was selected for the production
process to study an experiment; the transient analysis also confirms the steady-state
results. FFT transformation of the pressure pulsations calculated between the rotors
defines the blade passing frequency and some secondary harmonics, which can be ma-
thematically previewable.
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FIGURE 13. Characteristic curves for some of the best geometries.
The dashed line is the Prototype 5 selected for the test phase

the same streamline, and a inflow diameter at pump suction side
equal to D0 = 130mm. Both blades have a very small thickness,
like thFR = 2.5mm and thRR = 3mm, which required a prototype
made of stainless steel to resist against the high loads. The volute
duct is designed according with the approach of Stepanoff [15]
and presents a circular section. With the aim to reduce the depen-
dency of the volute design during the optimization, two features
have been included in the design. The first is a radial gap be-
tween rotor outlet and tongue diameter of about 5% of R4, the
second one is an automatic redesign of the Volute tongue shape
according to its own inflow angle for every new geometry simu-

lated. The mesh was than correspondently adjusted using a script
in ANSYS ICEM.

PROTOTYPE FLUID-DYNAMICAL ANALYSIS
The pressure distribution around the blade of FR and RR at

the middle span section has been plotted in Figure 14. The FR
exhibits a lower blade load, in fact it has lower head with four
blades more than the RR. The pressure distribution and the wall
shear stress do not point out any flow detachment until the TE.
Some additional performance indicators determined during the
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FIGURE 14. Pressure and wall shear stress at blade surface on middle
span position FR, RR

postprocessing procedure are tabulated in Table 1. The volute
loss coefficient has been calculated ξVO = 1− etaVO = 3.46%.
Anyhow the optimization of the volute is not a goal of this re-
search. The adaptation of the shape and the fixed inlet and outlet

TABLE 1. Counter-Rotating Pump Performance values form CFD re-
sults

FR RR TOTAL

Pe 1719 W 4842 W 6562W

H 4,28 m 12,22 m 16,5 m

ω 168 rad/s -123 rad/s

ηts 0,53 0,73 0,776

ηtt 0,906 0,919 0,866

sections help to limit the changes in efficiency during the study
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(b)

Figure 1.9 – Characteristics of seven best geometries: (a) total to total head rise; (b) total
to total efficiency [3]

Their experiment study conducted in 2015 [31] showed that the efficiency remained
almost constantly over 80% while the head was changed from 12 to 26m. Simulta-
neously, the head increases if the rear rotor speed is increased and the front rotor speed
is reduced. In case of load distribution equal to 77% (rear rotor speed is two times big-
ger than front rotor), the increased speed of rear rotor leads to higher machine head.
At very high discharge 140% of Qdes the rear rotor needs a higher speed to minimize
the incidence losses. In contrast, at a very low discharge of 60%, the behavior is not
clear and needs a result of CFD simulation to identify the sources of losses. In 2016,
the extended study on the same type of machine was conducted by the same authors
[4]. The comparison between the counter-rotating pump and a conventional pump was
carried out as shown in figure 1.10. Two pumps have the same outer diameter, rota-
tion speed, volute casing, and working point. The results showed that the significantly
higher static pressure is reached in the counter-rotating layout. However, the efficiency
drops due to additional losses are marginal compared to the gain in hydraulic power
density.
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upstream of the SS flange and the outflow static pressure ps,6 after
three pipeline diameters downstream the discharge flange. The
definition of both total pressure values is done by adding the
dynamic pressure of the fluid flow which can be calculated based
on the continuity equation using the measured mass flow, the
water density, and the pipe internal diameter at which the pressure
taps are located. The temperature measured from a Pt100 trans-
ducer was used to calculate the water density. According to the
standard methodology prescribed in the aforementioned norm,
the definition of the head rise given in Eq. (2) was applied. The
efficiency of the entire machine, from flange to flange, was
defined according to Eq. (3), and the measurement uncertainty
was evaluated as combination of a random error and a systematic
error, according to Eq. (4). The first term eR is a function of the
measurement’s dimensionless standard deviation, the number of
evaluation points, and the Student’s coefficient [27]. The second
term expresses eS the actual uncertainty of the measurement
instrument. The main characteristics, the instruments, and the
average measurement uncertainty within the range are given in
Table 1.

H ¼
ps;6 � ps;0ð Þ

qg
þ 16Q2

2 � p2 � g �
1

D4
s;6

� 1

D4
s;0

 !
(2)

g ¼ q � g � Q � Ht

MFR � xFR þMRR � xRR

(3)

e ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
e2

R þ e2
S

q
(4)

3 Results and Discussion

Figure 18 depicts a clear comparison between the CR and SR
layouts. At the hub surfaces, the static pressure is illustrated, while
the blade surfaces show the turbulent kinetic energy (TKE). As
mentioned before, being the outer impeller’s diameter and the
rotational speed are equal, an accurate comparison of the pressure
rise within the blade passage can be performed. Significantly
higher static pressure is reached by the CR layout at the outflow
section; however, the TKE is also higher than that on the SR
blades, due to the interactions between the impellers. If the FR
appears to generate less turbulence, the highly loaded RR com-
pared to the SR shows its weakness due to the aforementioned
interactions with the wake of the FR. The overall efficiency g and
the head coefficient H* are given in Fig. 19 along the flow
capacity Q*. These variables in the diagrams are expressed in a
dimensionless form, by dividing the SR design values HSR,des and
QSR,des, the measured CFD head rise, and flow capacity. In this
manner, the dimensionless characteristic curves can be defined,
and the prototypes’ performance can be properly compared. The
following equations define the dimensionless coefficients:

gSR ¼
q � g � Q � HSR

Pel;SR

(5)

H�RoDiff 1 ¼
HFR þ HRRð Þ

HSR;des

(6)

gRoDiff 1 ¼
q � g � Q � HFR þ HRRð Þ

Pel;FR þ Pel;RRð Þ
(7)

Q� ¼ Q

Qdes

(8)

Carrying out a full model pump simulation with side wall and
leakage back flow is a very challenging task. Even with a

Table 1 Characteristics and sensor uncertainty of the
measurement system

Sensor type Var. er (%) Range

Diff. pr. in-atm p0, atm 0.5 0–3.5 bar
Diff. pr. out-atm p6, atm 0.5 0–5 bar
Magnetic flow meter Q 0.5 0–167 kg/s
Speed sensor FR nFR 1.0 0–3000 rpm
Speed sensor RR nRR 1.0 0–3000 rpm
Torque sensor FR MFR 0.2 0–100 N�m
Torque sensor RR MRR 0.2 0–100 N�m
Temperature probe T 0.8 0–100 �C

Fig. 18 Comparison between the CR (left): design capacity Q 5 37 l/s and rated head H 5 15 m, RR speed xRR 5 19.5 Hz
and conventional SR (right) mixed-flow pump: design capacity Q 5 37 l/s and rated head H 5 11 m, RR speed xSR 5 19.5 Hz
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Figure 1.10 – Comparison between counter-rotating pump (left) and conventional pump
(right) with the same working point and tip speed [4]

Dejour et al [5] presented an assessment of a new non-axial counter-rotating com-
pressor concept as shown in figure 1.11a. This concept consists of replacing the stator
of a mixed-flow compressor stage (or diffuser of a centrifugal compressor stage) with a
counter-rotating rotor. It turns the flow back to the axial direction with a much lower
diffusion factor while providing the equivalent in the work of the upstream mixed-flow
rotor. CFD simulations were conducted for a comparative evaluation of the new com-
pressor with the original compressor. The results of the simulation are shown in figure
1.11b and 1.11c. It is clear that the counter-rotating mixed-flow compressor archives
more than double the design (peak efficiency) pressure rise with a small advantage in
peak-efficiency and higher stall margin as well as having a shorter axial length. Ho-
wever, the lower aspect ratio of the downstream rotor in non-axial counter-rotating
compressors means that its tip clearance flow plays an important role in limiting the
possible efficiency gain and can cause a large spanwise variation of the exit flow angle.

1.4 Motivation
Nowadays, the tendency of compact design to save materials and space is becoming

more and more popular in industrial development. Most of the turbomachines used in
the industry need to optimize in size to meet this innovation. Centrifugal compressor
is usually used in many types of industrial applications such as aerospace, aviation,
automotive, etc. Therefore, developing a new generation of centrifugal compressors with
a smaller size but the working characteristics remain stable is a challenge for design
engineers. Using counter-rotating systems is one solution to respond to these demands.
As concerning in section 1.3, the literature reviews show that applying a counter-
rotating system on turbomachines gives more advantages. It not only improves pressure
ratio and through-flow but also reduces weight and size. However, its application in
a centrifugal compressor has not been considered. The work of Nouri [29], Wang [32]
in our laboratory show many advantages of a counter-rotating system used on the
axial turbomachine. Furthermore, these results show the outstanding feature of this
type of turbomachine with the ability to independently change rotor speeds to modify
its characteristics. Using the counter-rotating system on a centrifugal compressor is a
new idea to develop a new generation of compressors. However, how does it affect the
performance of the centrifugal compressor? How does the characteristic change when
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changing the rotor speed? What are the advantages and disadvantages when using the
counter-rotating system on a centrifugal compressor? etc. To answer these questions,
studies on a numerical method and experimental method are performed. Therefore,
the effects of a counter-rotating system on the performance of a centrifugal compressor
under different operating conditions have a better understanding. Furthermore, the
method of optimizing the advantage and minimizing the disadvantage of the counter-
rotating system used in a centrifugal compressor will be explored in this study.

Besides, the numerical method provides a qualitative analysis of a flow field to
recognize the flow structure inside the compressor and the reason for the instability
phenomenon. The experimental method provides a real performance of the compres-
sor to validate with the numerical results. In addition, the experiment shows a bet-
ter observation of the improvement of the instability region when changing the rotor
speed simultaneously. These results are valuable information for engineers to design
the counter-rotating turbomachines in the future for many applications.

(a)

(b) (c)

Figure 1.11 – Comparison of performance between counter-rotating and conventional
compressor (a) counter-rotating and conventional configuration; (b) Total pressure rise

characteristics (c) Total to total efficiency characteristics [5]
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Design of counter-rotating rotors
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2.1 Reference rotor
The dimensioning method of a centrifugal rotor has been developed by laboratory

of fluid engineering and energy system (Laboratoire d’Ingénierie des Fluides et des
Systèmes Énergétiques (LIFSE)) as a part of the research work on the dimension
and analysis of the performance of turbomachinery. The details of this method are
presented in Appendix A.1. This method has been integrated into 3D-Turbo software
which helps to design new turbomachinery based on given parameters. A Single Rotor
Centrifugal Compressor (SRCC) used in a suction application was designed by 3D-
Turbo software and selected as a reference compressor for this thesis. Figure 2.1 presents
two views of the reference rotor designed by 3D-Turbo software. A designed point of
the compressor is defined as the pressure ratio of Π = 1.31 at the designed volume flow
rate of ṁ = 0.73kg/s and the rotor speed of 16, 000rpm. The rotor geometry taken
from this method is then optimized to meet the real structure by the CFD simulation.
The single rotor geometry is obtained and summarized in table 2.1.

Table 2.1 – Geometric paramters of SRCC

Parameter Value Parameter Value
d1h 59.5mm β1h 45.25◦
d1sh 161mm β1sh 69.8◦
d2 286mm β2 64◦
b2 29.7mm φ 2.2◦
N 16, 000rpm ṁ 0.73kg/s
Z 7 + 7 ηp 73%
Π 1.31 Power consumption 28kW
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2.2. Counter-rotating rotors design CHAPTER 2

(a) Face view (b) Meridional view

Figure 2.1 – Reference rotor designed by 3D Turbo software: (a) face view and (b)
meridional view

2.2 Counter-rotating rotors design
The objective of this section is to design two successive rotors that maintain the

same size as the single rotor of SRCC. These rotors rotate in two opposite directions
called a counter-rotating system, as shown in figure 2.2. The first rotor places upstream
and rotates with an angular velocity of ω1. The second one locates downstream and
rotates with an angular velocity of ω2 in the inverse direction. In this configuration,
the second rotor receives the fluid flow from the first rotor and provides additional
energy to compress the fluid in order to obtain more pressure rise. To simply design,
all parameters of the SRCC rotor in the meridian view are preserved and rotate with
the same rotation speed. In addition, to minimize the loss between the second rotor and
the volute, the blade angle at the outlet of the second rotor remains the same as the
SRCC rotor. A centrifugal compressor uses a counter-rotating system to build a new
compressor generation called a Counter-Rotating Centrifugal Compressor (CRCC).

The counter-rotating rotor design is conducted as the following steps: Firstly, the
dimension of the first rotor is determined. The pressure ratio of the first rotor is cal-
culated by the conventional method. The total pressure ratio of two rotors is imposed
to calculate the pressure at the inlet and outlet of each rotor. Secondly, the geometric
parameters of the rotors are determined by calculating the blade angle according to
the aerodynamic relations. The design parameters of the counter-rotating centrifugal
compressor are proposed and summarized in table 2.2.

Table 2.2 – Design parameters for CRCC

Parameter Value Unit
Πtotal 1.36 -
ṁ 0.73 kg/s
ηis 80 %
N1 −16, 000 rpm
N2 16, 000 rpm
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First rotor

Second rotor

Figure 2.2 – Schematic diagram of counter-rotating system

2.2.1 First rotor design
The first rotor is established by finding out the outlet diameter which can be de-

termined by the Length Ratio (LR) parameter. It is defined as the ratio of the first
rotor contour length at the hub (or shroud) (L1st) to the total contour length of the
reference rotor in the meridional view (Lm), as shown in figure 2.3b. The LR can be
specified by the following equation:

LR = L1st

Lm
(2.1)

This is a free parameter and chosen by an arbitrary value. In this study, four values of
0.3, 0.4, 0.5 and 0.6 are respectively selected to build four counter-rotating configura-
tions CF1, CF2, CF3, and CF4. For each configuration, the blade parameters such as
inlet and outlet blade angles are calculated according to the aerodynamic equations.
The velocity components at the inlet/outlet are identified by the velocity triangles, as
shown in figure 2.3a.
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First 
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Figure 2.3 – Velocity triangles diagram are used to design the counter-rotating system: (a)
face view and (b) meridional view
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Inlet calculation

+ The inlet pressure of the first rotor is calculated by:

P 1 = P 4

Πtotal

(2.2)

+ Inlet gas density:
ρ1 = P 1

RT 1
(2.3)

+ Absolute velocity:
C1 = ṁ

ρ1π(r2
1h − r2

1s)
(2.4)

+ Inlet relative velocity:
W 1 =

√
(C2

1 + U2
1) (2.5)

+ Blade inlet angle:
tan β1b = U1

C1
(2.6)

Outlet calculation

+ The outlet pressure of the first rotor:

P 2 = P 1Π1 (2.7)

+ Outlet temperature:

T 2 = T 1

Π
γ−1
γ

1 − 1
ηis

+ 1

 (2.8)

+ Outlet gas density:
ρ2 = P 2

RT 2
(2.9)

According to the velocity triangle in figure 2.3a, the other velocity components can
be determined by the following relations:

+ Meridional velocity component which is determined by:

Cm2 = ṁ

ρS2
(2.10)

Where S2- is determined by:

S2 = π (r2h + r2sh) b2 − Z1tbb2 (2.11)

+ Radial velocity component Cr2:

Cr2 = Cm2 sin δ (2.12)

+ Axial velocity component Ca2:

Ca2 = Cm2 cos δ (2.13)
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+ Absolute velocity component C2:

C2 =
√
Cu2

2 + Cm2
2 (2.14)

+ Relative tangential velocity component:

Wu2 = U2 − Cu2 (2.15)

+ Slip factor is calculated according to Wiesner [13] equation:

σ =
√

cos βb
Z0.7 (2.16)

+ The enthalpy rise of the first rotor is calculated by:

∆h1 = CpT 1

(
Π

γ−1
γ

1 − 1
)

(2.17)

On the other hand, it is also calculated by:

∆h1 = U2Cu2 (2.18)

From the equation 2.17 and 2.18, the outlet tangential velocity component Cu2 is
determined by the following relation:

Cu2 = ∆h1

U2
(2.19)

+ The fluid flow angle is estimated as:

tan β2 = Wu

Cr2
(2.20)

+ The blade angle is defined as:

tan β2b = tan β2 − (1− σ) U2

Cr2
(2.21)

+ Absolute Mach number:
M2 = C2√

γRT 02
(2.22)

The first rotor is then designed in ANSYS BladeGen based on the meridional view of
the reference rotor and LR parameters as well as the blade angles calculated above.
Four geometries of the first rotor are made, as shown in figure 2.4, and its specifications
are summarized in table 2.3.

2.2.2 Second rotor design
The aerodynamic conditions at the first rotor outlet are used as the input condition

at the second rotor inlet. To simplify the calculation, some assumptions are made:
+ The pressure at the first rotor outlet is the same at the second rotor inlet,

P 3 = P 2;
+ The direction of the fluid flow is constant from the first rotor outlet to the second

rotor inlet, α2 = α3;
+ The temperature between the first outlet is equal to the second rotor inlet,

T 2 = T 3;
+ The velocity is preserved from the outlet of the first rotor to the inlet of the

second rotor, C2 = C3.
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(a) LR=0.3 (b) LR=0.4

(c) LR=0.5 (d) LR=0.6

Figure 2.4 – Four geometries of the first rotors studied for four configurations of CRCC:
(a) CF1, (b) CF2, (c) CF3 and (d) CF4

Table 2.3 – Geometric parameters of the first rotor of four CRCC configurations CF1,
CF2, CF3, and CF4

Parameters CF1 CF2 CF3 CF4
LR 0.3 0.4 0.5 0.6
d1h 59.5mm 59.5mm 59.5mm 59.5mm
d1sh 161mm 161mm 161mm 161mm
d2h 118mm 140mm 163mm 186mm
d2sh 176mm 186mm 200.8mm 216mm
Π1 1.03 1.05 1.08 1.11
η1i 90 90 90 90
β1h 46◦ 46◦ 46◦ 46◦
β1sh 70.4◦ 70.4◦ 70.4◦ 70.4◦
β2h 51◦ 57.4◦ 56◦ 60◦
β2sh 68◦ 69.4◦ 68◦ 66.4◦
N1 −16000rpm −16000rpm −16000rpm −16000rpm
Z1 7 7 7 7

Inlet calculation

The blade inlet parameters of the second rotor are determined based on the velocity
triangles, as shown in figure 2.3a:

tanβ3b = U3 + Cu2

Cr2
(2.23)
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+ Inlet relative velocity:

W 3 =
√

(U3 + Cu2)2 + Cr2
2 (2.24)

Outlet calculation

+ Outlet pressure is atmosphere pressure: P 4 = P atm

+ Outlet temperature:

T 4 = T 3

Π
γ−1
γ

2 − 1
ηis

+ 1

 (2.25)

+ Outlet gas density:
ρ4 = P 4

RT 4
(2.26)

+ Meridional velocity component is determined by:

Cm4 = ṁ

ρS4
(2.27)

Where S4 is outlet area of the fist rotor and determines by:

S4 = 2πr4b4 − Z2tbb4 (2.28)

Because the fluid flows out in a radial direction at the second rotor outlet, the radial
velocity component is equal to the meridional velocity component (Cr4 = Cm4).

+Total enthalpy rise is determined by:

∆h2 = CpT 3

(
Π

γ−1
γ

2 − 1
)

(2.29)

∆h2 = U4Cu4 + U3Cu3 (2.30)
+ Absolute tangential velocity component is calculated by:

Cu4 = ∆h2 − U3Cu3

U4
(2.31)

+ Relative tangential velocity component is obtained by the following equation:

Wu4 = U4 − Cu4 (2.32)

+ The outlet flow angle:
tanβ4 = Wu4

Cr4
(2.33)

+ The outlet blade angle:

tan β4b = tan β4 − (1− σ) U4

Cr4
(2.34)

The second rotor parameters obtained are used to design the rotor geometry in
ANSYS BladeGen. Four geometries of the second rotor are attained based on the
previous design of the first rotor, as shown in figure 2.5. The summary of the geometric
parameters of the second rotor is also presented in table 2.4.
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(a) LR=0.3 (b) LR=0.4

(c) LR=0.5 (d) LR=0.6

Figure 2.5 – Four geometries of the second rotors studied for four configurations of CRCC:
(a) CF1, (b) CF2, (c) CF3, and (d) CF4

Table 2.4 – Geometric parameters of the second rotor of four configurations CF1, CF2,
CF3, and CF4

Parameters CF1 CF2 CF3 CF4
LR 0.3 0.4 0.5 0.6
d3h 128.5mm 150mm 172mm 198mm
d3sh 183mm 198mm 210mm 228mm
d4 286mm 286mm 286mm 286mm
Π2 1.27 1.25 1.22 1.20
η2i 90 90 90 90
β3h 73.9◦ 76.4◦ 79.6◦ 81.3◦
β3sh 77.7◦ 79◦ 80.9◦ 82.1◦
β4 64◦ 64◦ 64◦ 64◦
N2 16000rpm 16000rpm 16000rpm 16000rpm
Z2 10 10 10 10

2.3 CRCC performance evaluation
An investigation is conducted to evaluate the effect of the LR parameter on the

performance of the compressor. The results of this investigation allow us to choose
the best configuration for CRCC in order to build a test bench for the experimental
study. Computational Fluid Dynamic (CFD) simulation is a useful tool to predict the
aerodynamic performances of a compressor. The simulation uses a three-dimensional,
steady-state, compressible model with the commercial software STAR CCM+. The tur-
bulence model is realizable k-ε two-layers and the second-order discretization method
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is selected. The gap between the rotor and the casing does not consider in this study.
More details of the numerical simulation are discussed in section 4.5.
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Figure 2.6 – Sensitive mesh study for both compressor configurations: CRCC and
SRCC

The mass flow rate of 0.73kg/s is given as a boundary condition of the inlet do-
main. The pressure outlet is imposed at the outlet domain as the atmospheric pres-
sure of 101,325 Pa. In CRCC configuration, the first rotor rotates with a speed of
−16, 000rpm and the second one as well as the rotor rotation speed of SRCC is fixed
at 16, 000rpm. The frozen rotor interface is used between the stationary and rotating
domain, while mixing-plane is used for the rotating domains interface [3]. The pressure
and temperature values are taken from a constant grid surface as mass-average values
at the inlet domain and the outlet domain. The mesh convergence is checked to find
out the best mesh type of the model in order to reduce computational resources. For
meshing in STAR CMM+, the polyhedral and prism layer mesher are used with refi-
ned mesh at the blade surfaces, interfaces, and boundary layers. The size of the mesh
needs to respect the value of y+ at the wall boundary near to 1. Four types of meshes
are generated by adjusting the value of the relative size of the local refined mesh. The
number of cells of these models are respectively 3.4, 5.26, 8.13, and 11.45 million.

Figure 2.6 shows the convergence of mesh of CRCC and SRCC. It can be seen from
the figure that the static differential pressure between the inlet and outlet compressor
seems to be stable when the number of cells is higher than 5.26 million. Therefore,
it can be concluded that 5.26 million cells are sufficient to produce grid independent
results. The details of mesh model are respectively presented in figure 2.7 and figure
2.8 for the SRCC and CRCC configurations.

2.3.1 Rotor performances
The rotor performance analysis is conducted to evaluate the impact of the counter-

rotating system. Figure 2.9 illustrates the variation of the pressure ratio of the counter-
rotating system and the reference rotor with the change of mass flow rate. This pa-
rameter is calculated between the inlet and outlet pressure of rotors. It is clear that
the counter-rotating system gives a higher pressure ratio than the reference one at the
flow rate lower than the Design Point (DP). There are three types of tendency: the
first type shows the pressure ratio increases when the mass flow rate reduces. After
attaining a peak, it drops sharply in CF3 and CF4 configurations. In the second type,
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(a)

(b)

(c)

(d)

Figure 2.7 – Different views of SRCC mesh: (a) section mesh, (b) blade leading edge mesh,
(c) rotor mesh, and (d) full mesh model

(a)
(b)

(c)

(d)

Figure 2.8 – Different view of CRCC mesh:(a) rotor mesh, (b) full mesh model, (c) section
mesh, and (d) blade leading and trailing edge mesh

the pressure rises rapidly, after reaching the highest value, it becomes almost stable
in CF1. The third one is stable and diminishes at 0.43kg/s in CF2. Looking at DP
(ṁ = 0.73kg/s), the pressure ratio increases when LR rises. The highest pressure ratio
can be achieved in CF3 and CF4 because the first rotor outlet has a larger diameter.
As a matter of fact, it produces a higher kinetic energy flow into the second rotor.
The maximum value of pressure ratio is 1.44 at the mass flow rate of 0.43kg/s while
it is 1.29 for the SRCC configuration. CF1 gives a quite stable pressure ratio at a low
flow rate and the maximum pressure ratio reaches 1.34 which increases about 5% in
comparison with the pressure ratio of SRCC. In contrast, at the higher mass flow rate,
the pressure ratio of CF1 decreases rapidly because of a smaller inlet surface area of
the second rotor.

Figure 2.10 presents a variation of the polytropic efficiency of the rotors at different
mass flow rates. This figure shows that the efficiency of the counter-rotating system is
always lower than that of SRCC because of the extra loss at the inlet of the second
rotor. Obviously, the efficiency of CF1 is always higher than the other ones. The highest
efficiency can reach 78% at DP. However, at high flow rates, it drops dramatically
because of the appearance of the choked region. The lower efficiency of the counter-
rotating system can be explained by the high relative Mach number at the leading edge
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of the second rotor.
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Figure 2.9 – Comparison of pressure ratios at the outlet of the rotors between four CRCC
configurations: CF1, CF2, CF3, CF4 and SRCC
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Figure 2.10 – Comparison of polytropic efficiencies at the outlet of the rotors between four
CRCC configurations: CF1, CF2, CF3, CF4 and SRCC

Figure 2.11 demonstrates the change of the relative Mach number at the leading
edge of the second rotor. It can be observed that the relative Mach number increases
monotonically with the increase of first rotor outlet diameter because of the counter-
rotating effect. High relative Mach number leads to the shock waves and blockage at
the inlet so that it reduces the performances of the rotor.
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Figure 2.11 – Comparison of relative Mach numbers at the leading edge of the second
rotor between four CRCC configurations: CF1, CF2, CF3, CF4
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Figure 2.12 – Comparison of power consumptions between four CRCC configurations:
CF1, CF2, CF3, CF4 and SRCC

Concerning the power consumption, figure 2.12 shows that the counter-rotating
system needs more energy than SRCC because of the higher pressure ratio and the
extra loss at the inlet of the second rotor. CF3 and CF4 have a quite similar power
consumption while there is a slight difference between CF1 and CF2. Looking at the
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mass flow rate of 0.63kg/s in figure 2.9, CF1 and CF2 have the same pressure ratio
but CF2 consumes more energy than the first one. It means that CF2 configuration
generates more loss.

2.3.2 Compressor performances
Before analyzing the performances of the compressor, the volute performances are

tested to estimate the ability of the adaptation between rotors and volute. The volute of
the compressor transforms the kinetic energy of the fluid flow from the vanless diffuser
or rotor into pressure, with minimum losses. To assess the adaptation of the volute with
the counter-rotating system, the pressure recovery coefficient, and the pressure loss
coefficient are used. According to Pitkanen et al. [33] the pressure recovery coefficient
(Cpr) and the pressure loss coefficient (ωloss) are respectively determined by:

Cpr = P 5 − P 4

P 04 − P 4
(2.35)

ωloss = P 04 − P 05

P 04 − P 4
(2.36)

Figure 2.13 shows the change of the pressure recovery coefficient of the volute with
the variation of mass flow rate. It is obvious that CF1 and CF2 have a value of Cpr close
to the loss pressure coefficient of SRCC while this value for CF3 and CF4 decreases
sharply when the mass flow rate increases. At near surge region, Cpr is positive with all
configurations. At DP, the Cpr value of CF4 is approximately zero while CF1, CF2
and CF3 remain positive in the range from 0.5 to 0.7. At very high flow rate, Cpr
of CF3 and CF4 decreases rapidly and reaches the negative value of −0.6 and −1.5,
respectively. Consequently, CF1, CF2 and CF3 can recover pressure better than CF4.
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Figure 2.13 – Comparison of pressure recovery coefficients between four CRCC
configurations: CF1, CF2, CF3, CF4 and SRCC
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Figure 2.14 – Comparison of pressure loss coefficients between four CRCC configurations:
CF1, CF2, CF3, CF4 and SRCC

Figure 2.14 illustrates the variation of the loss coefficient with the mass flow rate.
The value of ωloss remains stable in CF1 and CF2 and it is approximately equal to the
loss coefficient of SRCC. It slightly increases in CF3 and rapidly rises in CF4 when
the mass flow rate increases. In general, CF1 and CF2 are well adapted to the volute,
while CF3 and CF4 configurations present higher pressure loss.

Figure 2.15 presents static pressure ratio of CRCC according to the mass flow rate
variation. It is evident that, the pressure ratio of CRCC is indeed improved at a flow rate
lower than DP. CF1, CF3 and CF4 configurations obtain a significant improvement
in pressure ratio, while the pressure ratio of CF2 quite close to that of SRCC. At near
surge region, the pressure ratio of CF1, CF3, CF4 maintain a similar values. Besides,
CF2 pressure ratio has a values similar to the SRCC’s one. Consequently, CF1 allows
obtaining a pressure ratio more stable than other configurations.

Figure 2.16 shows the comparison of the polytropic efficiency of the compressor
with the change of mass flow rate. It is clear that CF1 gives the best efficiency of 80%
at DP . It reduces about 5% in comparison with the SRCC configuration. Therefore,
CF1 is selected to build a CRCC test bench for experiment study.

2.3.3 Effect of speed ratio θ = N1/N2

The advantage of CRCC is an independency of the rotation speed of each rotor.
Changing the speed of the first rotor or the second rotor allows to obtain the different
characteristics of the compressor. In this study, the speed of the first rotor is adjusted to
increase of 110%, 120% and 130% of the design speed. The speed of the second rotor is
fixed at 16, 000rpm. The rotation speed ratio is defined as θ = N1/N2, so that four values
of θ are determined: θ1 = −16,000rpm/16,000rpm (design speed), θ2 = −17,600rpm/16,000rpm,
θ3 = −19,200rpm/16,000rpm and θ4 = −20,800rpm/16,000rpm.

Figure 2.17 shows the variation of the pressure ratio of CF1 when the mass flow rate
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Figure 2.15 – Comparison of stage pressure ratios between four CRCC configurations:
CF1, CF2, CF3, CF4 and SRCC
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Figure 2.16 – Comparison of stage polytropic efficiencies between four CRCC
configurations: CF1, CF2, CF3, CF4 and SRCC

changes with the different speed ratios of θ. It is obvious that the pressure ratio rises
significantly with a higher rotation speed of the first rotor. At DP, the pressure ratio
rises about 3% when the speed ratio increases by 10% of design speed (θ2). Continuing
to increase the speed ratio up to 130% of design speed (θ4), the pressure ratio rises by
about 8.78% in comparison with the pressure ratio of SRCC. The maximum pressure
ratio of CRCC configuration can reach 1.53 at θ3 = −1.3, while the pressure ratio of
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Figure 2.17 – The change in pressure ratios of the CF1 with the different speed ratios :
θ1 = −1, θ2 = −1.1, θ3 = −1.2, θ4 = −1.3 compared to the pressure ratio of

SRCC at 16, 000rpm

SRCC is 1.41 at a flow rate of 0.73kg/s.
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Figure 2.18 – The change in polytropic efficiencies of the CF1 with the different speed
ratios: θ1 = −1, θ2 = −1.1, θ3 = −1.2, θ4 = −1.3 compared to the efficiency

of SRCC at 16, 000rpm

Figure 2.18 presents the efficiency of CRCC at different speed ratios in comparison
with that of SRCC. It becomes clear that the polytropic efficiency reaches a maximum
value of 80% at DP. It seems to be constant when the rotation speed increases.
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2.4 Conclusions
In this chapter, the CRCC rotors are designed based on the geometric dimensions

of the SRCC rotor. Four CRCC configurations are made based on the LR parameter
to evaluate its effect on the global performance of the compressor. Four configurations
CF1, CF2, CF3 and CF4 are respectively chosen based on four LR values of 0.3, 0.4,
0.5 and 0.6. Numerical simulations are conducted by using STAR CCM+ software to
find the best CRCC configuration. The results of simulation show that:
• The counter-rotating system can improve the pressure ratio of the compressor.

The pressure ratio rise depends on the LR parameter. The configuration with a
higher length ratio gives more pressure ratio rise, however, the efficiency decreases
rapidly.
• CF1 and CF2 are well adapted with the volute of the compressor because of

higher pressure recovery coefficient and lower pressure loss coefficient. In addition,
the efficiency of CF1 reaches the highest value of 80% at the design point so
that this configuration is selected to build CRCC configuration for a further
experimental study (developed in chapter 4).
• The investigation of the variation of the first rotor rotation speed shows that it

can be improved by about 8.7% pressure ratio at DP with the speed increase of
130% of design speed while the efficiency remains constant.

Configuration 1 selected to construct a counter-rotating centrifugal compressor for the
experimental study is shown in figure 2.19. In chapter 4, the experimental study in this
configuration is conducted on a test bench to analyze the performances. In addition,
a study of the rotor speed on the CRCC operating range, especially, in the instability
region is presented in chapter 5.

Figure 2.19 – The configuration 1 selected to build a counter-rotating centrifugal
compressor

35



2.4. Conclusions CHAPTER 2

36



Chapter 3

RAICOR test bench design

Contents
3.1 Introduction of the existing test bench . . . . . . . . . . . 37
3.2 CRCC components design . . . . . . . . . . . . . . . . . . . 39
3.3 RAICOR test bench . . . . . . . . . . . . . . . . . . . . . . . 48
3.4 Conclusions . . . . . . . . . . . . . . . . . . . . . . . . . . . . 55

A Rotor - rotor Aerodynamic Interaction of a COunter-Rotating centrifugal com-
pressor (RAICOR) test bench is developed from an existing test bench of a conventional
centrifugal compressor at the Laboratoire d’Ingénierie des Fluides et des Systèmes Éner-
gétiques (LIFSE). A Single Rotor Centrifugal Compressor (SRCC) is selected as the
reference compressor in this study. Because of using two independent rotors, Counter-
Rotating Centrifugal Compressor (CRCC) is designed with some modifications at the
inlet to be compatible with the existing test bench. SRCC is then replaced by CRCC
while the other components of the test bench are preserved in order to evaluate in-
fluences of the counter-rotating system.

3.1 Introduction of the existing test bench

3.1.1 Description of the test bench operation
The centrifugal compressor test bench has been designed at LIFSE since 2016. It

consists of a centrifugal compressor connected to an open-loop pipe. The compressor
aspirates air at room temperature through a long pipe. The amount of air is regulated
by a control valve. Then, the air enters the compressor where it is compressed before
being blown out the atmospheric via a muffler. The test bench is illustrated as the figure
3.1. The sensor system is installed at the inlet and outlet of the compressor to determine
the working parameters. The characteristics of SRCC is obtained by changing the mass
flow rate at a constant speed. The combination of the characteristics at several constant
speeds constitutes the performance map.

3.1.2 Performance map of the SRCC
The compressor characteristic map depicts the change of pressure ratio, efficiency

according to the variation of mass flow rate with the different rotor speeds, as shown
in figure 3.2. The x-axis represents the mass flow rate of the compressor, while the
y-axis describes the static pressure ratio. The polytropic efficiency is then displayed
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Figure 3.1 – Centrifugal compressor test bench used to measure the SRCC performances

as the coloring region. At each rotor speed, a characteristic curve of the compressor is
obtained by changing the mass flow rate. A set of characteristic curves at the different
rotor speeds produces a compressor map that allows us to know a working ability of
compressor under different working conditions. In this study, eight rotor speeds are
selected to measure the working parameters in order to build the compressor maps. At
the design point, the compressor can achieve a pressure ratio of 1.31 and a maximum
efficiency of 73% with the rotation speed of 16, 000rpm and corrected mass flow rate of
ṁcr = 0.966kg/s. At the lowest rotation speed of 9, 000rpm, the pressure ratio attains
1.1 and the peak efficiency decreases to 64% with the mass flow rate of ṁcr = 0.458kg/s.

Figure 3.2 – Performance map of SRCC obtained by experimental measurement
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3.2 CRCC components design

3.2.1 Adaptation with the existing test bench
The difference between CRCC and SRCC is in the structure of the counter-rotating

system. CRCC has two independent rotors so that it needs two drive motors. These
motors are arranged on both sides of the compressor and are controlled by two inverters.
For that reason, CRCC needs to modify the drive system of the upstream rotor in
order to be compatible with the test bench, especially the inlet form. Because the two
motors are located on both sides of the compressor, it is impossible to make a straight
inlet as the reference compressor. Therefore, the direction of the fluid flow must be
changed before entering the compressor. There are many ways to direct the fluid flow
into the compressor such as spiral inlet, bent inlet, etc. A bent inlet is suitable in this
circumstance because it is easy to produce and cheaper than the others. In addition,
the distance between the upstream rotor and the drive motor should be minimal to
respect the critical speed of the drive shaft at high speed. A bent pipe with an angle of
90◦ can meet these requirements so it is used to design an inlet component. However,
the use of the 90◦ bent pipe changes the flow structure at the inlet of the compressor
so a study of the bent pipe effect the performance of CRCC is performed.

Comparison of the performance between straight inlet and bent inlet
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Figure 3.3 – Comparison of performance between straight and bent inlet obtained by CFD
simulations

In the industry, there is not always enough space to install straight inlet pipes so
that a bent inlet pipe is used as an alternative solution. However, using the bent inlet
makes an inlet distortion and causes the variation in the incidence angle. Consequently,
it affects the performance and the surge margin of a compressor[34]. Wright et al. [35]
attempted to quantify the inlet flow distortion effects on the performance of a centri-
fugal fan. Results showed that the inflow distortion of the fan reduces the efficiency
and pressure rise. Each level of distortion from 10 − 15% of velocity variations can
reduce 5% of the efficiency and pressure rise. Kim et al. [36] used a 90◦ bent pipe in
front of a centrifugal compressor and found that the inlet environment has a significant
impact on the performance of the compressor. The work of Yan et al. [37] compared
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also 90◦ duct to a straight duct. They concluded that the distortion of an inlet flow
has a negative impact on the performance of the centrifugal fan. Li et al. [38] studied
the effect of two types of 90◦ bent inlet on the performance of a high-speed centrifugal
compressor. They presented the inlet distortion decreases the choke limit to a lower
mass flow rate. In addition, the performance near the choke is reduced as the rotation
speed increases. The authors concluded that the bent inlet with longer axial distance
makes larger radial range distortion on the impeller inlet. The results also showed that
the use of a curved inlet influences the performance of the compressor, especially near
the choke with a high flow rate. In this study, it is necessary to evaluate the impact
of a bent inlet on compressor performance because of the input structure change. To
do that, two numerical models of the straight and bent inlet are modeled. A numerical
study is conducted with the STAR CCM+ software to figure the difference between
two configurations. The more detail of the numerical models presents in section 4.5.

Figure 3.3 compares the performances between the straight inlet and bent inlet at
different flow rates. In general, the performance of the two cases is almost the same. The
most significant difference occurs in the near surge region, where the efficiency value
and pressure ratio of the bent inlet decrease. In order to have a better understanding
of this phenomenon, the flow field analysis is shown to see what is going on at the low
mass flow rates.

Figure 3.4 and figure 3.5 show the pressure distribution of both straight and bent
inlet at the highest efficiency and near surge point. At the highest efficiency, the pressure
distribution is overall the same for two cases. At near surge point, however, it can be
seen that the flow is facing an adverse pressure gradient at the outlet of the second
rotor and the volute - the inertial forces cannot overcome the pressure forces [39]. The
iso-pressure is formed from the volute tongue inside the volute.

(a) Straight inlet

(b) Bent inlet

Figure 3.4 – Pressure distribution of (a) straight inlet and (b) bent inlet, at
ṁcr = 0.73kg/s and N1 = −16, 000rpm, N2 = 16, 000rpm (best efficiency point)
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(a) Straight inlet

(b) bent inlet

Figure 3.5 – Pressure distribution of (a) straight inlet and (b) bent inlet, at
ṁcr = 0.23kg/s and N1 = −16, 000rpm, N2 = 16, 000rpm (near surge point)

(a) Straight inlet

(b) bent inlet

Figure 3.6 – Velocity field of (a) straight inlet and (b) bent inlet, ṁcr = 0.73kg/s and
N1 = −16, 000rpm, N2 = 16, 000rpm (best efficiency point)
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(a) Straight inlet

(b) bent inlet

Figure 3.7 – Velocity field of (a) straight inlet and (b) bent inlet, ṁcr = 0.23kg/s and
N1 = −16, 000rpm, N2 = 16, 000rpm (near surge point)

The velocity distribution in both cases is shown in figure 3.6 and figure 3.7. Some
differences are found in the inlet region. It is clear that the straight inlet has an asym-
metric flow field, while the bent inlet creates a non-symmetric flow before the first
rotor, especially near the surge region. This phenomenon generates more inlet losses so
that the performance of the compressor decrease.

The imbalance of axial velocity distribution of bent inlet can be clearly seen if it is
analyzed in the direction perpendicular to the axis of rotation as shown in figure 3.8.
At the best efficiency point, the axial velocity is properly balanced in the straight inlet
but it does not balanced for the bent inlet. The velocity of distribution on the small
radius side is greater than the other side. In contrast, at near surge region, the velocity
on the larger radius side is higher, and the backflow is observed in this case (negative
velocity). In such a way, the use of bent inlet has an effect on the performance of the
machine, but it can be seen that the bent inlet has a slight impact on the performance
of the compressor near the point design. It is only a major influence that occurs near
the surge region. Fortunately, this region can be improved by adjusting the rotation
speed of each rotor. Therefore, using a bent inlet is possible before obtaining an optimal
mechanical solution for this case.

3.2.2 CRCC test bench components design
The CRCC components of the test bench need to design include: two counter-

rotating rotors, driveshaft, shroud block, bent inlet block, support blocks, etc. Because
CRCC is a high-speed compressor so that all rotating components need to analyze the
strength and the natural frequency to ensure the durability and to avoid the resonance
phenomenon. This section presents a method for analyzing constraints and determining
the natural frequency of test bench components.
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Figure 3.8 – Comparison of axial velocity between bent inlet and straight inlet at (a) best
efficiency point and (b) near surge point

The first rotor

The first rotor geometry is designed by CATIA with the parameters presented in
chapter 2. The geometry is optimized with the space inside the compressor, as shown in
figure 3.9a. This rotor works at high rotation speeds so that it is necessary to conduct
mechanical analysis to check the working ability. There are two types of mechanical
analysis include stress analysis and displacement analysis are performed. Stress analysis
is conducted to check the stress to avoid rotor damage. The result of stress analysis
is presented in figure 3.9b. It is easy to see that the stress is concentrated at the foot
of the blades with a value of 271MPa. The material is Aluminum 7075 with a shear
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stress of 331MPa so that the first rotor meets durability requirements. Displacement
analysis is also carried out as shown in figure 3.9c. The largest displacement occurs
at the tip of the blade with a maximum value of 0.71mm. This value is smaller than
the gap between the rotor and shroud of 1.5mm. So this design meets the working
requirements of the first rotor.

(a) Geometry of first
rotor (b) Stress analysis (c) Displacement analysis

Figure 3.9 – First rotor analysis of the chosen configuration (CF1) for the experimental
test bench

The second rotor

The second rotor is also designed and tested for durability and displacement by
CATIA software. The stress analysis shows that results do not match with the stress of
the material so we need to reduce the blade number from ten blades to nine blades. The
geometry and stress analysis of the second rotor are shown in figure 3.10a and figure
3.10b. The analysis depicts that the maximum stress occurs at the foot of the blade. It
is less than the allowable stress value of the Aluminum 7075 material. In addition, the
displacement analysis in figure 3.10c illustrates the maximum displacement on the tip
of blade about 0.4mm. It is always smaller than the gap between the rotor and shroud.
Therefore, the design of the second rotor meets the requirements, too.

(a) Geometry of second
rotor (b) Stress analysis (c) Displacement analysis

Figure 3.10 – Second rotor analysis of the chosen configuration (CF1) for the experimental
test bench
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Drive shaft of the first rotor

The first rotor is driven by an electric motor through an extra shaft. The length
of the shaft is determined after selecting the geometry of the bent inlet. The shaft
diameter is then calculated by optimizing the geometry to respect the critical speed.
The static analysis and displacement analysis are shown in figure 3.11.

(a) Stress analysis

(b) Displacement analysis

Figure 3.11 – Analysis of the drive shaft of the first rotor used for the CRCC test bench
with (a) stress analysis and (b) displacement analysis

The stress analysis shows that the greatest stress is concentrated at the shoulder
fillet of the step, as shown in figure 3.11a. The maximum stress value of 22MPa is
much smaller than the strength limit of 350MPa. Therefore, the shaft meets durable
conditions. The maximum displacement takes place at the largest diameter of the shaft
as shown in figure 3.11b. This displacement is very small, so it can be ignored. Besides,
the modal analysis is also conducted, and the results are shown in table 3.1. It displays
the first natural frequency value of 1147.1Hz corresponds to 68, 826rpm. This speed is
much higher than the nominal rotation speed of the shaft. So the design shape of the
shaft is reasonable.

Table 3.1 – Modal analysis of the drive shaft

Mode Frequency (Hz) Stability Mode Frequency (Hz) Stability
1 1,147.1 9.6242e−14 6 3,514.6 4.5219e−10
2 1,147.5 2.7806e−14 7 3,515.9 2.7096e−9
3 3,100.3 1.0596e−10 8 6,401.7 7.5957e−6
4 3,210.5 4.1614e−10 9 6,406 4.2726e−5
5 3,213.8 3.5387e−9 10 6,406.9 9.8198e−5

Shroud block

The shroud block consists of a half shroud contour of the compressor. In the CRCC
configuration, the first rotor is driven by an electric motor through a long shaft. In order
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to ensure the stability of the drive system in relation to the critical speed of the shaft,
a support bridge is made. The geometry of the shroud block is depicted in figure 3.12.
A shape of support bridge is determined and verified by a modal analysis to find out
its natural frequency. This step is necessary to avoid a resonance phenomenon. Table
3.2 shows the results of natural frequency analysis by CATIA. The natural frequency is
415Hz, corresponding to the rotation speed of 24, 900rpm. It is larger than the nominal
speed of the drive shaft so that this component meets the requirements.

(a) (b)

Figure 3.12 – Geometry of Shroud block of the CRCC configuration of the test bench: (a)
face view and (b) rear view

Table 3.2 – Modal analysis of shroud block

Mode Frequency (Hz) Stability Mode Frequency (Hz) Stability
1 415.03 6.8452e−11 6 702.30 1.9831e−7
2 471.75 2.3556e−10 7 161.33 6.4904e−5
3 474.38 6.0429e−10 8 161.39 4.7703e−5
4 560.73 2.3638e−10 9 215.05 4.2646e−4
5 702.14 4.1553e−8 10 236.67 9.0831e−4

Inlet block

The inlet block consists of a 90◦ bent pipe and a housing of a bearing. This block is
responsible for directing flow into the compressor. The inlet block geometry is shown
in figure 3.13. The modal analysis results are shown in table 3.3. It illustrates that
the natural frequency reaches 1, 410Hz which corresponds to the rotation speed of
84, 684rpm. This speed is much larger than the design speed of the drive shaft so that
this component ensures no resonance during the operation.
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(a) (b)

Figure 3.13 – Geometry of the inlet block of the CRCC configuration used for the test
bench (a) front view and (b) rear view

Table 3.3 – Modal analysis of inlet block

Mode Frequency (Hz) Stability Mode Frequency (Hz) Stability
1 1,411.4 9.3339e−9 6 2,520.7 1.5208e−6
2 1,437.4 3.5050e−9 7 2,549 3.8400e−5
3 1,730.6 1.7101e−8 8 2,610.9 8.2048e−6
4 1,760.6 2.4277e−8 9 2,887.8 6.5777e−5
5 2,420.6 1.2072e−5 10 3,117.4 5.9586e−4

Support of electric motor

A support block of the electric motor is designed to ensure the concentricity of
rotational parts because of high-speed rotation. This block links the drive motor and
the inlet block. The structure and geometry of the block are shown in figure 3.14. The
modal analysis is shown in table 3.4. The first frequency is 4884.9Hz, which means
the resonance speed of the system reaches 293, 094rpm. Consequently, this component
meets safety requirements.

(a)
(b)

Figure 3.14 – Geometry of the electric motor support of the CRCC configuration used for
the test bench: (a) front view and (b) rear view
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Table 3.4 – Modal analysis of electric motor support

Mode Frequency (Hz) Stability Mode Frequency (Hz) Stability
1 4,884.9 1.9554e−8 6 5,847.8 4.4559e−7
2 5,035.9 2.4754e−8 7 6,319.6 1.2921e−5
3 5,372.5 4.3348e−7 8 6,923.9 2.9898e−5
4 5,542.7 7.1500e−7 9 6,940.8 2.0430e−4
5 5,678.3 3.8406e−6 10 7,245.2 5.2465e−5

Counter-rotating centrifugal compressor assembly

After designing all components of the compressor, they are manufactured and as-
sembled to form the counter-rotating centrifugal compressor. The structure of the
counter-rotating centrifugal compressor is illustrated in figure 3.15.

Figure 3.15 – Counter-rotating centrifugal compressor (CRCC)

3.3 RAICOR test bench

3.3.1 Description of Rotor - rotor Aerodynamic Interaction of
a COunter-Rotating centrifugal compressor (RAICOR)
test bench

As described in the preceding section, Counter-Rotating Centrifugal Compressor
(CRCC) components are redesigned to adapt to the existing test bench. SRCC is then
replaced by CRCC to form a new test bench called the Rotor - rotor Aerodynamic In-
teraction of a COunter-Rotating centrifugal compressor (RAICOR). Figure 3.16 shows
the schema of the RAICOR test bench used in this study.

The working of the test bench is described here: Firstly, the air at room temperature
is aspirated into the tank (1) through a plate that has 120 holes with a diameter of
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Figure 3.16 – Schema of RAICOR test bench

8mm. These holes permit to adjust the inlet flow rate into the compressor. Then, the air
passes through a long pipe diameter ofD = 158, 5mm. A honeycomb is placed upstream
of the pipe to ensure that the inlet flow is laminar. Next, the air enters the compressor
where it is transmitted energy by the rotors. The differential pressure between the inlet
and outlet of compressor increases. Finally, the air passes via a muffler and is blown
out into the atmosphere. Two rotors of CRCC are driven by two electric motors with
a maximum speed of 17, 000rpm. Two inverters are used to control the speed of the
rotors and to measure the power consumption of the electric motors. The sensor system
is arranged as shown in figure 3.16. A thermocouple Pt100 (2) is used to measure the
inlet temperature and located upstream at a distance of 20D from the compressor.
The Platon pitot tube (3) places upstream at a distance of 12D from the compressor.
It is connected to the FCO16 manometer to measure the differential pressure of the
fluid flow through the pitot tube. The mass flow rate is calculated by this differential
pressure according to equation 3.24. Four pressure taps (4) on the circumference of
the inlet pipe at a distance of 3D use to collect the average pressure at the inlet of
the compressor. It is connected to the FC332 manometer to measure the differential
pressure between the inlet pressure and atmospheric pressure. Three thermocouples
Pt100 (5) are located downstream on the outlet pipe at a distance of 4D from the
compressor to measure the outlet temperature. Two Kistler dynamic pressure sensors
(6), (7) are mounted on the inlet and between two rotors to measure instantaneous
pressure and identify the frequency of instability phenomenon.

3.3.2 Uncertainties and measurement quantities
Measuring a quantity is not simply looking for the value of this quantity, but also

associating it with uncertainty in order to be able to qualify the quality of the mea-
surement. This uncertainty is associated with measurement errors which may be due
to the measuring instrument, the operator, or the variability of the measured quantity.
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Measurement uncertainty is the value characterizes the dispersion of values that can
be attributed to the measured quantity. There are two types of measurement errors:

Random measurement error

When the same operator repeats several times, under the same conditions and
the measurement of the same quantity, the measured values may be different. This is
called a random error of measurement. The associated uncertainty is a repeatability
uncertainty, called type-A. Type A uncertainty is evaluated by statistical methods that
involve the mean and the standard deviation. It comes from the exploitation of a large
number of measured values. If we consider the value xi can be measured directly from
the measurement i, x̄ is the mean value of K repeated measurements, uncertainty value
can be calculated by the following equation:

x̄ =
∑K
i=1 xi
K

(3.1)

Standard deviation σ refers to the amount of an individual reading which is expected
to vary from the mean. In other words, any single value has an uncertainty equal to
the standard deviation. Therefore, if another measurement is acquired for the same
measuring points, there is a 68% chance the measurement falls within one standard
deviation of the mean and a 95% chance to fall within two standard deviations of the
mean, as shown in figure 3.17 [40].

σ =

√√√√∑K
i=1 (xi − x̄)2

K − 1 (3.2)

Figure 3.17 – Gaussian distribution (source:www.nde-ed.org)

The random measurement error is calculated by:

uA = σ√
K

(3.3)

In practice, only a limited number of measurements can be performed. To take into
account this limited number, the standard uncertainty is multiplied by a factor k called
expansion factor:

UA = k
σ√
K

(3.4)

For a 95% confidence interval, k is about 2 when K is about 20.
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The systematic error

In a single measurement, it must be taken into account the accuracy of the mea-
suring device, the measurement method, and the quality of measurement. They cor-
respond to a systematic error called uncertainty type B, as shown in figure 3.18. It
is necessary to look for all sources of errors and to assess the uncertainty associated
with each source for evaluating results. For type B uncertainties, the measurement un-
certainty to be taken into account is the expanded uncertainty UB = 2uB, for a 95%
confidence level. Some of the uncertainties depend on the devices are listed below:

Reading on a graduated scale:

ureading = 1graduation√
12

(3.5)

Double reading:
Udoublereading = ureading

√
2 (3.6)

A given tolerance instrument (instructions):

utolerance = t√
3

(3.7)

where: t is tolerance of instrument(x% of the value read).
Digital device (see device instructions):

utolerance = t+ ndigit√
3

(3.8)

Real value

Systemmatic error
Random
error

s

Mean value of N measures

Frequency
(density of probability)

Results of 
measurements

Density of probability curve
(repeated measurement)

Figure 3.18 – Error of measurement

In addition, the relative uncertainty, defined by the uncertainty value divide by the
mean value of the measurement, is used to estimate the percent of the deviation from
the true value ε:

ε = u

x̄
(3.9)

Composition of type A and type B uncertainties

If a series of measurements are available and each of them has a type B uncertainty,
the standard uncertainty is obtained:

u =
√
u2
A + u2

B;U = 2u;M = x̄± U (3.10)
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Propagation of uncertainties

For processing results of measurement, measured values used to calculate the desired
quantity, are called derived quantities. The uncertainty of the derived quantities is
combined by the uncertainty of each measured value by the propagation functions:

+ Addition or Subtraction function: If function F is a combination of variable x
and y: F = x± y. The uncertainty of F is determined by:

uF =
√
u2
x + u2

y; (3.11)

+ Multiplication or Division function:
If function F is a combination of variables x and y: F = xy or F = x

y
. The uncer-

tainty of F can be obtained by:

uF
|F |

=

√√√√(ux
x

)2
+
(
uy
y

)2

; (3.12)

+ Power function:
If F function is defined by: F = xn. The uncertainty of F is calculated by:

uF
|F |

= |n| ux
x

; (3.13)

+ Logarithm function:
if function F is defined by: F = ln x, the uncertainty of F is given by:

ln (F ± ux) = lnF ± uF
F

; (3.14)

Measurement quantities

Two types of measurements are conducted in this test bench: global performance
and fluctuation of the pressure. The global performances of the compressor are mea-
sured with the static pressure ratio Π, the polytropic efficiency ηp as a function of the
volume flow rate Qv or mass flow rate ṁ. Static pressure fluctuation at the inlet of
the compressor determines the surge point and finds out the surge frequency of the
compressor.

Atmospheric pressure Patm
The value of Patm is given by the pressure atmospheric from the site of France

government [41]. Because the measurements are taken in a long time, the atmospheric
pressure is updated each hour of experimental tests. The uncertainty of the atmospheric
pressure is estimates about uPout = ±100Pa.

Pitot probe

The mass flow rate is measured by a robust averaged pitot tube. This device gives
the differential pressure to calculate the volume flow rate. A manometer FCO16 is used
to transmit the differential pressure of the pitot to the digital signal. The scales of the
transmitter are 1999 Pa with accuracy < ±1% of reading. The total uncertainty of
the differential pressure is determined by the uncertainty of the transmitter and DAQ
card. It can be calculated by the following equation:

upitot =
√
u2
FC016 + u2

DAQ (3.15)
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Inlet pressure measurement

The inlet pressure is determined by measuring the static differential pressure bet-
ween the static pressure upstream of the compressor and the atmospheric pressure Pa.
This parameter is measured by manometer FC322 with a scale of ±30kPa and an ac-
curacy of < 0.5% of reading. The total uncertainty of inlet pressure can be determined
by the following relation:

uP1 =
√
u2
FC322 + u2

DAQ + u2
Pout (3.16)

Temperature measurement

The temperature is measured by thermocouple Pt100. It is also called RTD (Re-
sistance Temperature Detector) which is made of platinum. The Pt100 element has a
resistance of 100 ohms at 0◦. Normally, these sensors are equipped with a protective
or mounting sheath to form a temperature probe, and these are commonly referred
to as PRTs (Platinum Resistance Thermometers) or Pt100 probes. Pt100 probe are
much more linear than thermocouples. In cases of limited ranges and accuracy, it can
be considered linear. The temperature is calculated by the linear equation of resistance
function:

Rt = R0 (1 + αT ) (3.17)

T =
Rt
R0
− 1
α

(3.18)

With:
Rt - Resistance at t◦C;
R0 - Resistance at 0◦C (100 Ω);
α - Temperature coefficient of the probe (0.00385 Ω / Ω / ◦C);
T - Temperature in ◦ C.
In addition, the relation between the resistance value of RTD and temperature is

also calculated by the equation Callendar-Van Dusen (CVD).

Rt = R0 +R0α

[
t− δ

(
t

100 − 1
)(

t

100

)
− β

(
t

100 − 1
)(

t

100

)3]
(3.19)

where:
Rt - Resistance at t◦C;
R0 - Resistance at 0◦C (100Ω);
α - Temperature coefficient at 0◦C (Ω/Ω/◦C);
δ - Linearization coefficient;

β
- Second coefficient of linearization for the negative value of temperature (β = 0
for t > 0◦ C).

This equation gives accuracy about ±0.01◦C for the temperature range -100◦C and
+ 100◦C. However, the error increases rapidly at high temperatures until about 0.1%.
Moreover, this equation calculates the resistance as a function of temperature. That is
the opposite of the most common use: temperature depending on the resistance. So, in
this thesis, all temperatures are calculated according to the CVD equations.

The uncertainty of the inlet temperature is obtained by:

uT1 =
√
u2
pt100 + u2

DAQ (3.20)
The outlet temperature is an average measured value of three Pt100 sensors. The
uncertainty of the outlet temperature can be calculated by:

uToutlet =
√

3
√
u2
pt100 + u2

DAQ (3.21)
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3.3.3 Derived parameters
Inlet density

The inlet density is determined by the temperature and the pressure at the inlet of
the compressor according to the equation:

ρ = P 1

RT 1
(3.22)

The uncertainty of the inlet density can be calculated according to the propagation
law (section 3.3.2) as the following equation:

uρ = ρ

√(
uP1

P 1

)2
+
(
uT1

T 1

)2
(3.23)

Mass flow rate

The mass flow rate can be calculated by:

ṁ = πD2

4 k
√

2ρ∆P (3.24)

Where:
D - Diameter of the pipe, D = 158.5mm;
k - coefficient of the sensor, k = 0.72;
∆P - Differential pressure of the Flow pitot, Pa;
ρ - Gas density kg/m3;
The uncertainty of the mass flow rate can be obtained by the following equation:

uṁ = ṁ

2

√√√√(u∆P

∆P

)2
+
(
uρ
ρ

)2

(3.25)

Pressure ratio

The pressure ratio of the compressor is determined by the ratio of the outlet pressure
to the inlet pressure according to the formula:

Πs = P out

P 1
(3.26)

According to the equation 3.12, the uncertainty of pressure ratio is given by:

uΠs
= Πs

√(
uP out
P out

)2
+
(
uP1

P 1

)2
(3.27)

Polytropic efficiency

The polytropic efficiency compares the real enthalpy rise with the hypothetical one
of a multistage and high pressure compressor. It is determined by the equation:

ηp = γ − 1
γ

ln
(
P out
P in

)
ln
(
T out
T in

) (3.28)

54



CHAPTER 3 3.4. Conclusions

The uncertainty is calculated by the following formula:

uηp = ηp

√√√√√
(
ln(Πs + uΠs

)− lnΠs

)
Πs

lnΠs

2

+

(
ln(ΠT + uΠT

)− lnΠT

)
ΠT

lnΠT

2

(3.29)

Where:
Πs - Static pressure ratio;
ΠT - Static temperature ratio;

uΠs

- Uncertainty of static pressure ratio, is calculated by
equation 3.27;

uΠT

- Uncertainty of static pressure ratio, is calculated by
uΠT

= ΠT

√(
uTout
T out

)2
+
(
uT1
T 1

)2
;

3.4 Conclusions
The RAICOR test bench has been developed from the existing test bench at LIFSE.

Due to the use of two independent rotors, CRCC is equipped with two electric motors
on both sides of the compressor. It is impossible to make the straight inlet as the
SRCC configuration. Therefore, the components of the compressor need to redesign
in order to accommodate the existing test bench, especially, at the compressor inlet.
A bent pipe with an angle of 90◦ is used to direct the fluid flow into the compressor.
An investigation of the bent inlet effects on global performance is performed at the
design rotation speed by CFD method. The analysis results showed that these change
slightly affects the performance, mainly near the surge region due to the distortion of
fluid flow at the inlet. Compressor parts are also designed and are analyzed for stress,
displacement, and natural frequency to ensure that these parts meet the durability
and avoid resonance. In addition, the measurement devices and methods of calculating
uncertainty of the working parameters are presented and applied in the experiments,
which is presented in chapter 4 and chapter 5.
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Chapter 4

Experimental results
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4.1 Limitation of the experiments
The second rotor always plays a major role in the operation of the Counter-Rotating

Centrifugal Compressor (CRCC). So all rotation speed limits mentioned in this section
are those of the second rotor. The test bench is designed to operate at a maximum speed
of 16, 000rpm. For safety reasons, the compressor should operate up to a maximum
speed of 75% design speed. So the maximum rotation speed of the second rotor used
for this study is 12, 000rpm.

The experimental measurements are performed at three main speeds of 9, 000rpm,
10, 000rpm, and 11, 000rpm in the counter-rotating mode. The design rotation speed
is then calculated based on the similarity method which is described in section 4.4.

4.2 Global performance
Global performance is an important parameter to evaluate the performance of the

compressor. It is determined through the input and output parameters of the compres-
sor during operation. In this section, the experimental results are compared with the
measured results of the Single Rotor Centrifugal Compressor (SRCC) to evaluate the
effectiveness of a centrifugal compressor using the counter-rotating system. Therefore,
the advantages and disadvantages of this compressor generation are analyzed by the
experimental study. As mentioned in the section 2.2, the first rotor of CRCC is respon-
sible for accelerating the flow and determining the input conditions of the second rotor.
The second rotor is the main part of the compressor, which is responsible for creating
pressure rise during the work. In addition, two rotors are driven independently by the
electric motors, which can vary from 0 to 17, 000rpm. The speed of each rotor can be
adjusted smoothly and met different working conditions. In this study, the evaluation
of global performance is conducted in three cases of the operating mode:
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• Case 1: The first rotor rotates freely - the second rotor is driven;
• Case 2: The first rotor is fixed - the second rotor is driven;
• Case 3: Counter-rotating mode (both rotors are driven).

Because the measurement process is carried out for a long time. The variation of
ambient temperature and atmospheric pressure lead to the change in mass flow rate
value. To facilitate the comparison of the experimental results at different measure-
ments, the calculated values of the mass flow rate are referred to the same condition
at Tref = 288.15◦K and Pref = 101, 325Pa, called corrected mass flow rate. This value
is determined by the following formula:

ṁcr =
ṁ
√
Tinlet/Tref

Pinlet/Pref
(4.1)

4.2.1 First rotor rotates freely - second rotor is driven (case
1)

In this case, the second rotor is driven by an electric motor while the first rotor
rotates freely (it is not driven). The pressure rise of the compressor is generated by the
work of the second rotor. The comparison of a global performance between CRCC and
SRCC at the rotation speed of 9, 000rpm is shown in figure 4.1. The black solid line
presents for the global performance of CRCC, while the blue dash line represents for
that of SRCC.

Generally, the pressure ratio of CRCC is quite smaller than that of SRCC, however,
its polytropic efficiency is higher. The best efficiency points of CRCC and SRCC take
place at the mass flow rate of 0.42kg/s and 0.458kg/s, respectively. Obviously, this
point of CRCC is shifted to the lower mass flow rate. Comparing the pressure ratio
of two best efficiency points of CRCC and SRCC shows that two configurations have
almost the same pressure ratio of 1.097±0.002 for CRCC and 1.100±0.002 for SRCC.
Beside that, the polytropic efficiency of CRCC is always higher than that of SRCC,
the peak efficiency increase from 64% ± 2% for SRCC to 72% ± 2% for CRCC. It
can be said that using counter-rotating system can enhace the efficiency by about 8%.
Additionally, the power consumption of CRCC (green solid line) is always less than the
power consumption of SRCC (blue dash line) about 0.5kW due to the higher efficiency,
as shown in figure 4.2.

At rotation speed of 10, 000rpm, CRCC gives a lower pressure ratio but its efficiency
is slightly higher at the low mass flow rate region, as illustrated in figure 4.3. So, the
best efficiency point of CRCC is moved to a lower mass flow rate. The pressure ratio and
the maximum efficiency of CRCC are respectively 1.120±0.002 and 72.6±2% at mass
flow rate of 0.504kg/s. Meanwhile, the pressure ratio value of SRCC is 1.116 ± 0.002
and the efficiency is 69.6 ± 2% at 0.592kg/s. The comparison between best efficiency
points of CRCC and SRCC shows that the pressure ratio of the CRCC increases slightly
about 0.3% and polytropic efficiency is improved by about 3%. Consequently, the power
consumption of CRCC is 1.5kW lower than that of SRCC, as shown in figure 4.4.

Figure 4.5 presents a performance comparison between CRCC and SRCC at rotation
speed of 11, 000rpm. Obviously, the CRCC performance has the same tendency as the
other speeds in comparison with the performance of SRCC. At the best efficiency
point, the CRCC pressure ratio can reach 1.152 ± 0.002 and its polytropic efficiency
is 73 ± 2%, while SRCC attains 1, 141 ± 0.002 for the pressure ratio and 70 ± 2% for
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Figure 4.1 – Global performance of CRCC (CR-θ0: counter-rotating in case 1) in
comparison with SRCC at 9, 000rpm
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Figure 4.2 – Electric power consumption of the CRCC second rotor (CR(P2)) in
comparison with SRCC at 9, 000rpm

the polytropic efficiency. It means that the pressure ratio increases slightly by about
1% and the polytropic efficiency rises by about 3%. The enhanced efficiency can be
seen clearly in the reduction of power consumption. Figure 4.6 shows that the electric
power of CRCC is always lower than that of SRCC of about 1.5kW .

Figure 4.7 shows a variation of first rotor speed according to the mass flow rate.
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Figure 4.3 – Global performance of CRCC (CR-θ0: counter-rotating in case 1) in
comparison with SRCC at 10, 000rpm
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Figure 4.4 – Electric power consumption of the CRCC second rotor (CR(P2)) in
comparison with SRCC at 10, 000rpm

When the fluid flows through the compressor, its impact on the first rotor blade gene-
rates a drive torque. In this case, the first rotor acts as a turbine and its rotation speed
depends on the mass flow rate of the compressor. It is easy to see that the maximum
speed of the first rotor increases when the speed of the second rotor rises. At the speed
of N2 = 9, 000rpm, the maximum speed of the first rotor reaches −5, 472rpm (a minus
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Figure 4.5 – Global performance of CRCC (CR-θ0: Counter-rotating in case 1) in
comparison with SRCC at 11, 000rpm
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Figure 4.6 – Electric power consumption of CRCC (CR(P2)) in comparison with SRCC at
11, 000rpm

sign indicates that the rotor rotates in the opposite direction to the second rotor) at the
largest flow rate of 0.629kg/s. The first rotor speed reduces as the flow rate decreases
according to the linear relationship. When the flow rate drops to 0.21kg/s, the torque
does not overcome the mechanical resistance of the drive system, the rotor no longer
rotates.
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At the speed ofN2 = 10, 000rpm, the flow through the compressor is greater because
the second rotor rotates at a higher speed. It makes an increase in the rotation speed
of the first rotor. The maximum rotation speed that can be achieved in this case is
−6, 540rpm at a flow of 0.716kg/s. The first rotor stops the rotation when the mass
flow rate decreases to 0.18kg/s. Similarly, it can easily see at the speed of 11, 000rpm
that the maximum speed of the first rotor achieves −7, 023rpm at a flow of 0.746kg/s
and the first rotor stops its rotation for the mass flow rate of 0.191kg/s.
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Figure 4.7 – The first rotor rotation speed (N1) of CRCC according to the corrected mass
flow rate for three rotation speeds of the second rotor: 9, 000rpm, 10, 000rpm and

11, 000rpm

4.2.2 First rotor is fixed - second rotor is driven (case 2)
The first rotor is fixed by the electric inverter (stationary rotor) and the second one

is driven at a constant speed. There is no doubt that the first rotor acts as an inlet
positive prewhirl valve, so it decreases the relative Mach number at the inlet of the
second rotor [42]. The velocity triangles of CRCC are formed, as shown in figure 4.9.
The Euler work of the second rotor is then calculated by the equation 4.2. Obviously,
this work decreases because the velocity component Cu3 has a positive value due to
the effect of the prewhirl valve.

∆h2 = U4Cu4 − U3Cu3 (4.2)

Figure 4.8 shows the comparison of global performance between case 1 and case 2
with three rotation speeds of the second rotor. The solid lines introduce the perfor-
mances in case 2 and the dashed lines represent for case 1. It is clear that for each
rotation speed of the second rotor, the performance of CRCC is significantly reduced,
especially at a high flow rate. At rotation speed of 9, 000rpm (blue line), the pressure
ratio of case 2 is much lower than that of case 1 at large flow rates. Then, it increases
gradually as the flow rate decreases. Then, the characteristic curve of case 2 coincides
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Figure 4.8 – Comparison of global performances between case 1 (CR-free) and case 2
(CR-fix) with three rotation speed of 9, 000rpm, 10, 000rpm, 11, 000rpm of the second rotor
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Figure 4.9 – Velocity triangles of CRCC with the first rotor is fixed (case 2)

with the curve of case 1 when the first rotor is stationary in both cases. The decrease
of the pressure ratio at large flow rates can be explained by the compatibility of the
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second rotor with the fluid flow of the first rotor. The blade angle of the second rotor
is designed to be adapted to fluid flow coming out from the first rotor, which rotates
at the same speed as the other one. When the first rotor is fixed, the incidence angle at
the inlet of the second rotor raises. It leads to an increase in the losses and a decrease
in performance. In addition, the incompatibility with the fluid flow of the second rotor
causes a pressure fluctuation at the second rotor inlet, while the pressure at the first
rotor inlet remains stable. This fluctuation can be seen in pressure signals which are
obtained by two instantaneous pressure sensors shown in figure 4.10. As a result, the
maximum polytropic efficiency also decreases significantly from 73 ± 2% in case 1 to
69± 2% in case 2.
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Figure 4.10 – Pressure fluctuations at the inlet of the first rotor (p1) and between two
rotors (p23) of CRCC with the flow rate of 0.419kg/s and rotation speed of N2 = 9, 000rpm

The same trends are found at the speed of N2 = 10, 000rpm (green line) and
N2 = 11, 000rpm (red line). The comparison between the two cases can conclude that
the operation of CRCC in case 1 gives higher performance due to the reduction of
losses between rotors. Therefore, to maintain the compressor stability with the highest
performance and to avoid losses caused by the incompatibility of fluid flow, it needs
to keep the rotors working at an optimal coupled rotation speed according to the fluid
flow rate.

4.2.3 Counter-rotating mode (case 3)
In counter-rotating mode (two rotors rotate in the opposite direction with same

speed), both rotors are driven simultaneously by the electric motors. Figure 4.11 shows
comparison of the global performance between CRCC and SRCC at the rotation speed
of 9, 000rpm. It can be seen that the pressure ratio of CRCC is always higher than the
pressure ratio of SRCC. At the best efficiency point, the pressure ratio of CRCC and
SRCC are respectively 1.128 ± 0.002 and 1.100 ± 0.002.That means CRCC pressure
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Figure 4.11 – Comparison of global performance of CRCC in counter-rotating mode with
N1 = −9, 000rpm, N2 = 9, 000rpm (CR− θ4) and SRCC with N = 9, 000rpm
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Figure 4.12 – Comparison of electric power consumption of CRCC: the first rotor
(CR(P1)), the second rotor (CR(P2)), the counter-rotating rotor (CR(Ptotal)) and SRCC at

9, 000rpm

ratio increases by about 2.5%. Besides, CRCC polytropic efficiency is significantly
improved. It attains the maximum value of 72 ± 2%, which is increased by about 8%
in comparison with that of SRCC at the same rotor speed. It is easy to see that the
maximum efficiency of CRCC seems to be constants compared to the case 1 (figure
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4.1). However, the mass flow rate of the CRCC instability limit is changed to a larger
flow rate. The limit flow rate of CRCC is 0.233kg/s which is larger than the limit flow
rate of 0.146kg/s for SRCC. This could be explained by the increase of pressure ratio
and the adaptation between two rotors. Increasing the speed ratio leads to the change
in the inlet condition. The incidence angles at the inlet of two rotors increase. When
the mass flow rate diminishes, these angles increase rapidly due to the counter-rotating
effect, especially at the second rotor inlet. Consequently, the separation region appears
in the blade passage of the rotors leads to form a stall cells. The instability appears
when the stall cells are developed in the entire rotor. If the speed ratio does not change
during the work, of course, the limit instability of CRCC is shifted to larger mass flow
rate.

Figure 4.12 shows the comparison of total power consumption between CRCC and
SRCC in counter-rotating mode at the speed of N2 = 9, 000rpm. In this figure, the red
solid line and the green solid line represent the power consumption of the first rotor
(Counter − Rotatingmode(CR)(P1)) and the second rotor (CR(P2)), respectively.
The black solid line and blue dashed line are respectively the total power consumption
of CRCC (CR − (Ptotal)) and SRCC. It is easy to see that the power consumption
of the second rotor is approximately equal to the power consumption of SRCC. The
consumption of the first rotor is quite small and increases slightly as the flow decreases.
It can be interpreted that the first rotor work almost as axial turbomachinery and
the second rotor works completely as a radial compressor. Consequently, the CRCC
configuration gives a higher pressure ratio so it needs more power to compress the fluid
than the SRCC’s one. At a best efficiency point, the power consumption of the first and
second rotors is respectively 1.51kW and 5kW , while the power consumption of SRCC
is 5.15kW . This shows that the compression mainly occurs in the second rotor because
it has a large variable diameter from the inlet to the outlet. The explanation can be
seen from equation 1.14 in section 1.1.4, a large variety of diameter leads to a higher
impact of the centrifugal effect. Meanwhile, the pressure ratio rise of the first rotor
is small because of the smaller diameter variation. Therefore, the first rotor mainly
accelerates the fluid flow to the second rotor.

At the rotation speed of 10, 000rpm, the pressure ratio of CRCC increases signifi-
cantly compared with the pressure ratio of SRCC at the same rotor speed, as shown in
figure 4.13. The CRCC pressure ratio is 1.158±0.002 at the best efficiency point, which
is increased by about 3.76% compared to the SRCC’s one. The maximum efficiency of
CRCC and SRCC are respectively 73.1±2% and 69.6±2%. So, the polytropic efficiency
of CRCC increases slightly by about 3% in comparison with that of SRCC. It can be
noticed that the best efficiency point of CRCC is moved towards a lower flow rate than
that of SRCC. Likewise, the instability limit appearance, similar to the rotation speed
of 9, 000rpm, is shifted to the flow rate of 0.269kg/s, which is larger than the instability
limit of SRCC at the mass flow rate of 0.183kg/s.

Figure 4.14 shows the power consumption comparison between CRCC and SRCC
at rotation speed of 10, 000rpm. It is clear that the CRCC consumes more energy than
SRCC due to the higher pressure ratio. At the best efficiency point, the total power
consumption of CRCC and SRCC are 8.57kW and 7.32kW , respectively. It can be
seen that CRCC consumes 1.25kW more than SRCC to increase the pressure ratio by
about 3.76% and the efficiency by about 3%.

When the rotors speed up to 11, 000rpm, the same tendency is found. The pressure
ratio generated by CRCC is always higher and its efficiency is also bigger, as shown in
figure 4.15. At the best efficiency point, the pressure ratio increase by about 4.65%, and
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Figure 4.13 – Comparison of the global performance of CRCC in counter-rotating mode
with N1 = −10, 000rpm, N2 = 10, 000rpm (CR− θ4) and SRCC with N = 10, 000rpm
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Figure 4.14 – Comparison of electric power consumption of CRCC: the first rotor
(CR(P1)), the second rotor (CR(P2)), the counter-rotating rotor (CR(Ptotal)) and SRCC at

10, 000rpm

the efficiency enhanced by about 4%. Similar to the other cases, the power consumption
of CRCC is always greater than that of SRCC, as shown in figure 4.16. It is easy
to see that the power consumption of the second rotor is close to the SRCC’s rotor
consumption. Besides, the consumption of the first rotor increases gradually as the
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Figure 4.15 – Comparison of global performance of CRCC in counter-rotating mode with
N1 = −11, 000rpm, N2 = 11, 000rpm (CR− θ4) and SRCC with N = 11, 000rpm
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Figure 4.16 – Comparison of the electric power consumption of CRCC: the first rotor
(CR(P1)), the second rotor (CR(P2)), the counter-rotating rotor (CR(Ptotal)) and SRCC

at 11, 000rpm

mass flow rate decreases. As a result, the total power consumption of CRCC represents
a sum of two rotors consumption so it is always greater than SRCC.
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4.2.4 Conclusions
Global performance in three operating cases of CRCC is analyzed and compared to

the global performance of SRCC at the same speed to assess the effect of a counter-
rotating system. Experimental results indicate that:
• Case 1: CRCC produces lower pressure ratio and higher efficiency than SRCC.

At 9, 000rpm, the efficiency is increased by about 8%, however, it is improved
by about 3% when the rotation speed increases to 10, 000rpm and 11, 000rpm.
Consequently, CRCC consumes less energy than SRCC and the operating range
is a little bit expanded to lower flow rate.
• Case 2: The global performance of CRCC is significantly reduced due to the

incompatibility of the fluid flow at the second rotor inlet and a great inlet loss is
generated. As a result, this case is not interesting because it is inefficient, so it is
not further studied in this work.
• Case 3: The pressure ratio of CRCC is slightly improved from 2.5% to 4.65%

compared to that SRCC at the same speed. Moreover, the polytropic efficiency
remains constant compared to case 1. However, the CRCC consumes more power
due to the higher pressure ratio rise and its instability limit appears earlier.

4.3 Influence of rotation speed ratio (θ)
As shown in section 4.2.3, CRCC gives higher pressure ratio and higher efficiency

than SRCC. This result shows the advantages of the counter-rotating effect applied to
a centrifugal compressor. However, how the compressor performance change when the
rotation speed ratio between the first rotor and second rotor changes? Studying the
effect of speed ratio θ = N1

N2
on the performance finds out the adaptation of CRCC to

the change of working conditions. Many authors studied the effect of speed ratios on
the performance of counter-rotating turbomachines. Sharma et al. [43] studied many
parameters that affect the performance of counter-rotating axial compressors, including
speed ratios. Their results showed that if the second rotor rotates 50% faster than the
first rotor, the rotation stall on the first rotor is suppressed. In 2007, Furukawa et al.
[44] conducted an experimental study of counter-rotating axial pumps. They found that
the maximum efficiency can be obtained at different mass flow rates when the speed
ratio is changed, while the speed of the first rotor is constant. They concluded that
using the counter-rotating component can give a wider operating range and a higher
efficiency according to the speed ratio. To emphasize the effect of the speed ratio on
the efficiency of the axial counter-rotating compressor, the work of Chen et al. [45]
pointed out that with a speed ratio of 1.143, the compressor can achieve the highest
efficiency with a slight reduction of the total pressure ratio and of the working margin.
The authors concluded that if the speed ratio is inferior to one, a stable range of the
compressor becomes smaller and decreases when the speed ratio decreases. In 2012, the
study of Limin et al. [46] presented that with a speed ratio (that is defined as ν = N2

N1
)

higher than 0.9, the first stall stage appears in the second rotor with a reduction of
mass flow rate. In contrast, when the second rotor rotates slower than the first rotor,
the tip leakage flow of the second rotor decreases significantly with the decrease of
the speed ratio. Moreover, the stall phenomenon firstly occurs in the first rotor. The
study of Mistry et al. [47] on an axial counter-rotating fan showed that the speed ratio
plays an important role in terms of overall pressure rise. When the second rotor rotates
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faster than the first one, the suction effect is generated stronger. This improves the fan
performance. Similarly, the study conducted by Nouri et al. [29] on the speed ratio (in
this study, the speed of the first rotor is fixed at 200rpm and the speed ratio is defined
by ν = N2

N1
) between two rotors of an axial counter-rotating fan. Their results showed

that the low-speed ratios ν = 0 and ν = 0.5 gives lower performances. Nevertheless,
increasing the speed ratio within the range of [0.8 − 1.2] results in a slight increase
in performance. They concluded that the efficiency can reach a maximum value if ν
is in a range of [1.05 − 1.15]. The work of Subbarao et al. [48] on the speed ratio
of a counter-rotating turbine indicates that the overall efficiency is improved with a
speed ratio greater than one (the first rotor rotates at a higher speed than the second
one). In addition, they identified that the losses vary with the speed ratio and the
performance can be improved by adjusting the rotation speed of the rotors. In 2015,
the experimental study of the counter-rotating mixed-flow pump conducted by Tosin
et al. [31] showed that the speed ratio has a strong effect on the modification of entire
pump characteristics. Their study focuses on the improvement of the head and on the
optimization of the efficiency by changing the speed ratio. Experimental results showed
that the head is changed from 12m to 26m when the rotor has a higher rotation speed.
The efficiency of the pump is almost constant at 80%. They also emphasized that the
head rise is significantly improved by increasing the speed of the second rotor while
reducing the speed of the first rotor.

The results of previous studies are paid attention to the importance of speed ratio
in a counter-rotating turbomachinery. Determining the effect of speed ratio on the cha-
racteristics of the compressor plays an essential role in improving performance as well
as controlling the counter-rotating compressor to meet different working conditions. In
this study, the experimental study is conducted to study the effect of the speed ratio on
the characteristics of CRCC within the working limits. The measurements are carried
out with three main rotation speeds (N2) of 9, 000rpm, 10, 000rpm, and 11, 000rpm. At
each speed of the second rotor, the rotation speed of the first rotor (N1) is determined
to get a speed ratio of θ = N1/N2 in the range of [-0.7 -1.3] (the minus sign represents
two rotors rotating in opposite direction). Seven speed-ratios θ1 = −0.7, θ2 = −0.8,
θ3 = −0.9, θ4 = −1, θ5 = −1.1, θ6 = −1.2 and θ7 = −1.3 are chosen for experimental
study.

4.3.1 Effect of the speed ratio for a fixed speed of N2 = 9, 000rpm
The speed of the first rotor is calculated by the speed of the second rotor and the

speed ratio θ. At rotation speed of N2 = 9, 000rpm, seven speeds (N1): −6, 300rpm,
−7, 200rpm, −8, 100rpm, −9, 000rpm, −9, 900rpm, −10, 800rpm and −11, 700rpm are
determined.

Figure 4.17 shows variation of the CRCC global performances with the different
speed ratios in comparison with the SRCC’s ones at the speed of N2 = 9, 000rpm and
N2 = 11, 000rpm. At each speed ratio, the best efficiency point of CRCC is shifted to
the higher mass flow rate. It can be seen that this point of CRCC changes from the
mass flow rate of 0.480kg/s to 0.557kg/s when speed ratio changes from θ1 = −0.7 to
θ7 = −1.3, while the mass flow rate of SRCC is fixed at 0.458kg/s (BEP1). Additionally,
the pressure ratio rises significantly when the speed ratio increases (figure 4.17a). The
pressure ratio reaches 1.107± 0.002 with θ1 = −0.7 and increases up to 1.145± 0.002
with θ7 = −1.3. Comparing with the pressure ratio of SRCC, the pressure ratio of
CRCC is improved up to 4.1% with the first rotor increases. It can be noticed that
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the pressure ratio curve of CRCC with the θ7 is close to the pressure ratio curve of
SRCC at the rotation speed of 11, 000rpm. This means that CRCC can achieve the
same performance but the peripheral speed is lower than that of SRCC. Besides, the
polytropic efficiency is almost unchanged at 72%, as shown in figure 4.17b. It is always
higher than the efficiency of SRCC at 64%. A set of best efficiency points gives an
effective operating area of CRCC. This region is determined by the change in mass
flow rate from 0.48kg/s (with θ1 = −0.7) to 0.557kg/s (with θ7 = −1.3). Nonetheless,
the instability limit shifts to the larger flow rate when the speed ratio increases, as
shown in figure 4.17.

Table 4.1 – Global performance of CRCC and SRCC at the best efficiency points with the
different speed ratios and N2 = 9, 000rpm

θ N1 N2 ṁcor Πs ηp
rpm rpm (kg/s) (%)

-0.7 -6,300 9,000 0.480 1.107±0.002 72±2
-0.8 -7,200 9,000 0.490 1.112±0.002 72±2
-0.9 -8,100 9,000 0.503 1.117±0.002 73±2
-1 -9,000 9,000 0.476 1.128±0.002 72±2
-1.1 -9,900 9,000 0.524 1.133±0.002 72±2
-1.2 -10,800 9,000 0.526 1.140±0.002 72±2
-1.3 -11,700 9,000 0.557 1.145±0.002 72±2

SRCC 9,000 0.458 1.100±0.002 64±2

Table 4.1 summarizes the performance of CRCC at the best efficiency points with
different speed ratios. It can be considered that CRCC configuration provides a wider
effective operating range than SRCC by changing the speed ratio. It works flexibly to
accommodate changes in working conditions.

4.3.2 Effect of the speed ratio for a fixed speed of N2 = 10, 000rpm
The second rotor rotates at a speed of N2 = 10, 000rpm, the speed of the first

rotor corresponding to the seven studied speed ratios are −7, 000rpm, −8, 000rpm,
−9, 000rpm, −10, 000rpm, −11, 000rpm, −12, 000rpm and −13, 000rpm. A Compari-
son of global performance between CRCC with the different speed ratios and SRCC
with the rotation speed of N = 10, 000rpm and 11, 000rpm are shown in figure 4.18.
It is easy to see that the speed ratio also greatly influences the pressure ratio and the
best efficiency point of the compressor. The pressure ratio of CRCC increases signifi-
cantly according to an increase of speed ratio, as shown in figure 4.18a. Indeed, the
pressure ratio rises from 1.134 ± 0.002 to 1.181 ± 0.002 when the speed ratio changes
from θ1 = −0.7 to θ7 = −1.3 at the best efficiency points. That means the pressure
ratio of CRCC increases up to 5.8% in comparison with that of SRCC (BEP2) at the
same rotation speed. Furthermore, it can be considered that the pressure ratio curve
of θ7 is close to the curve of SRCC at 12, 000rpm. That means CRCC configuration
can operate at a lower speed of 2000rpm in comparison with SRCC while the pres-
sure ratio remains the same. In addition, figure 4.18b reveals the efficiency comparison
between CRCC with different speed ratios and SRCC at the speed of 10, 000rpm and
12, 000rpm. Obviously, the maximum polytropic efficiency of CRCC is almost stable
for all speed ratios at about 74 ± 2% and it is improved by about 4% in comparison
with SRCC efficiency. Moreover, the maximum efficiency takes place at the different
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mass flow rate in line with the speed ratios and moves around the point of SRCC at
the mass flow rate of 0.592kg/s. This characteristic permits CRCC configuration to
work more flexibly to meet various working conditions. The summary results at the
best efficiency points are presented in table 4.2.

Table 4.2 – Global performance of CRCC and SRCC at the best efficiency points with the
different speed ratios and N2 = 10, 000rpm

θ N1 N2 ṁcor Πs ηp
rpm rpm kg/s %

-0.7 -7,000 10,000 0.534 1.134±0.002 74±2
-0.8 -8,000 10,000 0.546 1.138±0.002 73±2
-0.9 -9,000 10,000 0.542 1.147±0.002 73±2
-1 -10,000 10,000 0.543 1.158±0.002 74±2
-1.1 -11,000 10,000 0.577 1.163±0.002 74±2
-1.2 -12,000 10,000 0.603 1.169±0.002 74±2
-1.3 -13,000 10,000 0.610 1.181±0.002 74±2

SRCC 10,000 0.592 1.116±0.002 70±2

4.3.3 Effect of the speed ratio for a fixed speed of N2 = 11, 000rpm
At the second rotor speed of N2 = 11, 000rpm, seven first rotor speeds −7, 700rpm,

−8, 800rpm, −9, 900rpm, −11, 000rpm, −12, 100rpm, −13, 200rpm and −14, 300rpm
are determined. Figure 4.19a shows the variation of the global performance of CRCC
according to the change of speed ratio. It is clear that the pressure ratio increases
rapidly when the speed ratio rises. At the best efficiency points, the pressure ration
attains 1.163±0.002 with θ1 = −0.7 and it increases up to 1.217±0.002 with the speed
ratio of θ7 = −1.3. It can be said that the CRCC pressure ratio improved by up to
6.66% compared to the SRCC’s one. Similar to the other speeds, the characteristic
curve of CRCC with θ7 is close to that of SRCC at the speed of 13, 000rpm. However,
the speed ratio does not seem to affect the efficiency of CRCC. Figure 4.19b presents
that the peak efficiency is almost constant and equal to about 74 ± 2% when speed
ratio changes. This value is always higher than the efficiency of SRCC at 70 ± 2%.
Consequently, the CRCC configuration enhances slightly the efficiency by about 4%
compared to the SRCC’s one. Table 4.3 summarizes the values of pressure ratio and
polytropic efficiency according to the speed ratios. The effective operating range is
obtained by combining the best efficiency points of CRCC with different speed ratios.
This region has a range from mass flow rate of 0.585kg/s to 0.704kg/s. Obviously, it
always includes the best efficiency point of SRCC (BEP3), as shown in figure 4.19.
However, the instability limit shifts to the larger mass flow side as the speed ratio
increases. It means that the instability phenomenon occurs earlier at high speed ratios
as it is explained in the section 4.3.1. Fortunately, this limit can be improved and can
extend the operating range by controlling the rotation speed of the rotors. This content
is introduced in chapter 5.

Figure 4.20 show the performance map of CRCC with different speed ratios and
SRCC with three rotation speeds of 9, 000rpm,10, 000rpm and 11, 000rpm. Obviously,
CRCC gives a better performance than SRCC and the effective range is wider in case
of the same peripheral velocity. The pressure ratio of CRCC varies from Πs = 1.08
to Πs = 1.25 (figure 4.20b), it is higher than the range of SRCC from Πs = 1.06 to
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Table 4.3 – Global performance of CRCC and SRCC at the best efficiency points with the
different speed ratios and N2 = 11, 000rpm

θ N1 N2 ṁcor Πs ηp
rpm rpm kg/s %

-0.7 -7,700 11,000 0.585 1.163±0.002 74±2
-0.8 -8,800 11,000 0.59 1.172±0.002 74±2
-0.9 -9,900 11,000 0.587 1.184±0.002 74±2
-1 -11,000 11,000 0.584 1.194±0.002 74±2
-1.1 -12,100 11,000 0.624 1.201±0.002 73±2
-1.2 -13,200 11,000 0.676 1.22±0.002 74±2
-1.3 -14,300 11,000 0.704 1.217±0.002 74±2

SRCC 11,000 0.648 1.141±0.002 70±2

Πs = 1.17 (figure 4.20a). Furthermore, the maximum efficiency zone of CRCC is bigger
than that of SRCC. This region is formed by changing the speed of two rotors lead to
a change in mass flow rate and pressure ratio. It is worth noting that the maximum
polytropic efficiency value of CRCC reaches 74%, which is higher than the SRCC’s
one is 70%. In addition, the CRCC operating range is equal to the operating range of
SRCC, which rotates at maximum speed of 13, 000rpm. This means that CRCC can
operate at the lower peripheral velocity than SRCC to obtain the same performance.

4.3.4 Conclusions
The experimental results show that the rotation speed ratio has a great influence

on the performance of CRCC. The pressure ratio increases linearly with the rotation
speed ratio while the maximum of polytropic efficiency seems to be stable. The pres-
sure ratio can be increased by 6.6% for a speed ratio equal to −1.3. The polytropic
efficiency is enhanced by about 4%. It is worth noting that CRCC can operate at a
lower speed than 2, 000rpm in comparison with the speed of SRCC to obtain the same
performance. Moreover, the best efficiency point of CRCC changes according to the va-
riation of speed ratio. The set of maximum efficiency points at different rotation speed
ratios indicates the effective working area of CRCC. This area expands around the
operating point of SRCC with the same peripheral velocity. It can be concluded that
CRCC gives a more flexible operating range to meet the various working conditions
in comparison with SRCC. However, the instability limit of CRCC in counter-rotating
mode appears earlier. This phenomenon can be solved by changing the speed of two
rotors simultaneously, this content is presented in chapter 5.
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Figure 4.17 – Influence of speed ratio on the performances of CRCC (solid lines) with
N2 = 9, 000rpm in comparison with the performances of SRCC (dashed lines) at

N = 9, 000rpm and N = 11, 000rpm: (a) Pressure ratio and (b) Polytropic efficiency
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Figure 4.18 – Influence of speed ratio on the performances of CRCC (solid lines) with
N2 = 10, 000rpm in comparison with the performances of SRCC (dashed lines) at

N = 10, 000rpm and N = 12, 000rpm: (a) Pressure ratio and (b) Polytropic efficiency
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Figure 4.19 – Influence of speed ratio on the performances of CRCC (solid lines) with
N2 = 11, 000rpm in comparison with the performances of SRCC (dashed lines) at

N = 11, 000rpm and N = 13, 000rpm: (a) Pressure ratio and (b) Polytropic efficiency
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(a) Performance map of SRCC with 9, 000rpm 6 N 6 13, 000rpm

(b) Performance map of CRCC with 9, 000rpm 6 N2 6 11, 000rpm

Figure 4.20 – Performance map of (a) CRCC and (b) SRCC with the rotation speed
changes in range of [9, 000rpm 13, 000rpm]
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4.4 Similarity method
The performance of turbomachinery can be defined by the pressure curves plotted

as a function of the volume flow for the different rotation speeds. An attempt to study
the variations of all the involved quantities would require an excessive number of ex-
periments. On the other hand, it would be impossible to make a concise presentation
of the results. Most of these complications can be overcome by using, for example,
dimensional analysis, which allows combining the variables to form a smaller and more
manageable number of dimensionless groupings. The head-flow characteristics can then
be represented reasonably by a single curve. The non-dimensional curve is then used
to build the characteristic curves of the compressor at different speeds by similarity
method. More details of the similarity method theory are presented in Appendix A.2.

4.4.1 Similarity method validation
The non-dimensional parameters describe the performance of the compressor by

combining two main non-dimensional variables, including flow coefficient and head co-
efficient. From this relationship, the other non-dimensional variables of the compressor
at different rotation speeds can be interpolated by the similarity. The flow coefficient
φ and head coefficient Ψ are determined by [49]:

φ = 4ṁ
ρ1U2πd2

2
(4.3)

Ψ = 2∆h
U2

2
(4.4)
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Figure 4.21 – Non-dimensional characteristics of CRCC with different speed ratios are
obtained by experiment at the second rotor speed of 10, 000rpm
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Because the experimental conditions do not allow CRCC to operate at the designed
speed of 16, 000rpm (as described in section 4.1), these characteristic curves of CRCC
at the design speed are built based upon the given empirical non-dimensional curves.
These curves must be obtained by the experimental measurement on the same machine.
The non-dimensional curves at 10, 000rpm are chosen for the similarity method, as
shown in figure 4.21. From that, the characteristic curves of the compressor at the
design speed can be obtained by interpolation calculation of the similarity method. To
ensure the reliability of the method, the compressor characteristics are calculated by
using the similarity method and are compared with experimental results for a second
rotor speed of 9, 000rpm and 11, 000rpm.

Figure 4.22 shows a comparison of calculation and experiment at seven speed ra-
tios with the second rotor speed of 9, 000rpm. It is clear that the calculation results
coincide with the experimental data. Besides, a comparison between calculations and
measurements at the speed of 11, 000rpm shows that the similarity method gives quite
good results, as shown in figure 4.23. However, there is a slight deviations at a high
mass flow rate with the speed ratios of θ6 = −1.2 and θ7 = −1.3. The maximum devia-
tion between calculation and experiment is about 0.8% for pressure ratio and 3% for
polytropic efficiency. Thus, the results of validation show that the similarity method
allows predicting characteristics at different speeds quite accurately and reliably.
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Figure 4.22 – Comparison between the similarity method and the experimental results for
CRCC in case of a second rotor rotating at 9, 000rpm
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Figure 4.23 – Comparison between the similarity method and the experimental results for
CRCC in case of a second rotor rotating at 11, 000rpm
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4.4.2 CRCC characteristics at the design speed of 16, 000rpm
Calculation results of the similarity method at the design speed of 16, 000rpm are

shown in figure 4.24. The pressure ratio curves show that CRCC always produces a
higher pressure ratio than SRCC. This raise is proportional to the increase in the speed
ratio. The pressure ratio of CRCC reaches 1.37 at θ1 and goes up to 1.514 at θ7 at the
best efficiency points. That means the pressure ration is improved by about from 4.5%
to 15.13% in comparison with the pressure ratio of SRCC at the rotation speed of
16, 000rpm. At the speed ratio θ4 = −1, the pressure ratio of CRCC can reach 1.442,
which improves by about 10.3%. However, the polytropic efficiency of CRCC remains
stable at about 72% and slightly reduces by about 1% in comparison with the peak
efficiency of SRCC. It can be noticed that the best efficiency points of CRCC achieve
at the different mass flow rates and depend on the rotation speed ratio. The peak
efficiency takes place at the mass flow rate of 0.869kg/s with the θ1 and increases up
to the mass flow rate of 1, 117kg/s with the θ7. Consequently, a wider effective region
is generated by changing speed ratio.
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Figure 4.24 – Characteristics of CRCC calculated by the similarity method at the design
speed of 16, 000rpm with different speed ratios

4.4.3 Conclusions
The similarity method allows calculating and constructing the performance curve

of a compressor’s family based on known operating parameters at a specific speed. The
results of the similarity calculation are compared with the experimental results at the
second rotor speed of 9, 000rpm and 11, 000rpm. The results show that the similarity
method correctly predicts the working parameters of the compressor at those rotation
speeds. Therefore, it is used to build the CRCC characteristic curves at the design
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speed of 16, 000rpm. These curves show that the CRCC pressure ratio is always higher
than SRCC’s one. It is increased up to 15.3% for the θ7 = −1.3 in comparing to the
pressure ratio of SRCC at 16, 000rpm. Moreover, CRCC efficiency remains stable at
about 72% and it slightly reduced by about 1% compared to the peak efficiency of
SRCC. These peak efficiency of CRCC are obtained at different mass flow rates when
changing the speed ratio. A wider effective region is formed that means CRCC is more
flexible.

4.5 CFD Analysis
Computational Fluid Dynamic (CFD) is a useful tool for analyzing fluid flow during

the design process. The principle of this method is to solve the governing equations of
continuity, momentum, and energy together across the complete domain to predict the
flow field. The detail of the equations, the turbulence models as well as the boundary
conditions used in this thesis are presented in the appendix A.4. The following section
presents the CRCC model used for numerical study.

4.5.1 Meshing
Before calculating the numerical simulation of the governing equations, it is neces-

sary to discretize the surfaces of all boundaries and to generate a volume grid inside
the flow domain. In this thesis, the grid is generated automatically by Star CCM+.
Although the automated mesh generator has some disadvantages such as some loss of
flexibility, it is a much faster technique when dealing with complex geometries such as
centrifugal rotor. The meshing model is done with the Surface Remesher, Polyhedral,
and Prism Layer Mesher. The base size of the mesh is chosen equal to 30mm, and the
local refinements are done in the blade surfaces, shrouds, and interfaces. An extrusion
at both inlet and outlet boundary conditions in order to keep the flow with a uniform
behavior and to have better control over the boundary condition. A general view of the
mesh is present in figure 4.25. Seven mesh domains are generated for the inlet, bend
inlet, first rotor, second rotor, casing, volute, and outlet domains.

In order to refine the mesh of both two main rotors domains, the mesh size of the
blades and the shroud is controlled by the maximum and the minimum sizes of cells are
1.5mm and 0.3mm, respectively. In addition, to ensure the conformity of two adjacent
domains during the unsteady simulation, the cell size in the interfaces between the
domains is imposed equal to 0.9mm. The total thickness of prism layer is fixed to
0.3mm with six layers to ensure the boundary layer resolution value of y+ close to 1,
as shown in figure 4.27. The first rotor with seven blades is meshed with 1.3e6 cells
and with 2.1e6 cells for the second rotor with nine blades. The entire model of CRCC
consists of about 5.2e6 cells. More details of the mesh are illustrated in figure 4.26.

4.5.2 Mesh sensitivity analysis
As it is known to all, in numerical simulations, grid quality always plays a very

important role and greatly affects the results. If the quality of the mesh is poor quality
leads to inaccurate results, besides the good quality gives more accurate predictions
that can be used to study the properties of the fluid flow inside the compressor. Ho-
wever, mesh quality often goes hand in hand with the number of cells: if the mesh has
too many cells, the calculation takes a long time and more resources. Therefore, the
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Figure 4.25 – Different mesh domains used for the numerical simulation of CRCC

Figure 4.26 – Different views of the CRCC mesh model

selection of reasonable parameters for meshing to get good results as well as saving
the calculation time is necessary. The study of mesh sensitivity is conducted in this
thesis. This study is performed at the best efficiency point of the compressor at the
speed of N1 = −10, 000rpm and N2 = 10, 000rpm with four different mesh types of
3e6, 5.3e6, 10e6, 20e6 and 50e6 cells. The results of the grid sensitivity study are pre-
sented in table 4.4. It is easy to see that the difference in simulation results between
models is not large. In other words, when the mesh number is greater than 5.3e6 cells,
the increase of cells has little influence on the numerical results of the compressor
performance. In addition, the result of the first mesh configuration gives the highest
accuracy with the tolerance of pressure ratio and efficiency are 2.19% and 0.03%, res-
pectively. Consequently, the mesh of 5.3e6 cells is chosen for the numerical study in
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Figure 4.27 – Distribution of wall y+ at the best efficiency point (ṁcor = 0.531kg/s,
N1 = −10, 000rpm, N2 = 10, 000rpm)

Table 4.4 – The study of mesh sensitivity

Number of cells ṁcr Πs ηp ErrorΠs−EXP Errorηp−EXP
(million) (kg/s) (%) (%) (%)

5.3 0.531 1.137 72 1.8 2
10 0.530 1.136 72 1.9 2
20 0.530 1.052 72 9.2 2
50 0.532 1.052 73 9.2 1

order to save the resources and calculation time. The simulation parameters and the
boundary conditions are summarized in the table 4.5.

Table 4.5 – Simulation parameters

Mesh model (number of cells) 5.3e6
N1 -10,000rpm
N2 10,000rpm
Inlet temperature 300◦K
Outlet pressure 101,325Pa
Mass flow rate 0.53kg/s
Turbulence model k-ω SST
Interface Direct (frozen rotor)
Time step (for unsteady simulation) 2.143e− 5s

4.5.3 Validation of numerical simulation
All simulations are carried out at three main speeds of the second rotor and seven

speed ratios as presented in chapter 4. The air assumed as an ideal gas with standard
properties is used as the working fluid in the compressor. The inlet static pressure and
temperature are collected as a mass average at a constant surface located upstream at
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a distance of 4D. The static temperature of the outlet is taken at a constant surface
located downstream at a distance of 3D. The outlet static pressure is imposed as the
atmospheric pressure of 101, 325Pa at the outlet pipe. A pressure probe is placed at
the shroud of two rotors interface to collect the wall pressure fluctuation. Figure 4.28
depicts the position of the sensor as well as the surface of measurement at inlet and
outlet.

Figure 4.28 – Diagram of the surfaces measuring pressure (P) and temperature (T) and
location of pressure probes used for simulation

Figure 4.29, 4.30, and 4.31 show the experimental and predicted performance of
CRCC at three speeds of the second rotor in term of variation of pressure ratio and
polytropic efficiency with the corrected mass flow rate. The simulation results are
slightly underestimated compared to the experimental measurement, but the divergence
is not large. Referring to figure 4.29, the predicted and tested pressure ratio presents
a fairly good agreement at a low mass flow rate with a minimum divergence of about
0.7% for θ1 = −0.7. However, as the flow rate increases, the gap between the predicted
and the experimental results becomes larger. This deviation reaches a maximum value
of about 4.05% for θ5 = −1.1 at the largest flow rate. In the same way, concerning
polytropic efficiency, the predicted results are quite good compared to the experimental
measurement. The divergence between simulation and experiment reaches a minimum
value of about 0.15% at best efficiency point with θ5 = −1.1 and it is broadened as the
mass flow rate increases. The maximum deviation value can reach about 8.7% at the
ṁcor = 0.7kg/s with θ6 = −1.2. At 10, 000rpm, as shown in figure 4.30, the maximum
deviation between the predicted and experimental results is 4.98% for pressure ratio
and 9.3% for efficiency at ṁcor = 0.75kg/s and θ5 = −1.1. The smallest deviation is
0.9% for pressure ratio at ṁcor = 0.23kg/s, θ1 = −0.7 and 0.56% for efficiency at ṁcor =
0.33kg/s, θ4 = −1. At the best efficiency point, the maximum and minimum deviation
of pressure ratio are respectively 2.7% and 1.01% while that of the efficiency are 0.4 %
and 4.24 %, respectively. At 11, 000rpm, figure 4.31 presents the maximum divergence
between simulation and experimental results does not exceed the value of 5.7% for
pressure ratio and 10% for polytropic efficiency at ṁcor = 0.88kg/s and θ7 = −1.3.
The minimum gap obtained for pressure ratio and efficiency are respectively 1.13% at
ṁcor = 0.29kg/s, θ4 = −1 and 0.26% at ṁcor = 0.38kg/s, θ7 = −1.3. Otherwise, at
the best efficiency point, the largest gap does not exceed 2.42% for pressure ratio and
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4.66% for polytropic efficiency while the smallest one is 1.25% and 0.37%, respectively.
The significant deviation between prediction and experimental measurement at a high
mass flow rate can be interpreted by the increase of losses between two rotors. This
also explains why when the speed ratio increases, the divergence between simulation
and measurement broadens. On the other hand, it can be easy to see that these models
produce good results when the flow rate changes from the maximum efficiency point
toward a lower mass flow rate. The deviation in this region does not exceed 2.8% for
pressure ratio and 4.66% for efficiency. These values are not large (below 5%) and
acceptable. In addition, the purpose of this thesis deals with the region of low flow rate
so that these results can be manipulated to study further the flow analysis.
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Figure 4.29 – Comparison of CRCC performances between numerical results (blue line)
and experimental measurements (black points) with N2 = 9, 000rpm and seven speed ratios
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Figure 4.30 – Comparison of CRCC performances between numerical results (blue line)
and experimental measurements (black points) with N2 = 10, 000rpm and seven speed

ratios θ 89
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Figure 4.31 – Comparison of CRCC performances between numerical results (blue line)
and experimental measurements (black points) with N2 = 11, 000rpm and seven speed
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4.5.4 Flow assessment
The steady and unsteady computations are performed to study the flow field in-

side the compressor. Firstly, the steady simulation is conducted to analyze the global
aerodynamic parameters as well as flow structure inside the compressor. Secondly, the
unsteady computation is used to study the interaction between two rotors and the fluc-
tuations of wall pressure in time-step. There are two points to be analyzed in this thesis
are Best Efficiency Point (BEP), Near Instability Point (NIP). The first rotor speed of
N1 = −10, 000rpm and the second rotor speed of N2 = 10, 000rpm are chosen because
it represents the design operating point of the CRCC in the contra-rotating mode.
Furthermore, the deviation between simulations and experimental results is equal to
2.7% for pressure ratio and 1.83% for efficiency at BEP. At NIP, it represents about
1% for pressure ratio and 0.5% for efficiency, respectively.

Table 4.6 – Operating parameters of BEP and NIP

Parameters BEP NIP
ṁcr(kg/s) 0.543 0.233
N1(rpm) −10, 000 −10, 000
N2(rpm) 10, 000 10, 000

Steady simulation analysis

In a steady-state analysis, BEP and NIP are computed to evaluate the fluid flow
inside the compressor. The pressure, March number, velocity, and temperature field
are studied in three equipotential surfaces located at 0.25, 0.5, and 0.75 span.
• Pressure field

Figure 4.32 shows the pressure field in different equipotential surfaces of CRCC
at BEP and NIP. The three images on the top represent pressure distributions
at BEP while the other ones on the bottom display the pressure field at NIP. In
general, the pressure distribution at BEP is quite similar for all positions. The
pressure increases gradually from the rotor inlet to the rotor outlet and from the
tongue of the volute to the outlet of the compressor.
At NIP, it is easy to see that the pressure rises rapidly inside the volute from
the tongue 1 to the outlet of the compressor. Moreover, it is easy to realize that
an adverse high-pressure gradient is developed progressively towards inside the
volute and close to the outlet the second rotor. It prevents the air circulation in
the passages next to the tongue of the volute. As a result, the turbulence appears
to block these passages completely or partially, while gas circulates normally in
the other passages (figure 4.34).

1. the joint of the volute smallest, largest volume area and the exit cone
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(a) 0.25span (b) 0.5span (c) 0.75span

(d) 0.25span (e) 0.5span (f) 0.75span

BEP

NIP

Figure 4.32 – Pressure distribution of CRCC at two operating points: BEP and NIP on
three equipotential surfaces located at 0.25, 0.5 and 0.75span

• Relative Mach number field
The distribution of the relative Mach number is shown in figure 4.33. It is clear
that the relative Mach number increases significantly at the leading edge of the
second rotor caused by the relative velocity combines itself with the new local
peripheral velocity to produce a relatively higher velocity [3], called the contra-
rotating effect. The Mach number distribution is quite similar in most blade
passages of the second rotor at BEP, as shown in figure 4.33a, 4.33b and 4.33c.
However, this field occurs unevenly at NIP because some blade passages are blo-
cked by eddy flows - especially near the tongue region of the volute, as presented
in figure 4.33d, 4.33e and 4.33f.

(a) 0.25span (b) 0.5span (c) 0.75span

(d) 0.25span (e) 0.5span (f) 0.75span

BEP

NIP

Figure 4.33 – Relative Mach number distribution of CRCC at two operating points: BEP
and NIP on three equipotential surfaces located at 0.25, 0.5 and 0.75span
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• Velocity streamline
Figure 4.34 show the velocity streamline on three equipotential surfaces located
at 0.25, 0.5, and 0.75span. It is easy to see that the streamline is quite laminar
in both rotors as well as in the volute for BEP (figure 4.34a, figure 4.34b and
figure 4.34c). Nonetheless, there is several blade passages with local vortex region
for NIP as shown in figure 4.34d - figure 4.34f. Depending on the position of the
blade passage compared to the volute tongue, the size of the vortexes is different.
If its position is close to the volute tongue in the direction of the rotor rotation,
the size of the vortexes will become larger due to the fluid flow encountering the
high-pressure gradient from the output side. It affects the fluid flow and changes
the incidence angle of the blade passage. Consequently, the separation of the fluid
flow occurs in the blade passage and forms the vortex cells. These vortex cells
grow in the opposite direction to the rotor rotation, which explains why in the
successive blade passages of the rotor also has vortex cells, but its size decreases
gradually.

(a) 0.25span (b) 0.5span (c) 0.75span

(d) 0.25span (e) 0.5span (f) 0.75span

BEP

NIP

Figure 4.34 – Relative velocity streamline of CRCC at two operating points: BEP and NIP
on three equipotential surfaces located at 0.25, 0.5 and 0.75span

Figure 4.35 shows a 3D visualization of streamlines at 0.5 span for BEP. Ob-
viously, the fluid flow in the first rotor and the second rotor is homogeneous
because the incidence angle of the fluid flow matches the blade inlet angle. The
exit flow is quite uniform, so the performance of the compressor can reach a high
value of efficiency. However, it is easy to see that some blade passages of the
second rotor are blocked for NIP due to the appearance of vortices within it, as
shown in figure 4.36. These vortices appear usually near the volute tongue. In this
region, the fluid flow encounters a dividing plane, above which the flow exits the
compressor, below which the flow re-enters the volute [50]. It is clear that there
are two blade passages completely blocked by the vortices and they decrease in
size in the adjacent blade passages and in the opposite to the rotational direc-
tion of the second rotor. The fluid flow can pass through this passage and it is
increased in the next passages. The size of the vortices inside the blade passage
decreases according to blade passages numbered from (1) to (5). The vortices (1)

93



4.5. CFD Analysis CHAPTER 4

Figure 4.35 – 3D visualization of streamlines on the equipotential surface located at
0.5span with N2 = 10, 000rpm and ṁcr = 0.543kg/s (BEP)

1

2

3

4

5

Figure 4.36 – 3D visualization of streamlines on the equipotential surface located at
0.5span with N2 = 10, 000rpm and ṁcr = 0.233kg/s (NIP). The vortices are numbered from

(1) to (5) in the opposite direction to the second rotor rotation

and (2) are completely blocked the passages, however, the vortex (3) in the ad-
jacent passage is blocked by about 80% and is gradually increased in the inverse
direction of the rotor rotation. This can be interpreted by the development of the
stall cell inside the blade passage as mentioned in [51, 52, 53].
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(a)

(b)

Figure 4.37 – Meridian velocity distribution for (a) BEP with N2 = 10, 000rpm and
ṁcr = 0.543kg/s and (b) NIP with N2 = 10, 000rpm and ṁcr = 0.233kg/s

Furthermore, the inlet tip re-circulation is clearly shown on the meridian sec-
tion as demonstrated in figure 4.37. For BEP (figure 4.37a), it happens near the
shroud side but it is not large. The cause of this phenomenon is the distortion
inlet because of using the bent inlet part [36] and the secondary flow due to
the gap between the rotor and the casing. Another cause of this phenomenon
is the incidence angle at the leading edge of the first rotor, and it depends on
the certain flow conditions. This phenomenon is more clearly observed for NIP,
as indicated in figure 4.37b. A larger re-circulation area due to the significant
increase of the incidence angle and the enlargement of the downstream pressure
gradient causes a strong secondary flow on the shroud side to fill up the deficit
of the flow regime due to the continuity of fluid. As a result, the performance of
the device decreases.
• Temperature field

Figure 4.38 shows the internal temperature distribution of CRCC at BEP and
NIP on three equipotential surfaces. Figure 4.38a-4.38c show the temperature
field is quite similar inside the rotors as well as in the volute for all studied sur-
faces at BEP. Nevertheless, this uniformity is broken at NIP, as presented in
figure 4.38d-figure 4.38f. It is obvious that for this point the temperature of the
compressor increases significantly and occurs unevenly distribution. The tempe-
rature increases near the tongue region of the volute - in some blade passages
and some trailing edge of the second rotor. This can be easily explained by the
secondary flow caused by the downstream pressure gradient, which occurs due to
the continuity of the fluid to compensate for the deficit of flow. The combination
of secondary flow and fluid flow creates a vortex region. As a result, an increase
in turbulence inside the compressor leads to an increase in temperature and a
decrease in polytropic efficiency.
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(a) 0.25span (b) 0.5span (c) 0.75span

(d) 0.25span (e) 0.5span (f) 0.75span

BEP

NIP

Figure 4.38 – Temperature distribution of CRCC at two operating points: BEP and NIP
on three equipotential surfaces located at 0.25, 0.5 and 0.75span

Unsteady simulation analysis

The difference in the number of blades as well as the change of rotation speed of
each rotor leads to a variation in blade pitch between adjacent blade rows. Therefore,
the flow conditions at any given instant in adjacent blade rows are also changed. To
understand the unsteady flow phenomenon in the compressor stage, a time-accurate
CFD simulation is carried out. The temporal evolution of pressure field, temperature,
and velocity inside the compressor are also observed in this simulation. The time-step of
2.143e−5s is selected for each operating condition causing a rotor rotation of 1.29◦ per
time-step. Each blade passage is captured 40 times. So, with a rotation at 10, 000rpm
and seven-blade passages, it needs 280 captures. Figure 4.39 depicts the velocity of fluid
flow according to the relative position of the blade row according to time the section
located in 0.5span. The velocity field shows the direction of the fluid flow in relative
coordinates while the color scale represents the magnitude of velocity. Each field shows
the relative position of the blade row with a time period of 4.29e− 5s. It can be seen
that the low-speed region appears at the trailing edge of the first rotor and the leading
edge of the second rotor indicates a stagnation area. The size of this area depends on
the relative position of the blade row. It is minimized when the two blades are aligned.

The relative positions of two rotors over time are shown in figure 4.40 at NIP. Each
image of the figure 4.40 presents a constant time period of 10-time-steps. It is easy to see
that the fluid flow inside the blade passages of the first rotor is homogeneous, however,
there are many vortices in blade passages of the second rotor. For ease of analysis,
these blade passages are numbered from one to nine. Note that the large vortices (from
(1) to (4)) occupy most of the blade passage area and gradually decrease its size in the
next blade passage. When the relative position changes, the size of these vortices is also
changed. The vortices (1), (2) and (3) gradually decrease in size when moving away
from the volute tongue region while the remaining vortex areas increase in size as they
move close to the volute tongue. This suggests that the vortex is formed mainly near
the tongue region of the volute as explained in section 4.5.4, and the vortex is developed
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t=0(s) t=4.29e-5(s) t=8.57e-5(s) t=1.71e-4(s) t=3.43e-4(s) t=6.86e-4(s)

UR1

UR2

Figure 4.39 – Sequential flow-visualization of the flow velocity for BEP with
N1 = −10, 000rpm, N2 = 10, 000rpm and ṁcr = 0.543kg/s
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Figure 4.40 – Sequential streamline flow-visualization for NIP with N1 = −10, 000rpm,
N2 = 10, 000rpm and ṁcr = 0.233kg/s

in the blade passage in the opposite direction to the rotation of the rotor. If continued
to reduce the flow, these vortex areas gradually develop in the blade passage and block
the flow in it. In addition, they broaden in the entire rotor causing the rotating stall
and surge phenomenon.

The pressure signal is taken from the pressure probe located between the trailing
edge of the first rotor and the leading edge of the second rotor as shown in figure
4.28. The Fast Fourier Transform (FFT) is applied to pressure signals to observe blade
passing and blade interactions. The pressure signal and FFT transform of CFD si-
mulation in one rotation (360◦) are shown in figure 4.41. It can be clearly seen that
there are seven pressure positions drop on the pressure signal due to the passing of
seven trailing edges of the first rotor. The first strong peak frequency shows exactly
the frequency value of fb = (N2Z2)

60 = 1500Hz, which is generated by the periodicity
of subsequent passing of the leading edge of the second rotor. Besides that the fre-
quency value fa = (N1Z1)

60 = 1166.67Hz is observed. It is also clearly shown the blade
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Figure 4.41 – Wall pressure fluctuation and FFT transform of CFD simulation with
N1 = −10, 000rpm, N2 = 10, 000rpm, and ṁcr = 0.543kg/s

passing frequency of the first rotor trailing edge and its second following harmonic
frequency fc = 2fa. It can be noted that the peak frequency fd is also monitored, it is
an accumulated frequency of both rotors frequencies fd = (N1Z1+N2Z2)

60 = 2666.67Hz.

4.5.5 Conclusions
Numerical simulation studies are conducted to further investigate the fluid flow

characteristics inside the CRCC. A comparison with experimental results shows that
the numerical model is quite close to the experimental measurement, especially at
a low flow rate. The smallest deviation value of pressure ratio is about 0.7% at a
low flow rate and gradually increases to about 4% at high flow value. Besides, the
polytropic performance is quite close to the experimental results at a low flow rate.
The smallest deviation at the maximum efficiency point is about 0.15%. Two special
points, BEP, and NIP, are observed in steady and unsteady simulations to study the
characteristics of the internal fluid flow with N1 = −10, 000rpm and N2 = 10, 000rpm.
The distribution of pressure, velocity, and temperature are quite uniform in the rotor
as well as in the volute at BEP. The fluid flow inside the rotor does not show eddy
zones so the fluid flow is quite compatible with the rotor during operation. However,
some blade passages present a large vortex that represents the stall cell at NIP. These
vortices block all or a part of the blade passage due to secondary back-flow generated
by the downstream pressure gradient and fluid continuity to compensate for the flow
deficit. Although stall cells appear inside the second rotor, it only occurs in a few blade
passages and it is not spread in the entire rotor so that the compressor remains stable.
If the flow rate continues to decrease, these stall cells continue to grow and spread
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in the entire rotor causing the instability of the compressor. In addition, unsteady
simulation is also conducted to study the relative position between blade rows of the
rotors and the changes of stall cells inside blade passages. The results indicate that
stall cells appear near the volute tongue and grow gradually in the blade passages in
the inverse direction of the rotation. When blade passage passes through the volute
tongue region, its stall cells gradually decrease in size and disappear. The fluid flow
normally circulates. Furthermore, wall pressure fluctuations are also observed in this
simulation. The FFT analysis results show that the frequency of blade passing and its
harmonic frequencies can be observed.
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5.1 Introduction
Each compressor has an operating point corresponding to the minimum value of

a flow rate that the compressor can still work stably. If this value is exceeded, the
compressor falls into instability state. This limit is determined when the pressure ge-
nerated by the compressor cannot overcome the downstream pressure so that a back
and forth flow motion occurs until the downstream pressure is equalized with the fluid
flow leaving the rotor. The boundary layer then reforms. The pressure builds up until
it rises high to cause a breakdown of the boundary layer. The rapid breakdown and
the subsequent reforming boundary layer generate a violent pressure pulsation [54].
The instability state of a compressor system known as surge phenomenon and rotating
stall is the natural limit of the performance of all compressors. There are two different
types of dynamic behavior related to the instability of the compressor system. The first,
known as surge, is an overall oscillation of the annulus-averaged flow in the compressor.
Basically, surge can be considered as one-dimensional system instability. It is not only
dependent on the local fluid dynamics of the compressor but also on the properties of
the system (Inlet and outlet plenum, volumes and throttle resistance valve...). Surge
typically progresses into a large-amplitude limit-cycle oscillation, with the reversal of
flow during some parts of the cycle. Frequency and amplitude are the two basic cha-
racteristics of the surge. The surge frequency and amplitude are determined by the size
and volume of the installation components before and after the compressor as well as
the flow characteristics and compressor rotation speed. Jadger et al.[55] classify surge
into four main types based on the amplitude and the frequency, correspond to the oscil-
lation: mild surge, classic surge, deep surge, and modified surge. Figure 5.1 illustrates
the difference between mild and deep surge [56]. Obviously, the mild surge is no flow
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reversal and its frequency is often close to the natural frequency of the compression
system [57]. The deep surge is the most severe form of the surge. It is associated with
low frequency, large amplitude oscillations, and negative flow rate during a part of the
surge limit cycle [52]. The second type is the rotating stall. It is identified by a distor-
tion of the circumferential flow pattern. One or more regions of stagnant flow, so-called
stall cells, travel around the circumference of the compressor at 10÷90% of the shaft
speed. The stall cells reduce or completely block the flow. It results in large vibratory
stresses and thermal loads on the compressor blades [52]. In the linear stage of instabi-
lity, surge can be regarded as the zeroth-order instability mode. The rotating stall can
be considered as the higher-order modes. In many compressors, rotating stall precedes
surge [58]. Prolonged operation in instability state may cause damage to the mechani-
cal parts of the compressor. Therefore, to avoid the above endangerment, reducing the
instability region to expand the working range of the compressor is extremely urgent.
As mentioned above, the working limit of the compressor stability is the set of points
where the compressor can work stably at the minimum flow rate and different speeds,
called the stability limit line. Reducing instability region means that the working range
is extended towards the smaller flow rate, as shown in figure 5.2. However, working in
this region may costs efficiency.

24

Figure 1.7 Schematic of Mild and Deep Surge Cycle

Figure 1.8 Helmholtz-Resonator-Model (source: Greitzer11)
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Figure 5.1 – Schematic diagrams of (a) mild surge and (b) deep surge [6]

Numerous studies are conducted to enhance the instability region of the compressor,
especially surge phenomenon, to enlarge the operating range of the compressor at a
higher pressure ratio. These studies focus on solutions to avoid unstable operating
points and to enlarge the operating range of the compressor in the surge region. One of
the most popular methods is used the safety margin by selecting a control path away
from the actual surge line of the compressor [59, 60]. The aim of this method is to
increase the flow rate, to reduce the downstream pressure or to change the rotor speed
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to prevent the development of rotating stall. In addition, some techniques are used to
suppress surge such as using a variable inlet guide valve to enable adjustment of the
relevant flow angles [53, 61] or using a variable vaned diffuser to improve efficiency, the
choke margin and the operating range [62]. Moreover, the casing treatment methods
including grooves, slots, or even holes cut in the compressor casing are effective, too.
Koyyalamudi et al.[63] present a casing treatment applied to a high speed, 4:1 pressure
ratio centrifugal compressor. This method improves stall margin up to 18% and choke
mass flow by 9.5%, while the peak of efficiency drops by 0.8÷1%. Furthermore, some
studies propose replacing grooves and slots of casing treatment by holes. The advantage
of this method is that these holes can be closed and opened to make variable geometry.
Eynon et al. [64] propose an inducer bleed slot, which is described as a Map Width
Enhancement (MWE). The subsequent study shows that the MWE pipe length is
optimized to get a 15% improvement of the surge margin [65]. More recently, an active
surge controller uses a plenum bleed valve and a hybrid one-way control strategy to
minimize bleed losses is introduced by Willem et al. [66]. Other techniques using air
injection with valves to damp out perturbations of the compressor can improve about
4% in the stall margin. In addition, to remove emerging stall cells, the air is injected
directly in their vicinity. The stall margin can be improved by 6% [67].
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Figure 5.2 – Compressor map with desired instability improvement

In this study, a solution to enlarge the operating range of the centrifugal compres-
sor towards the instability region is proposed by controlling the speed of two rotors
of CRCC. The general principle of this method is to reduce the speed of the first ro-
tor to diminish the incidence angle between the fluid flow and the blade angle. The
incidence angle increases with the flow rate decrease. If this angle is large enough,
there is a separation of flow in the blade passages. The stall cell is then formed, and
it can grow up to a fully developed cell covering half the flow annulus or more under
suitable conditions [51]. Reducing the speed of the first rotor not only reduces its inlet
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incidence angle but also diminishes the inlet incidence of the second rotor to suspend
the instability phenomenon. The speed ratio of θ7 = −1.3 is chosen to control the
instability phenomenon. This characteristic curve gives the highest pressure ratio and
the instability phenomenon appears earlier than the other studied speed ratio during
the operation. In addition, the second rotor speed is kept constant to maintain the
incidence angle at the inlet and is easily compared to SRCC at the same speed. To
suspend the instability phenomenon, the speed of the first rotor is adjusted to reduce.
The instability phenomenon generates pressure fluctuations in the system so it can be
detected by two dynamic pressure sensors located at the inlet (p1) and between rotors
(p23). The rotation speed of the second rotor is fixed at N2 = 9, 000rpm in this case.
The other speeds of N2 = 10, 000 rpm and N2 = 11, 000rpm are presented in Appendix
A.3.

5.2 Stability and instability control method
Figure 5.3 shows the characteristic curves of CRCC forN2 = 9, 000rpm with a speed

ratio of θ7 = −1.3. In this figure, the blue points indicate that the compressor works
stably, while the red points represent instability state. The maximum pressure ratio can
reach 1.167, which corresponds to the lowest flow rate of 0.271kg/s (point P8). This
point is considered as a stability limit point of CRCC with θ7 = −1.3. It is clearly shown
in figure 5.7a that the pressure signals is stable. Its FFT transform at the inlet (figure
5.7b) and the between two rotors (figure 5.7c) show that there is no instability frequency
detected. When the mass flow rate is reduced by the control valve, the compressor falls
into an instability state (point P9). The pressure in the system fluctuates, as shown in
figure 5.8a. These fluctuations are detected by two instant pressure sensors. Return on
the figure 5.3, it can be seen that the flow rate seems to be greater than the flow rate of
the stable working point P8. However, the pressure ratio falls down sharply. This may
explain by introducing hysteresis into the system in rotating stall mode, which means
that the flow rate has to be increased to bring the system out of its unstable working
mode [52]. Looking at the FFT transforms of the inlet pressure signal (p1) in figure
5.8b, the first and strong peak shows a frequency of fa = 2Hz, which is the frequency
of the instability phenomenon of the system 1. Following frequencies fb = 2fa, fc =
3fa, fd = 4fa are respectively the second, third and fourth-order harmonic frequencies
of the main frequency fa. Likewise, the FFT transform of the pressure signal between
the two rotors (p23) gives also the peak frequency of fa = 2Hz, as shown in figure
5.8c. The second harmonic fb = 2fa and third harmonic fc = 3fa frequencies are also
obtained.

It is obvious that the frequency of this signal is equal to the frequency obtained
from the inlet pressure signal. Therefore, the pressure fluctuation occurs in the whole
system and according to the classification of Jager [55], the compressor falls into a mild
surge state. Nonetheless, comparing the amplitude of the pressure fluctuations of two
pressure signals show that the pressure signal between the two rotors gives a bigger
amplitude than the other one. It could be explained that this sensor is located at the
interface of the two rotors and is close to the source of the surge phenomenon. The
signal obtains by this sensor is stronger and clearer. In order to bring the compressor to
a stable state, the speed of the first rotor is controlled to reduce. The points P10 and

1. The measurement of the SRCC configuration showed that the frequency of instability phenome-
non was also fixed at 2Hz.
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Figure 5.3 – Controlling the stability limit points to enlarge the operating range of CRCC
with N2 = 9, 000rpm by reducing the first rotor speed (N1)

P11 correspond to the two points where the first rotor speed is respectively reduced to
−10, 500rpm and −9, 540rpm. Looking at the pressure signal and its FFT transform,
it can be seen that the pressure fluctuations still occur in the system but the amplitude
of oscillation is greatly reduced, as shown in figure 5.9a - figure 5.10c. At point P9,
the amplitude of the oscillation achieves about 1300Pa with four harmonic frequencies
of the inlet signal (p1) (figure 5.8b). It is decreased to 700Pa and there is no more
harmonic signal at point P11 (figure 5.10b). The same phenomenon can be seen in
pressure signal p23: the amplitude value is reduced from 1800Pa to 1200Pa. Figure
5.11a shows the pressure signal with the first rotor rotation speed of −8880rpm (point
P12). Obviously, the pressure signal is no longer fluctuating and its FFT transforms
show that the compressor returns to a stable state, as shown in figure 5.11b and 5.11c.
This point is close to the limit point of the counter-rotating mode with θ4 = −1 at the
flow value of 0.227kg/s. It means that the surge line can be pushed back toward the
lower flow rate by reducing the first rotor speed, while the rotation speed of the second
rotor is fixed.

If the mass flow rate decreases continuously, the stability phenomenon is suspended.
The compressor continues to enter the unstable state at the point P13, the pressure
fluctuations are shown in figure 5.12a. Its FFT transforms show that the amplitude
of the fluctuation is smaller than the previous point because of the lower pressure
ratio. The frequency of these fluctuations are always 2Hz, as shown in figure 5.12b
and figure 5.12c. When the first rotor rotation speed drops to −7, 740rpm at point
P14. The phenomenon of instability still exists in the system (figure 5.13a). Although
the amplitude of oscillation is significantly decreased, as shown in figure 5.13b and
figure 5.13c. To restore the compressor to the stable state at this flow rate, the first
rotor speed is further reduced to −6, 240rpm, the pressure oscillation in the system
completely disappears. The pressure signals are stable, as shown in figure 5.14a. Its FFT
transform does not show any frequency of instability phenomenon shown in figure 5.14b
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and figure 5.14c. At this time, the compressor work at the stable point P15. This point
is close to the limit point of the speed ratio θ1 = −0.7(θ1 = N1/N2 = −6,300rpm/9,000rpm)
at the mass flow rate of 0.174kg/s. Using the same method at lower flow rates, it can
get a stable working point at a flow of 0.148kg/s at the point P18 corresponding to
N1 = −3, 900rpm (figure 5.17a-figure 5.17c). However, further reducing the flow rate,
although the speed of the first rotor is reduced to zero (stationary), the compressor still
operates in an unstable state at the point P20 (figure 5.19a-figure 5.19c). It means that
the incidence angle is still higher than the allowed value. In order to further reduce it,
the first rotor needs to reverse the rotation. That means it needs to rotate in the same
direction as the second rotor. In other words, the compressor operates in co-rotating
mode 2.

3
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2 1

3
4

𝑼𝟐
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Figure 5.4 – The velocity triangles of a Co-rotating mode

Figure 5.4 shows the velocity triangle in the case of the compressor operates in
co-rotating mode. From that, the Euler work is calculated as follows:

∆htotal = U4Cu4 − U3Cu3 + U2Cu2 − U1Cu1 (5.1)

Because the change in diameter of the first rotor is small, the Euler work of the first
rotor is also small. On the other hand, because of rotating in the same direction with
the second rotor, the relative velocity component W 3 at the inlet of the second rotor is
also smaller than the counter-rotating mode. In addition, the Euler work of the second
rotor is small because the peripheral velocity component Cu3 is positive as shown in
equation (5.1). This explains why the pressure ratio in co-rotating mode is lower than
in other modes, but it can improve the ability of the compressor to work in low flow
rates. It is obvious that when the speed of the first rotor changes, the change of the
velocity components U2, W 2, C2 leads to a modification of W 3. So, the incidence angle
is determined by the difference between β3 and β3b at the inlet of the second rotor is
changed. The compatibility of the fluid flow with the rotor blade angle at the inlet
causes the reduction or suppression of the instability of the compressor.

Returning to the figure 5.3, the compressor works in co-rotating mode at the point
P21 (figure 5.20a). It indicates that the compressor achieves a stable state. At this

2. In co-rotating mode, two rotors rotate in the same direction.
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point, the rotation speed of the first rotor is 1200rpm while the rotation speed of the
second rotor remains at 9, 000rpm. It is clear that the pressure ratio of the compressor
is smaller than case 2 due to the co-rotating effect as explained above. Continuing
to reduce the flow rate, the compressor enters in an unstable working state at point
P22, which can be seen by the pressure fluctuation in figure 5.21a. Increasing the
speed of the first rotor until the compressor achieves a stable state at the point P24
(figure 5.23a), where the first rotor speed is 4, 140rpm and the flow of the compressor
is 0.06kg/s. When the mass flow rate reduces to 0.036kg/s, the compressor achieves
a steady state when the first rotor reaches a speed of 5, 400rpm at the point P26, as
shown in figure 5.25a. This is the stability limit point of CRCC configuration at this
speed. The variable speed of the first rotor in this section is shown in figure 5.6. It is
obvious that the rotation speed of the first rotor change from −11, 700rpm to 5, 400rpm
leads to the stability limit appears then at 0.036kg/s instead of 0.271kg/s with constant
second rotor speed. That means the operating range of CRCC is extended. Nonetheless,
the pressure ratio drops to 1.096 and is much smaller than the value of 1.167 at the
point P8. This problem can be resolved by changing the rotation speed of the second
rotor (this content is presented in section 5.3). Figure 5.5 shows the performance of
CRCC in the working range with eliminating instability points at different rotation
speed ratios. There can be no doubt that if the second rotor speed is constant, the
surge margin always exists and the instability region can only be improved when the
first rotor changes the speed and/or the rotation direction.

Figure 5.5 – Characteristic curves of CRCC at different speed ratios without the unstable
working points by reducing the rotation speed of the first rotor while the second rotor speed
is fixed N2 = 9, 000rpm compared to the characteristic of SRCC at 9, 000rpm (REF-9krpm)
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at N2 = 9, 000rpm
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Figure 5.7 – The pressure signals (a) and its FFT analysis: (b) at the inlet and (c)
between two rotors of the point P8 with N1 = −11, 700rpm and N2 = 9, 000rpm
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Figure 5.8 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P9 with N1 = −11, 700 and N2 = 9, 000rpm
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Figure 5.9 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P10 with N1 = −10, 500rpm and N2 = 9, 000rpm
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Figure 5.10 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P11 with N1 = −9, 540rpm and N2 = 9, 000rpm
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Figure 5.11 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P12 with N1 = −8, 880rpm and N2 = 9, 000rpm
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Figure 5.12 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P13 with N1 = −8, 880rpm and N2 = 9, 000rpm
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Figure 5.13 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P14 with N1 = −7, 740rpm and N2 = 9, 000rpm
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Figure 5.14 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors of the point P15 with N1 = −6, 240rpm and N2 = 9, 000rpm
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Figure 5.15 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P16 with N1 = −6, 240rpm and N2 = 9, 000rpm
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Figure 5.16 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P17 with N1 = −4, 920rpm and N2 = 9, 000rpm
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Figure 5.17 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P18 with N1 = −3, 900rpm and N2 = 9, 000rpm
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Figure 5.18 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P19 with N1 = −3, 900rpm and N2 = 9, 000rpm
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Figure 5.19 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P20 with N1 = 0rpm and N2 = 9, 000rpm
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Figure 5.20 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P21 with N1 = 1200rpm and N2 = 9, 000rpm
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Figure 5.21 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P22 with N1 = 1200rpm and N2 = 9, 000rpm
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Figure 5.22 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P23 with N1 = 2940rpm and N2 = 9, 000rpm
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Figure 5.23 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P24 with N1 = 4140rpm and N2 = 9, 000rpm
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Figure 5.24 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P25 with N1 = 4140rpm and N2 = 9, 000rpm
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Figure 5.25 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P26 with N1 = 5400rpm and N2 = 9, 000rpm

5.3 Extension of the operating range
In order to assess the extension of the operating range of CRCC in the instability

region, three experimental characteristic curves 3 of CRCC are built and compared to
those of SRCC at three rotation speeds 9, 000rpm, 10, 000rpm and 11, 000rpm. The
extension is more evident when the pressure ratio is maintained constant at the low
flow rate region. A constant pressure ratio can be obtained in various ways, such as
increasing or decreasing the rotation speed of each CRCC rotor independently, changing
the rotation speed of both rotors simultaneously, when the mass flow rate reduces. The
characteristic curve C1 of the CRCC is obtained by fixing the initial rotation speed
of the second rotor N2 = 9, 000rpm. The speed of the first rotor N1 is then changed
in counter-rotating mode to achieve a pressure ratio close to the value of SRCC at
the same mass flow rate. So this characteristic curve is controlled close to the SRCC’s
one at the speed of 9, 000rpm. When the pressure ratio reaches Πs = 1.112, this value
is close to the pressure ratio of SRCC at the limited instability point with the mass
flow rate is equal to 0.146kg/s, the compressor is controlled to produce the constant
pressure ratio by simultaneously changing the speed of both rotors. At a low mass flow
rate less than the limit value of SRCC (the instability region of SRCC), the co-rotating
mode is active to push back the instability phenomenon. This method allows a clear
observation of expanding the operation range. The curves C2 and C3 are respectively
close to the curves of SRCC with rotation speed 10, 000rpm and 11, 000rpm. They are
also formed by the same method of C1. These performance curves are compared to
SRCC and are shown in figure 5.26.

Look at the pressure ratio curve C1 in figure 5.26a. The pressure ratio of CRCC
increases rapidly when the mass flow rate decreases because of counter-rotating effect.
At a flow rate of 0.413kg/s, the pressure ratio reaches Πs = 1.112 with a speed ratio
of θ = −6,000rpm

9,000rpm = −0.667. This pressure ratio value is then maintained when the mass
flow diminishes by reducing the speed of the first rotor and fixing the speed of the
second rotor. At a flow rate of 0.108kg/s, the pressure ratio of CRCC is constant with
the speed ratio of θ = −2340rpm

9000rpm = −0.26. It is clear that the limited point is moved to
lower mass flow rate by reducing the speed of the first rotor. Although the co-rotating
mode is not active, the operating range of CRCC is expanded. To continue maintaining
the compressor operating at a smaller flow rate, the co-rotating mode is activated.
Obviously, CRCC can work stably at a very flow rate of 0.011kg/s with a speed ratio
of θ = 4500rpm

9420rpm = 0.48. Similarly, for the pressure ratio curve C2, the minimum flow

3. These characteristic are obtained by changing the rotation speed of both rotors simultaneously.
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Figure 5.26 – Three performance curves C1 ( ), C2 ( ) and C3 ( ) of CRCC in
comparison with those of SRCC at three rotation speeds of 9, 000rpm ( ), 10, 000rpm

( ) and 11, 000rpm( )

rate where the compressor still operates stably is 0.04kg/s with θ = 6780rpm
10560rpm = 0.64.

The last one C3 can achieve at mass flow rate of 0.081kg/s with θ = 6240rpm
12000rpm = 0.52.

Comparing the limited mass flow rate of SRCC, it is found that CRCC operating range
is extended significantly in the instability region of SRCC. Specifically, the limited point
of SRCC at the speed of 9, 000rpm is Πs = 1.113 and mass flow rate of 0.146kg/s while
this point of C1 can achieve mass flow rate of 0.011kg/s with θ = 0.48. That means the
limited flow rate of CRCC is pushed toward the lower mass flow rate of 0.135kg/s. It
can be remarked that the compressor operating range is expanded by 25% compared to
the studied operating range. At the speed of 10, 000rpm, the limited flow rate of SRCC
and CRCC are respectively 0.184kg/s and 0.04kg/s with the θ = 6,780rpm

10,560rpm = 0.64. A
decline of a mass flow rate of about 0.144kg/s, accounting for 28% of the operating
range of the compressor. Finally, at the speed of 11, 000rpm, SRCC can operate stably
at the mass flow rate of 0.206kg/s, while CRCC can work stably at the mass flow rate
of 0.081kg/s with θ = 6,240rpm

12,000rpm = 0.52. It can be mentioned that the limited flow rate
of CRCC is shifted back about 0.125kg/s, which makes up 24% of the operating range.
The set of limited points of CRCC generates a stability limit line. This line is moved
to a lower mass flow rate and it seems to be paralleled to the limited line of SRCC.

Concerning the polytropic efficiency, figure 5.26b compares the polytropic efficiency
between CRCC and SRCC at three main speed of SRCC. It is clear that the polytropic
efficiency of CRCC is always higher than SRCC’s one.The maximum efficiency values
of SRCC at three speeds of 9, 000rpm, 10, 000rpm, and 11, 000rpm are respectively
64±2%, 70±2% and 70±2% while these values of the three curves C1, C2 and C3 are
72±2%, 74±2%, and 73.1%, respectively. It can be seen that the CRCC increases from
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Figure 5.27 – Power consumptions of three characteristic curves C1 ( ), C2 ( ) and C3
( ) of CRCC in comparison with those of SRCC at three rotation speeds of 9, 000rpm

( ), 10, 000rpm ( ) and 11, 000rpm( )

3% to 8% efficiency and it depends on the rotor speed. In addition, the efficiency of
CRCC improves about 5% (for the C2 and C3) and 10% (for the C1) at the mass flow
rate less than the maximum efficiency point. At the extended region, the efficiency
drops rapidly due to the co-rotating effect.

Figure 5.27 depicts the comparison of power consumption between CRCC and
SRCC at the three rotation speeds. It is clear that CRCC consumes slightly higher
than SRCC at large flow rates. However, it spends a little smaller at the lower mass
flow rate, especially in the expanded region. The power consumption of CRCC reaches
a minimum value and then increases gradually. This could be explained that the first
rotor rotates in the same direction as the second rotor to reduce the incidence angle of
the fluid flow to maintain stability. Moreover, the speed of the second rotor increases
to keep the pressure ratio value so that it needs more energy. In addition, the first rotor
does not generate Euler’s work, and it only directs the fluid flow into the second rotor
with minimum loss to eliminate the instability phenomenon.

Figure 5.28 shows the relation between two rotors speed and pressure ratio of CRCC.
It is obvious that the pressure ratio can be maintained constant if the speed of two
rotors changes simultaneously in the opposite direction in counter-rotating mode or in
the same direction in the co-rotating mode. Furthermore, CRCC gives better efficiency
than SRCC in counter-rotating mode, but the efficiency descends rapidly in co-rotating
mode. The desired operating point can be chosen in figure 5.28 according to the pressure
ratio, efficiency, and mass flow rate. The coupled rotation speed of two rotors can be
found easily. The extension region can be obtained when the compressor operates in
co-rotating mode and the speed of the first rotor is equal to 48%-64% of second rotor
speed. At this speed, the limited flow rate is shifted to an extremely low value and
the working range of the compressor is significantly expanded toward the instability
region.
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Figure 5.28 – The relation between coupled rotation speed of two rotors and corrected
mass flow rate (black dashed line), pressure ratio (white solid line), polytropic efficiency

(colored region) in case of expanding the operating range

5.4 CFD analysis in Co-rotating mode

A co-rotating mode is an effective solution to push back the instability appearance
of the compressor as described in section 5.1. Changing the rotation speed of each rotor
independently with the same direction improves the incidence angle at the leading edge
of the rotor thereby reducing the instability phenomenon of the compressor for low mass
flow. As illustrated in figure 5.26, in order to maintain the pressure ratioΠs = 1.177 and
to expand the working range toward the lowest flow rate ṁcr = 0.08kg/s, the speed of
the first rotor can reach N1 = 6, 240rpm and that of the second rotor N2 = 12, 000rpm.
This point is called Extended Stability Limit Point (ESLP). The instability region is
pushed back to the lowest flow by about 0.125kg/s. CFD simulations are conducted to
better understand the pressure, temperature, and velocity fields as well as fluid flow
streamlines inside the CRCC at this point. Figure 5.29 depicts the pressure field inside
the compressor on three equipotential surfaces located at 0.25, 0.5, and 0.75span. It is
clear that the pressure distribution inside the first rotor is quite uniform. The pressure
increases gradually from the inlet to the outlet of the second rotor and goes up rapidly
from the tongue of the volute to the exit cone. The high-pressure gradient has developed
towards the inside of the volute and prevent the circulation of the fluid flow inside the
blade passages close to the volute tongue. Consequently, four blade passages of the
second rotor appear a small area of high pressure on the pressure side.

This can be explained by observing the streamline of the relative velocity of fluid
flow at 0.5span, as shown in figure 5.30. It is observed that in the blade passages from
(1) to (4), there are large vortices that completely block the fluid flow. In the blade
passage number (5), this vortex is slightly smaller (occupying about 80 % of the area).
Because the blade passages are completely blocked, at the trailing edge region of the
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0.25 span 0.5 span 0.75 span

Figure 5.29 – Pressure distribution at ESLP with N1 = 6, 420rpm, N2 = 12, 000rpm and
ṁcr = 0.08kg/s on three equipotential surfaces located at 0.25, 0.5 and 0.75span
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Figure 5.30 – Flow structure at ESLP with N1 = 6, 420rpm, N2 = 12, 000rpm and
ṁcr = 0.08kg/s

second rotor appears a local vortex perpendicular to the pressure side of the blade.
Consequently, a small high-pressure area occurs on this surface. In the remaining four
blade passages (numbered from 6 to 9) no vortex areas appear and the fluid flows
through normally. This can be interpreted that at low flow, because of the high-pressure
gradient at the exit cone, the secondary backflow is generated inside the blade passages
to compensate for the lack of flow due to the continuity of the fluid. In combination
with the increase of incidence angle at the leading edge, the stall cell is formed inside
the blade passage. These stall cells appear in the blade passages next to the tongue of
the volute and grow gradually in the adjacent one in the inverse rotational direction
of the second rotor (the size of the vortex decreases from (1) to (5)). The propagation
of these stall cells depends on the decrease of the flow of the compressor and appears
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in most blade passages causing instability when the flow is too small. However, due to
the co-rotation effect of the first rotor, the incidence angle at the leading edge of the
second rotor is improved, hence reducing the vortex area in blade passages from (6)
to (9). Although the stall phenomenon is still happened in some passage but does not
develop in the whole rotor so that the compressor can still operate stably and does not
enter in a state of rotating stall or surge.

0.25 span 0.5 span 0.75 span

Figure 5.31 – Temperature distribution at ESLP with N1 = 6, 420rpm, N2 = 12, 000rpm
and ṁcr = 0.08kg/s on three equipotential surfaces located at 0.25, 0.5 and 0.75span

Figure 5.31 illustrates the temperature field on the equipotential surfaces of the 0.5
span. It can be seen that in the five blocked blade passages the temperature field is very
high due to the vortices, where the fluid flow moved at high velocities and interacts
with nearby vortex regions. Because of the friction force, the temperature of this zone
raises. In addition, the increase in temperature leads to a loss of power and a decrease
in performance. Otherwise, the temperature field remains stable in the remaining blade
passages because of the standard fluid flow.

0.25 span 0.5 span 0.75 span

Figure 5.32 – Relative Mach number distribution at ESLP with N1 = 6, 420rpm,
N2 = 12, 000rpm and ṁcr = 0.08kg/s on three equipotential surfaces located at 0.25, 0.5

and 0.75span

Figure 5.32 shows the distribution of relative Mach number on the equipotential
surface at 0.5span. It can be identified that the relative Mach number inside rotors
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is small due to the absence of the recirculation of fluid flow except for a few blade
passages of the second rotor. It should be noticed that the maximum value reaches
0.57 can be observed at the trailing edge of the second rotor because the local vortex
rotates in the opposite direction to the rotation of the second rotor, resulting in fluid
flow at high velocity.

5.5 Conclusions
The instability phenomenon of CRCC is pushed back to a lower flow rate and

the operating range is extended by using the first rotor speed controlled method. In
counter-rotating mode, the reduction of the first rotor speed makes the compressor able
to operate at a smaller flow rate, but the pressure ratio decreases rapidly. To maintain
a constant pressure ratio, measurements with simultaneously changes in speeds of both
rotors are conducted. In addition, the co-rotating mode is adopted to push back the
compressor instability appearance region at a very low flow rate. Experimental results
indicate that this operating mode can push back the limited flow rate about 0.135kg/s
for the C1 and 0.125kg/s for C3 compared to the SRCC one. That means the operating
range is extended about 24%-28% towards the low flow rate. This can be obtained when
the first rotor speed ranges from 48% to 64% of the second rotor speed in co-rotating
mode. Obviously, the instability region of the compressor is significantly reduced to-
ward a lower flow rate. In addition, a CFD simulation of Extended Stability Limit
Point (ESLP) in co-rotating mode is conducted to understand the fluid flow inside the
compressor. The result shows that more than half of the blade passages are blocked
by the vortices. However, the fluid flow is still circulating normally through the rest of
the rotor passage. This shows that the compressor still maintains the ability to work
stably at an extremely low flow rate thanks to the co-rotating effect.
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Chapter 6

Conclusions and perspectives

6.1 Summary
The purpose of the study is to achieve two main objectives. The first is to assess

the possibility of improving the centrifugal compressor performances when using the
counter-rotating system. The second is to suspend the instability phenomenon and
expand the operating range towards the instability region. Two counter-rotating ro-
tors are designed based on the single rotor of a Single Rotor Centrifugal Compressor
(SRCC). These rotors then replace the single rotor of SRCC to build a new compressor
generation called Counter-Rotating Centrifugal Compressor (CRCC). A Rotor - rotor
Aerodynamic Interaction of a COunter-Rotating centrifugal compressor (RAICOR)
test bench is developed for an experimental study based on an existing centrifugal
compressor test bench of Laboratoire d’Ingénierie des Fluides et des Systèmes Énergé-
tiques (LIFSE).

6.2 Design of counter-rotating rotors
The counter-rotating rotors are designed according to the principle of conserving

the geometric size of the reference rotor. Firstly, the dimensions of the first rotor are
determined by the Length Ratio (LR) parameter, which is calculated by LR = L1st/Lm
parameter. Four CRCC configurations: CF1, CF2, CF3, CF4 are built based on four
values of LR parameters of 0.3, 0.4, 0.5, and 0.6 respectively. The blade angles of the
rotors are calculated based on the aerodynamic relation. An investigation is conducted
to evaluate the effect of counter-rotating on the performance of the centrifugal com-
pressor. The simulation results show that the CF1 gives the highest performance and
the least loss between four configurations. So the CF1 configuration is chosen to build
the test bench for experimental studies.

6.3 Design of RAICOR test bench
RAICOR test bench is designed to be compatible with the existing centrifugal

compressor test bench developed at LIFSE. Due to the structure of CRCC with two
electric motors on two sides of the compressor so that the bent pipe with an angle of
90◦ was used for this case. Numerical simulation shows that the use of bent inlet pipe
has a slight influence on the performance in the near instability region. In addition, the
components of the test bench are also designed and analyzed. The test results show
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that all tested values are within safe limits and are guaranteed to avoid resonance.
Besides, uncertainty calculation and measurement methods are presented to determine
the reliability of the measurement values.

6.4 Experimental results
The experimental measurement are performed at three different speeds of the N2 =

9, 000rpm, N2 = 10, 000rpm and N2 = 11, 000rpm. The rotation speed of 16, 000rpm
at the design operating point is obtained by using a similarity method. The results
show that CRCC can improve not only performance but also the operating range.

6.4.1 Global performance
The global performance of the CRCC is studied carried out and compared to the

global performance of SRCC. Three operating cases of CRCC are tested: case 1-the
first rotor rotated freely, case 2- the first rotor is fixed and case 3- counter-rotating
mode. A comparison of the three cases results shows that:
• Case 1: The first rotor works like a turbine. Experimental results indicate that

CRCC produces lower pressure ratio and higher efficiency than SRCC. At 9, 000rpm,
the efficiency is increased by about 8%, however, it is improved by about 3% when
the rotation speed increases to 10, 000rpm and 11, 000rpm. Consequently, CRCC
consumes less energy than REF and the operating range is a little bit expanded
to lower flow rate.
• Case 2: The global performance of CRCC is significantly reduced due to the

incompatibility of the fluid flow at the second rotor inlet and a great inlet loss is
generated. As a result, this case is not interesting because it is inefficient, so it is
not further studied in this work.
• Case 3: The pressure ratio of CRCC is slightly improved from 2.5% to 4.65%

compared to that SRCC at the same speed. Moreover, the polytropic efficiency
remains constant compared to case 1. However, the CRCC consumes more power
due to the higher pressure ratio rise and its instability limit appears earlier.

6.4.2 Influence of rotation speed ratio (θ)
A study on the influence of speed ratios is conducted in counter-rotating mode. The

results show that the speed ratio greatly affects the pressure ratio while the efficiency
remains constant. The pressure ratio increases linearly with the increase of the speed
ratio. The explanation is that the fluid flow brings more energy before entering the
second rotor. Higher kinetic energy because of a higher rotation speed leads to a higher
pressure ratio. The pressure ratio can be increased up to 6.6% at a speed of N2 =
11, 000rpm and a speed ratio of θ = −1.3. It is worth noting that the best efficiency
point of CRCC changes according to the change of speed ratio. The set of best efficiency
points gives an effective range of the CRCC. This region is expanded and moved towards
a lower mass flow rate in comparison with the region of SRCC. So, it can be concluded
that CRCC gives the wider effective range and more flexible than SRCC. Moreover,
CRCC can work at a lower speed than 2000rpm in comparison with the speed of SRCC
to obtain the same performance. However, the appearance of instability phenomena in
this configuration is earlier. This can be explained by an increase in the pressure ratio
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resulting in a change in inlet condition. The vortex cells in the blade passage are
formed earlier due to the higher incident angle. This phenomenon can be solved by
simultaneously adjusting the speed of the two rotors to reduce the incident angle.

6.4.3 Similarity method
The similarity method allows calculating and constructing the performance curve

of a family of compressors based on the known operating parameters at a specific
rotation speed. In this method, the characteristic of CRCC at 10, 000rpm is chosen.
The results are compared to the experimental results of 9, 000rpm and 11, 000rpm in
order to evaluate the reliability of the method. The results showed that the similarity
method correctly predicted the working parameters of the compressor at those speeds.
Therefore, it is used to build the CRCC characteristic curves at the design speed of
16, 000rpm. These curves show that CRCC improves significantly pressure ratio while
the efficiency remains constant and slightly reduces by about 1% compared to the
performance of SRCC. The pressure ratio of CRCC is always greater and it can be
increased up to 15.3% at the speed ratio of θ7 = −1.3 compared to the pressure ratio
of SRCC at the speed of 16, 000rpm.

6.4.4 CFD analysis
Numerical simulation studies were conducted to further investigate the fluid flow

characteristics inside the CRCC. The mesh sensitivity studies were conducted to make
sure that the selected model is an independent mesh. A comparison with experimental
results shows that the numerical model is quite close to the experimental measurements,
especially at a low flow rate. The smallest deviation value of pressure ratio is about
0.7% at a low flow rate and gradually increases to about 4% at a high flow rate.
Besides, the divergence of polytropic performance is quite close to the experimental
results at a low flow rate. The smallest deviation at the best efficiency point is about
0.15%. Two special points, Best Efficiency Point (BEP) and Near Instability Point
(NIP), are studied in steady and unsteady simulations to analyze the characteristics of
the internal fluid flow with N1 = 10, 000rpm and N2 = 10, 000rpm. The distribution
of pressure, velocity, and temperature is quite uniform in the rotor as well as in the
volute at BEP. The fluid flow inside the rotor does not show the vortex region and
the flow is quite compatible with the rotor. However, some blade passages present a
large vortex representing the stall cell at NIP. These vortices blocked all or a part of
the blade passage due to secondary back-flow generated by the downstream pressure
gradient and fluid continuity to compensate for the flow deficit. Although vortex cells
appear inside the second rotor in a few blade passages and they are not spread to
the entire rotor so that the compressor remains stable. If the flow rate continues to
decrease, these stall cells continue to grow and to spread to the entire rotor causing
the instability phenomenon. The unsteady simulation is also conducted to study the
relative position between blade rows of the two rotors and the changes of stall cells
inside blade passages. The results indicate that stall cells appear near the volute tongue
and grow gradually in the blade passages in the inverse direction of the rotation. When
the blade passage passes the volute tongue region, its stall cells gradually decrease in
size and disappear. The fluid flow can normally circulate. Furthermore, wall pressure
fluctuations are also observed in this simulation. The FFT analysis results can identify
the frequency of blade passing and its harmonic frequencies.
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6.5 Instability control and extension of the opera-
ting range

Using the first rotor speed controlled method, the instability phenomenon of the
CRCC compressor is pushed back to a lower flow rate. The results of the experiment
show that the instability phenomenon is suspended if the first rotor speed is redu-
ced. Thus, the compressor can operate at a smaller flow rate but the pressure ratio
is decreased sharply. One solution to maintain a constant pressure ratio is to simulta-
neously change the rotation speed of both rotors. In addition, the co-rotating mode is
then adopted to improve the compressor instability phenomenon at a very low mass
flow rate. Experimental results indicate that this method can push back the limit flow
rate about 0.135kg/s for Π = 1.11 and 0.125kg/s for Π = 1.177 compared to the
limit flow rate of SRCC at the same pressure ratio. That means the operating range is
expanded by about 25% towards the lower flow rate in comparison with the operating
range of SRCC. This can be obtained when the first rotor speed ranges from 48% to
64% of the second rotor speed in co-rotating mode. Additionally, A CFD analysis at
the Extended Stability Limit Point (ESLP) is conducted in the co-rotating mode in
order to better understand the fluid flow structure inside the compressor. The result
shows that more than half of the blade passages are blocked. However, the fluid flow
still circulates normally through the rest of the blade passages. This indicates that the
compressor maintains the ability to work stably at the extremely low flow rate, thanks
to the co-rotating effect.

6.6 Recommendations for future work
The results of this thesis show the outstanding advantages of applying the counter-

rotating system on a centrifugal compressor. To develop this type of compressor, several
proposals are suggested as follows:
• The numerical results show that the pressure ratio increases with the increase

of length ratio parameter but the efficiency reduces. However, the influence of
this parameter on the instability region cannot be realized by simulation. The-
refore, it is necessary to conduct experimental investigations of the rest three
configurations (as shown in figure 6.1).

Figure 6.1 – Three configurations with three value of LR: 0.3, 0.4 and 0.5 need to
experimental study in the future
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• The first rotor outlet blade angle affects considerably the performance of the
counter-rotating centrifugal compressor. Two rotors with the different outlet
angles are manufactured to investigate.

(a) (b)

Figure 6.2 – The first rotor with the different outlet blade angles: (a) radial angle and (b)
forward angle of the configuration 1

• The compressor generates noise during the operation due to the interaction bet-
ween two blades rows. Thus, the investigations of a distance of two blades rows,
the gap between the rotors and the casing, the number of blades of each ro-
tor should be performed to analyze its impact on the aerodynamic as well as
aeroacoustic performance.
• The suction application of the CRCC is conducted in this thesis. In addition,

the behavior of the compressor in the compressed application needs to realize to
develop this type of turbomachinery.
• This work presented the experimental investigation of a counter-rotating rotor

based on the single rotor of a high specific speed compressor. The application of
the counter-rotating system on a low specific speed centrifugal compressor should
be performed to explore the behavior of the counter-rotating system.
• The most interesting thing about the counter-rotating system is that this type of

compressor can improve the performance and work at a very low mass flow rate.
Therefore, using an additional counter-rotating rotor placed upstream of a cen-
trifugal rotor of a compressor would be a good idea to improve the performance,
especially in the instability region. This rotor can rotate in counter-rotating mode
in case of increasing performance or in the co-rotating mode in case of improving
the instability region to extend the operating range.
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Appendix A

APPENDIX

A.1 Dimensioning method of a centrifugal rotor
<This part is an extract of the dimensioning method presented in article [68]>

The size of a centrifugal rotor is primarily designed according to an empirical cha-
racteristic because it is still based on a large number of experiments and statistical
rules. The reason is that a large number of quadratic parameters need to determine
the complete shape of the rotor and its immediate environment. These multiple choices
are often arbitrary and can be guided by various considerations such as regularity of
flow, reduction of mass, optimization of performance (efficiency, pressure ratio, noise,
and vibrations), the stability of characteristics, etc.

The design of machines takes place in various steps ranging from pre-dimensioning
of the mechanic and hydraulic parameters, until the fine analysis of the flow structures.
To simplify, the following steps can be defined:

1 - The specifications define the expected overall performance: pressure and flow
generated, expected overall efficiency, and overall dimension. The nature of fluids and
the environment of the machine are also defined.

2 - The know-how makes it possible to arbitrarily retain the rotation speed, the
number of stages, the type of rotor, the type of blades...

3 - The calculation of preliminary design defines, thanks to a flow model, the fields
of velocity, pressure, and temperature, etc. giving access to the principle efforts in
presence.

4 - Mechanical pre-dimensioning: from this stage, the position and the type of
bearings, the balancing devices, the thickness of the housings, the diameter of the
shaft, and its different critical speeds, the sealing devices are determined...

In case of incompatibility of these results with the previous choices, step 2 or step 3
starts again with more and more fine models concerning the analysis of the flows (using
CFD software). This approach is assumed to be successful when the performances
calculated by various CFD software or others, confirm that the expected results are
achieved.

A.1.1 Inlet velocity triangles
As described in the section 1.1.3, the fluid is assumed that it is not subjected to

any pre-rotation at the entrance of the rotor. The property of the velocity triangles

I
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makes it possible to write:
tan β1 = U1

C1
(A.1)

The continuity equation at the nominal point allows writing the inlet angle of fluid
flow equal to the blade angle:

tan β1 = tan β1b

C1 = Q

S1

(A.2)

Where S1 is a blade inlet section and is defined by:

S1 = 2πr1b1 (A.3)

According to the basis of theoretical developments, the good capacity inlet section
can be determined from an optimal radius:

ropt = 2.25 3

√
Q

N
(A.4)

From the equation A.3 and A.4, the optimized inlet area can be calculated by:

S1 = S1opt = πr2
opt (A.5)

Combining the equations A.1, A.2, A.4 and A.5, the geometry parameters at the inlet
can be determined:

r1 = Q tan β10

πωr2
opt

b1 = S1

2πr1

(A.6)

A.1.2 Outlet velocity triangles
Outlet diameter calculation

The choice of the outer radius is made from a common reference value used for the
construction of compression machines. This standard value depending on the specific
angular speed Ω is selected by Cordier diagram 1 [68]. It shows the relation between
the specific angular velocities Ω and the specific radius Λ as presented in figure A.1. It
reveals that at each specific speed of Ω, it can be found an optimal value of a specific
radius Λ to obtain maximum efficiency. If selecting a larger or smaller optimal specific
radius, the efficiency deteriorates.

The specific angular speed is defined:

Ω = ω
√
Q

(gH)3/4 (A.7)

The specific radius is determined by:

Λ = r2 (gH)1/4
√
Q

(A.8)

1. The Cordier diagram is a statistical diagram from experimental results
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le diamètre d’entrée (c’est-à-dire de l’œillard). Si l’on prolonge ce
processus assez loin, le diamètre extérieur de l’œillard se
rapproche du diamètre extérieur de la roue ; il n’est plus possible
de conserver constant le diamètre de sortie. La pompe devient
alors hélicocentrifuge.

L’évolution se prolonge sans discontinuité vers les pompes
hélices ; on atteint leur domaine, pour de grandes valeurs de Nsq,
lorsque le diamètre d’entrée devient du même ordre de grandeur
que le diamètre de sortie (figure 5).

La figure 9 établit une relation réciproque entre les différents
types de machines et les différents coefficients de similitude δ, Nsq
et Ω. On a indiqué les autres familles de pompes, de façon à les
situer par rapport aux pompes rotodynamiques. On peut constater
ainsi que l’écart Nsq (de 1 à 15), qui sépare les pompes volumé-
triques des pompes centrifuges monocellulaires les plus petites,
est important, aussi important que celui qui sépare les pompes
centrifuges des pompes hélices.

1.5 Rendement hydraulique des pompes 
centrifuges et hélicocentrifuges

Le présent paragraphe ne traite que des pompes centrifuges et
hélicocentrifuges. Pour les pompes hélices, il est préférable, voire
nécessaire, de ne pas traiter les pertes hydrauliques de façon glo-
bale comme nous allons le faire, mais de décomposer les pertes
hydrauliques entre pertes d’aubages variant radialement et pertes
de conduite : moyeu et carter, voire coude de sortie. Le rendement
hydraulique dépend du Nsq qui impose un certain cadre aux
formes de la pompe. Il dépend aussi de la taille des pompes, de la
vitesse des écoulements, de la viscosité du fluide pompé,
c’est-à-dire globalement du nombre de Reynolds et de la qualité
des surfaces (rugosité).

Les informations statistiques ayant conduit aux courbes de ren-
dement hydraulique ηH en fonction des coefficients δ et Nsq
(figures 10 et 11) concernent des pompes standards dont le
nombre de Reynolds est supérieur à 106.

À l’examen de la figure 10, on remarque que l’évolution du ren-
dement hydraulique est très rapide en fonction du coefficient de
débit δ pour des valeurs inférieures à 0,05. En dessous de cette
valeur, les surfaces frottantes sont à peu près constantes et
constituées principalement par la surface des flasques avant et
arrière. Les pertes par frottement sont donc, elles aussi,
constantes, alors que la puissance utile diminue proportionnel-
lement à δ. La valeur relative des pertes par frottement varie, en
première approximation, comme 1/δ.

Inversement, pour des valeurs de δ supérieures à 0,15, la courbe
du rendement hydraulique est plate. Dans cette région, les pertes
hydrauliques dans la roue ne sont plus prépondérantes ; il se pro-
duit une compensation partielle, lorsque δ croît, entre la réduction
des pertes par frottement et l’augmentation des pertes par disper-
sion des vitesses à la sortie de la roue, due à un équilibre plus
incertain des différents filets, à une réduction de la longueur utile
des aubes et à une diminution de l’angle de sortie d’aubage β2∞.

Figure 7 – Relation entre le rayon spécifique et la vitesse spécifique

Figure 8 – Évolution standard selon Cordier [6]
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Figure A.1 – Cordier diagram

For a given operation point, the specific radius is chosen by selecting the high-efficiency
region of the turbomachine. From the equation A.8 the outlet diameter of the rotor is
calculated as:

r2 = Λ
√
Q

(gH)1/4 (A.9)

Selection of outlet blade angle

When the fluid enters the rotor without pre-rotation, the theoretical and infinite
head rise is given by the Euler equation:

H th = U2Cu2

g

H thb = U2Cub
g

(A.10)

It can be seen from this relation that the theoretical head rise of a centrifugal machine
only depends on the blade speed U2 and the tangential velocity component Cu2. The
ratio between U2 and Cu2 can be chosen in rather wide limits, it is closely related to
the angle of exit β2b, as shown in figure A.2. The value of β2b is chosen between 60◦
and 70◦ (this value is chosen arbitrarily).

Determination of blade width b2

To determine the blade width b2, firstly, the hydraulic efficiency ηH of the rotor is
estimated from the empirical formula of Lomakine at the maximum efficiency point:

ηH = 1− 0.42
[lg dη − 0.172]2

(A.11)

III



A.1. Dimensioning method of a centrifugal rotor CHAPTER A

Toute reproduction sans autorisation du Centre français d’exploitation du droit de copie
est strictement interdite. – © Editions T.I. BM 4 303 – 17

__________________________________________________________________________________________________________  POMPES ROTODYNAMIQUES

On démontre, sur la base de développements théoriques, que la
section d’entrée des pompes de bonne capacité d’aspiration (bien
dimensionnées vis-à-vis de la cavitation) peut se déterminer à par-
tir d’un rayon optimal Ropt :

avec : (26)

on obtient ainsi, d’après (23), (24) et (26) les autres paramètres
géométriques de l’entrée d’aubage :

(27)

et, d’après (25) :

(28)

À chaque valeur de l’angle d’entrée d’aubage sur la ligne
moyenne β10 qui est un paramètre libre, l’entrée de roue est définie
par R1 et b1 . On démontre que les angles allant de 70 à 75o agran-
dissent l’œillard et favorisent ainsi la tenue à la cavitation, c’est sur
ce concept que l’on construit les roues fortement aspiratrices.

À l’aspiration de la pompe, le rayon R0 de la bride d’entrée est
choisi parmi les valeurs normalisées et généralement de surface
supérieure à la section S1 d’entrée d’aubes (figure 17a ).

2.2.2 Triangles des vitesses à la sortie de la roue

■ Calcul du rayon extérieur R2

Le choix du rayon extérieur s’effectue à partir d’une valeur de
référence communément utilisée pour la construction des
machines de compression. Cette valeur standard qui dépend de la
vitesse angulaire spécifique Ω a été introduite par Cordier.

Le diagramme de Cordier est un diagramme statistique issu de
résultats expérimentaux sur lequel sont portées les vitesses angu-
laires spécifiques Ω [relation (21)] de diverses pompes en fonction
de leur rayon spécifique Λ [relation (29)] :

(29)

Pour chacun des points représentatifs, les courbes d’isoren-
dement permettent de définir la zone de dimensionnement idéal
concernant le rendement (figure 8).

Pour une vitesse spécifique donnée, on définit ainsi le rayon
spécifique le mieux adapté puis l’encombrement « idéal » par :

(30)

En agrandissant ce rayon, au détriment de l’encombrement, du
coût de la machine et du rendement, on obtiendra une caractéris-
tique H (Q) très stable même en débit partiel ainsi qu’une machine
de meilleure tenue à la cavitation. Et inversement pour la cavi-
tation et la stabilité si l’on diminue le rayon de la roue.

■ Choix de l’angle de sortie 

Lorsque le fluide pénètre dans la roue sans prérotation, la hauteur
théorique est donnée par l’équation d’Euler écrite respectivement
pour un nombre fini d’aubages qui sera noté Z et pour un nombre
supposé infini :

(31)

On constate, d’après cette relation, que la hauteur d’élévation
théorique d’une machine de compression ne dépend que de la
vitesse périphérique U2 et de la composante giratoire de la vitesse
absolue Cu2. Le rapport entre U2 et Cu2 peut être choisi dans des
limites assez larges, il est intimement lié à l’angle de sortie
d’aubage β2∞ (figure 18).

Les pompes à liquide sont construites exclusivement avec des
aubes couchées vers l’arrière, et notamment des angles β2∞
compris entre 60 et 70o (valeur qui sera choisie arbitrairement).

■ Détermination de la largeur b2

Le dernier paramètre géométrique définissant la roue, à savoir la
largeur de sortie b2, s’effectue sur la base d’une méthodologie que
nous pouvons résumer ainsi :

On estime d’abord le rendement hydraulique ηH de la roue à
partir de la formule empirique de Lomakine [relation (32)] au point
de rendement maximal ou à partir de la courbe de la figure 11 :

(32)

où :

(33)

avec Q (m3/s) débit,

N (tr/min) vitesse de rotation.

On en déduit la hauteur théorique et la hauteur théorique infinie
(H est donnée par le cahier des charges) :

(34)

(35)

S S R

R
Q
N

1 1
2

32 25

= =

=
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π
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π
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Figure 18 – Triangles de vitesses à la sortie de la roue
pour un nombre infini d’aubages
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Figure A.2 – Velocity triangles at the outlet of a rotor

Where:

dη = 4250 3

√
Q

N
(A.12)

The theoretical and infinite head rise can be derived:

H th = H

ηH

H thb = H th

µ

(A.13)

The slip factor µ is determined by Pfleiderer formulation:

µ = 1
1 + Km sinφ

Z
1+cosβ2b

1−
[
r1
r2

]2

(A.14)

φ is the taper angle of the mean exit line as shown in figure A.3a
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µ est le facteur de glissement présenté dans l’article [BM 4 302].
On le calcule par la relation suivante issue de la formulation de
Pfleiderer :

(36)

avec φ angle de conicité de la ligne moyenne en sortie défini sur
la figure 21.

Cette forme, particulièrement intéressante, donne comme valeur
limite 1 lorsque Z tend vers l’infini et pour toutes les machines
axiales où φ est égal à 0.

Sur la base de résultats concernant plusieurs pompes indus-
trielles, on observe pour le facteur de correction Km l’allure donnée
en figure 19.

La relation proposée pour le coefficient Km est la suivante :

avec :

(37)

À l’écart angulaire ∆β, observé sur la figure 20, est associé le
coefficient de glissement µ traduisant globalement un défaut de
hauteur produite en nombre fini d’aubages.

La composante giratoire est déduite de Hth∞ par la relation
d’Euler en nombre infini d’aubages :

(38)

Les triangles des vitesses en sortie de roue, qui sont rappelés
figure 18, permettent de calculer la vitesse débitante Cr2 puis la
largeur b2 :

(39)

(40)

Si le rapport b2 /R2 n’est pas compatible avec les standards cor-
respondant à la vitesse spécifique, on pourra jouer sur l’angle β2∞ ,
le nombre d’aubages Z ou le rayon R2.

Figure 19 – Évolution du coefficient Km en fonction
de la vitesse spécifique Nsq
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Figure 21 – Définition de la ligne moyenne
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µ est le facteur de glissement présenté dans l’article [BM 4 302].
On le calcule par la relation suivante issue de la formulation de
Pfleiderer :

(36)

avec φ angle de conicité de la ligne moyenne en sortie défini sur
la figure 21.

Cette forme, particulièrement intéressante, donne comme valeur
limite 1 lorsque Z tend vers l’infini et pour toutes les machines
axiales où φ est égal à 0.

Sur la base de résultats concernant plusieurs pompes indus-
trielles, on observe pour le facteur de correction Km l’allure donnée
en figure 19.

La relation proposée pour le coefficient Km est la suivante :

avec :

(37)

À l’écart angulaire ∆β, observé sur la figure 20, est associé le
coefficient de glissement µ traduisant globalement un défaut de
hauteur produite en nombre fini d’aubages.

La composante giratoire est déduite de Hth∞ par la relation
d’Euler en nombre infini d’aubages :

(38)

Les triangles des vitesses en sortie de roue, qui sont rappelés
figure 18, permettent de calculer la vitesse débitante Cr2 puis la
largeur b2 :

(39)

(40)

Si le rapport b2 /R2 n’est pas compatible avec les standards cor-
respondant à la vitesse spécifique, on pourra jouer sur l’angle β2∞ ,
le nombre d’aubages Z ou le rayon R2.

Figure 19 – Évolution du coefficient Km en fonction
de la vitesse spécifique Nsq

C
o

rr
ec

ti
o

n
 fa
ct
or

 K
m

0
0 20 40 60 80

0,5

1,0

1,5

2,0

2,5

Specific speed Nsq

µ
φ β

=
+ +

− 







∞

1

1
1

1

2

1

2

2
K

Z R
R

m sin cos

K N

N
m sq

sq

o oet

= +

∞

0 02 0 94

0 120

60 7510 2

, ,

� �

� �β β

Figure 20 – Influence du glissement sur les triangles des vitesses
en sortie de roue

Figure 21 – Définition de la ligne moyenne
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(b)

Figure A.3 – Definition of (a) mean line and (b) correction factor Km
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The proposed relation for the correction factor (Km) is as follows:

Km = 0.02Nsq + 0.94
0 6 Nsq 6 120

60◦ 6 β10 and β2b 6 75◦
(A.15)

An angular difference ∆β shown in figure A.4 is associated with the slip factor µ. It
represents a reduction of the head rise by a finite blade.
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µ est le facteur de glissement présenté dans l’article [BM 4 302].
On le calcule par la relation suivante issue de la formulation de
Pfleiderer :

(36)

avec φ angle de conicité de la ligne moyenne en sortie défini sur
la figure 21.

Cette forme, particulièrement intéressante, donne comme valeur
limite 1 lorsque Z tend vers l’infini et pour toutes les machines
axiales où φ est égal à 0.

Sur la base de résultats concernant plusieurs pompes indus-
trielles, on observe pour le facteur de correction Km l’allure donnée
en figure 19.

La relation proposée pour le coefficient Km est la suivante :

avec :

(37)

À l’écart angulaire ∆β, observé sur la figure 20, est associé le
coefficient de glissement µ traduisant globalement un défaut de
hauteur produite en nombre fini d’aubages.

La composante giratoire est déduite de Hth∞ par la relation
d’Euler en nombre infini d’aubages :

(38)

Les triangles des vitesses en sortie de roue, qui sont rappelés
figure 18, permettent de calculer la vitesse débitante Cr2 puis la
largeur b2 :

(39)

(40)

Si le rapport b2 /R2 n’est pas compatible avec les standards cor-
respondant à la vitesse spécifique, on pourra jouer sur l’angle β2∞ ,
le nombre d’aubages Z ou le rayon R2.

Figure 19 – Évolution du coefficient Km en fonction
de la vitesse spécifique Nsq
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Figure 21 – Définition de la ligne moyenne
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C2b

W2b

Figure A.4 – Influence of slip factor on the outlet velocity triangles

The tangential velocity component can be derived from the Euler equation of the
infinite blade:

Cu2b = gH thb

U2
(A.16)

From the velocity triangles as shown in figure A.2, the radial velocity component Cr2
and the blade width b2 can be calculated:

Cr2 = U2 − Cu2b

tan β2b
(A.17)

b2 = Q

2πr2Cr2
(A.18)

If the ratio of b2/r2 is not compatible with the standards corresponding to the
specific speed, the value of blade width b2, the number of blades Z and the radius at
the outlet r2 can be changed to find out the best ratio by iterative calculation.

A.1.3 Tracing blades in a meridional view
Definition of a mean line

The mean line of the rotor can be defined by the association of a Bezier curve with
three poles and a straight portion at the output as shown in figure A.3a. The three
poles are defined as:

+ The first pole has a coordinate (0,r0x), with r0x = r0
2 (r0 is the radius of a rotor

entry) for a cantilever rotor and r0x = r0+ra
2 for a rotor with a radius of traversing shaft

ra;
+ The second pole is defined by the intersection of two lines ∆1 and ∆2: ∆1 is a

line parallel to the rotational axis and passing through the first pole (0, r0x); ∆2 is a
line passing through the point (z2, r2) and forming an angle φ with a line ∆3; ∆3 is
perpendicular to the trailing edge b2 at the point of coordinates (z2, r2).

V
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+ The third pole is on the ∆2 at a distance mR from the point (z2, r2).
In this definition, the value of mR depends on the specific speed of the machine and

diminishes with it. The angle φ called the taper angle is a free parameter. The correct
choice of this parameter allows us to adjust the concavity of the two front and rear
flanges. The distance z2 is also a free parameter characterizing axial size. The retained
value corresponds in most cases to a compromise between the losses and the size of the
machine.

Surface law definition

The evolution of a meridian surface is explained according to a horizontal curvilinear
measured on the mean line: S = S(m) this curve is calculated from the following
relation:

m(z) =
∫ z

0

√√√√1 +
[
dr

dz

]2

dz (A.19)

The analytic determination of this integral is often impossible for r(z) functions which
have a degree greater than one. To do that, a numerical integration method (Gauss
method) is used. A series of simple equations can be used to describe and control the
evolution of the flow surface or meridian surface. It is obtained by cutting the rotor in
the plane through the symmetry axis or the rotating axis of the rotor.
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2.3 Tracé des aubages et de la vue 
méridienne

Nous proposons dans ce paragraphe une méthode complète de
tracé des aubages équipant les roues centrifuges et hélicocentri-
fuges. Elle est basée sur la définition des deux projections : la vue
méridienne et la vue de face. Ce tracé important et délicat, la plu-
part du temps abordé de manière succincte, confère à la machine
ses qualités d’aspiration, de rendement et de stabilité.

2.3.1 Détermination de la vue méridienne

Les étapes définissant la vue méridienne sont les suivantes :
– définition de la ligne moyenne du canal méridien ;

– discrétisation de cette ligne en un certain nombre de segments ;

– adoption d’une loi d’évolution de la surface méridienne ;

– définition des enveloppes (flasques avant et arrière).

■ Définition de la ligne moyenne

La ligne moyenne de la roue peut être définie par l’association
d’une courbe de Bézier à trois pôles et d’une portion droite en sor-
tie (figure 21). Les trois pôles sont définis de la manière suivante :

– le premier pôle a comme coordonnées (0, R0x) avec 

(R0 est le rayon de la bride d’entrée, cf. figure 17) pour une roue

en porte-à-faux et  pour une roue entre paliers (avec

arbre traversant de rayon Ra) ;
– le deuxième pôle est défini par l’intersection des deux droites

∆1 et ∆2 :

• ∆1 est la droite parallèle à l’axe de rotation passant par le
pôle (0, R0x),

• ∆2 est la droite passant par le point de coordonnées (z2, R2) et
formant un angle φ avec la droite ∆3 ,

• ∆3 est la perpendiculaire à l’arête de sortie b2 au point de
coordonnées (z2, R2) ;

– le troisième pôle (z2, R2) se trouve sur la droite ∆2 à une dis-
tance mR du point de coordonnées (z2, R2).

■ Définition de la loi de surface

L’évolution de la surface méridienne est explicitée en fonction de
l’abscisse curviligne mesurée sur la ligne moyenne : S = S (m ) cette
abscisse curviligne est calculée à partir de la relation suivante :

(41)

La détermination analytique de cette intégrale est généralement
impossible pour les fonctions r (z ) de degré supérieur à un. De ce
fait, on utilise une méthode d’intégration numérique (méthode de
Gauss par exemple).

Une série d’équations simples peut être retenue pour décrire et
maîtriser l’évolution de la surface débitante ou surface méridienne
obtenue par une coupe de la pompe dans un plan passant par
l’axe de symétrie ou axe de rotation de la roue.

Nous considérons sur la vue méridienne deux parties distinctes :
– la partie en amont de l’aubage : entre la bride d’aspiration et

l’entrée d’aubage ;
– la partie aubée : entre l’entrée et la sortie d’aubage.

On définit ensuite une loi de surface arbitraire dont les
conditions aux limites les plus courantes sont données par les
diverses équations ; cette allure respecte la régularité d’évolution
de la vitesse méridienne (figure 22) :

■ Détermination des deux lignes (flasques avant et arrière)

La ligne moyenne étant discrétisée en un certain nombre de
segments d’égale longueur curviligne, nous déterminons les coor-
données [r, z ] de chaque point de discrétisation (la méthode de
Newton est conseillée).

À partir de la loi de surface imposée, on calcule aisément les
diamètres des cercles osculateurs par :

(42)

La détermination des triplets {z, r, b } permet de déterminer
(figure 23) :

– l’enveloppe extérieure des cercles (la ceinture) ψe ;
– l’enveloppe intérieure des cercles (le plafond) ψi .

■ Inclinaison de l’arête d’entrée d’aube  et des angles

Pour les machines de faible vitesse spécifique, l’arête d’entrée
en vue méridienne est généralement horizontale (θ1 = 90o).

Lorsque le dimensionnement de la roue correspond à un débit
important (augmentation de Nsq ), le tracé de l’aubage devient tri-
dimensionnel (figure 24) et il n’est plus possible de limiter les
aubes à une partie purement radiale.

L’entrée de telles roues est en fait hélicocentrifuge et il est
logique que le bord d’attaque des aubes soit sensiblement
confondu avec une équipotentielle de l’écoulement méridien. Cela
demande donc un tracé préalable des différentes lignes de courant
et équipotentielles.

Dans la pratique, lorsque ce calcul n’est pas accessible, on fixe
l’inclinaison θ1 de manière arbitraire, souvent proche de 45o. On
fait ensuite correspondre les vitesses débitantes avec celles

Remarques :

• La valeur de mR dépend de la vitesse spécifique de la
machine et diminue avec celle-ci.

• L’angle φ est un paramètre libre qualifié d’angle de conicité.
Le choix adéquat de ce paramètre permet de régler la concavité
des deux flasques avant et arrière.

• La distance z2 est aussi un paramètre libre caractérisant
l’encombrement axial. La valeur retenue correspond dans la plu-
part des cas à un compromis entre les pertes et la taille de la
machine. Dans le cas des pompes normalisées, cette longueur
est imposée.
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Figure 22 – Évolution et régularité de la surface méridienne
en fonction de l’abscisse curviligne
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Figure A.5 – Evolution and regularity of the meridian surface according to the horizontal
curvilinear

Considering the meridional view, there are two distinct parts:
- The upstream part: between a suction side and a leading edge;
- The blade part: between a leading edge and a trailing edge.
Then, an arbitrary surface law is defined by the most common boundary conditions

given by different equations. It respects the regularity of the evolution of the meridian
velocity (figure A.5):

S(min) = S1 and S(mout) = S2 (A.20)

Determination of hub mh and shroud msh contours

The mean line is discretized into a number of segments of equal curvilinear length,
the coordinates [r, z] of each discretization point are determined. From the imposed

VI
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surface law, the diameters of the osculating circles are easily calculated by:

b = S(m)
2πr (A.21)

The determination of r, z, b as shown in figure A.6 allows to determine:
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Chacune de ces particularités correspond à des réalisations pra-
tiques très variées, conférant à ces machines des formes, des
encombrements et des niveaux technologiques très contrastés.

Une autre classification quantitative est également introduite à
partir de la vitesse angulaire spécifique Ω : nombre adimensionnel
issu des modèles de la similitude des turbomachines. Intimement
lié à la forme de la roue (figure 5), il s’exprime en fonction des per-
formances au point nominal de la machine (débit et hauteur cor-
respondant au rendement maximal) :

(21)

On définit aussi la vitesse spécifique Nsq, nombre pratique ayant
une valeur d’usage :

(22)

avec N (tr/min) vitesse de rotation,

Q (m3/s) débit-volume,

H (m) hauteur d’élévation de fluide,

g (m/s2) accélération due à la pesanteur,

ω (rad/s) vitesse angulaire.

On remarque que la vitesse spécifique augmente avec le débit et
décroît avec l’augmentation de la hauteur d’élévation. Les faibles
vitesses spécifiques caractériseront donc les machines centrifuges
et les grandes vitesses spécifiques les machines axiales.

2.2 Prédimensionnement de la roue

Dans ce paragraphe, nous présentons le problème inverse, à
savoir l’ensemble des relations ou des choix arbitraires permet-
tant, à partir du cahier des charges donné (hauteur H, débit Q,
vitesse de rotation N ), de définir les principaux paramètres géo-
métriques de la roue (figure 17), à savoir :

– entrée d’aubage : angle β10, rayon à la ligne moyenne R1, lar-
geur b1 , nombre d’aubes Z ;

– sortie d’aubage : angle β2∞ , rayon de sortie R2, largeur b2,
épaisseur d’aubes e2 ;

– bride d’aspiration : rayon R0.

2.2.1 Établissement du triangle des vitesses
à l’entrée de la roue

Débit interne dans la roue

La roue n’étant pas encore dessinée, il est difficile de calculer
directement la valeur des fuites internes [BM 4 302]. On cherche
donc une valeur approchée.

On sait que l’écart qui sépare le rendement global du rendement
hydraulique est constitué par les pertes dues aux fuites internes et
aux pertes mécaniques ; statistiquement et en moyenne, ces
pertes ont un poids sensiblement équivalent.

En général, on observe au point nominal (ηH –ηg) = 5 à 9 % sui-
vant la taille de la pompe.

L’angle d’entrée d’aubage β10 (cet angle n’est pas en vraie gran-
deur sur la figure 17b ) est généralement choisi arbitrairement
entre 60 et 75o, il représente l’angle formé entre le plan méridien
et la tangente à la ligne moyenne de l’aube (centre des cercles
osculateurs formant les flasques avant et arrière de la roue :
figure 17a ).

En se plaçant sur cette ligne moyenne et en supposant que le
fluide n’est soumis à aucune prérotation à l’entrée de la roue, la
propriété du triangle des vitesses permet d’écrire :

(23)

avec U1 = ωR1

C1 vitesse absolue égale à la vitesse débitante Cr1 .

L’équation de continuité permet d’écrire au régime d’adaptation
où le fluide présente le même angle d’entrée que l’angle d’aubage
(point nominal) :

(24)

avec S1 la section d’entrée d’aubage définie par :

(25)

Ω = ω
( ) /

Q
gH 3 4

N N
Q

Hsq =
/3 4

Figure 17 – Principaux paramètres géométriques définissant la roue

a Meridional view (cut A-A)

b Face view
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Figure A.6 – Tracing hub and shroud contours

+ The shroud contour of the circles msh;
+ The hub contour of the circles mh.

Inclination of the blade leading edge θi and blade inlet angles β1h,β1sh

For a low specific speed turbomachine, the leading edge in the meridional view is
generally horizontal (θi = 0◦). However, with a high specific speed machine, the tracing
blades become three-dimensional (figure A.7) and it is no longer possible to limit the
blade to a purely radial portion. In fact, the entrance of such a rotor is a centrifugal
spiral and it makes sense that the leading edge of the blades is substantially coincident
with a meridian equipotential of flow.
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associées à leurs propres cercles oscillateurs. On obtient ainsi
deux valeurs différentes des vitesses débitantes :

(43)

Cette démarche n’est évidemment pas rigoureuse mais elle per-
met une approche satisfaisante dans la majorité des cas.

Les vitesses débitantes ainsi calculées donnent accès aux
valeurs des angles d’aubages  en partant des triangles
de vitesses respectifs :

(44)

■ Inclinaison de l’arête de sortie  et des angles 

Pour les machines centrifuges, l’arête de sortie est parallèle à
l’axe de rotation (θ2 = 90o). Lorsque la vitesse spécifique augmente
(machines hélicocentrifuges), l’arête de sortie s’incline progressi-
vement. Cette inclinaison est fixée suivant des considérations de
régularité d’écoulement et de faisabilité. Le choix est aussi
intimement lié à la répartition radiale de la composante Cu2 , distri-
bution qui est à l’initiative du concepteur. On propose généra-
lement une distribution en vortex libre de la forme :

(45)

où la constante K3 est calculée sur la ligne moyenne.

Le vortex étant fixé, les triangles des vitesses permettent de
calculer sur les lignes ψe et ψi les angles d’aubages β2e∞ et β2i∞ :

(46)

avec :

(47)

(48)

Les valeurs de Cr2i et Cr2e sont déterminées de la même manière
que pour l’entrée d’aubage.

2.3.2 Tracé des aubages en deux vues

On considère l’empreinte d’une aube vue en perspective sur une
surface de révolution dont la génératrice est la ligne moyenne du
canal méridien (figure 25b).

On découpe un élément de la pale  à l’aide de deux plans per-
pendiculaires à l’axe de rotation passant par les points 1 et 2.

Sur l’élément ainsi constitué, on intercepte :
– en projection méridienne (figure 25a ) : les longueurs dm, dr et dz ;
– en vue de face (figure 25c ) : les valeurs rdθ et dr.

Dans un repère cartésien plan, on porte les dm sur l’axe des abs-
cisses et les rdθ sur l’axe des ordonnées. Lorsque la quantité
d’éléments est en nombre suffisant, cette représentation reproduit
la vraie grandeur et les angles de l’aube en tout point. Dans ce cas
précis, ce tracé est qualifié de développée de la pale (figure 25d ).

Dans le cas du dimensionnement, connaissant les angles
d’entrée β10 et de sortie β2∞ nous pouvons, à l’inverse, pour tracer
l’aube, commencer par se donner une développée en forme d’arc
de cercle, et en déduire ses projections en vue de face et en vue
méridienne, la démarche est alors la suivante :

On dispose de deux dessins, la vue méridienne et la développée.

En vue méridienne, partant du rayon d’entrée R1 jusqu’au rayon
de sortie R2, on s’impose un pas dm arbitrairement petit par rap-
port à la longueur totale. On obtient ainsi :

– en vue méridienne : les rayons dr ;
– sur la développée : les valeurs rdθ.

On en déduit ainsi la vue de face à l’aide des couples [rdθ, dr ]. Et
ainsi de suite de l’entrée vers la sortie ou de la sortie vers l’entrée.

Variantes de la développée de la pale

Pour des raisons d’uniformisation avec les lois de cambrure de
la majorité des profils aérodynamiques, la développée est définie
par une ligne en double arc de cercle (figure 26).

La longueur de la pale a une influence certaine sur les perfor-
mances de la machine, en particulier, elle favorise le NPSH requis.
Il est donc intéressant, dans un souci d’optimisation, de pouvoir la
modifier.

La développée de la pale, telle que définie ci-dessous, possède ce
degré de liberté. Elle introduit même deux paramètres de réglage :

Figure 23 – Tracé des enveloppes des cercles

Figure 24 – Définition de l’inclinaison des arêtes d’entrée
et de sortie pour une roue de grand Nsq
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Figure A.7 – Definition of leading and trailing edge for a high specific speed rotor
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A.1. Dimensioning method of a centrifugal rotor CHAPTER A

In practice, this calculation is not reachable so that the inclination θi is fixed arbi-
trarily close to 45◦. Then, the starting velocity is matched with those associated with
their own oscillating circles. Consequently, two different values of the flow velocity are
obtained:

Cm1h = Q

S1h
and Cm1sh = Q

S1sh
(A.22)

Starting from the velocity triangles, the inlet blade angle is calculated based on the
meridional velocity by the following relation:

tan β1h = U1h

Cm1
= ωr1h

Cm1
and tan β1sh = U1sh

Cm1
= ωr1sh

Cm1
(A.23)

Inclination of trailing edge θ2 and outlet blade angles β2h, β2sh

For the centrifugal machine, the trailing edge is parallel to the rotational axis θ2 =
90◦. Thus, the inclinations of the trailing edge rise gradually when the specific speed
increases. This inclination is fixed considering the regularity and feasibility of flow. The
choice of the inclination is closely related to the distribution of the tangential absolute
velocity component Cu2, which is initiated by the designer. A free vortex distribution
is proposed:

Cu2b = K3

r
(A.24)

Where:
The factor K3 is calculated on the mean line.
The vortex is fixed. The velocity triangle permits to calculate the blade angles at

the hub (β2h) and the shroud (β2sh):

tan β2h = U2h − Cu2h

Cr2h
and tan β2sh = U2sh − Cu2sh

Cr2sh
(A.25)

Where:
U2h = ωR2h and U2sh = ωR2sh (A.26)

Cu2h = f (Ki, R2h) and Cu2sh = f (Ki, R2sh) (A.27)
The value of Cr2 is determined following the same method for the blade inlet.

A.1.4 Tracing blades in two views
A mean line of the meridional channel is generated by the imprint of the blade

on a revolution surface as shown in figure A.8b. One element of the blade is cut by
two planes perpendicular to the axis of rotation passing through points 1 and 2. The
element can be constituted in two projections:

- The element lengths dm, dr and dz in meridional view (figure A.8a);
- The values rdθ and dr in front view (figure A.8c).
In a planar Cartesian coordinate system, dm is taken on the x-axis and rdθ on the

y-axis. When the number of elements is sufficient, this representation reproduces the
true magnitude and the blade angles in every point. In this case, this line is called a
developed blade angle (figure A.8d).

The distribution of blade angle can be constructed if the blade inlet angle β1 and
the outlet angle β2 are known by the following method:

Considering an element dm with an arbitrary small relative to the total length at
the mean line from the input radius r1 to the output radius r2 in meridional view

VIII
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__________________________________________________________________________________________________________ POMPES ROTODYNAMIQUES

Figure 25 – Ensemble des éléments géométriques permettant le tracé de la pale
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– l’angle β3 : défini dans le cas d’un arc de cercle unique par :
l’augmenter ou le réduire permet respectivement d’augmenter ou
de réduire la longueur de la pale ;

– le facteur de forme FF : c’est un rapport qui définit la position
de β3 sur l’axe des abscisses, on peut le confondre aussi avec la
position de flèche maximale. Il permet le réglage fin de la longueur
de la pale. Nous le limitons à l’intervalle [0,25 ; 0,75] pour
permettre une évolution convenable entre les angles β10 et β3
d’une part et entre β3 et β2∞ d’autre part.

2.4 Exemple de calcul
de prédimensionnement
d’une roue centrifuge de Nsq32

Le calcul envisagé concerne la pompe déjà présentée au début
de l’article (figures 1 et 6) : les performances nominales à atteindre
constituent le cahier des charges simplifié suivant :

N = 1 470 tr/min, le débit Q est de 590 m3/h, soit 0,164 m3/s, la
hauteur H = 49 m.

■ Éléments concernant l’entrée de roue (voir figure 17)

Le calcul se déroule à partir des relations (25) et suivantes.

On se fixe d’abord l’angle d’entrée d’aubage en retenant une
valeur usuelle, soit : β10 = 70o.

On calcule en premier le rayon optimal minimisant le NPSH :

On en déduit le rayon moyen à l’entrée de la ligne moyenne :

Puis la largeur d’entrée (en négligeant l’épaisseur des aubages) :

R
Q
Nopt = = = −2 25 3, 0,108 m 3,66 10 m1

2 2et S �

R
Q

R1
opt

= =
tan β
ω

10
2π

0,08 m

b
S

R1 2
= =1

1π
0,073 m
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β2b

Figure A.8 – Set of geometries elements used to draw the blade: (a) meridian view, (b)
mean stream surface, (c) front view and (d) developed blade angle

(figure A.8a). This element is defined by dr in meridional view (figure A.8a) and rdθ in
front view (figure A.8c). The curve of the developed angle can be deduced by combining
with parameters rdθ and dr in the front view from inlet to outlet or vice versa.

Variations of the developed blade angle

For reasons of uniformity with the camber laws of the majority of the aerodynamic
profiles. The development is defined by a line in the double arc of a circle (figure A.9).
The length of the blade has a certain influence on the performances of the machine.
It can be modified to meet the requirement in case of optimization. There are two
adjustable parameters:

- The angle β3 is defined in the case of a single circular arc by increasing or reducing
this angle. It allows to increase or reduce the length of the blade;

- The form factor (FF) is a ratio that defines the position of β3 on the horizontal
axis. When changing this factor, the length of the blade also changes. In design, the
limitation in the interval of [0.25; 0.75] to allow a suitable evolution between the angles
β1 and β3 on the left-hand side and between β3 and β2b on the other side. This theory
is integral in the 3D turbo software; the design of a centrifugal compressor present in
figure 2.1.
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Remarque : les industriels spécialistes du tracé des roues centri-
fuges opèrent souvent une modification concernant le résultat
obtenu pour b1. La valeur calculée est augmentée de 5 à 15 % pour
tenir compte à la fois de l’épaisseur des pales mais surtout pour
rejeter la montée rapide du NPSH requis vers des débits supé-
rieurs au débit nominal. On réalise ainsi une pompe désadaptée à
l’entrée par un œillard surdimensionné, mais plus performante sur
le plan de la tenue en cavitation.

■ Éléments concernant la sortie de roue (voir figure 17)

La vitesse angulaire spécifique est définie à partir de la
relation (21) qui donne :

À partir de la relation (22), on définit également la vitesse spéci-
fique Nsq = 32. Le diagramme de Cordier (figure 8) donne comme
valeur approchée du rayon spécifique Λ = 2,4. La valeur standard à
retenir pour la roue est donnée par la relation (30) :

Partant du Nsq = 32, la figure 7 nous aurait donné Rs = 1,4 et par-
tant de la relation (7), la valeur de R2 :

Ces valeurs n’étant que des tendances, relevées avec une
précision médiocre sur les figures correspondantes et pour rester
proche de l’exemple industriel traité, on retiendra finalement
comme valeur : R2 = 204 mm.

On se place ensuite au niveau de l’équation (32) puis on fait les
calculs décrits ci-après.

On évalue d’abord le rendement hydraulique ηH de la roue à
partir de la formule de Lomakine [relation (32)] au point de
rendement maximal. Pour cela, on calcule d’abord :

soit :

avec Q (m3/s) débit,

N (tr/min) vitesse de rotation.

On en déduit la hauteur théorique et la hauteur théorique infinie
(H est donnée par le cahier des charges et vaut 49 m) :

Cette valeur donne accès directement au terme Cu2 grâce à la
relation d’Euler (31) :

On obtient :

À ce stade du calcul, trois paramètres indépendants doivent être
fixés : le nombre d’aubages Z, l’angle de sortie d’aubage β2∞ et
l’angle φ de conicité en sortie (figure 17b). On retiendra des valeurs
classiques sur lesquelles on pourra ensuite revenir : Z = 5, β2∞ = 63o

et φ = 0 (des valeurs de φ inférieures à 1 seront utilisées dans le cadre
du dimensionnement des pompes hélicocentrifuges). L’influence du
nombre d’aubages sera examinée plus loin plus en détail.

On calcule ensuite le facteur de glissement par la relation de
Pfleiderer (36) :

avec Km = 0,02 Nsq + 0,94 = 1,58 [relation (37)].

La seconde relation d’Euler permet de calculer :

valeur de hauteur d’où l’on peut déduire la composante giratoire
en nombre infini d’aubages :

Les triangles des vitesses en sortie de roue, qui sont rappelés
figure 18 permettent de calculer la vitesse débitante Cr2 puis la lar-
geur b2 [relations (39) et (40)] :

■ Pluralité des solutions

La solution que nous venons de définir n’est pas unique. Il existe
des infinités de solutions permettant de répondre de façon
convenable au problème pris pour exemple, et il est important de

Figure 26 – Définition de la développée en double arc de cercle
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Figure A.9 – Definition of the developed blade angle

A.2 Theory of similarity method
The similarity laws of compressible fluids lead to simple relations with the assump-

tion that the gas is ideal perfect. Under these conditions, the operation of a compressible
turbomachinery is defined by the following various variables:
• The geometric dimensions of the compressor which are characterized by a refe-

rence length r. It is often the outside radius of the rotor;
• The nature characteristic of the fluid which is characterized by the gas constant

R which fixes the mechanical characteristics of the fluid (R = 287Jkg−1K−1),
the ratio of specific heats γ = Cp/Cv, which is sufficient to define the thermal
properties of the fluid; Cp = R γ

(γ−1) ; the dynamic viscosity µ;
• The angular speed ω or the rotation speed N;
• The mass flow rate of the fluid equal to the internal flow rate;
• The isentropic stagnation pressures P 1i and P2i at the inlet and outlet of the

turbomachinery;
• The isentropic stagnation temperature T 1i of the fluid at the inlet of the turbo-

machinery;
• The isentropic efficiency ηi,s, sometimes called adiabatic efficiency. In addition,

the internal polytropic efficiency ηi,p can be used;
• The variation of stagnation enthalpy:∆hi = h2i − h1i

• The internal power: Poi = ṁCp∆T .
The similarity properties applied to geometrically similar compressors make it pos-

sible to reduce the number of independent operating variables by defining dimensionless
groupings of variables or reduced variables. The independent variables are selected as
presented in the following table A.1:

There are eight independent variables, can be measured by four fundamental di-
mensions (M, L, T and Θ). According to the π theorem 2, the number of dimensionless

2. Which is often called the Buckingham theorem. In fact, various forms of the theorem are inde-
pendently discovered by Vaschy (1892), Federmann (1911), and Riabouchinsky (1911)

X
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Table A.1 – Independent variables

Symbol Definition Dimension
P1i Isentropic stagnation pressure at the inlet ML−1T−2

T1i Isentropic stagnation temperature at the inlet Θ
r Reference dimension (outside radius of the second rotor) L
ṁ Mass flow rate MT−1

N Rotational speed T−1

γ Specific heat ratio Dimensionless
µ Dynamic viscosity of the gas ML−1T−1

R Gas constant L2T−2Θ−1

independent variables can be reduce to 4 (= 8 - 4). So that four groups of dimen-
sionless independent variables can be made: π1= ṁ

√
RT1i

r2T1i
(dimensionless mass flow);

π2= Nr√
RT1i

(dimensionless rotational speed); π3= ṁ
µR

(dimensionless Reynolds number);
π4=γ.
Besides the above independent variables, the remaining variables are dependent. They
are listed in the table A.2

Table A.2 – Dependent variables

Symbol Definition Dimension
P2i Isentropic stagnation pressure at the outlet ML−1T−2

ηi,S Isentropic efficiency Dimensionless
∆hi Variation of stagnation enthalpy L2T−2

Pi Power ML2T−3

By applying the π theorem, the following four dimensionless groups are obtained:
π5=P2i

P1i
(Pressure ratio); π6=η (efficiency); π7=∆Ti

T1i
(dimensionless enthalpy); π8= Poi

r2P1i
√
RT1i

(dimensionless power).
Two turbomachines are geometrically similar when it can get one from the other

by multiplying all the linear dimensions by a same factor k called geometric similarity
coefficient. All similar turbomachines form a family characterized by consistency:

• All the linear dimension ratios to a reference length that it chose equal to the
outside radius of the rotor r;
• Homologous angles, in particular angles defining the position of the blades, both

fixed and mobile.

Consequently, the turbomachinery of a given family is entirely determined if only
one linear dimension is identified. Let us take two compressors of the same type (i.e.
geometrically similar) α and β. They deliver a compressible fluid of the same γ. Let us
take two operating points where they have a similar velocity triangle (figure A.10[69]).
Generally, the positions of these points are indifferent to the characteristic curves of
the compressors. Clearly, these can be points far from the nominal point. Either:

• The geometric similarity coefficient k: (r)β=k. (r)α;
• The ratio of two velocity c: (U2)β=c. (U2)α.
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Et plus généralement :

Pour ne pas alourdir les démonstrations, on se place dans le cas
particulier (mais néanmoins assez général en pratique) pour lequel
l’entrée du fluide dans la roue est radiale (v 1u = 0).

3.3.1 Pouvoir manométrique théorique

On a, d’après ce qui précède, les relations (33) entre les vitesses :

(u 2)β = c · (u  2)α et (v  2u )β = c · (v  2u )α

ce qui donne en multipliant terme à terme :

(u 2)β (v   2u)β = c   2 · (u  2)α (v  2u)α

On a aussi :

En divisant membre à membre les deux relations précédentes, il
vient :

(34)

ce qui élimine la constante de similitude. Soit d’après l’équation
d’Euler ([BM 4 281], § 4.1.1) :

(35)

où τa = u   2 · v  2u est le travail sur l’arbre.

On retrouve, pour les turbomachines à fluide compressible, le
pouvoir manométrique théorique des machines à fluide incom-
pressible.

On remarque que l’on pourrait écrire aussi, en se ramenant aux
conditions à l’entrée (l’indice 1 caractérisant l’état du fluide à
l’admission des turbomachines) :

(36)

3.3.2 Variation d’enthalpie réduite

Le premier principe de la thermodynamique, pour des turbo-
machines adiabatiques donne :

τ a = ∆h i (37)

où ∆h i est la variation d’enthalpie d’arrêt.

Il vient alors, d’après l’expression (36) :

(38)

En tous points homologues, et donc en particulier à l’aspiration,
les nombres de Mach doivent être égaux. Les triangles des vitesses
étant semblables, il en résulte qu’entre les vitesses d’entraînement
u et les célérités des ondes sonores a en deux points homologues,
on doit avoir :

(39)

Cette expression traduit donc la similitude des champs de vitesses
et l’égalité des nombres de Mach :

(40)

Donc :

(41)

(T   1)  β et (T  1)  α étant les températures statiques.

On sait qu’entre les températures statiques et les températures
d’arrêt isentropiques, on a la relation générale :

(42)

Or γ et M sont constants lors de la similitude, donc :

(43)

La relation (41) donne alors :

(44)

(45)

Regroupant les relations (38) et (45), il vient :

(46)

Soit :

(47)

On retrouve la variable réduite sans dimension π 5 , c’est la
variation d’enthalpie réduite (§ 2.5.2).

On a déjà montré que l’expression (47) se réduisait à [voir
expression (20)] :

(48)

Figure 5 –  Triangles des vitesses semblables
de deux compresseurs de même famille
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Figure A.10 – Similar velocity triangles of two turbomachines of the same family

Pressure coefficient

According to the velocity relation of two turbomachines:

(U2)β = c. (U2)α and (Cu2)β = c. (Cu2)α (A.28)

So that:
(U2)β (Cu2)β = c2. (U2)α (Cu2)α (A.29)

On the other hand, the following relation is given:

(U2)β = c2. (U2)α (A.30)

The pressure coefficient is calculated by:{
U2Cu2

(U2)2

}
β

=
{
U2Cu2

(U2)2

}
α

(A.31)

Variation of non-dimensional enthalpy

According to the first thermodynamics law in adiabatic turbomachinery:

∆hi = U2Cu2 (A.32)

From the relation of equation (A.31), the following equation is got:{
∆hi
(U2)2

}
β

=
{
∆hi
(U2)2

}
α

(∆hi)β
(∆hi)α

= (U2
1)β

(U2
1)α

= c2
(A.33)

In all homologous points, and therefore especially at the aspiration, the Mach numbers
must be equal. The velocity triangles being similar, as a result between the blade having
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the speeds U and speed of sound a at two similarities, the following equation can be
got: {

U1

a1

}
β

=
{
U1

a1

}
α

(A.34)

therefore: {
U1√
RT 1

}
β

=
{

U1√
RT 1

}
α

(A.35)

With (T 1)β and (T 1)α the static temperatures.
It knows that between static temperatures and isentropic stagnation temperatures.

A general relationship can be obtained:

T i
T

= 1 + γ − 1
2 M2 (A.36)

Moreover, γ and M are constant during the similarity, so:{
T 1i

T 1

}
β

=
{
T 1i

T 1

}
α

(A.37)

From the relation of the equation (A.35), the following relation can get:

(RT 1)β
(RT 1)α

=
(U2

1)β
(U2

1)α
= c2 (A.38)

By Combining equation (A.33) and equation (A.38) the following relation is obtained:

(∆hi)β
(∆hi)α

= c2 =
(RT 1i)β
(RT 1i)α

(A.39)

So that, the dimensionless enthalpy variation can be obtained:{
∆hi
RT 1

}
β

=
{
∆hi
RT 1

}
α

(A.40)

The equation (A.40) can be written into:{
∆T i
T 1i

}
β

=
{
∆T i
T 1i

}
α

(A.41)

Non-dimensional rotation speed

Due to the similarity of the velocity of the two compressors, the following relation
can be obtained:

(U1)β
(U1)α

= (
√
RT 1i)β√
RT 1iα

= c = (U2)β
(U2)α

(A.42)

Besides that:
(U2)β
(U2)α

= (rN)β
(rN)α

= c (A.43)

From equations (A.42) and (A.43) the non-dimensional rotation speed can be written
as: {

rN√
RT 1i

}
β

=
{

rN√
RT 1i

}
α

(A.44)
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Efficiency

The Reynolds number and the Mach number are equal, and the velocity triangle
is similar. In addition, the shaft power is proportional to U2 so both compressors have
the same efficiency. So:

(ηi,S)β = (ηi,S)α (A.45)
Similar to polytropic efficiency:

(ηi,P )β = (ηi,P )α (A.46)

Pressure ratio

A relationship between the inlet and outlet pressures can obtained as:

P 2i

P 1i
=
(

1 + ηi,P
∆T i
T 1i

) γ
γ−1

(A.47)

Because γ is constant and from equation (A.45), equation (A.41) the expression of
equation (A.47) can be written:{(

1 + ηi,P
∆T i
T 1i

) γ
γ−1
}
β

=
{(

1 + ηi,P
∆T i
T 1i

) γ
γ−1
}
α

(A.48)

In addition, P 2i
P 1i

is constant so that two turbomachines have the same pressure ratio
during similarity.

Non-dimensional mass flow rate

The mass flow rate ṁ is equal to the product of ρSC. It can be considered two
homologous points: {(ṁ)β

(ṁ)α

}
=
{(ρ1S1C1)β

(ρ1S1C1)α

}
(A.49)

Because of perfect gas,P
ρ

= RT , so:{
(ṁRT 1)
(ρ1S1C1)

}
β

=
{(ṁRT 1)β

(ρ1S1C1)

}
α

(A.50)

The geometry similarity gives:
(S1)β
(S1)α

= k2 =
(r2)β
(r2)α

(A.51)

The equality of the Mach numbers gives:

(C1)β
(C1)α

=
(a1)β
(a1)α

=

(√
RT 1

)
β(√

RT 1
)
α

(A.52)

Therefore, the two properties translate to equality:{
ṁ
√
RT 1

P 1r2

}
β

=
{
ṁ
√
RT 1

P 1r2

}
α

(A.53)

From equation (A.37), the equation (A.53) becomes:{
ṁ
√
RT 1i

P 1ir2

}
β

=
{
ṁ
√
RT 1i

P 1ir2

}
α

(A.54)
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Non-dimensional characteristics

It can be written the expression of general operation of a turbomachinery as:
P2i

P1i
,

∆Ti
T1i

, η,
Poi

r2P1i
√
RT1i

= f1,2...

(
ṁ
√
RT1i

P1ir2 ; Nr√
RT1i

; ṁ

µr
; γ

)
(A.55)

In most cases, the similarity is used for a constant γ gas from the characteristics of
given turbomachinery (homothetic ratio k = 1). In this case, it can be removed some
variables such as the size of the compressor as well as the characteristics of the fluid
to form non-dimensional variables:

P2i

P1i
,

∆Ti
T1i

, η,
Poi

P1i
√
T1i

= f1,2...

(
ṁ
√
T1i

P1i
; N√

T1i
; Re

)
(A.56)

A.3 Instability control method

A.3.1 Instability control at the speed of N2 = 10, 000rpm
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Figure A.11 – Controlling the stability limit points to enlarge the operating range of
CRCC with N2 = 10, 000rpm by varying the first rotor speed (N1)

Fig. A.11 shows the characteristic curves of CRCC for N2 = 10, 000rpm with a
speed ratio of θ7 = −1.3. The blue points indicate that the compressor works stably,
while the red points represent instability state. The pressure fluctuations in the system
at unstable points (the red points) show that its amplitude depends on the pressure rise.
The FFT transforms of the pressure signals (as shown in fig. A.12 - fig. A.30) illustrate
that the pressure fluctuation frequency is always maintained at 2Hz. The harmonic
frequencies are also clearly observed as at the speed of N2 = 9, 000rpm. Fig. A.31
depicts the characteristic curves of CRCC with different speed ratios in comparison
with the SRCC. The variable speed of the first rotor for suppressing the instability
phenomenon is also shown in fig. A.32.
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Figure A.12 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P10 with N1 = −13, 000rpm and N2 = 10, 000rpm
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Figure A.13 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P11 with N1 = −13, 000rpm and N2 = 10, 000rpm
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Figure A.14 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P12 with N1 = −11, 200rpm and N2 = 10, 000rpm
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Figure A.15 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P13 with N1 = −11, 200rpm and N2 = 10, 000rpm
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Figure A.16 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P14 with N1 = −10, 000rpm and N2 = 10, 000rpm
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Figure A.17 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P15 with N1 = −8, 200rpm and N2 = 10, 000rpm
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Figure A.18 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P16 with N1 = −6, 400rpm and N2 = 10, 000rpm
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Figure A.19 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P17 with N1 = −4, 600rpm and N2 = 10, 000rpm
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Figure A.20 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P18 with N1 = −2, 800rpm and N2 = 10, 000rpm
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Figure A.21 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P19 with N1 = −2, 200rpm and N2 = 10, 000rpm
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Figure A.22 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P20 with N1 = −2, 200rpm and N2 = 10, 000rpm
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Figure A.23 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P21 with N1 = 0rpm and N2 = 10, 000rpm
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Figure A.24 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P22 with N1 = 1, 400rpm and N2 = 10, 000rpm
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Figure A.25 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P23 with N1 = 2, 660rpm and N2 = 10, 000rpm
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Figure A.26 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P24 with N1 = 2, 660rpm and N2 = 10, 000rpm
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Figure A.27 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P25 with N1 = 4, 460rpm and N2 = 10, 000rpm
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Figure A.28 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P26 with N1 = 5, 240rpm and N2 = 10, 000rpm
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Figure A.29 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P27 with N1 = 5, 240rpm and N2 = 10, 000rpm
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Figure A.30 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P28 with N1 = 6, 260rpm and N2 = 10, 000rpm
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Figure A.31 – Characteristic curves of CRCC at different speed ratios without the
unstable working points by reducing the rotation speed of the first rotor while the second
rotor speed is fixed at N2 = 10, 000rpm compared to the characteristic curve of SRCC at

10, 000rpm (REF-10krpm)
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Figure A.32 – The variation of the first rotor speed for suppressing the instability
phenomenon at the speed of N2 = 10, 000rpm
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A.3.2 Instability control at the speed of N2 = 11, 000rpm
Fig. A.33 shows the characteristic curves of CRCC for N2 = 11, 000rpm with a

speed ratio of θ7 = −1.3. The blue points indicate that the compressor works stably,
while the red points represent instability state. Like other speeds, the FFT transform
of the pressure signals at the unstable points (the red points) shows that the frequency
of the pressure signal always remains at 2Hz. To eliminate the instability phenomenon,
the reduction of the rotation speed of the first rotor is carried out and is shown in fig.
A.50. The characteristics of the compressor with different speed ratios after eliminating
instability are also shown in fig. A.49. It is easy to see that all curves are the same
at the improved region because of the same speed as the second rotor at 11, 000rpm.
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Figure A.33 – Controlling the instability limit points to enlarge the operating range of
CRCC with N2 = 11, 000rpm by varying the first rotor speed (N1)
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Figure A.34 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P9 with N1 = −14, 300rpm and N2 = 11, 000rpm
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Figure A.35 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P10 with N1 = −14, 300rpm and N2 = 11, 000rpm
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Figure A.36 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P11 with N1 = −12, 500rpm and N2 = 11, 000rpm
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Figure A.37 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P12 with N1 = −10, 640rpm and N2 = 11, 000rpm
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Figure A.38 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P13 with N1 = −10, 640rpm and N2 = 11, 000rpm
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Figure A.39 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P14 with N1 = −8, 660rpm and N2 = 11, 000rpm
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Figure A.40 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P15 with N1 = −6, 140rpm and N2 = 11, 000rpm
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Figure A.41 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P16 with N1 = −5, 120rpm and N2 = 11, 000rpm
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Figure A.42 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P17 with N1 = −5, 120rpm and N2 = 11, 000rpm
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Figure A.43 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P18 with N1 = −2, 720rpm and N2 = 11, 000rpm
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Figure A.44 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P19 with N1 = 0rpm and N2 = 11, 000rpm
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Figure A.45 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P20 with N1 = 2, 700rpm and N2 = 11, 000rpm
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Figure A.46 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P21 with N1 = 2, 700rpm and N2 = 11, 000rpm
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Figure A.47 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P22 with N1 = 6, 420rpm and N2 = 11, 000rpm
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Figure A.48 – The pressure signals (a) and its FFT analysis at the inlet (b) and between
two rotors (c) of the point P23 with N1 = 7, 080rpm and N2 = 11, 000rpm

Figure A.49 – Characteristic curves of CRCC at different speed ratios without the
unstable working points by reducing the rotation speed of the first rotor while the second
rotor speed is fixed at N2 = 11, 000rpm compared to the characteristic curve of SRCC at

11, 000rpm (REF-11krpm)
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Figure A.50 – The variation of the first rotor speed for suppressing the instability
phenomenon at the speed of N2 = 11, 000rpm

A.4 Numerical simulation

A.4.1 Governing equations
The fluid flow is governed fundamentally by the conservation of mass, momentum,

and energy, together with the second law equation if the flow is non-isentropic.

Conservation of mass equation

This equation gives the rate of change of mass contained within a defined region of
space, equal to the sum of the mass fluxes in and out of the region.

∂ρ

∂t
+∇.(ρC) = 0 (A.57)

where, in Cartesian coordinates, C = Cxix + Cyiy + Cziz is the velocity vector, i is
a unit vector and:

∇ =
(
∂

∂x

)
ix +

(
∂

∂y

)
iy +

(
∂

∂z

)
iz (A.58)

In cylindrical polar coordinates, C = Crir + Cθiθ + Cziz and

∇ =
(
∂

∂r

)
ir +

(
∂

∂θ

)
iθ +

(
∂

∂z

)
iz (A.59)

Momentum equation

The momentum equates the net flux of fluid momentum through a volume of space
with the force acting on this volume. These may be body forces, caused by solid surfaces
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next to the volume, pressure forces caused by the action of viscosity in the working
fluid [49].

∂

∂t
(ρC) + ρC.∇C = ρB−∇P + ρf (A.60)

The left-hand side of the equation represents the rate of change of fluid momentum
in the volume and the total momentum of fluid crossing the boundaries of the volume
respectively. On the right-hand side, B and f are respectively the net body force and
shear force per unit mass. ∇P represents the pressure force. This equation is known
as the Navier-Stokes equation.

The shear force term f in equation A.60 can be expressed in terms of the fluid
viscosity µ for laminar flow of a Newtonian fluid:

ρf = 2µ
[
∇2C + 1

3∇ (∇.C)
]

(A.61)

In principle, the Navier-stokes equation is applied to turbulent eddies as well as
to laminar flows. In fact, the computational effort required tracking, even the largest
eddies encountered, is far beyond present capabilities. It is necessary to resort to sim-
plified means of application for the turbulent flows which are in practice far more
commonly encountered in compressible flow turbomachines than laminar flows. In this
case, the Navier-Stokes equation is averaged in time over the turbulent fluctuations,
and the influence of turbulence appears as an additional shear stress term:

(τij)turb = −ρcicj (A.62)

where ci is the component of turbulent fluctuation superimposed on the mean velocity
component Ci, and i, j are the two coordinate directions. The stress terms in equation
(A.62) are known as the Reynolds stress. When they are added to the viscous stresses
it gives:

τtotal = τviscous + τturb (A.63)
This equation is known as the Reynolds averaged Navier-Stokes equation. For viscous
turbomachinery flow calculations, this is the form usually used.

Energy equation

The energy of a fluid per unit mass is the sum of the specific internal energy u and
the specific kinetic energy C2/2. The rate of change of this quantity is equal to the
sum of the energy fluxes crossing the boundaries of the volume (enthalpy h to include
work done on the boundary of the volume). The net transfer of heat Q and the external
work done on the volume by body shear force:

∂

∂t

[
ρ
(
u+ 1

2C
2
)]

+∇.
[
ρ
(
h+ 1

2C
2
)
C
]

= −ρB.C−Q + ρf.C (A.64)

In practice, it is rarely necessary to use the energy equation in its full form. The flow can
often be regarded as adiabatic so that the heat transfer term is eliminated. In this case,
the stagnation enthalpy is constant along the streamline in the case of a stator passage,
and either the relative stagnation enthalpy or enthalpy is constant along a streamline
in a rotor passage. In many techniques to obtain a solution, the energy equation is
reduced to a simple statement of this nature. If it can further be assumed that the
stagnation or relative stagnation enthalpy is constant across the inlet to the passage,
the energy equation is even simpler, and merely states that the relevant property is
everywhere constant.
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A.4.2 Turbulence model
Two relevant models of turbulence are commonly applied in the numerical simu-

lation of a compressor: k − ε and k − ω models. Both of these models combine the
turbulent kinetic energy k with a dissipation term in order to determine the turbu-
lence eddy viscosity[70]. The k − ε model is developed to improve the mixing-length
model and to avoid the algebraic prescription of the turbulent length scale in complex
flows. The transport equations are solved for two turbulent components: the k-equation
is a model of the transport equation for the turbulent kinetic energy and the ε-equation
is a model for the dissipation rate of turbulent kinetic energy. This model gives a good
result for free-shear-layer flows with relatively small pressure gradients. For all bounded
flows it gives good agreement with the experimental results for zero and small mean
pressure gradient, but it is less accurate for a large adverse pressure gradient. The k−ω
model is developed in parallel with the k − ε model as an alternative to defining the
eddy viscosity function. Convective transport equations are solved for the turbulent
kinetic energy and its specific dissipation rate, k and ω, respectively [71]. This model
is more stable than the k-ε model in the viscous sub-layer near the wall. In addition, it
does not require explicit wall-damping functions as the k-ε and the other two-equation
models do because of the large values of ω in the wall region. In the logarithmic region,
it gives good agreement with experimental results for mild adverse pressure gradient
flows and sensitive to small free-stream values of ω. Because of the problem of sen-
sitivity to free-stream condition, Menter[72] recognized that the ε transport equation
from standard k-ε model could be transformed into a ω transport equation by variable
substitution. His developed model called k-ω SST combines several desirable elements
of existing two-equation models and using the blending function (a function of wall
distance). The standard k-ω model (Wilcox’s model) is applied near the solid walls
and the standard k-ε model is used near the boundary edges and in the free-shear
layer. The switching is achieved with the blending function. The shear stress transport
modeling also modifies the eddy viscosity by forcing the turbulent shear stress to be
bounded by a constant time the turbulence kinetic energy inside boundary layers (a
realizability constraint). This modification improves the prediction of flow with strong
adverse pressure gradients and separation. Wilcox [73] conducted an overview to com-
pare the curacy between the turbulence models and found that the k-ω model and k-ω
SST model give a good agreement with the test results. Consequently, the k-ω SST
model is used to predict the performance of the CRCC.

A.4.3 Motion
There are different ways to simulate the rotational movement in CFD. The two

most important techniques are the sliding mesh and the moving reference frames. In
the moving reference frames approach, a new rotating coordinate system is applied
to an entire region, simulating motion but the mesh is actually not moving. Instead,
the Coriolis and centrifugal forces are added to the momentum equations (A.60) so
even though the positions of the cell vertices do not change the modeled rotation. The
moving reference frame technique is normally used in steady-state simulations. In a
centrifugal compressor geometry, the moving reference frame is usually applied to the
rotor region whereas the rest of the compressor remains static. Some parts such as the
shroud, however, are not rotating so the source terms are actually activated only in the
regions where rotation exists. An important drawback of this method is that the flow
field which is seen by the stationary elements depends on the relative position of these
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elements. It is actually a very limited technique because it is very unrealistic that the
rotor remains stationary. However, the computational cost is very affordable, and it is
the only way to succeed in running and calculating several points on the compressor
map.

The sliding mesh, on the other hand, allows the adjacent cells to another one. The
sliding interface is updated every time step and the cells do not have a correspondent
on the other side of the interface but the connectivity changes every time. In spite of
being far more realistic than the moving reference frames technique, it is much more
expensive and it is generally used when running transient simulations. In this thesis,
the Moving Reference Frames method and sliding mesh are used to handle the rotation
of the wheel and capture the interaction between the two rotors.

A.4.4 Interface
Interfaces can be divided into direct and indirect interfaces. Direct interfaces directly

join the two boundaries that compose the interface by creating an explicit connection
between cells. The two boundaries are merged during the meshing process to guarantee
a conformal mesh across the interface. An example would be the in-place interface that
is used for interfaces in this thesis. In this interface, there is no physical separation
between the boundaries that conforms the interface and mass, momentum and energy
are transferred directly from cell to cell.

Indirect interfaces, however, make an association between the faces of the boun-
daries. The mixing plane interface, for example, tries to mitigate the disadvantage of
the influence of the relative position that the moving reference frame brings. This in-
terface averages circumferentially the flow conditions on both sides making the flow
circumferentially uniform and thus giving rise to a single radial profile. The effect of
this approach is similar to the idea of increasing the number of blades which would
lead to much more uniform flow. If we take a look at a fast-rotating rotor outlet, we
see a circumferential homogeneous flow and this is what the mixing plane is basically
trying to imitate. However, we have to be careful when using the mixing plane inter-
face because, for instance, wake effects cannot be predicted given the circumferential
averaging that is done.

A.4.5 Boundary condition
Boundary conditions play an important role in CFD calculations. Having good

control over our boundary conditions makes it possible to obtain a good solution to
our problem. Star-CCM+ provides the possibility to set different boundary conditions
for the inlet and the outlet of the set-up.

Inlet boundary condition

Typically for the inlet, a velocity inlet, stagnation inlet, mass flow inlet, or free
stream boundary conditions can be applied. The free stream is a none re-effective
boundary condition frequently used when studying acoustics. For the stagnation inlet
boundary condition, a total pressure needs to be specified. A mass flow inlet is chosen
in this thesis since the mass flow is the known variable - from the specifications - that
is imposed to calculate every case. The total temperature is set at 300K, while the
turbulence intensity and turbulent viscosity ratio remain as default.
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Outlet boundary condition

For the outlet boundary condition, a pressure outlet is often specified. In this thesis,
the outlet static pressure is imposed (atmospheric pressure at 101, 325Pa).

The Wall boundary condition

Together with the inlet and outlet boundary conditions, the wall closes the compu-
tational domain. The whole compressor casing including the inlet, outlet pipe, shroud,
and the volute is set as wall boundary conditions. The walls are treated adiabatically
since we are not interested in the heat transfer phenomenon. A non-slip wall condition
is specified, this is, the velocity of the fluid is zero on the walls.

A.4.6 Solving strategies
Star-CCM+ provides two different solving strategies. The segregated flow model

which solves sequentially the equations and a predictor-corrector approach is used
to link the momentum and continuity equations. It is based on a collocated variable
arrangement (as opposed to staggered) and a Rhie-and-Chow-type pressure-velocity
coupling combined with a SIMPLE-type algorithm [70]. In addition, it is normally
used in constant-density, for example, the mildly compressible flows and low Rayleigh
number natural convection. So, it is not applicable to a high Mach number, shock
waves, and high Rayleigh-number applications.

The Coupled Flow model solves the conservation equations for mass, momentum,
and energy simultaneously using a pseudo-time-marching approach. The advantage
of this model is its robustness for solving flows with dominant source terms, such as
rotation and the CPU time scales linearly with the number of cells; in other words, the
convergence is usually slower and harder to achieve if the mesh is refined [70]. Besides,
this model needs a higher resource, so it is quite expensive to simulate. In this thesis,
the flow is mildly compressible and the Mach number is not high, so model segregated
flow is applied to save the resource and to converge faster.
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Appendix B

Résumé de thèse

Étude expérimentale de l’interaction aérodynamique
rotor-rotor pour un compresseur centrifuge contraro-
tatif
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B.1 Introduction
L’histoire du système contrarotatif commence au début du XXe siècle avec l’appari-

tion d’un concept de turbine à gaz contrarotatif appliqué à l’hélice d’un avion par Taylor
[15] et Bourdon [16]. Les auteurs ont constaté que l’utilisation d’un système contrarota-
tif améliore non seulement le débit, mais également la poussée. De même, Young [17] et
Wilcox [18] ont rapporté qu’une machine contrarotative avec la même vitesse de rota-
tion fournit une augmentation de pression plus élevée et, par conséquent, une meilleure
capacité d’écoulement. Selon Sharma et al. [19, 20] les performances d’un contra-étage
sont affectées de manière significative par de nombreux paramètres tels que le rapport
de vitesses des deux rotors, l’écart axial entre eux, le rapport moyeu-tête d’aube et
le rapport corde-pas. L’augmentation du rapport de vitesses peut améliorer les per-
formances, mais elle diminue aussi progressivement les performances aéroacoustiques.
Étant donné les multiples avantages du système contrarotatif, beaucoup d’études dans
ce domaine ont été menées. Elles visent à améliorer les performances des applications
dans de nombreux types des turbomachines. Cependant, aucune étude semble avoir été
menée sur le système contrarotatif appliqué aux compresseur centrifuges. Au Labora-
toire d’Ingénierie des Fluides et Systèmes Energétiques (LIFSE), Arts et Métiers, une
compresseur centrifuge contrarotatif innovant a été conçu à partir d’un compresseur
conventionnel. Le rotor du compresseur conventionnel est remplacé par deux rotors
contrarotatifs. Un banc d’essai a été développé afin de comparer les performances d’un
système contrarotatif par rapport à un compresseur centrifuge conventionnel. La thèse
se compose de 5 chapitres principaux :

• Le chapitre 1 présente les connaissances de base des compresseurs centrifuges et
l’état de l’art du système contrarotatif.
• Le chapitre 2 présente la méthode de conception d’un rotor seul et des rotors

contrarotatifs basée sur le rapport de la longueur méridienne LR du premier
rotor. Les quatre configurations de type contrarotatif ont été conçues sur la base
de quatre coefficients LR: 0.3, 0.4, 0.5 et 0.6. Une étude numérique a été effectuée
sur ces quatre configurations. La configuration "LR = 0.3" obtient de meilleurs
performances avec moins de pertes locales que les autres configurations. Cette
configuration a donc été choisie afin d’être étudiée expérimentalement.
• Le chapitre 3 présente le banc d’essai et la méthode de mesure utilisée. Le calcul

des incertitudes sur la mesure est également présenté dans cette partie.
• Le chapitre 4 présente les résultats expérimentaux obtenus avec le compresseur

contrarotatif. Trois modes de fonctionnement du compresseur ont été étudiés : le
premier rotor en rotation libre, le premier rotor fixe et en mode contrarotatif (le
premier rotor tourne dans le sens opposé au second). La méthode des similitudes
est également appliquée dans cette partie pour estimer les résultats pour une
configuration à une vitesse de rotation de 16 000 tr/min. Des rapports de vitesses
entre les rotors ont également été étudiés pour évaluer les performances de la
machine. Une étude numérique des compresseurs contrarotatifs fonctionnant à
une vitesse de 10 000 tr/min a menée. Le travail se focalise sur deux points
principaux: le point de rendement maximal (BEP) et près de la limite de pompage
(NIP). Des simulations en régime instationnaire sont également menées pour
étudier l’écoulement du fluide à l’intérieur du compresseur.
• Le chapitre 5 présente des travaux ont menées pour repousser le limite de pom-

page. Les résultats obtenus montrent une réduction de cette zone de pompage
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grâce au compresseur contrarotatif utilisé dans une configuration de co-rotation.
De plus, le résultat numérique du point élargi (ESLP) vers la zone de pompage
a effectué pour comprendre l’écoulement à l’intérieur du compresseur.

Les résultats expérimentaux montrent que l’utilisation d’un système contrarotatif amé-
liore non seulement le taux de compression, mais aussi les rendements de la machine à
des vitesses inférieures à la vitesse de conception par rapport au compresseur conven-
tionnel. L’étude par similitude ramenée à la vitesse de conception montrent que le
système contrarotatif améliore le taux de compression de 15.13% avec un rendement
reste presque identique à 72%. Avec une vitesse adéquate des deux rotors, le système
contrarotatif étend significativement la plage de fonctionnement vers la zone de pom-
page.

B.2 Conceptions des rotors contrarotatif
Dans cette thèse, le rotor seul du compresseur centrifuge conventionnel est rem-

placé par deux rotors successifs. Ils sont entraînés indépendamment l’un de l’autre par
deux moteurs électriques. La figure B.1 représente les deux rotors de la configuration
contrarotatif. Sur cette figure, le premier rotor tourne avec à une vitesse angulaire ω1 et
le deuxième tourne dans la direction opposée avec une vitesse angulaire ω2. Le premier
rotor a une taille plus petite et est situé en amont du deuxième rotor. Celui-ci reçoit
donc directement le flux de fluide du premier et apporte plus d’énergie pour le com-
primer afin d’augmenter la pression. Pour simplifier la conception, les paramètres du
rotor basés sur la vue méridienne du rotor seul sont conservés. De plus, pour minimiser
la perte entre le deuxième rotor et la volute, l’angle des aubes à la sortie du deuxième
rotor reste le même que celui du rotor seul. Les rotors contrarotatifs ont été conçus de
la manière suivante :
• Le taux de compression de chaque rotor et le taux de compression total du com-

presseur centrifuge contrarotatif (CRCC) sont imposés pour calculer la pression
à l’entrée et à la sortie de chaque rotor ;
• Les paramètres géométriques des rotors sont déterminés en calculant les angles

des aubes en fonction des relations aérodynamiques.

2

1

First 
rotor

Second 
rotor

Drive 
shaft

Electric 
motor

Volute

Figure B.1 – La structure du compresseur centrifuge contrarotatif (CRCC)
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B.2.1 Conception du premier rotor
Le premier rotor est dessiné en fonction du diamètre de sortie. Il peut être déterminé

par le rapport de la longueur (LR) qui est défini de la manière suivante :

LR = L1st

Lm
(B.1)
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Figure B.2 – Schéma du triangle des vitesses du CRCC: (a) vue de face et (b) vue méridien

Ce paramètre est libre et est choisi arbitrairement. Dans cette étude, quatre valeurs
de LR : 0.3, 0.4, 0.5, 0.6 ont été testé afin de construire respectivement quatre configura-
tions CF1, CF2, CF3 et CF4. Pour chaque configuration, les paramètres géométriques
des aubes (angle à l’entrée et angle à la sortie) sont calculés selon les équations aéro-
dynamiques. Les composantes de la vitesse à l’entrée et à la sortie sont identifiées par
le triangle des vitesses comme montré sur la figure B.2.

Le premier rotor est conçu par BladeGen d’ANSYS15 en déterminant l’angle de
l’aube à l’entrée et à la sortie du rotor. Quatre configurations du premier rotor sont
représentées sur la figure B.3. Les spécifications géométriques des premiers rotors sont
présentées dans le tableau B.1.

B.2.2 Conception du deuxième rotor
Les conditions aérodynamiques à la sortie du premier rotor sont utilisées comme

conditions d’entrée pour le deuxième rotor. Pour simplifier le calcul, certaines hypo-
thèses sont faites :
• La pression à la sortie du premier rotor est la même que celle à l’entrée du

deuxième rotor, P 3 = P 2 ;
• La direction de l’écoulement du fluide reste la même de la sortie du premier rotor

à l’entrée du deuxième rotor, α2 = α3 ;
• La température entre le premier et le deuxième rotor est constante, T 2 = T 3 ;
• La vitesse est constante de la sortie du premier rotor à l’entrée du deuxième rotor,
C2 = C3.
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(a) LR=0.3 (b) LR=0.4

(c) LR=0.5 (d) LR=0.6

Figure B.3 – Schéma des quatre géométries de premier rotor étudiés pour les autres
configurations de CRCC : (a) CF1,(b) CF2, (c) CF3 et (d) CF4

Table B.1 – Paramètres géométriques du premier rotor des quatre configurations de
CRCC: CF1, CF2, CF3 et CF4

Paramètres CF1 CF2 CF3 CF4
LR 0.3 0.4 0.5 0.6
d1h 59.5mm 59.5mm 59.5mm 59.5mm
d1sh 161mm 161mm 161mm 161mm
d2h 118mm 140mm 163mm 186mm
d2sh 176mm 186mm 200.8mm 216mm
Π1 1.03 1.05 1.08 1.11
η1i 90 90 90 90
β1h 46◦ 46◦ 46◦ 46◦
β1sh 70.4◦ 70.4◦ 70.4◦ 70.4◦
β2h 51◦ 57.4◦ 56◦ 60◦
β2sh 68◦ 69.4◦ 68◦ 66.4◦
N1 −16000rpm −16000rpm −16000rpm −16000rpm
Z1 7 7 7 7

Par la même méthode, les angles des aubes à l’entrée et à la sortie du deuxième
rotor sont déterminés par la relation aérodynamique. Les différentes conceptions du
deuxième rotor sont réalisées dans BladeGen d’ANSYS15 comme indiqué sur la figure
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B.4. Quatre configurations du CRCC sont obtenues. Ces paramètres de configuration

(a) LR=0.3 (b) LR=0.4

(c) LR=0.5 (d) LR=0.6

Figure B.4 – Schéma des quatre géométries de deuxième rotor étudiés pour les autres
configurations de CRCC : (a) CF1,(b) CF2, (c) CF3 et (d) CF4

Table B.2 – Paramètres géométriques du deuxième rotor des quatre configurations de
CRCC: CF1, CF2, CF3 et CF4

Paramètres CF1 CF2 CF3 CF4
LR 0.3 0.4 0.5 0.6
d3h 128.5mm 150mm 172mm 198mm
d3sh 183mm 198mm 210mm 228mm
d4 286mm 286mm 286mm 286mm
Π2 1.27 1.25 1.22 1.20
η2i 90 90 90 90
β3h 73.9◦ 76.4◦ 79.6◦ 81.3◦
β3sh 77.7◦ 79◦ 80.9◦ 82.1◦
β4 64◦ 64◦ 64◦ 64◦
N2 16000rpm 16000rpm 16000rpm 16000rpm
Z2 10 10 10 10

CRCC sont présentés dans le tableau B.2. Une étude numérique a été menée pour
évaluer l’effet du LR sur les performances du compresseur. Les résultats obtenus ont
permis de choisir la meilleure configuration de CRCC sur cette machine.

B.2.3 Évaluation des performances
Des simulations numériques ont été menée pour comparer l’effet du système contra-

rotatif par rapport à une compresseur conventionnel. Les simulations sont réalisées à
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l’aide d’un modèle compressible tridimensionnel en régime permanent avec le logiciel
commercial Star CCM+. Le modèle de turbulence choisi est le modèle k-ε réalisable
à deux couches, ainsi la méthode de discrétisation du second ordre. Pour faciliter la
comparaison des résultats, un même modèle de calcul est défini pour le compresseur
centrifuge mono roue (SRCC) et pour les quatre configurations CRCC, dans les mêmes
conditions de fonctionnement. Il est à noter que dans ce modèle de calcul, il n’est pas
fait mention du jeu entre le rotor et le carter. Les conditions aux limites sont fixées
avec les paramètres de fonctionnement du compresseur suivants : le débit massique au
point nominal est fixé à 0,73 kg/s, la pression de sortie est la pression atmosphérique
égale à 101 325 Pa, la vitesse de rotation des rotors est de 16 000 tr/min.

La convergence du maillage est vérifiée. Afin d’avoir des résultats indépendants du
nombre de cellules, le maillage doit être constitué de plus de 5.26 millions mailles. La
figure B.5 présente le taux de compression statique du CRCC en fonction de la variation
du débit massique. Le taux de compression du CRCC semble être amélioré à un débit
inférieur à celui du point de fonctionnement nominal (DP). Les configurations CF1,
CF3 et CF4 permettent d’augmenter significativement le taux de compression. Le taux
de compression de CF2 est assez proche de celui de SRCC. Dans la zone proche du
pompage, les taux de compression de CF1, CF3, CF4 conservent des valeurs similaires.
Tandis que la configuration CF2 fournie une valeur similaire à celle de SRCC. CF1
permet d’obtenir un taux de compression plus stable que les autres configurations.
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Figure B.5 – Comparaison des taux de compression des quatre configurations de CRCC

La figure B.6 montre les évolutions des rendements polytropiques en fonction du
débit massique pour chaque configuration. CF1 permet d’obtenir le meilleur rende-
ment polytropique d’environ 80 % au DP . Par conséquent, la configuration CF1 a été
sélectionnée pour la suite de l’étude et notamment pour l’étude expérimentale.
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Figure B.6 – Comparaison des rendements polytropiques des quatre configurations de
CRCC

B.3 Banc d’essai RAICOR

B.3.1 Adaptation avec le banc d’essai du compresseur conven-
tionnel

Le banc d’essai RAICOR est développé à partir du banc d’essai du compresseur
centrifuge conventionnel du LIFSE. Pour le dispositif CRCC, il est nécessaire d’adapter
le banc pour contrôler l’entraînement des deux roues indépendamment l’une de l’autre.
CRCC a deux rotors indépendants qui sont entraînés par deux moteurs électriques
et disposés de chaque côté du compresseur. Pour ces raisons, le banc d’essai doit être
modifié pour être compatible avec la nouvelle structure du CRCC. Le tuyau d’aspiration
doit être adapté pour répondre au changement de structure de la nouvelle machine.
Pour ce faire, un tuyau coudé est utilisé. Afin d’éviter le phénomène de résonance
sur l’arbre d’entraînement, il est nécessaire de réduire la distance entre le rotor et
le moteur d’entraînement. Pour cela, un tuyau courbé avec un angle de 90◦ est alors
utilisé. L’impact du tuyau coudé sur les performances du CRCC a été évalué. Le résultat
montre que le tuyau coudé affecte légèrement les performances du CRCC en raison de
la vitesse asymétrique à l’entrée, en particulier, dans la région à faible débit. Pour ces
travaux, l’impact du tuyau coudé est considéré comme acceptable.

B.3.2 Banc d’essai RAICOR
Le CRCC se composent de deux rotors, d’un arbre de transmission et de quelques

composants supplémentaires tels que le bloc de carter, le bloc d’entrée, et le support
de moteur électrique, etc. Le banc d’essai RAICOR est présenté sur la figure B.7.

Le banc d’essai fonctionne de la manière suivante : l’air entre dans le réservoir (1)
à travers une plaque percée de 120 trous de 8mm de diamètre. L’obstruction d’un
certain nombre de trous permet d’ajuster le débit d’entrée dans le compresseur. L’air
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20D

12D

3D

4D

D

1
2

3
4

5

6

7

Figure B.7 – Schéma du banc d’essai RAICOR utilisé pour l’étude des compressor CRCC

passe ensuite à travers une conduite d’un diamètre de D = 158, 5mm de 3, 5m de long.
Un nid d’abeilles est placé en amont de de la conduite afin de rendre le profil de vitesse
uniforme à l’entrée. L’air entre ensuite dans le compresseur puis passe à travers un
silencieux pour enfin ressortir dans l’air environnant à la pression atmosphérique. Les
deux rotors de CRCC sont entraînés par deux moteurs électriques de vitesses maximales
17 000 tr/min. Deux variateurs sont utilisés pour régler indépendamment la vitesse de
chaque rotor et pour mesurer les consommations énergétiques. Les capteurs utilisés
sont présenté à la figure B.7. Un capteur de température Pt100 (2) situé à une distance
de 20D en amont du compresseur permet mesurer la température d’entrée. Le tube
de Pitot Platon (3) est fixé à 12D en amont du compresseur permet déterminer le
débit massique. Quatre prises de pression réparties sur la circonférence de la conduite
en entrée (4), situées à une distance de 3D en amont du compresseur permettent de
mesurer la pression d’entrée par le biais d’un manomètre FC322. Trois capteurs de
température Pt100 (5) sont situés au niveau de la conduite, en sortie, à une distance
4D en aval du compresseur. Deux capteurs de pression dynamique Kistler (6), (7) sont
installés à l’entrée et entre les deux rotors afin de mesurer la pression instantanée et
d’identifier la fréquence du pompage.

B.4 Résultats expérimentaux

B.4.1 Les limites des expérimentations

Toutes les limites de vitesse de rotation mentionnées dans cette section sont celles
du deuxième rotor. Le banc d’essai est conçu pour fonctionner à une vitesse maximale
de 16 000 tr/min. Cependant, le compresseur doit fonctionner jusqu’à une vitesse
maximale de 75% de la vitesse de conception pour des raisons de sécurité. Ainsi, la
vitesse de rotation maximale du deuxième rotor est limitée à 12 000 tr/min.
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B.4.2 Performances globales du CRCC

Dans cette étude, l’évaluation des performances globales est réalisée dans trois cas
:

• Cas 1 : le premier rotor tourne librement - le deuxième rotor est entraîné;

• Cas 2 : le premier rotor est fixe - le deuxième rotor est entraîné;

• Cas 3 : mode contrarotatif (les deux rotors sont entraînés et tournent en sens
inverse l’un par rapport à l’autre)

Le premier rotor tourne librement - le deuxième rotor est entraîné (cas 1)

Dans cette configuration, le premier rotor se comporte comme une turbine et sa
vitesse dépend du débit massique du compresseur. Sur la figure B.8 les performances
globales du CRCC sont comparé à celles de SRCC pour trois vitesse de rotation 9
000 tr/min, 10 000 tr/min et 11 000 tr/min. Les résultats expérimentaux indiquent
que CRCC produit de meilleures performances que SRCC. Cependant, le point de
rendement maximal (PEP) du compresseur est déplacé vers un débit plus petit. À 9
000 tr/min, le taux de compression est inférieur à celui de SRCC mais le rendement
augmente d’environ 8 %. Pour des vitesses supérieurs à 10 000 tr/min et 11 000 tr/min,
le taux de compression est amélioré mais il est toujours inférieur à celui de SRCC. En
outre, le rendement de CRCC augmente de 3 % par rapport au SRCC. En conséquence,
CRCC consomme moins d’énergie et sa plage de fonctionnement est plus étendue.
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Figure B.8 – Comparaison des performances globales de CRCC dans le cas 1 (premier
rotor en rotation libre et deuxième rotor entraîné) et SRCC (en noir et lignes pointillées)

aux vitesses de rotation 9 000 tr/min, 10 000 tr/min et 11 000 tr/min
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Le premier rotor fixe - le deuxième rotor est entraîné (cas 2)

Dans cette configuration, le premier rotor agit comme une système de pré-rotation.
Cela diminue donc le nombre de Mach relatif à l’entrée du deuxième rotor [42]. Le
triangle des vitesses pour cette configuration est représenté sur la figure B.9. L’enthalpie
du deuxième rotor est calculée par l’équation B.2. De toute évidence, le travail diminue
car la composante de vitesse Cu3 a une valeur positive.
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Figure B.9 – Schéma du triangle des vitesses de CRCC avec le premier rotor fixe (cas 2)

∆h2 = U4Cu4 − U3Cu3 (B.2)

Les résultats expérimentaux montrent que les performances globales de CRCC sont
considérablement réduites. Sur la figure B.10 les performances globales des cas 1 et 2
sont comparées pour les trois vitesses principales du deuxième rotor 9 000 tr/min, 10
000 tr/min et 11 000 tr/min. Pour les grands débits les performances globales du cas
2 sont bien inférieures à celles du cas 1. L’écoulement du fluide à la sortie du premier
rotor semble ne pas être compatible avec l’angle des aubes à l’entrée du deuxième
rotor. Cette perte par désadaptation réduit les performances. À faible débit, les deux
configurations montrent les mêmes performances lorsque le premier rotor ne tourne
plus. Cependant, ce cas n’est pas intéressant car il n’est pas efficace et il ne sera donc
pas davantage étudiée.

Mode contrarotatif (cas 3)

Dans cette configuration, les deux rotors sont entraînés simultanément avec la même
vitesse de rotation par les moteurs électriques. Sur la figure B.11 les performances glo-
bales de CRCC sont comparées à celles de SRCC en mode contrarotatif. À la vitesse de
rotation de 9 000 tr/min (la ligne bleu), le taux de compression de CRCC est toujours
supérieur à celui de SRCC. Au point de rendement maximal, le taux de compression
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Figure B.10 – Comparaison des performances entre le premier rotor en rotation libre
(CR-free: cas 1, en noir et lignes pointillées) et fixe (CR-Fix: cas 2, en couleur et lignes
continues) avec le deuxième rotor tournant aux vitesses de rotation 9 000 tr/min, 10 000

tr/min et 11 000 tr/min

de CRCC est de 1,128 ±0.002 tandis que celui de SRCC est de 1,100 ±0.002. Ainsi, le
taux de compression de CRCC augmente d’environ 2,5 % par rapport à celui de SRCC.
De plus, le rendement polytropique de CRCC est également beaucoup plus élevé que
celui de SRCC. Au point de fonctionnement, les rendements polytropiques de CRCC
et SRCC sont respectivement de 72± 2% et 64± 2%.

À la vitesse de rotation de 10 000 tr/mn (ligne verte), une comparaison au point de
rendement maximal montre que le taux de compression de CRCC est toujours supérieur
à SRCC. Il peut atteindre 1,158 ±0.002, il augmente donc de 3,76 % par rapport à
la valeur de SRCC qui est de 1,116 ±0.002. De plus, le rendement polytropique varie
également de manière significative. Le rendement de CRCC peut atteindre 72.6 ± 2%
tandis que la valeur de SRCC est de 69.6±2%. Par conséquent, il y a une augmentation
d’environ 3 % par rapport à SRCC.

À la vitesse de rotation de 11 000 tr/mn (la ligne rouge), le taux de compression
de CRCC est toujours supérieur à celui de SRCC. Au point de rendement maximal,
le taux de compression de CRCC atteint 1,194 ±0.002 alors qu’il atteint 1,141 ±0.002
pour SRCC. Cela signifie qu’en mode contrarotatif, CRCC a un taux de compression
supérieur de 4,65 % à celui SRCC. De plus, le rendement polytropique de CRCC atteint
73.4 ±2%, ce qui est 3 % supérieur à 69.8 ±2% pour SRCC. En conclusion, CRCC
augmente le taux de compression de 2,5 % à 4,65 % par rapport à SRCC. En outre, le
rendement polytropique est également amélioré de plus de 3%.
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Figure B.11 – Comparaison des performances globales de CRCC et SRCC dans le cas 3

B.4.3 Influence du rapport de vitesses du rotor (θ)
L’utilisation du compresseur contrarotatif afin d’améliorer les performances énergé-

tiques ou d’étendre la plage de fonctionnement nécessite de connaître l’effet du rapport
de vitesses sur les caractéristiques du compresseur. C’est pour cela que, dans cette
étude, des essais expérimentaux sont menés sur l’effet du rapport de vitesses sur les
caractéristiques de CRCC sur les limites de la plage de fonctionnement. Les mesures
sont effectuées avec trois vitesses de rotation principales du deuxième rotor (N2): 9
000 tr/min, 10 000 tr/min et 11 000 tr/min. Pour à chaque vitesse de deuxième ro-
tor, la vitesse du premier rotor (N1) est adaptée pour obtenir un rapport de vitesses
de θ = N1/N2 dans la plage comprise entre [-0,7 -1,3]. Sept rapports de vitesses sont
choisis pour l’étude expérimentale : θ1 = −0, 7, θ2 = −0, 8, θ3 = −0, 9, θ4 = −1,
θ5 = −1, 1, θ6 = −1, 2 et θ7 = −1, 3 (le signe moins représente deux rotors tournant en
sens inverse).
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(a)

(b)

Figure B.12 – Comparaison des performances et des plages de fonctionnement entre (a)
SRCC avec 9 000 tr/min 6 N 6 13 000 tr/min et (b) CRCC avec différents rapports de

vitesse tandis que 9 000 tr/min 6 N2 6 11 000 tr/min
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Les résultats expérimentaux montrent que le rapport de vitesses a une grande in-
fluence sur les performances de CRCC. La figure B.12 montre la carte des performances
de CRCC (figure B.12b) avec différents rapports de vitesses en comparaison avec celle
de SRCC (figure B.12a) à la vitesse variant entre 9 000 tr/min et 13 000 tr/min. Il
est clair que le taux de compression augmente linéairement avec le rapport de vitesse
alors que le rendement maximal semble stable. Le taux de compression peut être aug-
menté de 6,6 % pour un rapport de vitesse égal à −1, 3. Le rendement polytropique
est amélioré de plus de 3%. Il convient de noter que les points de rendement maximal
de CRCC changent à chaque rapport de vitesses de rotation. L’ensemble des points du
rendement maximal à différents rapports de vitesses constitue la plage de fonctionne-
ment efficace de CRCC. Cette zone est déplacée vers les débit plus petite et étendue
à des taux de compressions plus élevés par rapport à SRCC. Ainsi, CRCC donne une
plage de fonctionnement plus large,égale à celle de SRCC tournant à une vitesse plus
élevée. Cela signifie que CRCC peut fonctionner à une vitesse périphérique inférieure à
celle de SRCC (environ 2000 tr/min) pour obtenir les mêmes performances et la même
plage de fonctionnement. Cependant, la limite de pompage de CRCC est déplacée vers
un débit plus élevé. Le phénomène d’instabilité apparaît donc plus tôt dans le cas de
SRCC.

B.4.4 Étude de la similitude

Les performances d’une turbomachine peuvent être définies par les courbes de pres-
sion tracées en fonction du débit volumique pour différentes valeurs de la vitesse de
rotation. Une tentative pour étudier les variations de toutes les quantités impliquées
nécessiterait un nombre trop important d’essai. Afin de réduire le nombre d’essais à
réaliser, il est possible, par exemple, d’utiliser l’analyse dimensionnelle, qui permet de
combiner les variables pour former un nombre plus petit et plus gérable de groupements
sans dimension. Les caractéristiques peuvent alors être représentées raisonnablement
par une seule courbe. À partir de cela, les performances à différentes vitesses peuvent
être construites. Dans cette étude, les caractéristiques de CRCC à la vitesse de 16 000
tr/min sont construites par similitude sur la base des résultats empiriques obtenus à
10 000 tr/min. La figure B.13 montre que les courbes caractéristiques adimensionnées
de CRCC à 10 000 tr/min sont obtenues par mesures expérimental. Les courbes de
performances de CRCC à la vitesse de rotation de 9 000 tr/min et 11 000 tr/min
sont tracées afin de comparer avec les courbes expérimentales aux mêmes vitesses. Les
résultats montrent que les similitudes permettent de prédire les caractéristiques à dif-
férentes vitesses de manière assez précise et fiable. Les courbes des performances de
CRCC à la vitesse de 16 000 tr/min sont prédites par cette méthode comme le montre
la figure B.14.

Ces courbes montrent que le taux de compression de CRCC est toujours supérieur
à celui de SRCC. Au point de rendement maximal, le taux de compression atteint 1,44,
ce qui constitue une augmentation d’environ 10,3% par rapport à SRCC. De plus, pour
le θ7 = −1, 3, le taux de compression du CRCC peut atteindre une valeur de 1,514,
soit une augmentation de 15,3 % par rapport à SRCC. En outre, CRCC donne un
rendement polytropique maximal proche de celui de SRCC de 73%. Ces valeurs sont
obtenues à différents débits massiques, c’est-à-dire qu’elles dépendent du rapport de
vitesses de rotation des rotors.
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Figure B.13 – Caractéristiques adimensionnées de CRCC avec différents rapports de
vitesses obtenues expérimentalement avec une vitesse de deuxième rotor fixée à 10 000

tr/min
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Figure B.14 – Caractéristiques de CRCC calculées par la méthode de similitude à la
vitesse de 16 000 tr/min avec différents rapports de vitesses
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B.4.5 Analyse CFD
Des simulations numériques ont été menées pour étudier trois points de fonction-

nement intéressant: un point de rendement maximal (BEP), un point situé près de la
limite d’apparition du pompage (NIP) en mode contra-rotatif et un point limite éten-
due (ESLP) en mode co-rotatif. De plus, une simulation instationnaire est également
réalisée pour observer l’écoulement du fluide aux points ci-dessus. Cette étude permet
d’observer le flux à l’intérieur de la machine dans le temps, qui dépend de la position
relative de passages des aubes. Les caractéristiques de l’écoulement des fluides peuvent
être analysées pour chaque point de fonctionnement, offrant ainsi des solutions pour
ajuster les paramètres de géométrie et optimiser les performances de la machine. Les fi-
gure B.15 et figure B.16 présentent les blocs de maillage et les caractéristiques détaillées
des rotors utilisés lors de la simulation. Le modèle comprend sept blocs principaux, no-
tamment les domaines d’entrée, de coude d’entrée, de premier rotor, de deuxième rotor,
de carter, de volute et de sortie. Le modèle utilise un maillage de base de 30 mm et est
affiné dans les domaines du rotor avec des mailles dont la taille peut varier entre 1,5
mm et 0,3 mm. Pour garantir la conformité de deux domaines adjacents lors d’une si-
mulation instationnaire, le maillage de zones juxtaposées est imposé à la même taille de
0,9 mm. L’épaisseur totale à la limite est fixée à 0,3 mm avec six couches pour garantir
une valeur Y+ proche de 1. L’étude de la sensibilité du maillage montre que le modèle
présentant 5, 3.106 mailles est le maillage le plus adapté puisqu’il est indépendant du
type de maillage et qu’il permet d’économiser du temps de calcul.

Figure B.15 – Domaines de maillages des différent blocs de CRCC utilisés pour les
simulations numériques

Simulations numériques en régime stationnaire

Une comparaison avec les résultats expérimentaux montre que le modèle numé-
rique est assez proche des mesures, notamment à faible débit. La plus petite valeur de
déviation du taux de compression est d’environ 0,7 % à faible débit et augmente pro-
gressivement jusqu’à environ 4 % pour des débits élevés. Par ailleurs, la divergence des
rendements polytropiques est assez proche des résultats expérimentaux à faible débit.
La plus petite déviation au point proche du rendement maximal est d’environ 0,15 %.
Deux points particuliers, BEP et NIP, sont étudiés dans des simulations de fonctionne-
ment stable et instable pour étudier les caractéristiques d’écoulement de fluide interne
pour θ = −1 avec une vitesse de rotation constante de 10 000 tr/min . Au point BEP,
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Figure B.16 – Détails des maillages du rotor dans différentes vues

les champs de pression, de vitesse et de température sont assez uniformes dans les
rotors ainsi que dans la volute. L’écoulement de fluide à l’intérieur du rotor ne montre
pas de zones de tourbillon, donc l’écoulement de fluide est tout à fait compatible avec
le rotor pendant le fonctionnement (figure B.17). Cependant, au point NIP, un grand
tourbillon se forme dans certains passages inter-aubes. Ces tourbillons bloquent tout
ou une partie du passage inter-aubes en raison d’un reflux secondaire généré par le
gradient de pression aval et la continuité du fluide pour compenser le déficit de débit
(figure B.18). Bien que des cellules de tourbillon apparaissent à l’intérieur du deuxième
rotor, elles ne se forment que dans quelques passages inter-aubes et ne se propagent pas
à l’ensemble du rotor, de sorte que le compresseur reste stable. Si le débit continue de
diminuer, ces cellules de tourbillon continuent de croître et de se propager à l’ensemble
du rotor, provoquant l’instabilité du compresseur.

Figure B.17 – Visualisation 3D des lignes de courant au point BEP du compresseur CRCC
avec N1=-10 000 tr/min, N2=10 000 tr/min et ṁcr=0.543 kg/s

Simulations numériques en régime instationnaire

Une simulation instationnaire est réalisée pour étudier la position relative entre les
rangées des aubes de rotors et les changements de cellules de tourbillon à l’intérieur des
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Figure B.18 – Visualisation 3D des lignes de courant au point NIP du compresseur CRCC
avec N1=-10 000 tr/min, N2=10 000 tr/min et ṁcr=0.27 kg/s

passages des aubes. Les résultats indiquent que les cellules de tourbillon apparaissent
près du bec de la volute et se développent progressivement dans les passages inter-
aubes dans le sens inverse de la rotation, comme indiqué sur la figure B.19. Lorsque le
passage inter-aubes traverse la région du bec, ses cellules de tourbillon diminuent pro-
gressivement de taille et disparaissent. Le flux de fluide circule normalement. De plus,
des fluctuations de pression sont également observées en paroi dans cette simulation.
Les résultats de l’analyse FFT (Transformée de Fourier Rapide) permettent d’observer
la fréquence de passage des aubes et ses fréquences harmoniques.
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Figure B.19 – Visualisation séquentielle des lignes de courrant au point NIP avec N1=-10
000 tr/min, N2=10 000 tr/min et ṁcr=0.27 kg/s. Les nombres représentent l’ordre des

tourbillons dans les passages inter-aubes et ils se déplacent dans le sens de rotation dans le
temps.

LI



B.5. Contrôle d’instabilités CHAPTER B

B.5 Contrôle d’instabilités

B.5.1 Méthode de contrôle d’instabilité
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Figure B.20 – Étude du contrôle de la vitesse du premier rotor pour une vitesse du
deuxième rotor fixée à 9 000 tr/min pour repousser l’apparition du phénomène

d’instabilités de CRCC

Chaque compresseur a une limite basse de fonctionnement correspondant à la va-
leur minimale du débit massique à laquelle le compresseur peut fonctionner de manière
stable. Si cette valeur est dépassée, le compresseur fonctionne de manière instable. Dans
cette partie une solution pour réduire la limite basse de fonctionnement d’un compres-
seur centrifuge est proposé. Cette limite peut être réduite en contrôlant les vitesses
des deux rotors de CRCC. La région d’instabilités de CRCC est améliorée (la limite
d’apparition des instabilité est repoussée vers de plus faibles débits) en réduisant la
vitesse de rotation du premier rotor. Cependant, si la vitesse du premier rotor diminue
jusqu’à atteindre 0, le phénomène d’instabilités du compresseur existe toujours. Une
solution consiste alors à le faire tourner dans le même sens que le deuxième rotor. Dans
ce cas, le taux de compression sera diminué, mais cela améliorera également la région
d’instabilité en augmentant la plage de fonctionnement. La figure B.20 montre les amé-
liorations de la zone d’instabilité du CRCC obtenues en modifiant la vitesse du premier
rotor. Du point P8 au point P20, les instabilités sont éliminées en réduisant progressi-
vement la vitesse de rotation du premier rotor jusqu’à 0. Du point P21 au point P26,
la région d’instabilités est encore étendue vers les faibles débits grâce à l’effet co-rotatif
des deux rotors. La figure B.21 présente la variation de la vitesse du premier rotor de
CRCC pour repousser l’apparition du phénomène d’instabilités en fixant un rapport
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Figure B.21 – Variation de la vitesse du premier rotor pour repousser la limite d’apparition
des instabilités à faibles débit de CRCC pour un rapport de vitesse θ7 et N2 = 9, 000rpm

de vitesse θ7. Le phénomène d’instabilités semble suspendu en réduisant la vitesse du
premier rotor entraînant ainsi une diminution du taux de compression. Si la vitesse
de rotation du deuxième rotor ne change pas, toutes les caractéristiques présentent la
même tendance lorsque le premier rotor change de sens de rotation. En conséquence,
la plage de fonctionnement de CRCC est étendue vers les débits plus faibles.

B.5.2 Extension de la plage de fonctionnement
Afin d’évaluer l’augmentation de la plage de fonctionnement de CRCC dans la ré-

gion d’instabilités, trois courbes caractéristiques expérimentales 1 sont construites et
comparées à celles de SRCC à trois vitesses de rotation : 9 000 tr/min , 10 000 tr/min
et 11 000 tr/min. L’extension de la plage de fonctionnement est plus évidente lorsque le
taux de compression est maintenu constant dans la région à faibles débits. Un taux de
compression constant peut être obtenu de diverses manières. Par exemple, en augmen-
tant ou en diminuant la vitesse de rotation des deux rotors de CRCC, indépendamment,
en modifiant la vitesse de rotation des deux rotors simultanément lorsque le débit mas-
sique diminue. La courbe caractéristique C1 de CRCC est obtenue en fixant la vitesse
de rotation initiale du deuxième rotor N2= 9 000 tr/min. La vitesse du premier rotor
N1 est ensuite modifiée en mode contrarotatif pour atteindre un taux de compression
proche de la valeur de SRCC au même débit massique. Cette courbe caractéristique est
donc contrôlée pour être proche de celle de SRCC à la vitesse de 9 000 tr/min. Lorsque
le taux de compression atteint Πs = 1, 112, valeur proche du taux de compression de
SRCC au point d’apparition des instabilités (pour un débit massique égal à 0,146 kg/s),
le compresseur est contrôlé pour maintenir un taux de compression constant en modi-
fiant simultanément la vitesse des deux rotors. À un débit massique inférieur à la valeur
limite de SRCC (région d’apparition des instabilité de SRCC), le mode de co-rotation
est appliqué pour repousser le phénomène d’instabilités. Cette méthode permet une

1. Ces caractéristiques sont obtenues en modifiant simultanément la vitesse de rotation des deux
rotors.
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observation claire de l’élargissement de la plage de fonctionnement. Les courbes C2 et
C3 sont proches des courbes de SRCC avec les vitesses 10 000 tr/min et 11 000 tr/min,
en utilisant la même méthode que celle présentée précédemment pour C1. Ces courbes
des performances sont comparées à celles de SRCC et sont illustrées à la figure B.22.
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Figure B.22 – Comparaison des courbes de performances C1 ( ), C2 ( ) et C3 ( ) de
CRCC par rapport aux courbes de performance de SRCC pour les trois vitesses 9 000

tr/min ( ), 10 000 tr/min ( ) et 11 000 tr/min ( )
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Figure B.23 – Consommation électrique des courbes de performances C1 ( ), C2 ( ) et
C3 ( ) de CRCC et de SRCC pour les vitesses 9 000 tr/min ( ), 10 000 tr/min ( ) et

11 000 tr/min ( )

Pour la courbe C1, la configuration CRCC peut diminuer la zone d’instabilités de
0.135 kg/s par rapport au débit limité de SRCC à la vitesse 9 000 tr/min. De plus, à
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Figure B.24 – Les relations entre les vitesses des deux rotors et le rendement polytropique
(la couleur), le débit massique corrigé (la ligne pointillée), et le taux de pression (la ligne

continue) en cas d’extension de la plage de fonctionnement

la courbe C3, la configuration CRCC permet un déplacement d’environ 0.125 kg/s vers
des débits plus faibles par rapport à la configuration de SRCC pour une vitesse de 11
000 tr/min. Ainsi, en modifiant la vitesse des deux rotors, la plage de fonctionnement
de CRCC a été étendue d’environ 25% vers des débits plus faibles par rapport à SRCC,
pour le même taux de compression. En outre, les rendements de CRCC sont également
considérablement améliorés par rapport à ceux de SRCC dans la zone des faibles débits.
Cela peut également être observé en analysant la consommation d’énergie de CRCC
par rapport à celle de SRCC (figure B.23). On peut voir clairement qu’à faible débit, la
consommation d’énergie de CRCC pour C1 est inférieure à celle de SRCC au même taux
de compression. La figure B.24 montre les relations entre les vitesses des deux rotors et
le rendement polytropique (en couleur), le débit massique corrigé (lignes pointillées), et
le taux de compression (lignes continues) en cas d’extension de la plage de fonctionne-
ment. Il est évident que le taux de compression peut être maintenu constant si la vitesse
des deux rotors change simultanément dans le sens opposé, en mode contrarotatif, ou
dans le même sens, en mode co-rotatif. De plus, CRCC donne un meilleur rendement
que SRCC en mode contrarotatif, mais celui-ci diminue rapidement en mode co-rotatif.
On peut facilement choisir un point de fonctionnement souhaité en recherchant la va-
leur du débit massique, du taux de compression et du rendement pour connaître le
couplée de vitesses de rotation des deux rotors. La plage de fonctionnement peut être
augmentée lorsque le compresseur fonctionne en mode co-rotatif et que la vitesse du
premier rotor comprise entre 48 % et 64 % de la vitesse du deuxième rotor. À cette vi-
tesse, le débit de la limite d’instabilités est déplacé vers une valeur extrêmement faible
et la plage de fonctionnement du compresseur est considérablement étendue.
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B.5.3 Analyse CFD en mode corotation
Un autre point intéressant est le cas de la co-rotation pour améliorer la plage de

fonctionnement du compresseur dans la zone du pompage. Le compresseur peut fonc-
tionner de manière stable au débit le plus bas de ṁcr = 0, 08kg/s comme il a été montré
précédement la figure B.22 à un taux de compression constant de Πs = 1.177. Observer
l’écoulement du fluide à l’intérieur du compresseur comme présenté sur la figure B.25.
Cela montre que plus de la moitié des passages inter-aube sont bloqués, cependant, le
flux de fluide circule toujours normalement à travers le reste des passages du rotor.
Cela montre qu’à un débit extrêmement faible, le compresseur conserve la capacité de
fonctionner de manière stable grâce à l’effet co-rotatif du premier rotor.
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Figure B.25 – Structure d’écoulement au point ESLP en mode co-rotatif avec N1=6240
tr/min, N2=12 000 tr/min et ṁcr= 0,08 kg/s

B.6 Conclusions
Le but de l’étude était d’atteindre deux objectifs principaux. Le premier consistait

à évaluer la possibilité d’améliorer les performances des compresseurs centrifuges lors
de l’utilisation du système contrarotatif. Le seconde consistait à améliorer la zone d’in-
stabilité pour étendre la plage de fonctionnement du compresseur. Une paire de rotors
contrarotatifs (CRCC) est conçue pour remplacer un rotor seul (SRCC) en gardant la
même géométrie et la même volute. Un banc d’essai appelé RAICOR a été développé
pour réaliser une étude expérimentale des ces deux compresseurs (CRCC et SRCC).

Les résultats expérimentaux ont montré que CRCC pouvait présenter des perfor-
mances supérieures à celles du compresseur conventionnel à des vitesses inférieures à
la vitesse de conception en mode contra-rotatif. De plus, l’étude du rapport de vitesses
des deux rotors montre également que CRCC peut s’améliorer le taux de compression
jusqu’à 6,6 % à θ = −1, 3 avec une vitesse du deuxième rotor de 11 000 tr/min. Le
rendement peut être amélioré jusqu’à 8 % pour une vitesse du deuxième rotor de 9 000
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tr/min. On peut noter que le meilleur point de fonctionnement du compresseur change
lorsque le rapport de vitesses varie. On peut donc obtenir une plage de fonctionnement
plus grande pour CRCC que pour SRCC.

Pour des raisons de sécurité, CRCC ne peut pas fonctionner à la vitesse de rotation
pour laquelle il a été dessiné (à 16 000 tr/min), la méthode des similitudes a donc
été utilisée pour prédire les performances du système à cette vitesse. Les résultats des
calculs montrent que CRCC peut améliorer le taux de compression jusqu’à 15,3 % à
θ = −1, 3. En outre, les rendement à cette vitesse fluctuent autour de la valeur de
rendement maximal de SRCC de 73 % environ. Cependant, on voit clairement que
CRCC permet de bien améliorer le taux de compression, mais dans ce cas instabilités
à faible débit peuvent apparaître plus tôt que pour SRCC. Heureusement, CRCC peut
ajuster la vitesse des deux rotors indépendamment. L’apparition des instabilités peut
donc être repoussé et ainsi la limite de pompage peut-être considérablement reculée
pour augmenter la plage de fonctionnement du compresseur. Les résultats du change-
ment simultané de la vitesses des rotors montrent que le débit limite de CRCC peut
se déplacer de 0.135 kg/s par rapport au débit limite de SRCC à 9 000 tr/min. A des
vitesses supérieures à 12 000 tr/min, il est possible de réduire d’environ 0.125 kg/s le
débit par rapport à SRCC à 11 000 tr/min. Par conséquent, la plage de fonctionnement
a été étendue de 24 % à 28 % vers la zone de pompage. Pour ce faire, les deux rotors
doivent tourner dans le même sens avec une vitesse du premier rotor variant de 48 %
à 64 % de la vitesse du deuxième rotor.

Une étude par simulation numérique a été menée pour surveiller davantage la struc-
ture de l’écoulement des fluides à l’intérieur de la machine en trois points de fonction-
nement particuliers : le point de rendement maximal (BEP), un point de la limite de
pompage (NIP) en mode contra-rotatif et un point étendue (ESLP) en mode co-rotatif.
Les résultats de la simulation montrent qu’à BEP, l’écoulement dans la machine est
assez uniforme. Cependant, au point NIP, des zones de tourbillons apparaissent à l’in-
térieur des passages d’aubes. La taille de ces tourbillons dépend de la position relative
du rotor avec la volute. Ils peuvent bloquer tout ou une partie du passage inter-aubes.
Une étude instationnaire est également menée pour observer l’évolution des zones de
tourbillon au point NIP dans le mode contrarotatif du CRCC. Les résultats montrent
que l’air s’écoule toujours normalement dans la moitié des passages inter-aubes du
deuxième rotor à un débit extrêmement faible.

Ainsi, l’utilisation d’un système contrarotatif dans un compresseur centrifuge montre
qu’il améliore non seulement les performances mais permet également d’élargir la plage
de fonctionnement vers un faible débit.
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Appendix C

List of acronyms

BEP Best Efficiency Point. x, xi, xvi, 91–98, 123, XLIV, LVII, LX, LXVII

CF counter-rotating ConFiguration. vii, viii, xix, 21, 24, 26–28, 30–32, 34, 35, 121,
XLVI, XLIX

CFD Computational Fluid Dynamic. viii, xi, 16, 17, 19, 26, 39, 55, 83, 96–98, 116,
XXIX, XXX

CR Counter-Rotating mode. ix, 65–68
CRCC Counter-Rotating Centrifugal Compressor. iii, iv, vii–xvi, xix, 20, 26–35, 37,

39–49, 55, 57–84, 86, 88–93, 95, 96, 98, 103–105, 107, 113–116, 119, 121–124, XV,
XXI, XXII, XXVI, XXIX, XLV, XLVII–LXV, LXVII

DP Design Point. 27, 28, 31–35, XLIX

ESLP Extended Stability Limit Point. xii, xiii, xvii, 116–119, 124, XLV, LVII, LXVI,
LXVII

LIFSE Laboratoire d’Ingénierie des Fluides et des Systèmes Énergétiques. 19, 37, 55,
121, XLIV, L
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Van Thang NGUYEN
Étude expérimentale de l’interaction
aérodynamique rotor-rotor pour un
compresseur centrifuge contrarotatif

Résumé : L’objectif de la thèse est d’étudier d’une part l’effet du système contrarotatif sur
les performances du compresseur centrifuge et d’autre part l’influence de le système sur la
zone de pompage lorsque le débit massique est très faible. Le mono rotor du compresseur
centrifuge conventionnel est remplacé par deux rotors qui tournent en sens inverse et ayant
la même taille. Les autres composants du compresseur sont préservés. L’étude expérimentale
montre que l’utilisation d’un système contrarotatif améliore non seulement les performances
du compresseur à des vitesses de rotation inférieures à la vitesse de conception, mais diminue
aussi la zone de pompage. Le compresseur fonctionnant en mode contrarotatif offre un
meilleur taux de compression ainsi qu’un meilleur rendement que le compresseur convention-
nel. Pour améliorer la zone de pompage, un mode de co-rotation est adopté pour permettre
au compresseur de fonctionner à un débit inférieur à celui du compresseur de référence. La
limite du pompage est alors repoussée jusqu’à 24%-28% de la plage de fonctionnement du
compresseur, vers les débits plus faibles. Le point limite est atteint lorsque la vitesse de
rotation du rotor en amont est comprise entre 48% et 64% de celle du rotor en aval. Les
résultats de cette étude jouent un rôle important dans le développement d’une nouvelle
génération de compresseur centrifuge pouvant fonctionner sous un très faible débit massique.

Mots clés : Contrarotatif, co-rotatif , interaction rotor-rotor, compresseur
centrifuge, améliorer du pompage

Abstract : The objective of the thesis is to study the effect of the counter-rotating
system on the performance of centrifugal compressors and the ability to improve a surge
region when the flow is very low flow rate. The single rotor of the conventional centrifugal
compressor is replaced by two counter-rotating rotors, which have the same size. The
remaining components of the compressor are preserved. Experimental results show that the
use of a counter-rotating system not only improves the performance of the compressor at
rotational speeds lower than the design speed but also decreases the instability region. The
compressor operating in counter-rotating mode gives a better pressure ratio as well as a
better efficiency than the conventional compressor. A co-rotation mode is adopted to allow
the compressor to operate at a lower flow rate. The instability limit of the compressor is
then pushed back from 24% to 28% of the operating range towards the lower flow rates.
The limit point is reached when the upstream rotor speed is between 48% and 64% of the
downstream rotor speed. The results of this study play an important role in the development
of a new generation of centrifugal compressor that can operate at a very low mass flow rate.

Keywords : Counter-rotating, co-rotating, centrifugal compressor, rotor-
rotor interaction, improved surge
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