Ces travaux de thèse ont été menés dans le cadre de la convention CIFRE n°2017/0580. Je remercie tout d'abord Madame Aubry, ainsi que Thomas Weisser qui a garanti la pertinence scientifique de ce manuscrit grâce à sa méthode « réfléchir trente secondes ».

Je remercie ensuite le professeur Sébastien Roth de

Contents

Remerciements i

List of Figures vii

List of Tables xiii 1. Introduction [START_REF] Neal | Differences in dynamic performance of molded polyurethane foam as a function of pad thickness and supported load[END_REF]. . 2.5. Performance indicators of the GMM and GHM models for the identification of their parameters to fit the experimental transmissibility [START_REF] Duboeuf | Contribution à l'optimisation du confort dynamique de sièges automobiles par la compréhension des mousses de polyuréthane[END_REF]. . . . . . . . . . . . 2.6. Apparent mass indicators from the average curves given by the ISO 5982. . . . . 2.7. Influence of the static weight on the apparent mass [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF]. . . . . . . . . . . . . . 2 between the real and imaginary parts of the first 3 mode shapes in the case of the seat frame and the complete seat. . . . . . . . . . . . . 3.4. Results comparison between measurements and simulation for the seat frame. . . 3.5. Results comparison between measurements and simulation for the complete seat. 3.6. Weight distribution of each segment of the physical Hybrid-III dummy [START_REF] Foster | Hybrid III -A biomechanically-based crash test dummy[END_REF]. . . . 3.7. Limb angles for a comfortable posture, as proposed by Rebiffé [START_REF] Rebiffé | Le siége du conducteur: Son adaptation aux exigences fonctionnelles et anthropometriques[END_REF]. . . . . . . . 

Correlation coefficient 𝑅

. Automotive megatrends

In 2017 the McKinsey institute published a report forecasting four major forthcoming transformations for road vehicles [START_REF] Heineke | The automotive revolution is speeding up[END_REF]. These so-called megatrends are referred to using the acronym CASE, meaning that the next generation of cars will be Connected, Autonomous, Shared and Electric.

Firstly, cars will be connected to the Internet, thus giving access to more online services onboard, and also contributing to vehicle maintenance through health monitoring. Cars will also be connected to other vehicles in order to adapt to real-time traffic conditions. Secondly, they will be autonomous, thanks to various sensors that allow to perceive the environment around the car and to algorithms that control the different actuators in order to reduce the need for a driver onboard. Then, cars will become shared, turning passengers from owners of a product into users of a service, a good example of this transition being the growth of carpooling platforms. Finally, stronger regulatory targets regarding CO 2 emissions will incentivize manufacturers to transition towards electric cars, which also provide lower noise levels in the cockpit as a side-effect.

Some of these transformations are also expected to change the environment. For instance, using electric vehicles would reduce the air pollution during usage and would help reducing the need for fossil sources of energy. Other transformations may also impact how vehicles are currently used. An example of this is the driving automation which aims to replace the driver, or at least to reduce its role on board. In that case, this paradigm change could therefore have an impact on the position of the passengers during their ride, and thus on how their car seats should be designed.

Autonomous vehicles and their impact on the driver posture

The notion of autonomous cars encompasses different technical solutions, ranging from common ones, such as lane centering, to advanced ones, such as full autonomous driving without any human supervision. In order to facilitate the description of these features, SAE International1 started working on their classification in 2014. The updated version, published in 2018 and shown in figure 1.1, distinguishes 6 levels of driving automation [START_REF]Taxonomy and definitions for terms related to on-road motor vehicle automated driving systems[END_REF].
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The first half represents the driver support features, with three levels regarding:

• warnings and momentary assistance, such as visual or sound indicators (level 0),

• steering or brake/acceleration support, such as lane centering features (level 1),

• steering and brake/acceleration support combined together (level 2, "hands off").

The second half represents the automated driving features, with three levels regarding:

• driving control under limited conditions with the possibility to take over control (level 3, "eyes off"),

• driving control under limited conditions with no need to take over control (level 4),

• driving control under all conditions (level 5, "mind off"). Nowadays, most of the mainstream cars are equipped with systems from levels 0 to 2. But features corresponding to levels 3 to 5 are emerging, and it can be seen that starting from level 3, the user does not need to always steer the vehicle or to press the different pedals. From a seat manufacturer point of view, this means that the common driving posture might not be the only one possible in the cockpit. This evolution of postures is illustrated by the Advanced Versatile Structure (AVS) seat concept designed by Faurecia and ZF [START_REF] Faurecia | At the Paris Motor Show, Faurecia showcases its cockpit of the future and zero emissions solutions[END_REF].

Context within the automotive industry

This seat structure can be used for three postures, depicted in figure 1.2, which are:

• the driving posture, which is the current common posture in a car cockpit, which allows to grab the steering wheel and to press the different pedals,

• the working posture, which allows the driver to release the steering wheel, thus enabling to work while still being able to take over control,

• the relax posture, which is characterized by a reclined backrest, allowing the driver to give in control to an autonomous system. It is important to notice that the first two postures still imply an activity from the driver. In the case of the relax posture, there are two possibilities. The first one, called "relax active" implies that the occupant can be in the relax position while still performing some activities (e.g. watching a movie). The second one, called "full relax", implies non counscious activity, such as drowsing. But despite their appealing qualities, these evolutions of the seat must still satisfy industrial standards in terms of safety and comfort.

The research work presented in this PhD thesis focuses on this latter notion of comfort, as introduced in the following sections.

Comfort of automotive seats

Although the notion of comfort seems to be rather common, it is actually difficult to properly define it. An attempt to do so can be found in a lexicographical study from Quehl [START_REF] Quehl | Comfort studies on aircraft interior sound and vibration[END_REF]. It is shown that the definition of "comfort" can be very large, but can ultimately be defined as a positive state of a person (which encompasses physical and mental well-being for instance) or the absence of a negative one (e.g. freedom from pain or anxiety).

Regarding automotive seats, this inverted definition is also used, and improving the seat comfort usually amounts to reducing the sources of discomfort, which can be classified according to the discomfort model proposed by Bubb et al. [START_REF] Bubb | Qualität von Arbeit und Produkt in Unternehmen der Zukunft[END_REF] and depicted in figure 1.3. Similarly to Maslow's pyramid, this model classifies the six components of discomfort by order of importance. The first component is the anthropometry, which includes various discomfort issues related to ergonomy, such as the inability to reach the commands for instance. Theses sources of discomfort can be reduced by working on the occupant posture, which is typically characterized by the Hpoint, defined as a geometrical point in the sagittal plane that represents the hip rotation center of the human body, as seen in figure 1.4 (a). At the beginning of the seat development, a theoretical Hpoint is determined by the car manufacturer to guide the seat design process. Once a seat prototype is built, the H-point location is validated by using an athropometric test dummy, such as the SAE J826 (see figure 1.4 (b)) [START_REF]Devices for use in defining and measuring vehicle seating accommodation[END_REF]. The goal of this test is to assess the postural comfort by ensuring that the H-point of the sitting manikin matches the H-point initially defined for the seat. The next components of discomfort involve thermal issues, controlled by ventilation and heating systems within the seat. Then come acoustic and vibratory sources of discomfort, which include NVH issues. Finally, the last two components deal with visual and odorous aspects of the seat that can lead to discomfort.

These different sources of discomfort might also lead to health problems. For instance, studies reviewed by Griffin in his reference book have shown the impact of the vibrations on the human body [START_REF] Griffin | Handbook of human vibration[END_REF]. Their synthesis has shown a preponderance of back pain, followed by pain in the ab-1.2. Assessment of the vibratory discomfort dominal organs. They have also highlighted that vibrations lead to problems of balance, vision and headaches. Another study from Magid et al. has shown that these different pains arise depending on the excitation frequency [START_REF] Magid | Human tolerance to whole body sinusoidal vibration. short-time, one-minute and three-minute studies[END_REF]. As shown in figure 1.5, depending on their frequency, vibrations may cause respiration problems (1-3Hz), abdominal pain (4.5-10Hz), chest pain or head pain . Therefore, in view of these results, it becomes necessary for a seat manufacturer to be able to assess the vibratory environment experienced by the occupant during the seat design process.

Assessment of the vibratory discomfort

The vibratory discomfort can be assessed by subjective evaluations and/or objective measurements. The advantage of the former is that it provides a direct feedback from the end-user, whereas the latter reduces the cognitive biaises that might play a role during subjective experiments. In this section, two objective methods used to quantify the seat vibratory discomfort are presented and a discussion is then proposed to compare these objective results to subjective evaluations.

Vibration intensity

The ISO 2631-1 has been defined as an all-purpose approach to quantify the amount of vibrations transmitted to the human body [START_REF]Vibrations et chocs mécaniques -Évaluation de l'exposition des individus à des vibrations globales du corps -partie 1 : spécifications générales. Standard[END_REF]. It can thus be applied to various situations, depending on the position of the human body with regards to the vibration input (i.e. standing, sitting or laid). It is based on the calculation of the vibration intensity, denoted 𝑎 𝑤 , which is defined as a combination of accelerations measured at each interface between the human body and the exciting structure, for a given excitation that is representative of the targeted application.

In the case of an automotive seat with an occupant, there are three interfaces located at the seat cushion, backrest and footrest. Measurements are made at these locations using triaxial accelerometers. Each signal is then weighted based on functions defined in the standard, which are supposed

Introduction

to represent the sensitivity of the human body to vibrations, over the considered frequency range along a given direction at a given location. Then, an equivalent acceleration at each location is computed as the norm of the accelerations in all three directions. Finally, the vibration intensity is computed as the norm of these three equivalent accelerations.

The assessment of the vibratory comfort is then made depending on the value of this vibration intensity. Using a table provided by the ISO 2631-1, and reproduced in table 1.1, the expected perception of the vibratory comfort can be broadly classified. Typical values for automotive seats, as obtained by Marjanen [START_REF] Marjanen | Validation and improvement of the ISO 2631-1[END_REF], can be estimated between 0.27 and 0.73, overlapping a wide range of probable reactions. 

Seat transmissibility

Another possibility to objectively characterize the seat comfort is to measure its transmissibility, denoted 𝑇 (𝜔). This transfer function is frequently used in the seating industry to evaluate the dynamic performances of a seat prototype, compared to the vibration intensity which is usually derived from in-situ measurements. The transmissibility corresponds to the ratio between the output acceleration 𝑎 surface (𝜔), measured at the occupant/seat interface, and the input acceleration 𝑎 base (𝜔), measured at the seat base where the seat is attached to the shaker table, as depicted in figure 1.6:

𝑇 (𝜔) = 𝑎 surface (𝜔)
𝑎 base (𝜔) .

(1.1)

In the case of the seat transmissibility in the vertical direction, 𝑎 𝑠𝑢𝑟𝑓 𝑎𝑐𝑒 (𝜔) is measured at the interface between the seat cushion and the occupant. The latter can be either a rigid mass, e.g. in figure 1.6, an anthropometric test dummy or a human subject. Typical transmissibility measurements with human subjects sitting on automotive seats can be found in a study from van der Westhuizen and van Niekerk [START_REF] Van Der Westhuizen | Verification of seat effective amplitude transmissibility (SEAT) value as a reliable metric to predict dynamic seat comfort[END_REF]. As seen in figure 1.7, the transmissibility amplitude starts at values close to 1, then increases up to an amplitude maximum, and decrases afterwards.

Rigid mass Seat Accelerometer (𝑎 𝑠𝑢𝑟𝑓 𝑎𝑐𝑒 (𝜔))

Accelerometer (𝑎 𝑏𝑎𝑠𝑒 (𝜔)) Shaker table In order to compare configurations (e.g. different occupants for one seat or different seats with the same occupant), three indicators are classically derived from the transmissibility curve:

• the resonance frequency 𝑓 𝑟 , for which the amplitude is the highest;

• the gain at the resonance 𝐺 𝑟 , which is the highest amplitude (reached at 𝑓 𝑟 );

• the cut-off frequency 𝑓 𝑐 , which is the frequency after which the transmissibility becomes lower than 1, indicating the begining of the vibration filtration zone.

In the case of the measurements from van der Westhuizen and van Niekerk, the results have shown that 𝑓 𝑟 is located around 4Hz for all seats; 𝐺 𝑟 varies between 1.3 to almost 2.5 depending on the seat; finally, 𝑓 𝑐 is reached between 5Hz to almost 10Hz, showing clear differences in the filtration performance of the different studied seats. As observed in figure 1.7, the relevant part
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of the dynamic behavior is located between 0Hz and 20Hz, which constitutes the usual frequency range of analysis.

Moreover, the measured acceleration signals post-processed to compute the transmissibility can also be used to compute a unique equivalent value, called SEAT (Seat Effective Amplitude Transmissibility, [START_REF] Griffin | Handbook of human vibration[END_REF]), defined as

𝑆𝐸𝐴𝑇 % = √ √ √ √ 𝐺 𝑠𝑠 (𝜔)𝑊 2 𝑖 (𝜔)𝑑𝜔 𝐺 𝑏𝑏 (𝜔)𝑊 2 𝑖 (𝜔)𝑑𝜔 × 100, (1.2) 
where 𝐺 𝑠𝑠 (𝜔) and 𝐺 𝑏𝑏 (𝜔) are the power spectra of the accelerations measured at the seat surface and the seat base, under representative riding conditions, and 𝑊 𝑖 (𝑓 ) is the weighting function associated to the human response of the excitation of interest. The expression of 𝑊 𝑖 (𝜔) depends on the location where the acceleration is measured (feet, cushion or backrest) and the direction of this measurement.

Discussion

Various applications of each of the three objective quantities presented above to objectify the seat comfort can be found in the literature. An extensive series of measurements from Marjanen has shown that the subjective evaluations and the vibration intensity computed by the ISO 2631 are correlated (𝑅 2 = 0.85) [START_REF] Marjanen | Validation and improvement of the ISO 2631-1[END_REF]. Similar results have been recently obtained by Delcor, although the study was performed on helicopter seats [START_REF] Delcor | Contribution à la modélisation du confort vibratoire et acoustique sous excitations multi-harmoniques en cabine d'hélicoptères[END_REF]. This confirms the relevance of using 𝑎 𝑤 to assess the seat vibratory comfort.

Regarding the links between the transmissibility and the seat discomfort, Van Niekerk et al. have suggested that a lower cut-off frequency is associated to better subjective evaluations [START_REF] Van Niekerk | The use of seat effective amplitude transmissibility (seat) values to predict dynamic seat comfort[END_REF]. But these results should be taken carefully as the excitation used (signal measured on a rough road) had power spectral density maxima above 10Hz, which appears to be in the filtration zone of the transmissibility. It therefore seems logical that a low cut-off frequency, which implies greater filtration of the input signal, is favored.

Finally, regarding the correlation between the SEAT and subjective evaluations, van der Westhuizen and van Niekerk have shown that the SEAT value is correlated to comfort ratings for 7 different seats, ranging from simple wood/foam assemblies to trucks and luxury cars [START_REF] Van Der Westhuizen | Verification of seat effective amplitude transmissibility (SEAT) value as a reliable metric to predict dynamic seat comfort[END_REF]. However, the authors pointed out that the participants should be carefuly chosen and trained, which had been the case in their study (the training consisted in 240 evaluations of the most comfortable stimulus between a given pair of signals).

While using vibration intensity measurements usually leads to a good assessment of the seat comfort, the main drawback is that it requires a lot of instrumentation. In practice, especially in an industrial context, this leads authors to investigate how to estimate the vibration intensity using a reduced number of signals [START_REF] Marjanen | Validation and improvement of the ISO 2631-1[END_REF][START_REF] Delcor | Contribution à la modélisation du confort vibratoire et acoustique sous excitations multi-harmoniques en cabine d'hélicoptères[END_REF]. This can be overcome by using the transmissibility since it requires only two acceleration measurements in one direction. Moreover, unlike the vibration intensity or the SEAT value, it returns three indicators which have a physical meaning, namely 𝑓 𝑟 , 𝐺 𝑟 and 𝑓 𝑐 . For instance, the resonance frequency can be used to understand which physiological reactions from the human body are expected (see figure 1.5). Besides, the vibration intensity and the SEAT values have less absolute meaning alone and are rather useful when performing relative seat comparisons. This has led to consider the transmissibility as a standard measurement in the seating industry, since it appears to be a good compromise between the required experimental setup, the interpretation of the results and the quality of the vibratory discomfort assessment.

Finally, although these indicators give an objective quantification of a subjective feeling, they can only be determined once a seat prototype has been built. Hence, regarding the multiple iterations involved in improving the seat design, this ultimately leads to an increase of the development time and costs. Moreover, this means that an important part of the seat comfort comes from the seat manufacturer know-how. A possibility to improve this would be to build theoretical models that would be able to predict the seat transmissibility, and thus assess its comfort before building a prototype. In the following section, the different possibilities to model the occupant/seat system are presented. 

. Families of models

Three different types of models are classically distinguished to simulate the dynamic behavior of the occupant/seat system and to derive its transmissibility: lumped parameter models, multibody models and finite element models. In the following, each type is briefly presented along with a dedicated studies.

Lumped parameter models These models are built using an assembly of masses connected by translational springs and dampers, usually in a single direction. Their parameter values come either from a priori experimental characterizations or from a posteriori numerical optimization. Their main advantage is that they can be easily built using a limited number of degrees of freedom (DOF).

As an example, a 4-DOF lumped parameter model proposed by Wei and Griffin has been used to predict the seat transmissibility, as illustrated in figure 1.8 (a) [START_REF] Wei | The prediction of seat transmissibility from measures of seat impedance[END_REF]. The seat has been modeled as a linear spring and damper, whose values were identified using dynamic stiffness measurements 2 , and the human body as a 1-DOF linear system (from reference [START_REF] Wei | Mathematical models for the apparent mass of the seated human body exposed to vertical vibration[END_REF]). The results have shown that the assembled model can accurately predict the transmissibility at low frequencies (up to 5Hz). The authors have further investigated adding a second DOF to the human body model results in a better prediction of the transmissibility up to 25Hz, including the second resonance of the response.

However, these models lack the physical description of the system and it is thus difficult to analyze them. In the case of the human body models from Wei and Griffin, the authors have ackowledged that, while the model response matches the experimental data, its eigenmodes may not
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represent the ones from the human body [START_REF] Wei | Mathematical models for the apparent mass of the seated human body exposed to vertical vibration[END_REF], which prevents from understanding the phenomena at stake.

Multibody models

These models are built using rigid bodies assembled using rotational and/or translational springs and dampers. These models can be built to bring some degree of physical representativity of the human body, such as the mass distribution for instance.

At Faurecia, a multibody model using three rigid masses for the seat and five rigid bodies for the human body has been proposed by Barbeau, see figure 1.8 (b) [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. First, this model has been built and validated using studies from Kumbhar and Liang and Chiang [START_REF] Kumbhar | Simulation-based virtual driver fatigue prediction and determi-nation of optimal vehicle seat dynamic parameters[END_REF][START_REF] Liang | Modeling of a seated human body exposed to vertical vibrations in various automotive postures[END_REF]. The seat cushion and suspension parameters have then been updated with experimentally-obtained values on a given seat. The results have shown the interest of such models to better predict the filtration area, compared to lumped parameter ones. Finally, a sensitivity analysis has been performed and showed that parameters specific to the human body as well as the stiffness of the seat cushion influence the transmissibility resonance frequency.

As noted in a review from Zhang et al., the main limitation of multibody models, along with lumped parameters ones, is their geometrical representation of the seat and the human body [START_REF] Zhang | Developing a simplified finite element model of a car seat with occupant for predicting vibration transmissibility in the vertical direction[END_REF]. This results in an over-simplification of the interfaces and of the associated dynamic behavior. In order to take geometrical effects into account, a last family of models can be used. Finite element (FE) models These models are built using the geomtetries of the different seat components, which are discretized to form a mesh. This detailed description comes at the expense of an increase of the number of degrees of freedom, which results in larger matrices compared to the previous families of models.

An example of FE model has been proposed by Siefert et al. and is illustrated in figure 1.8 (c) [98]. The seat model has been built based on CAD data from the seat manufacturer, and a specific attention has been paid to the foam modeling. The human body model, named CASIMIR is a detailed anatomical model that includes some of the internal muscles and the spine in order to represent various postures. The comparison between the simulated and measured transmissibilities 1.3. Need for a coupled model has shown a good agreement from 0 to 20Hz. However, the different published works using this model have presented the same result on the same seat, and do not seem to have been repeated in other cases.

Due to their high geometric representativity, such models can be used to derive computational quantities that cannot be evaluated using lumped or multibody models. A typical example is the static pressure distribution at the interface, which is known to be correlated to the static comfort [START_REF] Ebe | Factors affecting static seat cushion comfort[END_REF]. In their respective studies, Verver et al. and Krishan have been able to compute pressure levels at the occupant/seat interface using FE models [START_REF] Verver | A finite element model of the human buttocks for prediction of seat pressure distributions[END_REF][START_REF] Krishan | Occupant-seat contact pressure characteristics of polyurethane foam seats using explicit finite-element analyses[END_REF], as depicted in figure 1.9. This suggests that a single model could be used to assess the seat comfort both in statics and dynamics. Finite element models are already used at Faurecia. Considering the historical activities of the company, they have essentially been developed for rapid dynamic purposes (crash) [START_REF] Lainé | Robustness analysis through virtual testing[END_REF]. In this work, it is proposed to study to which extent they can be adapted for low-frequency applications, such as transmissibility computations. To guide this adaptation, it is helpful to identify how the seat and the occupant influence the transmissibility.

Factors aecting the transmissibility

Inuence of the seat subcomponents on the transmissibility An automotive seat is a complex structure made of about 100 parts which can be grouped to form an assembly of four main subcomponents:

• the frame, which groups the metallic parts that form the structure of the seat;

• the suspension mat, which is an assembly of metallic lines that bring additionnal stiffness to the seat;

• the foam pads, which are used to support the occupant;

• the seat cover, which maintains the foam pads on the structure and provide the aesthetics of the seat;

Measurements from Zhang et al. have shown that the frame has a rigid behavior when measuring the seat transmissibility [START_REF] Zhang | Developing a simplified finite element model of a car seat with occupant for predicting vibration transmissibility in the vertical direction[END_REF]. To investigate the impact of the remaining components, a systematic study has been performed by Barbeau et al. [6]. Regarding the suspension mat, the results
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have shown that it mainly has an impact on the gain at the resonance. Regarding the fabric cover, its material has no influence on the transmissibility, but the trimming process used to assemble the cover on the seat influences the resonance peak. However, the main outcome of this study is that the foam pad has an impact on all 3 indicators simultaneously, influencing the overall stiffness and damping properties provided by the seat. Hence, it appears important to focus on this subcomponent when building the seat equivalent FE model in order to include a representative constitutive law.

Inuence of the occupant on the transmissibility Since the transmissibility is measured on a loaded seat, the type of occupant also has an influence. An example of this can be seen when comparing the transmissibilities measured with a human subject and with a rigid mass, as shown by Griffin in figure 1. 10 [40]. In this case, although the rigid mass applies the same static weight as the human subject on the seat cushion, the transmissibility amplitude differs. Both measurements show a resonance phenomenon, but the measurement with the rigid mass overestimates the resonance frequency and the associated gain obtained with the human participant, as seen in table 1.2. Moreover, although the cut-off frequency is overestimated, the amplitude after 7Hz is lower when the transmissibility is measured with the rigid masss, showing a higher filtration performance. These measurements with different occupants demonstrate that the human body has its own dynamic behavior and that it cannot be accurately replaced by a rigid mass. This shows that the chosen occupant model should not only be representative of the human body in terms of mass and mass distribution, but also in terms of its global dynamic behavior.

Proposed simulation process

Regarding the results presented above, it is shown that both the seat and the occupant influence the transmissibility and the derived indicators. To consider their respective impacts, it is proposed to develop each corresponding model separately and to perform the coupling in a second stage, as summarized in figure 1.11. On the one hand, the seat model should be developed to compute both static and dynamic responses. In both cases, this mostly depends on the foam pad modeling. The validation of the static simulation may be performed using pressure distribution measurements. In dynamics, the simulation validation can be based either on the global behavior of the seat (with a modal analysis for instance) or on the local measurement of a relevant transfer function. On the other hand, a validated human body model should also be developed. In addition to its geometry, it needs to have an accurate mass distribution to obtain a representative static state as well as a representative dynamic behavior. By properly assembling both models, a prediction of the transmissibility could eventually be computed to help assess the seat dynamic performances and the associated vibratory comfort.

Conclusion

In this introduction, the general context within the automotive industry has been presented. The four megatrends that are transforming the vehicles have been described, and a specific focus has been made on autonomous vehicles. These upcoming changes allow to rethink the cockpit and to envision new postures whose comfort performances need to be ensured. In the case of the vibratory comfort, a common way to characterize it is to use the seat transmissibility in the vertical direction 1. Introduction (i.e. orthogonal to the road). Currently, at Faurecia, this is mostly done experimentally. However, to reduce development cycles and to provide design guidelines upfront, numerical models could also be used. Among the different families, finite element models seem more relevant because they are based on an accurate geometrical representation of the multiple components involved. However, this typically comes at the expense of a significant complexity, which imposes to focus on the input parameters of the FE model that have the most influence on the results. In the context of this study, these output features concern both stat and dynamic behaviors of the seat, which mainly depend on the foam pads and the occupant dynamic behaviors.

In the following, a systematic approach is proposed to study each model separately before coupling them to predict the transmissibility. The outline of this work will be divided into six chapters, as detailed below:

• The second chapter is dedicated to the state of the art regarding the foam static and dynamic behaviors, as well as the dynamic behavior of the human body. The study of each behavior starts from experimental characterization techniques up to the strategies used to build representative FE models.

• The third chapter introduces the two finite element models used in this work, representing the seat and the occupant, respectively. For each of them, the physical system is introduced and initial results from the associated model are detailed.

• The fourth chapter focuses on the seat foam. The experimental measurements chosen to derive constitutive laws adapted for each regime are presented, as well as the validation computations on both academic and industrial models.

• The fifth chapter focuses on the development of the occupant model. An experimental characterization of the human body dynamic behavior is performed, from which a reference behavior is derived. The associated transfer function is further used to guide the occupant model updating.

• The sixth chapter finally studies the interactions between the seat and the occupant. A coupling method based on the transfer functions of each model is exposed, and some preliminary results are presented on an academic model. A discussion is also proposed to further extend this approach to industrially-representative FE models, as developed in the previous chapters.

A final chapter concludes this manuscript by summarizing the work done and the relevance and the limits of each modeling choice. Different persepctives are proposed to improve the obtained results, which could then help better assess the seat dynamic comfort.

State of the art
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In this chapter, a review of published works related to the characterization and prediction of the seat comfort is presented. In order to understand the state of the occupant before measuring the transmissibility, the first section presents the links between the seat static comfort and the foam static behavior. The second section focuses on the seat dynamic behavior, which shows to be driven by the foam viscoelastic behavior. Finally, since the occupant influences the transmissibility, the last section concerns the human body dynamic behavior. In each section, experimental characterization methods are presented along with modeling strategies to consider the associated behaviors in a finite element model.

Static behavior of an automotive seat

Static evaluation of the seat comfort

Before being submitted to vibrations, the occupant first sits in the seat. This first step is important as it results in an equilibrium position around which the occupant will respond to a dynamic excitation. The static (or postural) comfort is usually assessed at the end of the sitting phase, using for instance the pressure distribution at the interface between the occupant and the seat.

The link between subjective evaluations of static comfort and objective measurements of pressure distribution has been shown by Ebe and Griffin [START_REF] Ebe | Factors affecting static seat cushion comfort[END_REF]. In their study, five foam blocks of the same foam composition but different hardness and densities have been used. The subjective evaluation is obtained with 12 subjects who sat on two foam blocks chosen among them and who assessed their relative discomfort. From these comparisons, a comfort score is derived for each foam block. The objective measurement of the pressure distribution is performed using an instrumented mat placed between each subject and the foam block. The spatial resolution of the mat is 5mm × 5mm. A typical measurement of the pressure distribution is presented in figure 2.1 (a).

To investigate the links between these measurements and the comfort score, the measurement area is divided into 4 zones, as depicted in figure 2.1 (a):

• A: area of 4cm × 4cm located around the two points of highest pressure,

• B: area of 10cm × 10cm surrounding the previous zone,

• C: area covering the hips of the subject (includes the previous zones),

• D: area of the mat that does not contain C. The pressure distribution shows two maxima of pressure located under the ischial tuberosities. Moreover, the results show a strong negative correlation between the comfort score derived from the subjects' evaluations and the median weight applied on area A (𝑅 2 = 0.850, 𝑝 = 0.026), as shown in figure 2. 1 (b). This shows that high and local pressure peaks result in a feeling of discomfort.

The results also show that the applied weight, and thus the comfort score, depends on the hardness of the foam. Based on the results from figure 2.1 (b), it is seen that the foam with the lowest and highest hardnesses were associated with large values of the total weight applied on area A. On the opposite, the best score was obtained for the foam associated with the lowest applied weight, and was achieved with a foam with an intermediate hardness value. Finally, the impact of the foam thickness has been studied and shows that a higher thickness results in a lower applied weight, and thus in a higher comfort score (𝑅 2 = 0.907, 𝑝 = 0.047).

These results show that the foam static properties have an influence on the subjective evaluation of comfort. Hence, characterization methods to observe its mechanical behavior under static loads are needed.

Characterization of the foam static behavior

A typical characterization of the foam can be made by performing a compression test on a foam sample, as proposed by the ISO 3386-1 norm [START_REF]Matériaux polymères alvéolaires souples -détermination de la caractéristique de contrainte-déformation relative en compression -partie 1 : matériaux à basse masse volumique. Standard[END_REF]. This norm aims to provide a test protocol to obtain the stress/strain curve of the material, thus defining its compressive behavior. A standard compression test according to the ISO 3386-1 norm can be performed using a foam sample. It can be parallelepipedic (or cylindrical) and its height of the sample, denoted ℎ 0 , should be equal to half of the side (or diameter of the sample). Indeed, if ℎ 0 is higher, the samples might buckle, as noted by Mills [START_REF] Mills | Polymer Foams Handbook: Engineering and Biomechanics Applications and Design Guide, chapter 5 -Simple mechanical tests[END_REF]. If ℎ 0 is lower, it is recommended to pile the samples up until reaching the 2:1 ratio.

When tested, the sample is placed on a rigid plate orthogonal to the loading axis. Five cycles of compression and decompression up to 75% at 100 ± 20mm/min are then applied to the sample 1 .

The force 𝐹 (𝑡) and the corresponding displacement 𝑑(𝑡) are then measured. Finally, the stress/strain curve of the material is obtained using the following expressions:

{ 𝜀(𝑡) = 𝑑(𝑡) ℎ 0 , 𝜎(𝑡) = 𝐹 (𝑡) 𝐴 , (2.1)
where 𝐴 is the compressed area. In the ISO 3386-1 norm, it is specified to use three samples to ensure the repeatability of the results. Equations 2.1 correspond to engineering stresses and strains. The use of these quantities is due to an assumption of a nil Poisson's ratio, indicating that the deformations only occur in the direction of loading. Although this assumption is widely made, Widdle et al. suggest that it has limitations [START_REF] Widdle | Measurement of the poisson's ratio of flexible polyurethane foam and its influence on a uniaxial compression model[END_REF]. Indeed, measurements on polyurethane foam samples suggest that the Poisson's ratio starts at about 0.3 for 0% strains and decreases down to negative values for strains above 75%. However, the transverse deformations obtained in that case may be due to the dimensions of the sample, which are not compliant with the 2:1 ratio from the ISO 3386-1 norm. Should this effect be taken into account, the true stresses and strains would have to be used.

In the case of polyurethane foams, a typical curve is presented in figure 2.2 [35]. Altough only the compression curves are shown, it is possible to see that the behavior of the foam is non-linear. More specifically, Gibson and Ashby decompose this curve into three main phases: linear-elastic, plateau and densification [35]. To understand the underlying behaviors that explain this non-linearity, it is useful to see the foam as an assembly of elemental cells. In the case of open-cell foams, an elemental cell can be seen as a cubic structure made of struts, forming the so-called cell-walls, as seen in figure 2.3 (a). During the first phase, the foam behavior is linear-elastic, meaning that the stress and the strain are proportional. This phase is characterized by three behaviors of the cells: the bending of the cell-walls as well as their axial deformation, and the air flow between cells, as seen in figure 2.3 (b). This linear behavior can be characterized by a Young's modulus 𝐸 * and appears for strains between 0 and 5%, as seen in figure 2.2 [35].
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The second phase corresponds to a near-constant stress over a large strain range, namely a plateau (𝐸 * ≈ 0). This global behavior is explained by the buckling of the cell-walls, shown in figure 2.3 (c). In figure 2.2, it goes from 5 to 60% of deformation.

Finally, after 60% comes the densification. During this phase, the cells crush together and the associated cell-walls are compressed, as seen in figure 2. 3 (d). In this phase, the foam tends toward a linear behavior whose Young's modulus 𝐸 * tends toward the Young's modulus of the consitutive material 𝐸 𝑠 .

From a seat manufacturer point of view, the plateau phase is of key interest. Indeed, the presence of the plateau limits the amount of energy transmitted to the occupant, which corresponds to the area under the stress/strain curve. The larger and the lower the plateau, the less energy is transmitted. According to Barbeau [5], a typical value a typical value of the average compression on the seat cushion is 30%, which is located in the plateau phase.

When looking at full compression/decompression cycle, it is possible to see a second property. As it is shown in figure 2.4, the unloading path does not follow the loading path, thus forming a hysteresis cycle. This cycle can be interpreted in terms of energy transfer, as proposed by Hilyard and Cunningham [START_REF] Hilyard | Hysteresis and energy loss in flexible polyurethane foams[END_REF]. Indeed, the area under the loading curve corresponds to the energy absorbed by the foam 𝑈 𝑎 . Conversely, the energy stored by the foam 𝑈 𝑠 corresponds to the area under the unloading curve. This means, that the energy disspated by the foam 𝑈 𝑑 , computed as 𝑈 𝑑 = 𝑈 𝑎 -𝑈 𝑠 , corresponds to the area of the hysteresis. The performances in terms of energy dissipation can then be evaluated using the following energy ratio:

𝑈 𝑑 𝑈 𝑠 = 𝑈 𝑎 𝑈 𝑠 -1.
(2.2) In the case of polyurethane cushion foams, Hilyard and Cunningham report values of 𝑈 𝑑 ∕𝑈 𝑠 around 0.4, showing that about 40% of the energy stored in the foam is dissipated during the decompression [START_REF] Hilyard | Hysteresis and energy loss in flexible polyurethane foams[END_REF]. Using equation 2.2, this also means that about 28.6% of the energy absorbed during the compression is dissipated during the decompression.

The last property that can be observed on a full cycle is the Mullins effect. This effect is characterized by the fact that a residual deformation remains when the stress is nil, showing the memory effect of the foam.

Using a standard uniaxial loading test on a polyurethane foam sample, it is possible to see three main characteristics of the quasi-static behavior of the foam: a non-linear behavior, a hysteresis cycle and a memory effect. These characteristics are typical of a viscoelastic material. In terms of modeling and simulation, this means that the foam quasi-static behavior cannot be modeled using elasticity modulus such as the Young's modulus 𝐸 or the Poisson's ratio 𝜈. A specific modeling strategy is therefore needed to account for the different behaviors involved. The different possibilities are detailed in the following section.

Modeling strategies

In the following, two modeling methods are presented in order to model the quasi-static behavior of the foam. The first one consists in using directly the experimental data from the quasi-static compression test. The second one consists in using a consitutive law whose parameters are estimated using the experimental data.

Direct use of the experimental data

The first possibility is to use the stress-strain curve provided by the uniaxial compression test. As seen above, this behavior results in material and geometric non-linearities. To handle them in a finite element resolution, Bathe proposes to use the deformation gradient matrix 𝐹 , defined as

𝐹 = ⎡ ⎢ ⎢ ⎢ ⎢ ⎣ 𝜕 𝑡 𝑥 1 𝜕 0 𝑥 1 𝜕 𝑡 𝑥 1 𝜕 0 𝑥 2 𝜕 𝑡 𝑥 1 𝜕 0 𝑥 3 𝜕 𝑡 𝑥 2 𝜕 0 𝑥 1 𝜕 𝑡 𝑥 2 𝜕 0 𝑥 2 𝜕 𝑡 𝑥 2 𝜕 0 𝑥 3 𝜕 𝑡 𝑥 3 𝜕 0 𝑥 1 𝜕 𝑡 𝑥 3 𝜕 0 𝑥 2 𝜕 𝑡 𝑥 3 𝜕 0 𝑥 3 ⎤ ⎥ ⎥ ⎥ ⎥ ⎦ , ( 2.3) 
which describes the deformation of each degree of freedom of the finite element model between time 0 and time 𝑡 [START_REF] Bathe | Finite element procedures[END_REF]. This matrix can be expressed as the product of a rotation tensor 𝑅 by a stretch tensor. The stretch tensor can be either multiplied to the left, thus denoted 𝑉 , or to the right, thus denoted 𝑈 . In the following, the theoretical development is made using the left stretch tensor, which leads to:

𝐹 = 𝑉 𝑅. (2.4)
The next step is to compute the principal stretches of 𝑉 and their associated directions. The principal stretches 𝜆 𝑖 correspond to the eigenvalues of 𝑉 and the directions to the eigenvectors. Finally, the applied deformation in each direction 𝜀 𝑖 is computed as:

𝜀 𝑖 = 1 -𝜆 𝑖 . (2.5)
If the deformation 𝜀 𝑖 is compressive, then the corresponding stress 𝜎 𝑖 is computed using an interpolation of the tabulated curve given as input. If it is not, a tensile stress can be computed using the equivalent Young's modulus from the linear-elastic phase 𝐸 * . Indeed, Gibson and Ashby show that for small tensile deformations, the slope of the stress/strain curve starts with a linear-elastic phase with the same slope [35]. The associated stress is then computed as:

𝜎 𝑖 = 𝐸 * 𝜀 𝑖 𝜆 𝑗 𝜆 𝑘 , ( 2.6) 
where 𝜆 𝑗 and 𝜆 𝑘 are the principal stretches in the orthogonal directions [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF]. In the case of a uniaxial compression test, 𝜆 𝑗 = 𝜆 𝑘 = 1. This type of modeling only needs the curve associated to the compression of the sample. If needed, Chang et al. propose to define the unloading stresses 𝜎 𝑖,𝑈 based on the loading stresses 𝜎 𝑖,𝐿 , a hysteretic unloading factor 𝐻𝑈 and a shape factor 𝑆𝐻𝐴𝑃 𝐸 using the following expression:

𝜎 𝑖,𝑈 = ( 1 -(1 -𝐻𝑈 ) [ 1 - ( 𝑊 𝑐𝑢𝑟 𝑊 𝑚𝑎𝑥 ) 𝑆𝐻𝐴𝑃 𝐸 ]) 𝜎 𝑖,𝐿 , (2.7) 
where 𝑊 𝑐𝑢𝑟 is the current hyperelastic energy and 𝑊 𝑚𝑎𝑥 the maximum hyperelastic energy [START_REF] Chang | Finite element analysis of low-density high-hysteresis foam materials and the application in the automotive industry[END_REF][START_REF] Lstc | LS-DYNA Keyword Manual Vol II -Material Models[END_REF].

Both 𝐻𝑈 and 𝑆𝐻𝐴𝑃 𝐸 are positive, and 𝐻𝑈 is equal to or lower than 1. When 𝐻𝑈 = 1, there is no energy dissipation and both loading and unloading curves are the same. The more 𝐻𝑈 approaches 0, the greater the hysteresis. The second parameter, 𝑆𝐻𝐴𝑃 𝐸, controls the similarity of the unloading curve with respect to the loading curve, and therefore the amount of dissipated energy. If 𝑆𝐻𝐴𝑃 𝐸 is lower than 1, less energy is dissipated. If it is greater than 1, more energy is dissipated.

Use of energy-based models with experimental data as input

A second possibility to model the quasi-static behavior of the foam is to start from the strain energy 𝑊 within the foam, defined as:

𝑊 ( 𝐼 1 , 𝐼 2 , 𝐼 3 ) = 𝑁 ∑ 𝑝,𝑞,𝑟 𝐶 𝑝𝑞𝑟 ( 𝐼 1 -3 ) 𝑝 ( 𝐼 2 -3 ) 𝑞 ( 𝐼 2 -3 ) 𝑟 , (2.8) 
where 𝐼 1 , 𝐼 2 and 𝐼 3 are the invariants of the left Cauchy tensor (equal to 𝐹 𝑇 𝐹 ), 𝑝, 𝑞 and 𝑟 define the order of influence of each invariant, and 𝐶 𝑝,𝑞,𝑟 is the weighting constant associated to the term in the sum [START_REF]Identification of the quasi-static and dynamic behaviour of polyurethane foams through memory models[END_REF]. The number of invariants taken into account in the strain energy expression then depends on 𝑝, 𝑞, and 𝑟. In fact, if one coefficient is nil, the corresponding invariant is not considered.

In the case of flexible foams, a common model which is frequently used is the Ogden model, which considers only one invariant. In this case, the expression of the strain energy is as follows:

𝑊 = 𝑁 ∑ 𝑘=1 𝜇 𝑘 𝛼 𝑘 ( 𝜆 𝛼 𝑘 1 + 𝜆 𝛼 𝑘 2 + 𝜆 𝛼 𝑘 3 - 3 
) (2.9)
where 𝜆 1 , 𝜆 2 and 𝜆 3 are the principal constraints of the left Cauchy tensor, 𝑁 is the order of the model, and 𝜇 𝑘 and 𝛼 𝑘 are material constants. A modified description of the Ogden model allows to form the so-called "Hyperfoam" model, whose expression is then: To obtain a representative constitutive law, one needs to estimate 𝜇 𝑘 and 𝛼 𝑘 , whose number depends on the order of the model 𝑁. In the case of polyurethane foams, Ju has shown that 𝑁 = 2 is enough to represent the stress/strain curve with the Ogden model when implemented analytically [START_REF] Ju | Contribution to visco-hyperelastic behavior modeling of polyurethane foams: Quasistatic experimental validation[END_REF]. This is consistent with Belouettar et al. who have also noticed that Ogden models with 𝑁 = 2 are sufficient in finite element resolutions [START_REF] Belouettar | Modélisation d´un siège typique de voiture[END_REF]. Moreover, they have pointed out that numerical instabilities appear when using 𝑁 ⩾ 3.

𝑊 = 𝑁 ∑ 𝑘=1 2𝜇 𝑘 𝛼 𝑘 ( 𝜆 𝛼 𝑘 1 + 𝜆 𝛼 𝑘 2 + 𝜆 𝛼 𝑘 3 -3 ) + 1 𝛽 𝑘 ( 𝐽 -𝛼 𝑘 𝛽 𝑘 -1 ) , ( 2 
Once 𝑁 is chosen, a first possibility to find 𝜇 𝑘 and 𝛼 𝑘 is to fit the experimental stress/strain curve associated to the uniaxial compression test. As shown in figure 2.5, this has been successfully done by Ju [START_REF] Ju | Contribution to visco-hyperelastic behavior modeling of polyurethane foams: Quasistatic experimental validation[END_REF]. Belouettar et al. and Briody et al. have also managed to find optimum parameters [START_REF] Belouettar | Modélisation d´un siège typique de voiture[END_REF][START_REF] Briody | The implementation of a viscohyperelastic numerical material model for simulating the behaviour of polymer foam materials[END_REF]. These three models were of order 2. A second possibility is to find 𝜇 𝑘 and 𝛼 𝑘 so that the simulated displacement field matches the one obtained experimentally during a compression test. An example of such method is proposed by Pierron et al. who have used it to estimate 𝜇 𝑘 and 𝛼 𝑘 in the case of a single-order hyperfoam model based on field measurements from a rapid camera [START_REF] Pierron | Méthodologie d'identification du comportement mécanique des mousses hyperélastiques par mesures de champs et méthode inverse[END_REF]. Although a similar behavior is found, the authors aknowledge that the lack of a second term prevents from retrieving the complete behavior.

A final possibility is to identify the Ogden coefficients using data from different types of loads. In the case of polyurethane foams, this has been proposed by Belouettar et al., who have estimated 𝜇 𝑘 and 𝛼 𝑘 based either on a compression test only or on both compression and shear tests using a second-order Ogden model [START_REF] Belouettar | Modélisation d´un siège typique de voiture[END_REF]. It is shown that, depending on the input data, the resulting parameters are different. The main differences are seen for the parameters of the first order: 𝜇 1 and 𝛼 1 have decreased by 57.5% and 60% respectively. The variation of the remaining parameters is less important: 𝜇 2 remains constant and 𝛼 2 decreases only by 10%. The differences between the identified data can be seen by computing the stress associated to a uniaxial compression. It corresponds to the first Piola-Kirhchof stress, and can be computed as

𝜎 = 𝑃 11 = 1 𝜆 1 ∑ 𝑘 2𝜇 𝑘 𝛼 𝑘 ( 𝜆 𝛼 𝑘 1 -1 ) (2.13)
using the parameters from table 2.1 and equation 2.5. The resulting curves are depicted in figure 2.6. As noted by the author, it is seen that the main differences are observed at low deformations. For strains lower than 0.25, the curve obtained with the compression and shear data shows a softer behavior. However, between 0.25 and 0.65, the stresses are slightly higher. Afterwards, both curves show a similar behavior. This comparison shows that, depending on the input data used to model the foam quasi-static behavior, the results might be over-or underestimated. Similar comparisons with an Hyperfoam model have also been performed by Briody et al. using FE models [START_REF] Briody | The implementation of a viscohyperelastic numerical material model for simulating the behaviour of polymer foam materials[END_REF]. In this study, the goal was to obtain coefficients of an 2nd-order Hyperfoam model using either uniaxial compression data, shear data or both data together. After finding the coeficients associated to each load case, the simulated stress/strain curve in compression and shear have been compared to the experiments. The results are compared in figure 2.7. As expected, when the compression and shear models are used to simulate their respective objective functions, they match the experimental data (green curves). However, when simulating the test for which they were not identified for, the resulting stress/strain curve is greatly overestimated (red curves). An acceptable compromise is obtained when the model parameters are identified using both test data (blue curves). However, this comes at the expense of a reduced prediction for each test: for low compressive strains, the compression stresses are underestimated, and for high shear strains, the shear stresses are overestimated.

Once that the desired models are chosen and that the corresponding coefficients are identified, these models can be used as material constitutive laws in finite element simulations. Examples of such simulations are presented in the next section.

State of the art

Simulations of the static behavior of the foam

To ensure that the chosen model is able to reproduce the observed behavior, the classical first simulation consists in reproducing the uniaxial compression test. An example of such validation is proposed by Krishan, whose foam model uses experimental tabulated values [START_REF] Krishan | Occupant-seat contact pressure characteristics of polyurethane foam seats using explicit finite-element analyses[END_REF]. The comparison between experimental and simulated results is shown in figure 2.8. From 0 to 50%, the simulated curve matches the experimental one. Since the maximum strain is 60%, it is difficult to asses the quality of the results for the densification regime, but deviations between both curves are observed after 50%. Comparison between measured and simulated stress/strain curves using tabulated data [START_REF] Krishan | Occupant-seat contact pressure characteristics of polyurethane foam seats using explicit finite-element analyses[END_REF].

While this study accounts only for one compression, other studies using this material formulation show that it is possible to simulate cycles of compression and decompression. In that case, the hysteretic unloading factor as well as the unloading shape factor need to be identified. An example of this is proposed by Skrlecand et al. who have identified 𝐻𝑈 and 𝑆𝐻𝐴𝑃 𝐸 using a genetic algorithm to fit the experimental measured force curve [START_REF] Skrlec | Parameter identification for a low-density-foam material model using numerical optimisation procedures[END_REF]. The results, depicted in figure 2.9, show that for the first cycle, the simulated curve matches the experimental one. In the next two cycles, although the peak force is well caught, the resulting force is underestimated, indicating a softer behavior of the model. As shown by these examples, the simulations of foam sample compression tests are usually performed to validate the choice of a material model. This model is then implemented in more complex simulations. For instance, Briody et al. have used the Hyperfoam model whose coefficients have been identified using both compression and shear test data to reproduce an indentation test on a foam sample, up to 70% deformation [START_REF] Briody | The implementation of a viscohyperelastic numerical material model for simulating the behaviour of polymer foam materials[END_REF]. The results are validated by comparing the deformation of the mesh to the deformation of the grid drawn on the sample, see figure 2.10. Once the deformations are validated, the Von Mises stresses can be observed, see figure 2.10 (b). The results show that, aside from the maxima observed at the indenter's edges which may be caused by the simulation, the pressure is mainly distributed underneath and at the sides of the indenter. Such simulations can also be performed at the seat scale. In that case, the main differences are the change of geometries (both for the seat and the occupant), mechanical properties related to the occupant (i.e. rigid body or not) and loading directions (which are not purely mono-directionnal). As it is presented below, the results from such simulations are helpful to predict the experimental pressure distribution.

An attempt to understand the pressure distribution for occupant/seat systems using finite element models is proposed by Grujicic et al. [START_REF] Grujicic | Seat-cushion and soft-tissue material modeling and a finite element investigation of the seating comfort for passenger-vehicle occupants[END_REF]. Like the previous study, the chosen foam model uses an order 2 Hyperfoam model whose values have been identified using uniaxial compression and shear test data. This constitutive law has then been validated by performing a sitting simulation of a human body model on a foam block. The pressure distribution at the interface has been compared to the experimental results from Verver et al. [START_REF] Verver | A finite element model of the human buttocks for prediction of seat pressure distributions[END_REF]. Qualitatively, the pressure distribution pattern found in the study matches the experimental one. Quantitatively a peak of pressure (30kPa) has been found under the ischial tuberosities (under the pelvis) in both cases. Based on these observations, the assembled model is considered representative, which validates the choice of the foam constitutive law as well as the modeling of the human body.

By injecting the foam constitutive law in the FE model of a theoretical seat, the authors have then been able to predict static comfort features in different cases. For instance, the presence of a footrest has been investigating by conducting two simulations with and without it. When there is no footrest, the pressure is distributed under the thighs. When a footrest is added, the location of the peak pressure shifts towards the ischial tuberosities, and the maximum pressure decreases by almost 75%. Moreover, the area of the peak pressure contact interface is reduced, as shown in figure 2.11. This can be explained by noting that, when adding a footrest, the position of the lower member changes and the pressure applied by the occupant becomes more distributed. A similar study presented by Siefert et al. [98] shows the pressure distribution on a commercial seat obtained with the occupant CASIMIR, introduced in 1.3.1. A Hyperfoam model is also used and its values are identified using data from a uniaxial compression test. For the sitting simulation, it is not mentionned wether a footrest is used, although the pressure distribution from figure 2.12 (b) suggest that the feet were not dangling either. In addition, pressure values are not disclosed, which prevents further comparison. Similar results can also be found in Montmayeur et al. [START_REF] Montmayeur | Virtual seat manufacturing and testing for fmvss 202a backset prediction[END_REF]. 

Conclusion

In this section, the static behavior of the foam has been presented. The foam is a viscoelastic material with a non-linear behavior due to its cellular structure. A classical way to characterize its behavior is to perform a uniaxial compression test on a foam sample. This results in 3 different behaviors depending on the amplitude of the applied load. In the linear-elastic phase, stresses and strains are proportional and related to each other with an equivalent Young's modulus. In the plateau phase, the stresses remain constant before increasing again during the densification phase, which appears when the cells collapse.

To account for this behavior in the case of automotive seating applications, two modeling choices are usually done. The first one is the direct use of the experimental data as tabulated values. The deformations of the elements due to a given stress are then interpolated using the stress/strain curve. The second one is to use an energy-based model such as the Hyperfoam model, for which parameters need to be identified based on experimental data.

The choice of the material constitutive law and the experimental data used to estimate its parameters is critical in order to build a representative model. A typical illustration of these are the results from simulations conducted by Briody et al., who have shown that, when using a model based on a single test, the response in the orthogonal direction is largely overestimated [START_REF] Briody | The implementation of a viscohyperelastic numerical material model for simulating the behaviour of polymer foam materials[END_REF]. While this may not cause prediction problems for uniaxial simulations, this may lead to errors for more complex loadings.

Once a representative constitutive law has been found, it can be injected in more complex models aiming to represent the sitting of an occupant. Such simulations are useful from a seat manufacturer point of view because it allows to predict the pressure distribution at the occupant/seat interface, which has been found to be correlated to subjective evaluations of the seat static comfort.

Dynamic behavior of an automotive seat

General behavior

Once the equilibrium state of the occupant/seat system at the end of the sitting phase is known, it constitutes the operating point around which the dynamic evaluation of the transmissibility is performed. To better understand the contribution of the seat, it is proposed to study its own dynamic behavior at low frequencies.

To study the seat without the occupant, different approaches can be chosen. One of them is modal analysis, which consists in extracting the seat eigenmodes, each of them characterized by a mode shape, an eigenfrequency and a modal damping ratio. Modal analysis allows to understand at which frequencies resonances phenomena are likely to appear and therefore to which extent vibrations will be transmitted to the human body. For instance, results of an experimental modal analysis on three automotive seats obtained by Lo et al. are shown in table 2.2 [START_REF] Lo | Structural dynamic characterization of a vehicle seat coupled with human occupant[END_REF]. It can be seen that in the low-frequency range, three modes have been identified: a lateral bending, a fore-and-aft bending, and a vertical torsion of the seat. These modes are typical of an automotive seat, and an illustration of them is depicted in figure 2.13. In Lo et al.'s study, the first two modes appear between 20 and 40Hz, while the last one appears at higher frequencies. Regarding the damping, it can be noted that the first mode is usually less damped than the following ones, indicating that the associated amplitude in a dynamic response is likely to be higher than the next two.

This study also has also shown that these modes are inherited from the seat frame modes. Indeed, when performing a similar modal analysis on the corresponding frames (with suspension mats), the same modes have been identified, as shown in table 2.3 [START_REF] Lo | Structural dynamic characterization of a vehicle seat coupled with human occupant[END_REF]. The main difference between both measurements is that the corresponding eigenfrequencies are higher and the associated modal damping ratios are lower. This indicates that the remaining components, i.e. the foam pads and the fabric cover, act mainly as added mass but do not change the fundamental dynamic behavior of the unloaded seat. These results suggest that the global dynamic behavior of the seat, which is driven by the dynamic behavior of the frame, might have little to no influence on the transmissibility below 20Hz. This hypothesis is confirmed by Zhang, who has measured the transmissibility between an excitation point at the seat base and three observation points on the parts of the frame that support the cushion [START_REF] Zhang | Measurement and modelling of seating dynamics to predict seat transmissibility[END_REF], and has found that the transmissibility is equal to 1 from 0 to 20Hz, indicating a rigid behavior of the frame.

To investigate the impact of the remaining components, Barbeau has performed different measurements of the transmissibility with a seat loaded with a rigid mass [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. This mass, referred to as the lead buttock, reproduces the outer shape of the human body and is mounted on a rotating arm. The system is designed to apply 54.8kg on the seat, which corresponds to the mass applied on a cushion by a median male occupant. In this experimental study, the seat transmissibility has 2.3. Dynamic behavior of an automotive seat been measured under different conditions to identify the impact of the cover, the suspension mat and the foam pad.

The results have shown that some components have little to no impact such as the cover material (no influence itself, although the study also shows that the trimming process tends to stiffen the global behavior) and the suspension mat (influence on gain at the resonance 𝐺 𝑟 only). However, the influence of the foam pad is clearly identified. Indeed, measurements of the transmissibility with a foam pad (without cover) and without it have shown that removing the foam pad results in a stiffened behavior, depicted in figure 2.14, characterized by an increase of 11.3% of 𝑓 𝑟 . However, the resonance is more damped, as shown by a 28.3% decrease of the gain at the resonance 𝐺 𝑟 and a 22.6% increase of of the cut-off frequency 𝑓 𝑐 . This result is counter-intuitive because removing the foam pad results in a wider peak, thus indicating an increased damping of the system. This could be explained by noting that the measurement was made at constant mass. Indeed, while the mass is constant, removing the foam pad changes the surface on which it is applied, and thus changes the equivalent load between both measurements. The authors suggest that better conclusions could be obtained by measuring the transmissibility with the same applied load.

To further understand the impact of the foam on the transmissibility, a thorough study of the foam pad impact on the seat transmissibility has been conducted by Ebe [START_REF] Ebe | Predicting the overall discomfort of seats from their static and dynamic characteristics[END_REF]. Its goal is to measure the impact of the foam density, hardness and thickness on the transmissibility. To do so, the transmissibility has been measured with human subjects sitting on a parallelepipedic foam pad placed on a rigid surface.

Firstly, the results have shown that the thickness has an influence on the resonance peak, as seen in figure 2.15: the thicker the foam pad, the lower the resonance frequency and the higher the gain at the resonance, although this seems to reach a limit since the curves obtained for 100mm and 120mm are similar. This first result suggest a so-called geometrical effect" of the foam. Transmissibilities measured with human subjects on foam blocks -Impact of thickness [START_REF] Ebe | Predicting the overall discomfort of seats from their static and dynamic characteristics[END_REF].

Two other experiments from the same study have investigated the effect of the foam mechanical properties. Firstly, a series of measurements has been conducted with different foam compositions having the same density (49kg/m3 ). The results show that for a same density, changing the formulation has an impact on both the resonance frequency and the gain at the resonance, as shown in figure 2.16 (a). Although these changes seem small, there are statistically significant. A similar series of measurements has been made using samples of different compositions but having the same ILD hardness 2 . In this case, the change of composition only had an impact on the gain at the resonance but not on the resonance frequency, as shown in figure 2.16 (b). To summarize, these two studies have shown that not only does the foam pad significantly impact the transmissibility, but its influence is complex since both geometrical and mechanical effects have been observed. This shows the need to further study the foam dynamic behavior, which is presented in the following section.

Dynamic behavior of an automotive seat

Characterization methods

The dynamic characterization of the foam aims to observe the behavior of the foam with regards to frequency. In addition, to represent the actual dynamic loading with the seat, pre-strain effects (caused by the sitting phase) should also be taken into account. In this section, the goal is to present the experimental measurements that can be performed as well as the mechanical parameters that can be derived to represent the foam dynamic behavior.

The dynamic characterization of the foam can be made by three means: non-resonant methods, resonant methods and wave propagation methods. In the following, only the first two ones are presented since they are more frequent when characterizing the foam at low-frequency range.

Non-resonant methods: These methods consist in applying a harmonic displacement around a given pre-strain 𝜀 0 at a given frequency 𝜔 and measuring the corresponding force. They are sometimes referred to as Dynamic Mechanical Analysis (DMA) tests. The experiment can then be repeated by changing 𝜔 to cover the desired range. As an example, typical results obtained with a polyurethane foam, measured by Petru and Novak, are depicted in figure 2.17 [START_REF] Petru | Measurement and numerical modeling of mechanical properties of polyurethane foams[END_REF]. In that case, the foam pre-strain was 𝜀 0 = 50% (the inital height of the samples is 50mm), the displacement amplitude was 5mm and 7 frequencies have been tested: 0.5Hz, 1Hz, 2Hz, 3Hz, 4Hz, 5Hz and 8Hz. The results show that, once that the steady state is reached, the force-displacement curves form a hysteresis loop. This hysteresis loop can be characterized by the ratio between the stress and strains peak-to-peak amplitudes, which corresponds to the dynamic elasticity modulus 𝐸 ′ (𝜔), and its area 𝐼(𝜔), which characterizes the damping effects. 𝐼(𝜔) is the dynamic equivalent of 𝑈 𝑑 for quasistatic measurements. In the case of figure 2.17, it can be seen that the dynamic elasticity modulus tends to increase, indicating a stiffening behavior with regards to frequency. The evolution of the area with regards to the excitation frequency is less visible but suggests low variations of the energy dissipation.

To characterize the energy dissipation, Hilyard and Cunningham propose to derive the loss factor 𝜂(𝜔) from the values of 𝐸 ′ (𝜔) and 𝐼(𝜔), which is defined as

𝜂(𝜔) = 1 2𝜋 𝐼(𝜔) 𝐸 ′ (𝜔)𝜀 2 𝑑 2 , ( 2.14) 
where 𝜀 𝑑 is the strain excitation amplitude [START_REF] Hilyard | Hysteresis and energy loss in flexible polyurethane foams[END_REF]. To combine the stiffness and energy dissipation effects, a complex elasticity modulus is then introduced as

𝐸 * (𝜔) = 𝐸 ′ (𝜔) (1 + 𝑗𝜂(𝜔)) .
(2.15)

While Petru and Novak have not post-processed their results further, a typical evolution of modulus and the phase of 𝐸 * (𝜔) in the case of an automotive seat cushion foam has been found in a study from Siefert et al. and is presented in figure 2.18, [98]. In this case, the amplitude strongly rises between 1 and 3Hz, and then rises with a lower slope from 4 to 25Hz. Regarding the phase, a slow increase with regards to frequency is observed. : Amplitude and phase of the elasticity modulus of an automotive seat foam characterized using a non-resonant method [98].

Resonant methods: Just as it is possible to measure the transmissibility of a seat with an occupant sat on it, it is possible to measure the transmissibility of a foam sample with a rigid mass on it. To do so, a typical measurement setup, called "free mass", is defined in the ISO 13753 norm [START_REF]Vibrations et chocs mécaniques -vibrations mains-bras -méthode pour mesurer le facteur de transmission des vibrations par les matériaux résilients chargés par le système main-bras. Standard[END_REF]. First, a static prestrain is applied to the foam using a rigid mass. Then, a base excitation is applied and the acceleration at the top of the foam sample is measured. Similar to the measurement at the seat scale, the transmissibility and its indicators can be derived. A typical transmissibility measurement on a polyurethane foam sample, measured by Barbeau [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF], is depicted in figure 2.19.

Here, the sample has been pre-loaded with an 8.3kg rigid mass, chosen so that the pre-strain of the sample is 𝜀 0 = 30%. It is worth noting that the transmissibility depends on the used mass. To observe this effect, transmissibilities with different applied masses have been measured by Neal [START_REF] Neal | Differences in dynamic performance of molded polyurethane foam as a function of pad thickness and supported load[END_REF], and are depicted in figure 2.20. Three masses have been tested and the derived indicators, listed in table 2.4, suggest non-linear effects with regards to the applied prestrain. This can be explained by the fact that the static mass weight defines the location of the operating point in the stress/strain plain around which the transmissibility is measured. In the case of an elastic material, the slope around this operating point is always the same, so increasing the mass would systematically result in a decrease of the resonance peak. But since the foam has a non-linear static behavior, the slope of its stress/strain curve varies (linear-elasticity, plateau or densification). In that case, a change of mass also implies a change of equivalent stiffness, and thus a variation of the resonance frequency. Similar observations have been made by Jmal and Duboeuf et al. [START_REF]Identification of the quasi-static and dynamic behaviour of polyurethane foams through memory models[END_REF][START_REF] Duboeuf | Harmonic vibration test for the analysis of the dynamic behaviour of polyurethane foams[END_REF]. Such tests can be post-processed by assuming that, at the resonance only, the system behaves linearly. Provided that the structure is simple enough, an analytical expression of the response at the resonance as a function of the mechanical parameters can then be found. By inverting this expression and by injecting the measured response at the resonance, it is possible to derive the equivalent mechanical parameters at its frequency. A typical example is the Oberst method which, in the case of a simply supported beam with a free-layer damping, proposes an expression of the equivalent mechanical parameters [START_REF] Oberst | Damping of the bending vibrations of thin laminated metal beams connected through adherent layer[END_REF]. Another example is the one proposed by Guillot and Trivett, who proposed expressions of the storage modulus and loss factor at the resonance for an elastomer beam as a function of the mode number [START_REF] Guillot | Complete elastic characterization of viscoelastic materials by dynamic measurements of the complex bulk and young's moduli as a function of temperature and hydrostatic pressure[END_REF].
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However, such method may not always apply. Indeed, by looking at the transmissibility curve from figure 2.19, it is seen that the resonance peak is not symmetrical. Indeed, the absolute value of the slope before the resonance is higher than the one afterwards. This shows a non-linear behavior with regards to the applied frequency, indicating softening effects within the foam [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF].

Discussion

The main advantage of the non-resonant characterization is that the load applied to the sample is the same over the tested frequency range, which is not the case during the resonant test. In addition, it provides a detailed mapping of the material properties since it can be tested for various frequencies and prestrains, and thus allows to see non-linear effects within the foam. However, the number of measurements depends directly on the number of frequency steps and prestrain levels desired.

The measurement of the transmissibility is easier. However, the limit of this measurement is that the properties can only be extracted at the resonance. This means that, to obtain values of 𝐸 ′ and 𝜂 over a wider frequency range, more resonances are needed. In their article, Guillot and Trivett have tested their sample at different temperatures and used the time-temperature superposition principle [START_REF] Guillot | Complete elastic characterization of viscoelastic materials by dynamic measurements of the complex bulk and young's moduli as a function of temperature and hydrostatic pressure[END_REF]. They also suggested to change the geometry to shift the resonances of the sample, which is similar to what Ebe has observed when investigating the effect of the foam thickness on the transmissibility (see figure 2.15 page 30).

Constitutive laws for viscoelastic materials

As shown in the previous section, different experimental characterization and post-processing can be used to derive the storage modulus and the loss factor of the tested material. These values can then be used as input data to estimate the parameters of a constitutive law. In this section, a review of the different possible constitutive laws is proposed.

The variation of the Young's modulus and of the loss factor depending on the excitation frequency and the applied prestrain suggests that the foam has a viscoelastic behavior in dynamics. To describe the linear viscoelasticity 3 , it is assumed that the stress at a given time 𝑡, noted 𝜎(𝑡) can be expressed as a convolution product that involves the deformation 𝜀(𝑡) such that:

𝜎(𝑡) = ∫ 𝑡 -∞ 𝐸(𝑡 -𝜏) 𝜕𝜀(𝑡) 𝜕𝜏 𝑑𝜏, ( 2.16) 
where 𝐸(𝑡) is a relaxation modulus that can be obtained experimentally with a stress relaxation test. In such test, a fixed deformation 𝜀 0 is applied to a sample and the evolution of the stress 𝜎(𝑡) is measured. The relaxation modulus is then computed as:

𝐸(𝑡) = 𝜎(𝑡) 𝜀 0 . (2.17)
By assuming that there is no deformation before 𝑡 = 0, equation 2.16 becomes:

𝜎(𝑡) = 𝐸(𝑡)𝜀(0) + ∫ 𝑡 0 𝐸(𝑡 -𝜏) 𝜕𝜀(𝑡) 𝜕𝜏 𝑑𝜏. (2.18)
Then, by writing 𝐸(𝑡) = 𝐸 ∞ +ℎ(𝑡), where 𝐸 ∞ is the asymptotical value of 𝐸(𝑡) and ℎ(𝑡) a relaxation function, equation 2.18 becomes

𝜎(𝑡) = 𝐸 ∞ 𝜀(𝑡) + ℎ(𝑡)𝜀(0) + ∫ 𝑡 0 ℎ(𝑡 -𝜏) 𝜕𝜀(𝑡) 𝜕𝜏 𝑑𝜏. (2.19)
By using the Laplace transform with nil initial conditions, this expression corresponds to:

𝜎(𝜔) = 𝐸 * (𝜔)𝜀(𝜔), (2.20) 
which allows to separate the real and imaginary part of 𝐸 * (𝜔) to obtain:

𝐸 * (𝜔) = 𝐸 ′ (𝜔) + 𝑗𝐸 ′′ (𝜔) = 𝐸 ′ (𝜔)(1 + 𝑗𝜂(𝜔)), (2.21) 
where 𝐸 ′ (𝜔) is the storage modulus associated to purely elastic effects, 𝐸 ′′ (𝜔) is the loss modulus associated to purely viscous effects and 𝜂(𝜔) is the loss factor, as introduced in the previous section.

It is worth noting that equation 2.20 is similar to the Hooke's equation representing the behavior of a purely elastic material, but with a complex elasticity modulus. For such reason, Balmès and Leclère explain that viscoelastic problems can be seen as elastic problems with a frequency-dependent Young's modulus, referred to as the elastic/viscoelastic equivalence principle [START_REF] Balmes | Viscoelastic vibration toolbox for use with matlab[END_REF]. Depending on the complexity of the behavior in the studied frequency range, different mathematical models can describe this behavior. In the following, an inventory of the available models is presented.

State of the art

Elementary rheological models A usual way to model a viscoelastic material is to use a structural damping such that:

𝐸 * = 𝐸 ′ (1 + 𝑗𝜂), (2.22)
with constant values of 𝐸 ′ and 𝜂. The main advantage of this model is its simplicity, since only two parameters are necessary. However, this expression has limitations since it does not consider the frequency-dependency of the modulus. In the case of polyurethane foams, this is problematic as figure 2.17 shows that the dynamic behavior of the foam depends on the excitation frequency.

To counter this problem, rheological models can be used. These models are based on the association of elementary springs and dashpots that respectively obey

⎧ ⎪ ⎨ ⎪ ⎩ Hooke's law: 𝜎(𝑡) = 𝐸𝜀(𝑡),
and Newton's law:

𝜎(𝑡) = 𝜇 𝜕𝜀(𝑡) 𝜕𝑡 , (2.23)
where 𝐸 is the Young's modulus and 𝜇 the viscosity coefficient. This means that the global response can be seen as the combination of multiple elastic and viscous contributions linking the applied stress 𝜎 and the corresponding strain 𝜀. In the following, three models that use this analogy are presented: the Kelvin-Voigt model, the Maxwell model and the Standard Linear Solid model.

First, the Kelvin-Voigt model is made of a spring and a dashpot mounted in parallel. The resulting complex modulus is therefore:

𝐸 * (𝜔) = 𝐸 + 𝑗𝜔𝜇 = 𝐸 (1 + 𝑗𝜏𝜔) , ( 2.24) 
where 𝜏 = 𝜇∕𝐸 is a characteristic relaxation time constant. Conversely, associating the spring and the dashpot in series results in the Maxwell model, whose complex modulus is therefore:

𝐸 * (𝜔) = 𝐸 𝑗𝜔𝜏 1 + 𝑗𝜔𝜏 . (2.25)
These two models are useful but have several drawbacks. The main one, as noted by Renaud et al., is their asymptotical behavior [START_REF] Renaud | A new identification method of viscoelastic behavior: Application to the Generalized Maxwell Model[END_REF]. Indeed, the amplitude of the modulus defined by the Kelvin-Voigt model tends toward infinity when 𝜔 tends toward infinity. On the opposite, when 𝜔 tends toward 0, the amplitude of the modulus defined with the Maxwell model tends toward 0. Hence, both asymptotic behaviors do not fully represent a physical behavior.

To overcome this problem, the Maxwell model can be mounted in parallel with a spring, thus forming the Zener or Standard Linear Solid (SLS) model, whose complex modulus is given by:

𝐸 * (𝜔) = 𝐸 0 ( 1 + 𝛼 1 𝑗𝜏 1 𝜔 1 + 𝑗𝜏 1 𝜔 ) , ( 2.26) 
where 𝛼 1 = 𝐸 1 ∕𝐸 0 > 0 is the weighting factor associated to

𝑗𝜏 1 𝜔 1+𝑗𝜏 1 𝜔 .
To show the interest of this model compared to the previous ones, a new expression of equation 2.26 can be used:

𝐸 * (𝜔) = 𝐸 0 1 + 𝑗𝜔∕𝜔 𝑧,1 1 + 𝑗𝜔∕𝜔 𝑝,1 , (2.27) 
where

𝜔 𝑧,1 = (( 1 + 𝛼 1 ) 𝜏 1
) -1 and 𝜔 𝑝,1 = 𝜏 1 -1 . These coefficients are referred to as the zero and the pole of the system. Moreover, since 𝛼 1 > 0, 𝜔 𝑧,1 < 𝜔 𝑝,1 . The asymptotic behavior can then be easily derived as:

⎧ ⎪ ⎨ ⎪ ⎩ |𝐸 * (𝜔)| ←→ 𝜔→0 𝐸 0 , |𝐸 * (𝜔)| ←→ 𝜔→+∞ 𝐸 0 (1 + 𝛼 1 ).
(2.28)

These asymptotes are clearly illustrated in figure 2.21. However, as pointed out by Rouleau, this model is better suited to match creep or stress relaxation data than dynamic test data [START_REF] Rouleau | Vibro-acoustic modelling of sandwich structures with viscoelastic materials[END_REF]. To improve the performance of these rheological models in the frequency domain, more complex structures can be developed. Advanced rheological models A first possibility is to add branches to the Zener model, thus forming the Generalized Maxwell Model. In this case, for 𝑁 branches, the expression of the complex modulus becomes:

𝐸 * (𝜔) = 𝐸 0 ( 1 + 𝑁 ∑ 𝑖=1 𝛼 𝑖 𝑗𝜏 𝑖 𝜔 1 + 𝑗𝜏 𝑖 𝜔 ) . (2.29)
The generalized Maxwell model is a common way to describe a complex viscoelastic behavior with regards to frequency. A variation of this model is the Golla-Hughes-McTavish model, which has the same structure with branches, but a term representing the mass is added to each of them. This
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forms elementary oscillators, and in that case, the expression of the complex elasticity modulus becomes:

𝐸 * (𝜔) = 𝐸 0 ( 1 + 𝑁 ∑ 𝑖=1 𝛼 𝑖 -𝜔 2 + 2𝑗𝜁 𝑖 𝜔 𝑖 𝜔 -𝜔 2 + 2𝑗𝜁 𝑖 𝜔 𝑖 𝜔 + 𝜔 2 𝑖 ) .
(2.30)

A comparison between the GMM and GHM models in the case of automotive seat polyurethane foam has been proposed by Duboeuf [START_REF] Duboeuf | Contribution à l'optimisation du confort dynamique de sièges automobiles par la compréhension des mousses de polyuréthane[END_REF]. In this comparison, the transmissibility of 3 foam samples has been measured. On the other hand, the analytical transmissibility has been computed by the Generalized Maxwell Model and the Golla-Hughes-McTavish model using 5 branches in each case. The estimation has been performed using a genetic algorithm followed by a gradient descent algorithm in order to minimize the least-squares error between the amplitude curves. The graphical comparison for both models on the three chosen foam samples is depicted in figure 2.22. The curves clearly show the interest of the GHM model. This is confirmed by the performance indicators, given in table 2.5, which shows that, for the three tested foam samples, the GHM model returns an average relative error lower than 5% over the frequency range. On the opposite, the optimum solutions for the GMM model return errors between 20% to more than 35%. According to the author, the optimization using the GMM converged towards higher damping values to fit the curve in the filtration area, which resulted in a reduced amplitude at the resonance, an effect which has been prevented thanks to the inertia effects within the GHM model. However, a limitation of the GHM is that is needs more parameters to identify, that are the masses of each elementary oscillator, and the identification phase lasts thus more than 2 times longer than the same procedure with the GMM.

Finally, one last type of advanced rheological model is the Anelastic Displacements Fields model, which consists in a series of Kelvin-Voigts elements coupled to a spring. To the author's knownledge, such models have not been yet applied to the dynamic behavior of polyurethane foams, so they are not further discussed in this manuscript. These models are interesting because, due to their structure in branches, they can be considered as the sum of elementary contributions. Moreover, their structure can be tuned to define a complex behavior that could not be modeled using elementary models. However, a major drawback of such models is that the number of coefficients needed to define the behavior increases with the number of branches needed. Indeed, the number of coefficients increases linearly with the number of branches needed. A solution to counter this issue is to use fractional derivatives models Fractional derivatives models While the previous models used elementary springs and dasahpots, the use of fractional derivatives models, applied first to the viscoelasticity by Bagley and Torvik [START_REF] Bagley | A theoretical basis for the application of fractional calculus to viscoelasticity[END_REF], requires an intermediate element: the "spring-pot". The behavior of this element is controlled by a coefficient 𝛼, who is between 0 and 1. When 𝛼 = 0, the equivalent behavior is the one of a spring, and when 𝛼 = 1, its behavior is the one of a dashpot. When this element is introduced into an SLS-like model, the expression of the elasticity modulus becomes:

𝐸 * (𝜔) = 𝐸 0 + 𝐸 ∞ (𝑗𝜔𝜏) 𝛼 1 + (𝑗𝜔𝜏) 𝛼 . (2.31)
Similarly to the aforementioned rheological models, its expression has two asymptotes: 𝐸 0 when 𝜔 tends towards 0 and 𝐸 ∞ when 𝜔 tends towards +∞. However, unlike the Maxwell model (see equation 2.28), they are not related. The evolution of the modulus between these two asymptotes can be controlled with the parameter 𝛼. The main advantage is that, while the previous models have a number of parameters that depend on the number of branches 𝑁, the fractional derivatives model describes the dynamic behavior with only 4 parameters, namely 𝐸 0 , 𝐸 ∞ , 𝜏 and 𝛼. The interest of using fractional derivatives models has been illustrated by Rouleau [START_REF] Rouleau | Vibro-acoustic modelling of sandwich structures with viscoelastic materials[END_REF], who compared different viscoelastic material models to determine the complex shear modulus of an elastomer. In figure 2.23, a comparison between the experimental results (black crosses) and the model (orange curve) is presented for the Generalized Maxwell Model and the fractional derivatives model. While both models are able to correctly fit the modulus, differences are more pronounced when looking at the phase. Indeed, the GMM results exhibit local maxima, corresponding to the response of each branch, while FDM ones produce a smooth curve that better approximates the experimental data. Taking the prestrain into account As presented in section 2.3.2, in addition to the frequencydependency which can be accounted for using the aforementionned models, the foam experiences different levels of preloads, as seen by the pressure ditribution maps. In this case, these models need to be enhanced in order to take this effect into account. A possible solution to do so has been proposed by Martinez-Agirre et al. in the case of a viscoelastic film [START_REF] Martinez-Agirre | Characterisation and modelling of prestrained viscoelastic films[END_REF]. In this study, the complex shear modulus of the material has first been characterized using a nonresonant method from 0.5 to 170Hz. This experiment has then repeated considering multiple static prestrains ranging from 0 to 15N. The authors have observed that, for this material, the prestrain does not fundamentaly modify the dynamic behavior of the material, but rather acts as a scaling factor. This has led them to model separately the frequency-and prestrain-dependency.

Firstly, the frequency-dependency is handled using a fractional derivative model whose values have been found by curve-fitting using the unloaded film. Secondly, the prestrain-dependency has been handled by observing that, for this material, the ratio of the shear modulus at a given preload divided by the shear modulus without preload follows a power law. The authors have therefore proposed to use scaling functions to define the complex shear modulus at a given prestrain as a weighted combination of the modulus measured without prestrain. Each scaling function has been defined as:

𝑓 (𝜔, 𝛾 0 ) = 1 + ( 𝑐 1 + 𝑐 2 𝑒 -𝜔𝑐 3 ) 𝛾 0 𝑛 , (2.32)
where 𝑐 1,2,3 and 𝑛 are coefficients to identify and 𝛾 0 the preload level. The final expression of the shear modulus is then given by

𝐺 * (𝜔, 𝛾 0 ) = 𝑓 𝑅 (𝜔, 𝛾 0 )𝐺 ′ (𝜔) + 𝑗𝑓 𝐼 (𝜔, 𝛾 0 )𝐺 ′′ (𝜔), (2.33) 
where 𝑓 𝑅 (𝜔, 𝛾 0 ) and 𝑓 𝐼 (𝜔, 𝛾 0 ) are the scaling functions (with 4 parameters to identify each) and 𝐺 ′ (𝜔) and 𝐺 ′′ (𝜔) are the real and imaginary parts of the fractional derivatives model (with 4 pa-rameters). The obtained results are presented in figure 2.24 and show a very good match with the experimental data. Such a model may be useful to consider the different dependencies of the material, but relies however on the hypothesis that both effects can be decoupled. 

Dynamic simulations of structures with foam parts

The different constitutive laws presented in the previous section have been tested on elementary structures such as foam samples or viscoelastic patches. In this section, two examples are presented to understand how is the foam dynamic behavior considered in simulations at the seat scale and what are the limits of these methods.

A first example concerns the prediction of the transmissibility proposed by Siefert et al. [98]. In their study, the seat and the occupant models are used separately and two characteristic responses of each model are used to predict the transmissibility. On the one hand, the chosen seat characteristic response is the dynamic stiffness 𝑆(𝜔), defined as the ratio between the applied force at the cushion divided by the relative displacement between the cushion and the seat base. On the other hand, the occupant has been characterized by the apparent mass 𝐴𝑃 (𝜔) (presented in section 2.4.3), so that the transmissibility 𝑇 (𝜔) is given by:

𝑇 (𝜔) = 𝑆(𝜔) -𝜔 2 𝐴𝑃 (𝜔) + 𝑆(𝜔) . ( 2 

.34)

Such expression shows that the dynamic behavior of the foam is included in 𝑆(𝜔). In their study, while the authors have mentionned that resolutions were performed with a direct resolution, which would have made possible the use of complex constitutive laws that would include prestrain-and/or frequency-dependencies such as the complex elasticity modulus from figure 2.18 , they have also indicated that the model is linearized around the equilibrium point obtained after the sitting simulation. This asumption of linearity is justified by the fact that small amplitudes are at stake, although they are not disclosed. The resulting curve is presented in figure 2.25. The comparison between both curves show a very good agreement as the main resonance peak is well caught. This suggests that the quality of the results is not impacted by the hypothesis of linear behavior of the foam in dynamics. However, as no other studies using this model to predict the transmissibility have been found, the reproductibility of results using this model has not been established and such result might apply only to the studied seat. It should be noted that linear-elastic constitutive laws for the foam also seem to have been used by Denninger [START_REF] Denninger | Analyse biomécanique des interactions homme siège en environnement automobile : Modélisation par éléments finis du corps humain soumis à des vibrations verticales[END_REF]. However, since her works regarded the human body modeling (see 2.4.3), the seat modeling is not detailed. In addition, the transmissibilities are computed at different locations on the human body, making it difficult to compare with the transmissibility of interest for this work.

A different approach has been found in the works of Zhang et al. [START_REF] Zhang | Measurement and modelling of seating dynamics to predict seat transmissibility[END_REF][START_REF] Zhang | Developing a simplified finite element model of a car seat with occupant for predicting vibration transmissibility in the vertical direction[END_REF]. First, a non-linear elastic constitutive law has been developed and calibrated to match a load-displacement curve measured on the seat cushion (i.e. covered foam pads on the seat structure). This law has then been used for a dynamic simulation wich aims to compute the dynamic stiffness. Since the chosen solver does not consider such law for computations in the frequency-domain, a time-domain resolution has been chosen. The law has then been calibrated again until the simulated and measured curves match. A last calibration has been proposed by comparing the simulated and measured transmissibilities with the SAE J826 manikin. At each step, the calibration has been made manually.

After these multiple calibrations, the transmissibility has been computed by assembling the seat model and an occupant model (described later, see 2.4.3). Once again, a time-domain resolution has been chosen to keep on using the non-linear elastic law as well as to introduce contacts between the seat and the occupant. The final results are presented in figure 2.26. The model seems to underestimate the amplitude after 3Hz, especially the main resonance around 5Hz, and also misses the second resonance seen around 7Hz. Despite these differences between measured and simulated responses, a really good match is observed overall. It should be noted that the final constitutive law of the foam is not disclosed, making it difficult to understand the different changes that have happened after each calibration, and therefore difficult to see if such model would still represent the behavior of the foam. Comparison of transmissibilities with a human subject [START_REF] Zhang | Measurement and modelling of seating dynamics to predict seat transmissibility[END_REF]. Legend:

Measurement with the human subject;

Simulation with the human body model.

When discussing the results, although the author has acklowledged that using equivalent linearelastic materials is computionally efficient, he has also shown the limitation of such choice for his model. To illustrate his idea, simulated dynamic stiffnesses with non-linear and linear foam models have been computed and compared to the experimental one, as shown in figure 2.27. The experimental results show a steady increase of the amplitude, which is correctly captured by the non-linear model. On the opposite, the linear model seems to remain almost constant and underestimates the measurements. This would suggest that using a linear foam material model results in errors in the dynamic stiffness of the seat. To nuance this statement, it should be noted that the dynamic stiffness is a global response that does not only characterizes the foam, but rather the seat. But in Zhang's works, in order to reduce the computational cost of the model which has been solved in the time domain, most of the seat has been transformed into a rigid body. For the same purposes, the suspension mat has also been replaced by a rigid mat suspended by springs. This means that the seat itself has almost no mobility, which makes it necessary to have a complex constitutive law for the foam.

Conclusion

In this section, the dynamic behavior of the seat has been presented. Although an automotive seat has a dynamic behavior characterized by 3 main modes in the low frequencies, two bending modes and one torsion mode, it has been shown that they are not be significant when measuring the vertical transmissibility. This indicates a rigid behavior of the seat frame and thus leads to question which remaining components of the seat are responsible for the observed dynamic behavior when the seat is loaded. A systematic study from Barbeau [5] has shown that the cushion foam pad has a strong influence of the 3 indicators of the transmissibility, namely the resonance frequency, the gain at the resonance and the cut-off frequency. This shows the need to further study the foam dynamics.

The characterization is usually performed at the sample scale and can be made using resonant or non-resonant methods. The former allow to extract material properties at the resonant frequencies of the material only, while the latter allow to test discrete frequencies and thus to map a larger range. These experiments provide values of the dynamic elasticity modulus and the loss factor of the material as a function of the excitation frequency and the applied load, showing a viscoelastic behavior of the foam. These values can then be used to estimate parameters from different constitutive laws, which could then be used as input for the finite element models.

While this characterization and identification is usually relevant at the sample scale, it is seen that simpler constitutive laws can be used at the seat scale. For frequency-domain computations, equivalent linear-elastic laws seem to be enough, while time-domain computations propose to use load-deflection curves as input. This suggests that, in the case of the occupant/seat transmissibility, the complex behavior may rather come from the occupant itself than from the seat, and shows the need to take the occupant response into account to build a representative model.

Dynamic behavior of the human body

General behavior

According to the ISO 5982 norm [START_REF] Iso | Vibrations et chocs mécaniques -enveloppes de valeurs probables caractérisant la réponse biodynamique d'individus soumis à des vibrations globales du corps. Standard[END_REF], the dynamic behavior of the human body can be described using three quantities: the driving-point mechanical impedance 𝑍(𝜔), the apparent mass 𝐴𝑃 (𝜔) and the seat-to-head transmissibility 𝑆𝑇 𝐻(𝜔), each of these being defined as:

𝑍(𝜔) = 𝐹 𝑠𝑒𝑎𝑡 (𝜔) 𝑣 𝑠𝑒𝑎𝑡 (𝜔) , 𝐴𝑃 (𝜔) = 𝐹 𝑠𝑒𝑎𝑡 (𝜔) 𝑎 𝑠𝑒𝑎𝑡 (𝜔) = 𝑍(𝜔) 𝑗𝜔 and 𝑆𝑇 𝐻(𝜔) = 𝑎 ℎ𝑒𝑎𝑑 (𝜔) 𝑎 𝑠𝑒𝑎𝑡 (𝜔) , ( 2.35) 
where 𝐹 𝑠𝑒𝑎𝑡 (𝜔) and 𝑎 𝑠𝑒𝑎𝑡 (𝜔) are the force and acceleration measured at the seat surface respectively, 𝑎 ℎ𝑒𝑎𝑑 (𝜔) is the acceleration measured at the human subject's head, and 𝜔 is the frequency.

In the automotive industry, the most commonly used quantity is the apparent mass which, in the case of automotive seats, can be seen as the mass applied by the occupant to the seat at a given frequency. It is clasically measured with an occupant sitting on a rigid seat in order to remove coupling effects that could happen with an automotive seat. The measurement goes as follows: first, the human subject is seated on the rigid seat; then, the excitation is provided at the base of the structure, and the force and acceleration signals are measured at the same point at the occupant/seat interface; finally, the apparent mass is computed by performing the ratio of the two quantities in the frequency domain. A detailed protocol used in this work is proposed in section 5.2 page 97.

In the ISO 5982 norm, enveloppes of the apparent mass are given for two cases, with or without backrest support. These enveloppees are represented in figure 2.28 and show that the human body dynamic behavior is not constant over the considered frequency range. Indeed, the apparent mass exhibits a resonance phenomenon, characterized by a resonance frequency 𝑓 𝑟 and a peak mass amplitude 𝑚 𝑝𝑒𝑎𝑘 . Typical values, dervied from the mean curves proposed un the ISO 5982, are summarized in table 2.6 and show that the resonance appears around 5Hz and that the amplification with regards to the static amplitude is +34% without backrest and +43% with it. This non-constant behavior has a strong influence on the occupant/seat transmissibility, as shown by Tufano and Griffin [START_REF] Tufano | Nonlinearity in the vertical transmissibility of seating: the role of the human body apparent mass and seat dynamic stiffness[END_REF]. In their study, the apparent mass of seated subjects as well as the dynamic stiffness of the seats they were sat on have been measured for different input excitation levels. Then, transmissibility curves were predicted using the analytical method described in 2.3.4. To investigate the effect of the seat, transmissibilities were predicted using a fixed apparent mass and the different dynamic stiffnesses obtained at each excitation amplitude. Conversely, the effet of the human body has been studied by fixing the dynamic stiffness and changing the apparent mass. Typical predicted curves are shown in figure 2.29.

The effects of each quantity have been evaluated by measuring the differences of the resonance frequency and the gain at the resonance between two measurements. In the case of the foam and excitation level of figure 2.29, the variation of the resonance frequencies depending on the apparent mass are between 0.625Hz and 1.125Hz (median: 0.875Hz) and the variations between gain at the resonance are between 0.14 and 0.61 (median: 0.36). On the other hand, the variations between resonance frequencies due to the dynamic stiffness are between 0 and 0.5Hz (median: 0.125Hz) and the variations between gain at the resonance are between 0.04 and 0.22 (median: 0.12). To summarize, not only is the apparent mass not constant over the frequency range, unlike the rigid masses used in industrial protocols [START_REF] Faurecia | Évaluation de la réponse dynamique de l'assise d'un siège[END_REF], but it also influences the transmissibility indicators, and thus the vibratory comfort. This shows the need to further study this response and to understand which factors affect it.

Factors aecting the human body dynamic response

Impact of the human subject variability To investigate the differences of apparent mass depending on the participant, Toward has measured the apparent mass of 80 subjects sat on a rigid seat without backrest with an input excitation of 1m/s 2 RMS [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF]. The results are presented in figure 2.30. Although all curves present a resonance phenomenon, it is located inside a frequency band ranging from 4 to 8Hz, depending on the considered response. The same behavior is observed when looking at the phase, for which the decrease is more or less pronounced depending on the participant. This result is important from a model validation point of view. Indeed, if the validation is made using a reference curve derived from a series of measurements, it should be kept in mind that this curve might hide a variety of responses. A possibility to deal with this issue could be to measure the apparent mass of participants that have similar anthropometric features and to use the mean or median apparent mass for example.

Impact of the satic mass of the human subject In the same study, Toward has studied the influence of the particicpants' static mass [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF]. In this experiment, the apparent mass of 80 subjects sitting on a rigid seat without backrest was measured. The excitation signal was a random acceleration from 0.125Hz to 25Hz with an amplitude of 1.0m∕s 2 RMS, which is considered to be representative of the acceleration measured at the seat surface on commercial vehicles in this frequency range, as shown by Griffin [START_REF] Griffin | The evaluation of vehicle vibration and seats[END_REF]. The input acceleration was measured on platform on which the rigid seat was fixed and the force was measured using a force plate placed between the subject and the seat. In order to obtain the apparent mass of the human subject only, a mass cancellation step has been performed by substracting the force of the plate (equals to the static mass of the plate multiplied by the acceleration amplitude) to the measured force.

To post-process the results, the subjects were separated into 4 quartiles depending on their weight. The apparent masses obtained for each group are presented in figure 2.31. Then, for each quartile, the values of the resonance frequency 𝑓 𝑟 , the apparent mass at the resonance 𝑚 𝑝𝑒𝑎𝑘 have been measured and averaged, see table 2.7. The results show that the average frequency 𝑓 𝑟 per group tends to decrease when the static weight increases, except for the group with the highest weight. Regarding the peak mass 𝑚 𝑝𝑒𝑎𝑘 , it is statistically significantly different from one group to another. However, as noted by the author, once that the amplitudes are normalized, the differences between the apparent masses at the resonance are not significant, as seen in the middle graph of figure 2.31. A different classification of the subjects based on their body-mass index showed that the apparent mass does not vary among groups [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF]. Therefore, this experiment suggests that the static mass of the occupant has an influence on the amplitude of the apparent mass, but as the normalized curves show, the intrinsic dynamic behavior of the human body remains the same. The static mass can thus be seen as a scaling factor.

Impact of the posture of the human subject An experiment performed by Rakheja et al. [START_REF] Rakheja | Seated occupant apparent mass characteristics under automotive postures and vertical vibration[END_REF] has investigated the effects of the posture on the apparent mass. In this study, the seat consisted in a seat plate tilted at 13°from the horizontal axis and a backrest plate tilted at 24°from the vertical axis. The difference of postures consisted in either holding a steering wheel (similar to the driver posture) or having the hands on the lap (similar to the passenger posture). Finally, the feet were supported by a footrest adjusted by the subject.

In this study, 3 excitation levels were used but the authors have reported that it does not influence the results, so for each posture, the results for all excitation levels and all subjects have been averaged. The results are compared in figure 2.32. The results have shown that, in the passenger posture, the average apparent mass exhibits a single resonance at 7.8Hz at an amplitude of about 90kg. However, when the subjects grab the steering wheel, the measured behavior changes and the apparent mass exhibits two resonances. The first one appears at 6.1Hz with a corresponding amplitude around 75kg, and the second one appears at 11Hz with a corresponding amplitude around 60kg. Based on a study from Fairley and Griffin [START_REF] Fairley | The apparent mass of the seated human body: Vertical vibration[END_REF], this second resonance might result from the footrest position, which changes the human body/seat contact area. This change of boundary conditions then changes the dynamic behavior of the human body, and therefore the resulting apparent mass.

Impact of the backrest An experiment showing the impact of the backrest has been conducted by Toward [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF]. In this experiment, the apparent mass of twelve male subjects has been measured. The subjects were sat on a rigid seat with a force plate fixed on the cushion plate. The backrest of the seat was rigid and its angle varied between 0°and 30°with regards to the vertical axis. Similarly to study about the impact of the static mass, a mass cancellation has been performed to remove the mass of the seat from the results. The median apparent masses for each backrest inclination are presented in figure 2.33. The results have been post-processed by comparing the indicators between measurements for two backrest angles in order to tell if their difference is statistically significant or not. In the case of the resonance frequency, they have shown that the resonance frequency increases with the backrest angle. However, for most paired comparisons, this difference is not statistically significant. The difference becomes significant either when comparing measurements with differences of backrest angles greater than 15°(e.g. 0°vs. 15°or 10°vs. 30°), or when comparing small differences on big angles (e.g. 25°vs. 30°). Regarding the peak mass, the results show that the lowest peak mass is obtained with the greatest backrest angle. Unlike the resonance frequency, this phenomenon is statistically significant for most pairs. However, when the angle difference is less than 10°, the difference is mostly non-significant.

These results can be explained by the change of mass distribution due to the backrest angle. Indeed, when sitting on a structure with a straight backrest, the mass is largely distributed on the cushion plate, but as the backrest is reclined, the mass seen by the cushion decreases, which explains the increase of the resonance frequency and the decrease of the amplitude at the resonance.

Impact of the excitation amplitude

The impact of the excitation amplitude has been studied by Matsumoto and Griffin [START_REF] Matsumoto | Non-linear characteristics in the dynamic responses of seated subjects exposed to vertical whole-body vibration[END_REF]. In this study, the apparent mass of 8 male subjects (median height:1.76m; median weight: 72kg) has been measured. The subjects were sat on a rigid seat on which a force plate was fixed. The seat did not contain a backrest nor a footrest. The subjects were asked to maintain an upright posture and to look ahead. A random excitation from 0.5 to 20Hz has been applied during 60s at 5 different levels: 0.125, 0.25, 0.5, 1.0 and 2.0m/s 2 RMS. A mass cancellation step has been applied to remove the effects of the seat and the apparent masses are normalized. The results are presented in figure 2.34. According to Tufano and Griffin, the differences of resonance frequencies between two different excitation amplitudes can be used as measure of the human body nonlinearity [START_REF] Tufano | Nonlinearity in the vertical transmissibility of seating: the role of the human body apparent mass and seat dynamic stiffness[END_REF]. Here, the results show that the resonance frequency decreases from 6.40Hz down to 4.75Hz. However, statistical tests show that these differences of resonant frequencies are only significant when comparing 0.25 and 0.5m/s 2 RMS, 0.5 and 1.0m/s 2 RMS and 1.0 and 2.0m/s 2 RMS, that is only 33% of the possible pairs for this series of measurements. This suggests that, in this study, the human body non-linearities were not excited. Regarding the peak mass, a decrease is observed, but no statistically significant differences have been noted. Finally, the figure suggests differences in the peak width, which could be related to the damping of the human body, but this is not further discussed in the study.

Other measurements from Toward and Dewangan et al. have also showed that an increased excitation amplitude results in a decrease of the resonance frequency and little to no changes of the peak mass [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF][START_REF] Dewangan | Seated body apparent mass response to vertical whole body vibration: Gender and anthropometric effects[END_REF]. This effect has also been seen in the study from Rakheja et al., already presented above regarding the posture, and the authors have attributed it to a softening behavior of the human body [START_REF] Rakheja | Seated occupant apparent mass characteristics under automotive postures and vertical vibration[END_REF]. This shows that the effects of the amplitude depend on the setup, the intersubject variability and the differences between the tested amplitudes [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF], which may explain why some authors reports differences in the apparent mass or not.

Conclusion

Based on the different studies presented above, it is shown that a common characterization of the human body dynamic behavior is performed by measuring its apparent mass, which can be characterized by a resonance frequency and a peak mass. This section shows that they are impacted by various factors, such as: the static weight of the human subject which acts as a scale factor; the posture that changes the boundary conditions of the human body and thus its resonance; the backrest angle which shifts the resonance due to changes in the mass distribution; and the excitation level which impacts the resonance frequency. Therefore, when performing such measurements, care should be taken to be as close as possible to the actual sollicitations that the human body may experience in an actual vehicle. Once the dynamic behavior of the human body is properly characterized, it can be used as a reference to validate finite element models of the occupant to be used to predict the occupant/seat transmissibility.

FE models of the human body validated using the apparent mass

Several authors have proposed occupant models to predict the apparent mass for industrial or research purposes. In this section, it is proposed to compare three models developed recently, with two examples in each category.

First, Choi et al. have developed a model for ESI Group. The first works started in 2004, and a first simulation of the apparent mass was published in 2006 [START_REF] Choi | Human body modeling for virtual seat comfort testing[END_REF]. Initially, the model has been built for static purposes such predicting the pressure distribution [START_REF] Montmayeur | Experimental and numerical analyses of seating pressure distribution patterns[END_REF][START_REF] Choi | Human body modeling for virtual seat comfort testing[END_REF]. But a simulation of the apparent mass was also conducted. It has been performed using a rigid seat with a cushion plate inclined 10°from the horizontal and 20°from the vertical. A random vibration of 1.0m∕s 2 RMS from 1 to 20Hz was used. The results were compared to experimental measurements as well as to data from the literature. The results are presented in figure 2.35. Based on its response, the model can be considered as representative since its response falls in the corridor made by the first and third quartile. When looking more precisely, the simulated response overestimates the measurements at low frequencies (where the apparent mass tends toward the static mass of the subject), at the main resonance around 5Hz, and at the secondary resonance before 15Hz. However, when compared to the overall variability of the measurements, this model can still be considered as acceptable. However, no further commments have been made by the authors and no results with this model have been found. Two years later, another human body model used to simulate the apparent mass was proposed by Siefert et al. [98]. The model, named CASIMIR, contains a detailed modeling of the spine, muscles, viscera, bones and soft body. One of its specific features is the modeling of muscle tension using frequency-dependent springs and dahspots. The apparent mass of the model is computed and compared to measurements in a driving posture (although this posture has not been explicitely described). The results are presented in figure 2.36. Once again, the results are not discussed in the paper since the main objective is the computation of the seat transmissibility. It can be observed that the simulated amplitude is in the corridor made by the experimental measurements. A slight overestimation of the static mass is noted (about 5%), but the authors consider this simulated apparent mass as sufficient for a transmissibility prediction.

In both studies, the authors insist that the modeling of the human body, both in terms of kinematic joints and material properties used (especially for the soft tissues), is crucial to build a representative model. However, since these two models are built for industrial purposes, few details are available, both regarding the chosen modeling strategies as well as the values used as parameters. In the following, two models are presented that provide additional information about the modeling of the human body.

An example of such models is proposed by Lizée et al., who have developed a manikin for crash simulations in 1998 [START_REF] Lizee | Development of a 3d finite element model of the human body[END_REF], depicted in figure 2. 37 (a). This results in a very detailed geometry of the torso, which has been built based on data from the literature. On the other hand, the remaining elements (head, arms and legs) come from a finite element model of the Hybrid-III manikin, which is a standard crash test dummy. In 2001, this model has been reused by Denninger to study the impact of car seat vibrations on the human body [START_REF] Denninger | Analyse biomécanique des interactions homme siège en environnement automobile : Modélisation par éléments finis du corps humain soumis à des vibrations verticales[END_REF]. Several modifications are made, mostly regarding the mesh, the constitutive laws and the joints between the limbs. A global view of the model as well as a detailed view of the skeleton and soft tissues are presented in figure 2.37 (b) and (c). The validation of the model dynamic behavior is assessed by comparing the apparent mass of the model with measurements performed as part of the SCOOP project4 by Kirchknopf et al. [START_REF] Kirchknopf | Optimaler sitzschwingungskomfort durch gezielte analyse des mensch-sitzsystems, optimized seat vibrational comfort with dynamical analysis of the person/seat system[END_REF]. The apparent mass has been measured for 3 postures, one with the backrest and two without (i.e. erect and relaxed). Two excitation levels are used: 1m/s 2 and 2m/s 2 . While the first level is usual for the evaluation of seat comfort, the second one is rather high and may have been chosen to approach uncomfortable levels of vibration, as described in the ISO 2631 norm [START_REF]Vibrations et chocs mécaniques -Évaluation de l'exposition des individus à des vibrations globales du corps -partie 1 : spécifications générales. Standard[END_REF].

The apparent mass of the model is computed using a modal superposition approach. The derived results for postures without and with backrest are shown in figure 2.38 (a) and (b) respectively. For comparison purposes, all apparent masses have been normalized to overcome the offsets due to the different static weight of the subjects (see 2. When comparing the results without backrest (figure 2.38 (a)), it can be seen that the resonance frequency of the model approximates correctly the ones found experimentally. Regarding the amplitude, it is in the range of the experimental values, although the experimental responses present a strong variability due to differences in postures, anthropometry and excitation level. The model presents a second resonance around 12Hz while the experiments suggest that it appears between 8 to 10Hz, which causes the amplitude of the apparent mass to be underestimated in this frequency range.

Regarding the case with backrest (figure 2.38 (b)), the apparent mass presents a resonance at 3.6Hz, which is less pronounced in the experimental data. The frequency of the main resonance appears to be slightly overestimated while its amplitude seems underestimated. Finally, after 8Hz, the amplitude of the apparent mass is lower than the experiments' one. According to the author, these discrepances can be explained by the experimental setup. Indeed, the backrest (a rigid cast of a series seat's backrest) and the cushion plate (a wooden plate) vibrated in phase but where not attached together. This measurement then underestimates contributions from the backrest, while the model considers them. The author mentions that this does not change the modal behavior of the occupant, rather only the amplitude of the response. However, this misestimation is not visible since the amplitudes are normalized.

In 2015, another model has been proposed by Liu et al. [START_REF] Liu | Finite element modelling of human-seat interactions: vertical in-line and fore-and-aft cross-axis apparent mass when sitting on a rigid seat without backrest and exposed to vertical vibration[END_REF]. Compared to the aforementioned models, this one looks simpler since less parts are modeled. Indeed, the model is made of 4 rigid bodies -upper torso (containing the head, neck, shoulders, thorax, arms and hands), lower torso, legs and feet -and one deformable body representing the pelvis and the thighs. This last body is made of a rigid structure representing the pelvis and femurs surrounded by a deformable part representing the soft tissues. The model is depicted in figure 2.39 (a).

The rigid bodies of the occupant model have linear mechanical properties whose values are specified to obtain representative a representative mass distribution and inertia, while the soft tissues are modeled with a isotropic linear elastic constitutive law. The bodies are connected using kinematic joints, for which stiffnesses and dampings are specified. Damping is also added in the soft tissues by using a stiffness-weighted Rayleigh damping defined with a scale factor 𝛽 set to 0.05. The comparison of the apparent mass simulated with this model and the experimental apparent mass is presented in figure 2.39 (b). The model shows a good agreement with the experimental data: the apparent mass in the low frequencies is well caught, the resonance peak is correctly estimated although the simulated amplitude is slightly overestimated afterwards. A good match between the experimental and numerical phase curves is also observed.

This model its then used to investigate the effects of the soft tissues parameters 𝐸 and 𝜈 as well as of the stiffness damping coefficient 𝛽. Regarding 𝐸, compared to its original value, increasing its value results in an increase of the resonance frequency 𝑓 𝑟 , while decreasing it does not have any impact. The amplitude at the resonance remains unchanged, but increasing 𝐸 results in reducing the amplitude before the resonance and increasing it after. Regarding 𝜈, simulations are made with its original value as well as with a reduced value (0.7𝜈). The results show that the resonance frequency and the mass at the resonance decrease when decreasing 𝜈. Finally, computations where made using different values of 𝛽 and show as expected that when decreasing it, the resonance frequency slightly increases while the amplitude at the resonance strongly increases.

In the same article, the authors discuss about the difficulty of finding suitable parameters to represent the dynamic behavior of the human body. To show this problem, authors have compared the stiffness properties chosen for the soft tissues, as shown in figure 2.40. Since they have chosen a constant Young's modulus, it is represented by a straight line in the figure. It is shown that the current model has the highest value for the Young's modulus. Moreover, some authors listed in figure 2.40 report a non-linear behavior of the soft tissues, which was intentionally not considered in Liu et al.'s model. To explain these differences, the authors have attributed the variability between the results to the differences of samples used for the characterization (type of tissue, origin and age).

Another difficulty is the interpretation of the joint parameters' values. In Liu et al.'s study, their values have been taken from previous works and then manually adjusted. However, the authors acklowledge that it is complicated to compare them to others from the literature, with values that can increase twofold between models. These differences are mainly explained by the differences in the model structures, which result in different responses with regards to the experiments, as well as the methods used to find the appropriate set of parameters. 2.5. Discussion

Conclusion

This last section shows that the human body has its own dynamic behavior which can be globally characterized by measuring the apparent mass. A typical response in the low frequencies reveals an increase of the amplitude up to a main resonance followed by a decrease of the amplitude. While the static weight seems to have only a scaling role, other factors such as the posture, the backrest and the level of excitation impact the response, showing differences in the resonance frequency and peak mass. In addition, predictions of the seat transmissibilities based on measurements of the apparent mass (related only to the occupant) and the dynamic stiffness (related only to the seat) have showed a stronger influence of the apparent mass on the transmissibility, which shows the need for a representative finite element model of the human body. Contrary to rapid dynamics purposes such as crash simulations for instance, finite element models of the human body are less used for low frequency harmonic simulations. The list presented here, although not exhaustive, shows the different modeling choices that have been made, both in the industry as well as in academia. While some authors emphasize the need for a rich modeling of the body, especially of the spine, some authors show that a reasonable agreement with experimental data can be obtained with simpler models. In the latter case, it is mostly important to respect the geometry and the mass distribution of the human body. Regarding the material modeling, some authors used data from the literature, but other pointed out the need for a calibration in order to fit the experimental data.

Discussion

As it has been shown in this review, the foam is a key component of a car seat becauses it has a direct impact on both the static and dynamic comfort. In statics, the foam behavior is strongly non-linear, as shown by typical stress/strain curves. A particularity of this material is the plateau phase, for which the stresses are constant whatever the applied strain. Such behavior is clearly interesting for the seat design since it allows the foam to absorb larger strain energy compared to elastic materials. Considering the large displacements and stresses involved during the sitting phase, the constitutive law to chose for the foam has to take this behavior into account. Finite element solvers usually have such constitutive laws implemented, which make it possible to perform the experimental characterization at the sample scale and the numerical validation at the seat scale.

In dynamics, the foam also plays a key role, with a direct influence on the transmissibility indicators. When looking at the sample scale, it is shown that the foam has a prestrain dependency, which is directly linked to its static behavior, as well a frequency dependency. While these behaviors are clearly visible at the sample scale, they seem to be less pronounced at the seat scale. In addition, depending on the considered solver, these behaviors cannot always be implemented, which has led authors to consider equivalent linear-elastic constitutive laws as a first approximation. Considering that the dynamic computations are made using a modal superposition approach in this work, this method is also chosen, the main issue becomes then to find the most appropriate equivalent parameters' values to have a representative model with regards to the experimental behavior.

Finally, while a seat manufacturer does not know the apparent mass of the end-user, the literature shows that its influence is of first order. According to some authors, in the case of the occupant/seat transmissibility, the dynamic behavior of the occupant might be more important than the one of the seat. This is confirmed by the different studies on the subject, for which authors have systematically proposed a validation of the occupant alone prior to performing coupled simulations. In this work, it is proposed to follow that approach and to use the apparent mass as the characteristic response to validate using the finite element model. To reduce possible bias, the experimental characterization should be performed using occupants that have similar anthropometric features placed in representative conditions, both in terms of posture and excitation amplitude. This work focuses then on two main models representing the seat and the occupant respectively, and aims to ensure that they can be used to predict dynamic comfort features such as the occupant/seat transmissibility. These models will be introduced in the following chapter before being studied separately in chapters 4 and 5.

Finite Element models used for the study

This chapter introduces the two finite element models chosen in this study, namely the seat model and the occupant model. The first section focuses on the former with the presentation of the actual physical seat, followed by its corresponding finite element model, and a comparison of both measured and simulated dynamic behavior at low frequencies. The second section presents the latter, describing the physical manikin and its associated finite element model, as well as the reasons that justify its use and for low-frequency applications. 

. Description of the real seat

The seat used in this study was initially developed for a sedan car released in september 2013 (confidential). This seat exists in two versions, respectively "comfort" and "dynamic". The differences between both versions mainly concern the external geometry of the seat, the dynamic one having more pronounced lateral bolsters. This last version, depicted in figure 3.1, has been selected for this study. As discussed in subsection 1.3.2, the seat can essentially be divided into 4 main subcomponents, namely the frame, the suspension mat, the foam pad and the fabric cover. While the latter is clearly visible in figure 3.1, the formers are depicted in figure 3.2. • The frame is an assembly of metallic sheets that constitute the structure supporting both seat and backrest cushions. These sheets are connected either using welds or fasteners (nuts/bolts). At the bottom, this structure is connected to the track using 4 wings, one of which being adjustable to set the seat height (rear left one, visible on figure 3.2a (a)). At the front of the track, a handle bar is used to set the seat front position.

• The suspension mat is an assembly of metallic and plastic parts which is used for two main purposes. The first one is to maintain the foam pads used for the cushion and the backrest, and thus contributing to the sitting comfort as it ensures a correct position of the occupant.

The second role of this component is more practical as it supports additionnal components of the seat (bladders, wires, etc.).

• The foam pad, as depicted in figure 3.2 (b), which is made of molded polyurethane foam and rests on the frame sheets and the suspension mat. Grooves are located on its upper surface to maintain the fabric cover using a series of clips and adhesive bands.

• The last component is the fabric cover. It is attached to the foam pad using the aforementioned systems and then to the frame, ensuring a fixed position of the foam pad. In addition, plastic elements are used to cover the remaining parts of the frame, but these have been removed from the studied seat.

Seat dynamic behavior

The dynamic behavior of the studied seat has been characterized using an experimental modal analysis [START_REF] Iglesias | Modal analysis on seat frame type confidential[END_REF][START_REF] Iglesias | Modal analysis complete seat confidential[END_REF]. Similar to the study from Lo et al. [START_REF] Lo | Structural dynamic characterization of a vehicle seat coupled with human occupant[END_REF], this analysis has been carried out in two steps: first considering the frame only and then the complete seat.

Experimental modal analysis of the frame structure In this first step, the headrest, the fabric cover and the foam pads have been removed, i.e. only the frame and the suspension mat were retained. The seat has been placed on a rigid test bench using 4 supporting blocks. Its tracks have been set in rear position, its lift actuators were set in high position, and the backrest angle was 25°from the vertical axis. The excitation has been performed using a roving impact hammer and the acquisition has been made with 18 fixed triaxial accelerometers (4 on the backrest, 5 on the cushion, 1 on each wing, 1 on each supporting block and 1 on the handle bar). The location of the sensors is depicted in figure 3.3. To assess the modal analysis results, the modal assurance criterion (MAC, [2]) has been used. This criterion can be seen as a measure of similarity between two mode shapes 𝜙 𝑖 and 𝜙 𝑗 such that

MAC 𝑖,𝑗 = 𝜙 𝐻 𝑖 𝜙 𝑗 × 𝜙 𝐻 𝑗 𝜙 𝑖 𝜙 𝐻 𝑖 𝜙 𝑖 × 𝜙 𝐻 𝑗 𝜙 𝑗 , ( 3.1) 
where the superscript 𝐻 indicates the complex conjugate of the mode shape. MAC values are between 0 (indicating no similarity) and 1 (indicating perfect similarity). They are usually presented as a matrix which tells to which extent two different modal bases are correlated. In particular, if 𝜙 𝑖 and 𝜙 𝑗 come from the same modal basis, the resulting matrix is called the auto-MAC matrix.

In this study, the latter has been applied to each experimental modal basis to ensure that its vectors were orthogonal. The regular MAC criterion has then been used to validate the numerical model.

The modal analysis of the frame has returned 8 modes found between 0 and 100Hz. The resulting auto-MAC matrix is depicted in figure 3.4 and the modal parameters of the modes as well as their description are given in table 3.1. Although the eigenfrequencies and the corresponding modal damping ratios are different, the results show that the first three modes are identical to those reported by Lo et al. (see table 2.3 page 28) [START_REF] Lo | Structural dynamic characterization of a vehicle seat coupled with human occupant[END_REF]. Regarding the auto-MAC criterion, it can be observed that the identified modes are well differenciated as the values of the off-diagonal terms are very low, except for modes 5 and 6, for which an extradiagonal term of 0.85 is found. A closer examination of the mode shapes reveals that these actually corresponds to the same mode, which has been identified twice at two different frequencies. Experimental modal analysis of the complete seat A second measurement campaign has been performed on the complete seat. Similarly, it has been mounted on a rigid platform, with its tracks set in rear position, its lift actuators set in high position, the headreast set in upper position and a backrest angle of 25°from the vertical. The excitation has also been applied using an impact hammer and the response has been measured at 16 locations (4 on the backrest, 5 on the cushion, 1 on each rear wing, 1 on each supporting block and 1 on the handle bar). The accelerometers were still placed on the frame, which resulted in local openings in the seat cover and foam as shown infigure 3.5 (b). The modal analysis identified 6 modes between 0 and 100Hz. It is seen in table 3.2 that the first three modes of the complete seat are similar to the ones observed on the seat frame only. This is still consistent with the results from Lo et al. and confirms that the complete seat modes are inherited from the seat frame dynamic behavior [START_REF] Lo | Structural dynamic characterization of a vehicle seat coupled with human occupant[END_REF]. Compared to the frame modes, the eigenfrequencies found for the complete seat are reduced, which can be explained by the mass increase due to the foam pads. These modes are also well differenciated, as shown by the auto-MAC matrix in figure 3.6. However, it is seen that the mode 4 is coupled with the mode 3 (MAC=0.617) and, to a lesser extent, to mode 5 (MAC=0.271). By looking at the modeshapes, this can be explained by the fact that the mode 4 is actually a combination of the previous and next modes, which all lie in a close frequency range. The results from table 3.2 also show that two modes out of the first three are in the frequency range of interest, suggesting that they may play a role when evaluating the transmissibility. From a numerical point of view, given that the model dynamic responses are computed using the modal superposition method [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF], this implies that the model is representative providing that its numerical modes correspond to the experimental ones. To perform such validation, a last post-processing of the measured modes needs to be done.

Mode shapes post-processing

The measured mode shapes presented above correspond to complex vectors. However, the FE simulations are classically performed on the associated conservative system [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF], which means that the computed eigenmodes are real 1 . Due to this difference, these modal bases cannot be compared as is and the experimental real modes have to be derived from the complex ones.

To derive a normal mode from a complex mode, Imregun and Ewins have proposed to find a real vector whose similarity with the complex eigenvector of interest (computed with the MAC criterion) is maximal [START_REF] Imregun | Realisation of complex mode shapes[END_REF][START_REF] Foltête | Identification modale de structures lineaires et faiblement non-lineaires[END_REF]. Based on this approach, Ahmadian et al. have analytically shown that the real vector that maximizes this similarity is actually the real part of the rotated complex eigenvector [START_REF] Ahmadian | Extracting real modes from complex measured modes[END_REF]. A similar approach has been applied in this work, and is presented in figure 3.7. Firstly, the complex eigenvector has been plotted in the real/imaginay plane, as depicted in figure 3.7 (a). Using this representation, it is seen that the real and imaginary parts of this mode shape are almost proportional, which is typical of a lightly-damped structure. Secondly, after computing the rotation angle by applying a linear regression to the data, the point cloud has been rotated back so that its points are distributed around the real axis, see 3. This kind of transformation assumes that the real and imaginary parts are proportional, i.e. DOF amplitudes are aligned in the complex plane, which is not guaranteed. In the case of the studied seat, this is verified by using the correlation coefficient 𝑅 2 computed after the linear regression. The results for the first 3 modes are presented in table 3.3. In the case of the frame, the quality of the regression is good, with an 𝑅 2 coefficient above 0.9. In the case of the seat, the results for the first two modes are acceptable, but this is not the case for the third mode.

Mode number Frame Seat 1 0.992 0.813 2 0.907 0.858 3 0.957 -0.03 This poor correlation is seen in figure 3.8, which shows no clear relationship between the real and imaginary parts of the mode shape can be derived. Since this transformation changes the nature of the mode, it is expected that the correlation with simulated modes will be poor. In this model, the different parts are assembled using different methods:

• volumetric elements, representing the welds, whose mesh is coincident with regards to the coupled parts;

• contact algorithms, handling the relative motion between a master part and a slave one;

• screws made of beam elements, with rigid body elements connecting each part.

While the use of volumetric elements and contact algorithms is rather common, the modeling of the screws is specific to the seat. Indeed, during crash simulations, the seat frame experiences large deformations that can lead to ovalization of the drillings in the metallic sheets. This can lead to damages in the structure and an acurate modeling approach is therefore needed to predict such phenomena.

In the current seat, two different screw types have been defined based on Faurecia's know-how. The first one, denoted 'level 0' and depicted in figure 3.10 (a), consists in building two rigid body elements that contain all the drilling nodes from each metallic sheet. Then, a beam element is added to connect the central nodes of each rigid body element. This beam element is made of a translational spring with a corresponding stiffness of 10 9 N/m along the beam direction. In the two orthogonal directions, the same translational spring is used along with a rotational spring of The second one, denoted 'level 2', is made of a series of beam elements that represent either the plain or threaded parts of the screw. These beam elements are modeled using elastic materials. Then two shell parts are added to model the screw ends. Finally, the drilling nodes from the upper sheet as well as the upper end of the beam are connected to the screw head using a dedicated command. Similarly, the drilling nodes from the lower sheet as well as the lower end of the beam are connected to the screw end. The assembly is drawn in figure 3.10 (b). Since the modified finite element model of the seat is intended for low-frequency dynamic simulations, such as modal analysis, only small deformations are assumed. Therefore, the latter screw modeling appears unnecessarily complex, and all 'level 2' screws have been replaced by 'level 0' ones.

The FE models of the suspension mats (cushion and backrest) are finally added to the modified frame model to reproduce the experimental seat assembly. The derived FE model is depicted in figure 3.11. 

Models validation

Similarly to the experimental modal analysis, the modes of each model have been computed up to 100Hz. The validation step has then consisted in comparing the relative error between the eigenfrequencies and the mode associated shapes using the MAC criterion.

In the case of the raw seat frame, 26 modes have been found. This high mode number, compared to the experimental one, is explained by the dynamic behavior of the suspension mat, whose modes were not measured experimentally. Hence, only the first three modes were considered, and the derived results are detailed in table 3.4. The MAC matrix is presented in figure 3.12. The results show a good correlation since the MAC matrix diagonal terms approach unity. Regarding the relative errors on the eigenfrequencies, they are acceptable for the first and third mode, but the second one is slightly underestimated. However, considering that the addition of the foam pads tends to reduce this mode's eigenfrequency, as seen in the experimental measurements in 3. Regarding the validation of the complete seat model, the comparison between experimental and numerical modal analyses are presented in table 3.5 and in figure 3.13. A good correlation of modes 1 and 2 is observed, with MAC values above 0.8 and relative errors on the frequencies under 10%. Adding the foam pads contributed to a reduction of the absolute error associated to the second mode, going from 10.9% to 6.6%, which is consistent with the effects of the increased mass seen experimentally. On the opposite, the third mode is poorly correlated. As shown in table 3.2, the best correlation has a MAC value of 0.443 and is associated to a mode at 75.2Hz. This discrepancy may be attributed to experimental and numerical issues. On the one hand, as shown in figure 3.8, the experimentally-identified mode shape is highly complex (i.e. damped), and therefore the extracted real mode used to compute the MAC matrix may be biased. On the other hand, the numerical modal analysis has no clear torsional mode, showing instead multiple local modes corresponding to local deformations of the seat. Among these modes, the best correlation was obtained for the one at 75.2Hz.

Occupant model

While this results in a poor correlation, this result can be nuanced by observing that the seat's third mode shape is orthogonal to the vertical axis, suggesting that it might not be excited when evaluating the occupant/seat transmissibility. In addition, this mode's eigenfrequency is already outside the studied frequency range, and measurements from Lo et al. have shown that it tends to increase when a human body is sat on the seat [START_REF] Lo | Structural dynamic characterization of a vehicle seat coupled with human occupant[END_REF]. Hence, considering that this mode might not impact the transmissibility in this frequency range, the complete seat model is considered valid for this study.

Occupant model

Description of the physical manikin

In the automotive industry, one of the main steps in the development of a new seat design is the crash test. Its main purpose is to assess the performance of the restraining systems (i.e. belts) in order to evaluate the risk of injury that the seat occupant may experience. Such tests is usually performed using anthropomorphic test dummies (ATDs), that are submitted to sudden decelerations and/or forces.

ATDs are very useful because they are equipped with embedded sensors that can measure dynamic responses (forces, moments, displacements and/or accelerations), which are further interpreted to estimate the potential for injury [START_REF] Rupp | An injury risk curve for the hip for use in frontal impact crash testing[END_REF]. A standard ATD, whose FE model has been chosen in this study, is the Hybrid-III manikin, as depicted in depicted in figure 3.14. Its development has been initated by General Motors in the mid-1970s, and introduced in a paper from Foster et al. [START_REF] Foster | Hybrid III -A biomechanically-based crash test dummy[END_REF]. This dummy is made of a metallic frame representing its skeleton, with different parts connected using kinematic joints. While some parts are completely rigid (e.g. bones from the arms and the legs), others are more flexible. As an example, the neck of the manikin is made of an assembly of aluminum and elastomer parts, providing both flexion and extension mobilities. Similarly, the lumbar spine is modeled with an elastomer, providing flexibility to the lower torso. These skeleton parts are then surrounded by rubber parts covered by a layer representing the skin.

A key characteristic of this ATD for the present study is its weight distribution, which has to be representative of a real human subject. It has been set by design to approximate a 50 th centile (i.e. median) male human. The derived weight of each body segment is detailed in table 3.6. This mass distribubtion is based on anthropometric recommendations from previous generation manikins established by Hubbard, which come from literature data [START_REF] Hubbard | Anthropometric basis of the gm atd 502 crash test dummy[END_REF]. 

Segment

From the experimental manikin to its digital versions

Although this ATD was introduced 45 years ago, its use is still topical as it has since entered regulations standards for crash tests. Therefore, when finite element codes became mature enough to be used for industrial purposes, a digital version of the Hybrid-III was developed by the National Crash Analysis Centre (NCAC) in conjunction with the Livermore Software Technology company (LSTC) for crash simulations using LS-DYNA software.

The development and the validation of the numerical manikin has been performed by Mohan et al. and described in several reference papers. The first one concerns the modeling of the manikin geometry [START_REF] Mohan | Development of detailed finite element dummy models[END_REF]. Each part has been scanned using an instrumented arm and then reconstructed using a mesh preprocessor. Then, the parts' properties and joints have been modeled without any further asumption with regards to the physical manikin. In the second one [START_REF] Mohan | Development and validation of Hybrid III crash test dummy[END_REF], the model has been used to simulate three standard tests: head drop, neck extension and flexion and thorax impact tests. Dynamic responses such as displacements, accelerations, forces, moments and/or angles have been compared to experimental data and have shown a good agreement. In the third one [START_REF] Mohan | LSTC/NCAC dummy model development[END_REF], an additional validation has been made based on the sled test. Similar dynamic responses were compared and visual comparisons between global displacements were derived, as shown in figure 3.15. This model has been shown to be very useful to predict experimental values but appears to be too detailed for a study at low frequencies. A typical example are the feet which are modeled separately from the shoes. While this can be useful to characterize risk of injury, it results in an increased number of nodes and elements (respectively 234k and 280k in the model from Mohan et al. [START_REF] Mohan | Development of detailed finite element dummy models[END_REF]), which have a direct impact on the computational cost of the model. This led the contributors to the original model to propose a new version of the Hybrid-III FE model [START_REF] Maurath | Updates to LSTC's LS-DYNA anthropomorphic models[END_REF]. This so-called FAST model is characterized by a coarser mesh and a simplification of several parts. It is depicted in figure 3.16 and described in the following section. 

Description of the FAST Hybrid-III FE model

Thanks to the coarser mesh introduced above, the FAST model has about 12k nodes and 7k elements, which represents a significant decrease compared to the original model. Moreover, half of the parts are modeled as rigid bodies, which implies that the nodal properties are concentrated at the center of gravity of these parts. These two modifications have a huge impact on the computational cost associated to finite element computations, making this model more adapted to low-frequency studies.

This model is thus made of 127 parts, which are divided into 66 rigid bodies, 42 parts modeled with continuous constitutive laws and 19 parts associated to discrete elements (i.e. springs and dampers). Moreover 43 kinematic joints are added to represent the possible motions of the manikin model. They are defined using nodes from two adjacent rigid bodies (hence their majority presence in the model) forming the joint local coordinate system. These joints can be divided into 4 different categories:

• 2 locking joints, coupling all six DOF of each rigid body together;

• 18 revolute joints, only allowing a rotation of the rigid bodies around a single axis;

• 19 spherical joints, allowing only the rotations around the 3 local axes;

• 4 translational joints, allowing only the translation of the rigid bodies along a single axis.

The locking joints are used in each leg to connect the femur to the knee. The revolute joints are located in the knees, in the shoulders, in the spine, in the head and in the stomach. The spherical joints are located in the neck, in the feet, in the elbows, in the wrists, in the hip, in the stomach, in the spine and in the tibia. Finally, the translational joints are located in the knees and in the stomach. Each joint has its own stiffness and damping properties. In this work, to facilitate their manipulation, 87 internal parameters are defined and set to the initial stiffness and damping values of the FAST model.

As stated in the previous chapter, the posture of the occupant has an influence on its dynamic properties (see 2.4.2 page 46). It is therefore important to be able to control it. This posture is characterized by the angles formed by the different body limbs, which are depicted in figure 3.17.

In the present study, the posture is characterized by the angles from the ankles (𝐴 4 ), knees (𝐴 3 ), torso (𝐴 2 ) and elbows (𝐴 6 ). As an example, angle ranges for seat comfort applications have been proposed by Rebiffé and are summarized in table 3.7 [START_REF] Rebiffé | Le siége du conducteur: Son adaptation aux exigences fonctionnelles et anthropometriques[END_REF]. Even if this kind of model has originally been developed for crash simulation purposes, it seems also interesting for comfort applications. Indeed, since its geometry and mass distribution are representative a real human subject's ones, and since its joint stiffness and damping parameters as well as its posture can be defined by the user, this model offers all the relevant information needed for low-frequency computations. Recently, Kim et al. have built an occupant model by dividing the FAST Hybrid-III model into body segments. Then, each segment has been simplified as a rigid body with the same mass an inertia properties, as shown in figure 3.18. This simplified model has been used to predict the fore-and-aft transmissibility, and the results have shown a good agreement with measurements performed on 3 human participants. Although this is an early and indirect use of the Hybrid-III model, this still shows the industrial interest of expanding its use to low-frequency computations. 

Conclusion

This chapter has introduced the finite element models associated to the seat and the occupant that have been used in this work. In each case, the physical system has first been presented, before showing the associated finite-element model as well as initial results that show the interest of using such model to evaluate the seat dynamic comfort. The seat model is based on a pre-existing model that has been previously used for rapid dynamics purposes. Because of this, the modeling of the joints was unnecessarily fine for a study at low frequencies, which led to a simplification of the model. Since dynamic responses are computed using a modal superposition approach, the validation of the seat dynamic behavior at low frequencies has been done by comparing experimental and numerical modal bases. The results for the frame model showed a good correlation for the 3 modes in the frequency range of interest, whereas the results for the seat were less consistent with the experimental data but still acceptable with regards to the desired application of the model.

The occupant model is the numerical equivalent of a standard crash test dummy used in the automotive industry. Similar to the physical one, this occupant has been mainly used for rapid dynamics purposes. In this study, a version characterized by a reduced number of DOF has been chosen in order to reduce the computational cost. It has been shown that, due to its geometric and mass representativity as well as the possibilities to set the occupant posture and its joint stiffness, it might be possible to adapt this occupant model for low-frequency studies. However, few applications have been found in this area, showing an opportunity to expand this model's applications. Now that these two models have been presented, a specific study of each of them can be performed. These studies are handled in two separated chapters: in chapter 4, a focus is made on the study of the foam that constitutes the cushion and backrest pads whereas chapter 5 focuses on the dynamic behavior of the Hybrid-III manikin model. As discussed in the state of the art in chapter 2, the mechanical behavior of the polyurethane foam has an impact on both static and dynamic comfort of the seat. A particular attention must therefore be paid to the associated constitutive laws implemented in the finite element models. In the seat model presented in chapter 3, the constitutive law used for the foam pads is based on default stress-strains curves defined for different deformation speeds. To compute the eigenmodes of the unloaded seat, it has been linearized to derive an equivalent linear-elastic material. For such computations, this can be accepted as the foam acts only as an added mass on the frame structure. However, in order to compute the transmissibility, representative values for this constitutive law are needed to predict both static and dynamic responses of the seat loaded by the occupant.

This chapter aims to derive these values based on static and dynamic experimental characterizations. The first section focuses on the static behavior of the foam, with the measurement of the stress-strain curve and its use in finite element models of the foam sample and of the cushion seat. The quality of the results is discussed with regards to the actual static sollicitations on the seat. The second section focuses on the dynamic behavior of the foam, with an experimental characterization on foam samples and a discussion concerning the links between static and dynamic simulations to reproduce the experimentally-observed behavior. Finally, the two constitutive laws are used in a seat cushion model loaded by a rigid mass to assess their predictivity.

Static behavior of the polyurethane foam

Experimental characterization

Pressure distribution measurements One of the common ways to observe the static behavior of the foam pad of a seat is to perform pressure distribution measurements at the interface between the occupant and the seat. In this work, it has been measured based on an internal standard using a matrix of 48 × 48 capacitive sensors [START_REF] Faurecia | Pressure mat comfort test xsensor procedure -human subject[END_REF], which is visible in figure 4.1 (a). Each of them covers a surface of 1.6cm 2 each and can measure values between 6.8 and 136g/cm 2 . Considering the units of the measuring range, it is seen that "pressure distribution" is actually a misuse of language and that the term "surfacic mass", thereafter denoted 𝜇, may be more adapted.

Before the measurement, the sensor matrix is placed on the seat cushion using specific landmarks to ensure that its position remains the same for each occupant. Then, the occupants sits (or is sat) on the seat and a stabilization time of 3 minutes is respected. Finally, the value of each sensor is recorded. Measurements have been performed at the cushion without its fabric cover with four different occupants which are depicted in figure 4.1: a rigid mass (denoted "lead buttock", which weighs 54.8kg), a standard manikin (SAE J826, 75kg), a biofidelic manikin (75kg) and a human subject (83kg). The results are presented in figure 4.2. Qualitatively, it can be seen that two patterns emerge: in the case of the lead buttock and the SAEJ-826 manikin, the pressure map covers a smaller surface and is more distributed under the buttock and the thighs. In the case of the biofidelic manikin and the human subject, the contact area is larger, with less contact under the thighs, but more on the pronounced parts at the side of the cushion (bolsters). In addition to the graphical results, it is possible to compare different indicators, summarized in table 4.1: the characteristic values of 𝜇 (minimum, average and maximum), the contact area (defined as the area covered by sensors with non-zero values) and the applied load. The latter is estimated by computing the total applied mass (defined as the sum of the non-zero surfacic masses multiplied the sensor area) and multiplying it by the acceleration constant 𝑔.

The results show that occupants can also be separated in two groups including the lead buttock and the SAEJ-826 manikin on the one hand and the biofidelic manikin and the human subject on the other. This is illustrated by the values of the average pressure, which are 30% lower in the case of the biofidelic manikin and the human subject compared to the average pressure measured with the lead buttock and the SAEJ-826 manikin. However, when comparing the applied load, it is seen that values are almost constant, suggesting that it is more distributed when the measurement is performed with the biofidelic manikin and the human subject. This is confirmed by comparing the contact area, which is 40% larger in the case of the biofidelic manikin and the human subject. A possible cause for the differences between these two groups of occupants can be explained by the presence of soft tissues . Indeed, during the sitting phase with the biofidelic manikin or the human subject, both the foam pad and the occupant are deformed. The obtained indicators are then biased since they are not accounted for solely by the foam behavior. However, using rigid occupants does not fully counter this problem since the equilibrium state depends also on the deformation of other internal components in the seat cushion, such as the suspension mat for instance. Another type of measurement, where the foam pad is the only deformable part, is therefore needed.

Indentation on the cushion pad

To characterize the static behavior of the foam pad, an indentation test has been performed based on an industrial standard [START_REF] Renault | Caractérisation de la raideur statique de l'assise d'un siège complet[END_REF]. Such measurement is performed with a rigid indenter that applies a local compression to the foam pad. Compared to the pressure distribution measurement, the derived results are not limited to the equilibrium state as they allow to observe the evolution of the measured load as a function of the applied displacement.

To perform this test, a rigid disk with a 159.5mm diameter is pressed on the seat cushion, which has been placed on a rigid counterform designed so that the compression axis is orthogonal to the foam pad surface. The setup is represented in figure 4.3 (a). According to the test procedure, the compression axis should pass through the seat's H-Point. However, initial measurements on the seat cushion showed that, if this condition is met, the disk compresses the cushion backside, which includes a metallic rod used to attach the fabric cover. In order to measure the response of the foam pad only, the disk has been moved 35mm towards the seat front so that it only compresses the inner part of the cushion. Five compression-decompression cycles have been applied to the foam pad at 100mm/min up to 850N, a value which approximates the weight of an 85kg occupant [START_REF] Renault | Caractérisation de la raideur statique de l'assise d'un siège complet[END_REF]. Recalling the estimated load values from the pressure distribution measurements, it is seen that this upper value overestimates the actual applied load (about 440N in the case of a human subject, see table 4.1).

The obtained raw force/displacement curve is depicted in figure 4.3 (b). It is typical of what can be observed with foam cushions and is consistent with other measurements found in the literature, such as the ones from Ebe and Griffin or Dorugade [START_REF] Ebe | Factors affecting static seat cushion comfort[END_REF][START_REF] Boileau | Modeling and validation of static and dynamic seat cushion characteristics[END_REF]. At low displacements (less than 5mm), the behavior is linear. After 5mm, an elbow is observed and the local stiffness (i.e. the slope of the curve) decreases before inscreasing again after about 30mm. Moreover, it is seen that the unloading curve does not follow the same path as the loading curve, thus forming a hysteresis cycle, which can be attributed to energy dissipation phenomena. It can also be observed that after the first cycle, the return to a nil force does not correspond to a nil displacement (ranging from 1.8mm up to 3.21mm depending on the cycle). Finally, regarding the reversal point, it is reached experimentally at 855.5N on average and the corresponding displacement is 42.9mm. Considering that the foam pad thickness at the H-Point is equal to 58.9mm, this represents a local strain of 72.7%. Compared to the experimental characterization based on pressure distribution measurements which describes the behavior of the seat, these results show the one related to the foam pad itself. They suggest a complex behavior of the foam, as shown by the non-linear relationship between the measured force and the applied displacement. However, such behavior may also be attributed to the geometry of the foam pad or to the complex loadings due to the indentation. To derive a representative constitutive law for the foam, a last series of measurements has been performed on foam samples.

Compression on foam samples

To characterize the static behavior of the studied seat foam, three samples have cut out the cushion foam pad, each of them measuring 95mm × 95mm × 40mm and weighting 14g. Their static behavior is characterized using an Instron 33R4204 machine following the protocol described in the ISO 3386-1 norm [START_REF]Matériaux polymères alvéolaires souples -détermination de la caractéristique de contrainte-déformation relative en compression -partie 1 : matériaux à basse masse volumique. Standard[END_REF]. The samples are placed on a fixed rigid plate. A rigid disk is fixed to a moving arm in order to apply compression on the sample. Five compression-decompression cycles are performed at 100mm/min up to 80% of deformation. For each sample, the force and displacement are measured. The first and fifth cycles for each sample are represented in figure 4.5 (a) and (b). The results show that all three samples exhibit a similar behavior, corresponding to what has been described in section 2.2.2: a decomposition of the curve into 3 zones (linear-elastic, plateau and densification zones), as well as a hysteresis loop and the Mullins effect. These results are also similar to the force/displacement curves measured on the foam pad, although the transition between the plateau and the densification stages is more pronounced here.

Since the measurement biais coming from the occupant (presence of the soft tissues), from the seat (additional elements and complex geometries) and from the test setup (complex loadings in the indentation test) have been removed, these results may be seen as a direct representation of the foam static behavior. From a numerical point of view, the goal is now to be able to reproduce such behavior using an appropriate constitutive law.

Choice and validation of the constitutive law

To take the complex behavior of the foam into account in the finite element model, a non-linear elastic constitutive law has been chosen. Its input parameters are the mass density, a tabulated stress/strain curve and a Young's modulus used for the contact stiffness computation 1 . No Poisson's ratio is required for this constitutive law since the deformation is assumed to be in the same direction as the load [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF], which corresponds to what has been observed experimentally. The mass density has been computed using the mass and the sample dimensions. In order to model a stabilized state of the foam, the 5 th compression curve measured on the first foam sample has been used as input data. An offset has been applied to remove the Mullins effect from the curve so it starts at the origin. Finally, the Young's modulus has been specified as the slope of the curve in the linear-elastic phase (i.e. for strains lower than 5%).

To validate the choice of such constitutive law, it has been included in a model that aims to reproduce the foam sample uniaxial compression test, depicted in figure 4.6 (a). It is composed of three components: a base plate of 100mm × 100mm × 10mm made of aluminum (E=69GPa, 𝜌=2700kg.m -3 , 𝜈=0); a disk that applies the compression which has the same geometry as the experimental one and is made of steel (E=210GPa, 𝜌=7800kg.m -3 , 𝜈=0.3); the foam sample which has the same dimensions as the experimental one and is modeled using the aforementioned constitutive law. The model is meshed using first-order tetrahedra with a characteristic length of 5mm, wich amounts to about 6700 nodes and 30000 elements. 

Static behavior of the polyurethane foam

The numerical compression test has been performed by prescribing a displacement to the nodes of the disk top surface. The disk displacement is 33mm in the vertical direction, thus applying an 82.5% maximal strain, at the same speed as in the experiment (100mm/min), which thus amounts to a simulation time of 19.8s.

The simulation has been performed using an explicit resolution based on a centered-difference scheme. It is based on a discretization of the simulation time into time steps whose values are computed for each element depending on its dimensions and material properties [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF]. Since the foam is a soft material, the associated time steps are usually small: for instance, in the model from figure 4.6 (a), the smallest time step associated to a foam element was about 240ns. With such time step value, it is seen that about 83 million computing steps would be required to obtain the response over the desired simulation time, which is not compatible with industrial constraints.

This numerical limitation has been handled by adding artificial mass to the elements so that their associated time step reaches a desired value. Such method, called mass scaling, has been used in this simulation to reach a time step of 40𝜇s based on Faurecia's know-how2 . In the case of the foam sample compression, specifying the time step upfront resulted in a decrease of the required time steps to 495k, thus resulting in a computing time of about 40min (4 CPUs).

At the end of the simulation, the force at the interface between the foam sample and the disk has then been exported. By post-processing it with the prescribed displacement, the simulated stress-strain curve can be obtained and compared to the experimental one, as depicted in figure 4.6 (b). The results show that the measured and simulated curves match, indicating that the stress/strain curve is accurately handled by the finite element solver, which validates the choice of a constitutive law based on the experimental data to represent the foam static behavior.

Validation on the foam pad

Simulation The following step is to validate the use of this constitutive law to simulate the static behavior of the foam pad. To do so, a second model has been built to reproduce the indentation test. It consists in three components, namely the rigid backing, the foam pad and the disk, which are represented in figure 4.7. The rigid backing is modeled as a rigid body with steel properties (E=210GPa, 𝜌=7800kg.m -3 , 𝜈=0.3). The disk is modeled using a linear-elastic material with the same mechanical properties. The foam pad is modeled using the aforementioned constitutive law. To be consistent with the actual use of the seat, the curve from the 5 th has been replaced by the one associated to the first compression.

Similarly to the foam sample compression, the excitation is a vertical displacement prescribed to the disk top nodes. The total displacement is 50mm, which includes the distance between the disk and the foam pad (3.75mm), the displacement required to reach 850N experimentally (42.9mm, see figure 4.3 (b)) as well as a margin of 3.35mm. Mass scaling has also been used to have the same time step value as in the previous model. In addition, considering that the constitutive law chosen for the foam does not include rate effects [START_REF] Lstc | LS-DYNA Keyword Manual Vol II -Material Models[END_REF], the compression speed has been increased so that the indenter moves by 50mm in 475ms. Since this represent a great increase compared to the experimental speed (about 6315.8mm/min vs 100mm/min), the indenter position stabilized during 25ms to ensure that the kinetic energy is nil at the end of the simulation. The model has been run on [START_REF] Cukier | Study of the sensitivity of coupled reaction systems to uncertainties in rate coefficients. I theory[END_REF] CPUs and has lasted about 2 hours.

The simulation results are compared to the first compression curve from the indentation test, as depicted in figure 4.8. It is seen that the simulated force follows the same trend as the measured one with regards to the prescribed displacement. However, it is clear that the deeper the disk goes into the foam pad, the lower the simulated force. At large displacements, this modeling is therefore not representative of the experimental behavior. Discussion about the results Although these results may suggest that the chosen constitutive law does not suit seating applications, the results can be discussed based on the pressure distribution measurements. As seen in table 4.1, values of the surfacic mass lie in an operating range bounded by a maximum 𝜇 𝑚𝑎𝑥 . By multiplying this value by the acceleration constant 𝑔, this returns the corresponding pressure applied on the sensor, which is thus the maximum local pressure 𝑃 𝑚𝑎𝑥 applied on the foam cushion. Considering the surface of disk indenter allows to derive the equivalent force 𝐹 𝑚𝑎𝑥 that would be required to apply the same pressure in the indentation test. Finally, using figure 4.8, the measured and simulated displacements associated to 𝐹 𝑚𝑎𝑥 can be derived and compared to discuss the relevance of the constitutive law. This method has been applied to the results obtained with the human subject and is summarized in table 4.2. Based on the value of 𝜇 𝑚𝑎𝑥 , the measured and simulated displacements are equal to 10.98mm and 11.37mm respectively, which amounts to a +3.55% error. This comparison thus shows that the discrepancies between the simulated and measured curves observed in figure 4.8 occur outside the operating range associated to this participant. The chosen constitutive law may then be used in the scope of this work. However, measurements with heavier occupants might result in greater maximum surfacic mass. In that case, the relative error of the simulated displacement would also increase, showing then the limits of this modeling. 

+3.55

Nevertheless, it would be interesting to understand the causes for the discrepancies observed for larger displacements in order to avoid them. A possible one may be the fact that the constitutive law is based only on compression test data. However, as shown by Briody et al. in figure 2.7 page 23, using a constitutive law based only on data from a test performed in one direction results in an overestimation of the simulated response in the orthogonal direction [START_REF] Briody | The implementation of a viscohyperelastic numerical material model for simulating the behaviour of polymer foam materials[END_REF]. Concerning the studied seat foam, a possibility to reduce the gap between the simulated and measured curves would therefore be to conduct shear characterization tests and to use both compression and shear test data in the constitutive law, as done by Grujicic et al. [START_REF] Grujicic | Seat-cushion and soft-tissue material modeling and a finite element investigation of the seating comfort for passenger-vehicle occupants[END_REF].

Dynamic behavior of the polyurethane foam

Once that the static behavior of the foam is correctly characterized and modeled, its dynamic behavior can be studied. In this section, the goal is to derive dynamic mechanical parameters that characterize it based on experimental measurements. The estimation of these parameters is based on measurements on a seat foam sample performed by Barbeau as part of previous works conducted between IRIMAS and Faurecia [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF].

Limits of the tabulated stress-strain curve as a constitutive law

Experimental reference Similarly to the dynamic measurement with the seat, the dynamic behavior of the foam is studied by measuring a transmissibility. It is measured by placing the foam sample on a shaker and by adding a rigid mass on it (similar to the occupant in the case of the seat). In the measurements from Barbeau [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF], an initial deformation of 30% has been applied using rigid masses (total applied mass: 8.3kg). This deformation value has been chosen based on Faurecia's know-how regarding the average compression typically encountered on loaded foam pads. Then, a harmonic displacement excitation has been applied at the bottom of the sample, with a ±0.5mm amplitude and ranging from 3Hz to 19Hz. Two accelerometers have been placed at the sample base and surface. The associated test bench and the obtained curve are given in figure 4.9. The transmissibility curve from figure 4.9 (b) shows that a resonance is observed at 𝑓 𝑟 =5.81Hz, with a corresponding gain 𝐺 𝑟 of 5.05, and a cut-off frequency at 𝑓 𝑐 =8.95Hz. Focusing on the amplitude, it is interesting to see that the resonance peak bends toward the left, as the absolute slope before the resonance is greater than the one after. This behavior suggests a non-linearity associated to softening effects within the foam. This experimental curve has been used as a reference data to assess the quality of the current constitutive law.

Simulation of the transmissibility using the tabulated stress-strain curve To simulate the foam sample transmissibility, a simple model has been built with two components: a foam sample and a rigid mass, as illustrated in 4.10 (a). The former has been modeled with the non-linear elastic constitutive law described above (using the stress/strain curve characterized by Barbeau [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]). The latter has been modeled as an elastic material whose properties have been adjusted so that it applies 8.3kg to the foam sample and has a stiffness larger than the one of the foam sample. The nodes at the bottom of the foam sample have been clamped and the nodes from the upper mass have been constrained so that they can only move vertically.

To obtain the transmissibility of the model, the simulation is conducted in two steps. The first step consists in simulating the foam sample deformation due to the weight of the rigid mass in order to obtained the deformed geometry and the initial stresses in the model. This simulation has been carried out by applying a gravity loading to the model. It has been prescribed as an acceleration 𝑎(𝑡), which is then transformed to an external force

{ 𝑓 𝑒 } such that { 𝑓 𝑒 } = diag ( [𝑚 𝑒 ] ) 𝑎(𝑡), (4.1)
where diag

( [𝑚 𝑒 ] )
is the diagonal vector of the elemental (lumped) mass matrix [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF]. In order for the simulation to converge, a mass-weighted damping has been defined. Its value has been taken as the critical damping 2 √ 𝑘𝑚 where 𝑘 is the slope of the first two points in the stress-strain curve and 𝑚 is the applied mass. The simulation time has been set to 1s and it has lasted 30min on 4 CPUs. The evolution of the sample height, presented in figure 4.10 (b), shows a steady decrease over time. Its final value is 28.05mm, which amounts to a compression of 29.9%, which corresponds to the experimental value. At the end of the static simulation, the finite element solver exports the final state of the model. It is defined by the coordinates of the deformed geometry, the connectivity matrix (which describes the nodes used to define any element), and the internal stresses in the elements. This data is then used as input for the second simulation, which aims to compute the transmissibility of the prestrained sample. To do so, the dynamic response is computed using the modal superposition method. The modal analysis is performed on the associated conservative system and relies on the matrices assembled by the implicit solver [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF]. In particular, the stiffness matrix used for the computation is the tangent stiffness matrix, which can be divided into a geometric (non-linear) contribution [ 𝐾 𝑔𝑒𝑜 ] and a material (linearized) contribution

[ 𝐾 𝑚𝑎𝑡 ] such that [ 𝐾 𝑡𝑎𝑛 ] = [ 𝐾 𝑚𝑎𝑡 ] + [ 𝐾 𝑔𝑒𝑜 ] . (4.2)
By default, the chosen solver does not include [ 𝐾 𝑔𝑒𝑜 ] to ensure the convergence (i.e. avoid negative eigenvalues) 3 . However, to simulate the dynamic behavior of the foam sample, this matrix is necessary as it indicates that the current geometry is not the initial one but the one deformed due to the compression. Regarding

[ 𝐾 𝑚𝑎𝑡 ]
, it is expressed as

[ 𝐾 𝑚𝑎𝑡 ] = ∫ 𝑉 𝐵 𝑇 𝐶𝐵𝑑𝑉 , (4.3)
where 𝐵 is the strain displacement matrix, 𝑉 is the component volume and 𝐶 is the stress-strain material property matrix [START_REF] Bathe | Finite element procedures[END_REF]. In a one-dimensional problem, 𝐶 can then be seen as the equivalent to the local slope of the stress/strain curve [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF]. Thus, if no initial stresses are specified, this slope is evaluated at the origin. If they are, this slope is compute around the associated operating point on the stress/strain curve.

To understand the impact of the material initial stresses, two modal analyses have been conducted with and without initial stresses in the model. In each case, the response is then computed by modal superposition with an 8% modal damping ratio which had been previously estimated by Barbeau using the -3dB bandwith method [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. The results are presented in figure 4.11 (a). The results without the material stiffness show that all three indicators are overestimated, as seen in table 4.3. On the opposite, when the material stiffnesses are included, the resonance peak is shifted towards the very low frequencies. These discrepancies can be attributed to the linearization performed by the solver when assembling [ 𝐾 𝑚𝑎𝑡 ] explained above. When no initial stresses are included, the slope of the curve is computed at the origin, which results in an overestimation of the local stiffness of the foam. On the opposite, when they are, the operating point is then located in the plateau phase, characterized by a lower slope. Both situations are summarized in figure 4.11 (b), thus showing that equivalent dynamic properties cannot be derived from the stress/strain compression curve. 

Characterization and modeling of the foam dynamic behavior Characterization using dynamic hysteresis loops

To overcome the issues highlighted in the previous section, a first possibility is to perform a dynamic characterization of the foam sample using a non-resonant method (cf. section 2.3.2). Concerning the tested foam sample, it has been performed by measuring dynamic hysteresis loops for different frequencies, at a given initial compression, as depicted in figure 4.12 [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. To do so, the sample has been placed on a dynamic shaker and an initial compression of 30% has been applied by a rigid plate at the top. The harmonic excitation generated by the shaker ranged from 3Hz to 19Hz (5s per frequency) with an acceleration whose amplitude was controlled to apply a 0.3mm displacement at each frequency. An accelerometer has been placed at the sample base to record the incoming vibrations. These have then been integrated twice to obtain the corresponding displacement, and smoothed using a Butterworth filter. The response has been measured with a force sensor placed between the upper plate and the rigid top. Finally, the stress/strain curve has been derived from the force/displacement one using the foam sample dimensions. Typical measurements at 4, 9 and 14Hz are visible in figure 4.13. In the works of Barbeau, only the response at 6Hz had been post-processed to derive an equivalent parameter that was then compared to results from other characterizations [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. In this study, it is proposed to use the full experimental data to derive the foam dynamic behavior. As introduced in section 2.3.2, such results can be post-processed using expressions proposed by Hilyard and Cunningham [START_REF] Hilyard | Hysteresis and energy loss in flexible polyurethane foams[END_REF]. They define an equivalent storage modulus as

𝐸 ′ (𝜔) = 𝜎 𝑑 (𝜔) 𝜀 𝑑 , ( 4.4) 
as well as an equivalent loss factor, expressed as:

𝜂(𝜔) = 1 2𝜋 𝐼(𝜔) 𝐴(𝜔) , (4.5)
where 𝜀 𝑑 is the constant applied strain and 𝜎 𝑑 (𝜔) is the amplitude of the measured stress. 𝐼(𝜔) corresponds to the area of the dynamic hysteresis loop and can be interpreted as the energy dissipated during the compression-decompression cycle. Conversely 𝐴(𝜔), defined as

( 𝐸 ′ (𝜔)𝜀 2 𝑑 )
∕2, can be interpreted as the energy absorbed by an equivalent elastic material defined by the Young's modulus 𝐸 ′ (𝜔).

By assuming a linear viscoelastic behavior of the foam, if the applied strain at a given frequency 𝜔 is written as where 𝛿(𝜔) is the phase difference between both signals. With this hypothesis, 𝐸 ′ (𝜔) can easily be computed as the ratio of the measured and applied amplitudes. In addition, by combining equations 4.6 and 4.7, it is possible to write:

𝜀(𝑡) = 𝜀 𝑑 sin(𝜔𝑡), ( 4 
{ 𝜀(𝑡) 𝜎(𝑡) 1 } ⎡ ⎢ ⎢ ⎢ ⎣ 𝑎 -𝑏(𝜔)∕2 0 -𝑏(𝜔)∕2 𝑐(𝜔) 0 0 0 𝑑(𝜔) ⎤ ⎥ ⎥ ⎥ ⎦ ⎧ ⎪ ⎨ ⎪ ⎩ 𝜀(𝑡) 𝜎(𝑡) 1 ⎫ ⎪ ⎬ ⎪ ⎭ = 0, (4.8) 
where 𝑎 = 𝜀 -2 𝑑 , 𝑏(𝜔) = cos(𝛿)∕𝜀 𝑑 𝜎 𝑑 (𝜔), 𝑐 = 𝜎 𝑑 (𝜔) -2 and 𝑑(𝜔) = -sin 2 (𝛿). This expression is the one of an ellipse, whose area can be computed as

𝐼(𝜔) = 𝜋𝑎 1 𝑎 2 , (4.9)
where 𝑎 1 and 𝑎 2 are the ellipse half axes, which can be derived from the matrix eigenvalues.

For However, these results should be nuanced by comparing the theoretical expressions from equations 4.6 and 4.7 with regards to the actual experimental signals. Indeed, as shown, in figure 4.15, the post-processed strain signals were not pure sine waves. This phenomenon appears mostly at low frequencies, explaining why the hysteresis loops at 4Hz and 9Hz from figure 4.13 are do not look like ellipses compared to the one at 14Hz. While this does not prevent from computing 𝐸 ′ (𝜔) since it is only based on the amplitudes, it is clear that the values of 𝜂(𝜔) may be misestimated. Barbeau, who conducted the measurement [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF], had reported shaker control issues, which might be the cause of such signals. It is therefore difficult to say to which extent the derived behavior from 𝐸 ′ (𝜔) and 𝜂(𝜔) is accounted for by the foam behavior or by the test setup. 

Characterization using the transmissibility curve

A second possibility to characterize the foam dynamic behavior is to use the transmissibility curve to derive equivalent parameters. As a first approximation, it can be assumed that the foam behaves like a 1-DOF linear system that can be characterized by a mass 𝑚, a damping coefficient 𝑐 and a stiffness coeffcient 𝑘 such that the corresponding analytical transmissibility is:

𝑇 (𝜔) = 𝑗𝜔𝑐 + 𝑘 -𝜔 2 𝑚 + 𝑗𝜔𝑐 + 𝑘 (4.10)
In the case of the foam sample transmissibility measurement with a rigid mass, 𝑚 corresponds to the rigid mass and 𝑐 and 𝑘 to the foam properties. Since 𝑚 is known, the goal is to find 𝑐 and 𝑘 based on the analytical expression from equation 4.10. In that case, values for 𝑘 and 𝑐 can be retrieved using:

⎧ ⎪ ⎨ ⎪ ⎩ 𝑘 = ℜe ( 𝑚𝜔 2 𝑇 (𝜔) 𝑇 (𝜔) -1 ) 𝑐 = 1 𝜔 ℑm ( 𝑚𝜔 2 𝑇 (𝜔) 𝑇 (𝜔) -1
) . (4.11)

If the system is linear, 𝑘 and 𝑐 obtained with equation 4.11 are constant. However, such equation could also be used for any transmissibility 𝑇 (𝜔), and the derived parameters would be frequencydependent, thus denoted 𝑘(𝜔) and 𝑐(𝜔). They could then be trasnformed to obtain 𝐸 ′ (𝜔) and 𝜂(𝜔) using

{ 𝐸 ′ (𝜔) = ℎ 𝑐 𝑘(𝜔) 𝑆 𝜂(𝜔) = 𝜔 𝑐(𝜔) 𝑘(𝜔) , (4.12)
where ℎ 𝑐 is the compressed height of the sample and 𝑆 its top surface.

In the case of the studied foam, the values of 𝐸 ′ (𝜔) and 𝜂(𝜔) have been derived from the transmissibility curve and are compared to those derived from the dynamic hysteresis loops in figure 4. [START_REF] Cukier | Study of the sensitivity of coupled reaction systems to uncertainties in rate coefficients. I theory[END_REF]. The main difference concerns the behavior of the storage modulus. Indeed, its static value is 60kPa when post-processing the dynamic hysteresis loops and 40kPa when post-processing the transmissibility. Discrepancies are also observed in the rest of the frequency range: while the storage modulus obtained with the dynamic hysteresis loops increases strongly with frequency, the one obtained with the transmissibility curve remains stable at the exception of a small decrease around the resonance frequency. On the opposite, the loss factor seems to be less dependent on the method, with values ranging between 0.05 and 0.27. These discrepancies may be explained by the differences of experimental setups and test conditions. Indeed, as mentioned in section 2.3.2 in the state of the art, the transmissibility measurement implies differences of applied loadings at the foam top surface depending on the frequency, as seen by the resonance phenomenon, while the dynamic characterization based on the measurement of dynamic hysteresis loops is made at a constant applied displacement. In addition to this difference of loading, the amplitude used for the transmissibility test was 66% larger than the one used for the non-resonant characterization, which may have excited other non-linearities in the foam.

While the experimental results suggested a frequency-dependency of the foam mechanical behavior, such behavior could not be included in the model due to technical limitations of the solver which does not consider viscoelastic materials for dynamic simulations [START_REF] Lstc | LS-DYNA Theory Manual. Software documentation[END_REF]. A compromise has then been sought to derive equivalent linear-elastic parameters so that the simulated response would fit the resonance peak while still being representative in the rest of the studied frequency range. Considering that the resonance peak is at 5.81Hz, a value for which the dynamic hysteresis loops characterization might not be accurate, the results from transmissibility-based characterization have been used. The equivalent Young's modulus and loss factor have thus been derived with equations 4.12 at the resonance frequency 𝜔 𝑟 . In addition, a modal damping ratio is derived4 from the value of 𝜂(𝜔 𝑟 ) using

𝜁 = √ ( 𝜂 2 (𝜔 𝑟 ) + 1 ) 2 -1 8 . (4.13)
The derived values for the studied foam are 𝐸 = 𝐸 ′ (𝜔 𝑟 ) = 31600Pa and 𝜁 = 10.2%, which is slightly higher than the value obtained by Barbeau.

Validation on the foam sample

Following this dynamic characterization, the simulation process proposed in 4.3.1 can be updated with the equivalent Young's modulus and modal damping ratio. From a technical point of view, the static simulation remains unchanged but in the dynamic simulation deck, the tabulated constitutive law has been replaced by a linear-elastic one with the Young's modulus identified above. The simulation is then run in the same way as in section 4.3.1 considering both the geometric stiffness matrix and the internal stresses. The comparison between the experimental and simulated curves is depicted in figure 4.17 and the associated indicators are presented in table 4.4. The results show that the model is able to match both the resonance frequency 𝑓 𝑟 and the gain at the resonance 𝐺 𝑟 . The cut-off frequency is however underestimated by 7.26%. This is explained by the fact that the experimental data exhibits a slightly non-linear behavior, which has not been taken into account by the equivalent model. However, while this frequency-dependency seems present at the foam sample scale, it is interesting to see to which extent it is expressed at the seat scale. The first simulation aims to obtain the pressure distribution at the occupant/seat interface. To do so, all the parts forming the occupant have been merged to form a single rigid body and a prescribed displacement has been applied to it so that its own H-point matches the seat's one at the end of the simulation, thus compressing the foam pad. Similar to the previous computations, the resolution has been performed with an explicit scheme. The pressure distribution has then been computed at the end of the simulation and compared to the one obtained experimentally in figure 4. [START_REF] De Rocquigny | Sensitivity Analysis Methods[END_REF]. The results show a reasonable match between the experimental and simulated data, both in terms of contact area pattern and values. Unlike the simulated result, the measured contact area is asymmetrical, which may be due to a positionning issue of the lead buttock. On the opposite, it is seen that certain elements from the model have out-of-range values, which is attributed to the fact that they are located close to sharp edges due to the presence of the groves in the seat model. The deformed state of the foam has then been used to compute the seat cushion transmissibility with a rigid mass. To do so, a new model has been built with the updated node coordinates and the initial stresses in the foam pad. Then, the non-linear constitutive law has been replaced by the linear-elastic one to conduct the dynamic simulation. The response has been computed using a modal superposition approach and then compared to the measurements of the experimental transmissibility 5 . Since the equivalent Young's modulus had been identified based on a different foam, it is seen that the results from the initial simulation differ from the experimental ones. The value has therefore been manually updated to reach 44.56kPa. The results show an acceptable fit between both curves, confirmed with the indicators given in table 4.5. Compared to the foam sample, the non-linearities are less present, thus validating the choice of an equivalent linear-elastic constitutive law to simulate the foam behavior at the seat scale. In this chapter, two constitutive laws have been chosen to simulate the seat static and dynamic behavior. Each of them is based on experimental data coming from characterizations at the foam sample scale and then validated using responses measured at the seat scale.

Coupled simulation on the seat cushion with a rigid mass

To derive the foam static constitutive law, an uniaxial compression test has been performed on the foam sample to derive characteristic stress/strain curves. The results showed a typical behavior consistent with the results from the literature: three different phases (linear-elastic, plateau and densification), as well as an hysteresis cycle and a remaining deformation at 0Pa known as the Mullins effect. The experimental compression curve has then been extracted and used as input data for the simulation. The comparison between measured and simulated force/displacement curves showed that this constitutive law is valid in the experimental range of applied forces.

Dynamic simulations have showed that it cannot be used to retrieve the experimental transmissibility curve, showing the need for a second constitutive law. Experimental characterizations based on resonant and non-resonant methods suggested a frequency-and amplitude-dependent behavior which could not be taken into account in the solver. A compromise has been proposed by using an equivalent linear elastic material whose parameters have been derived from the transmissibilitybased characterization. The results showed a good match between the experimental and simulated resonance peaks and a slight underestimation of the cut-off frequency attributed to the absence of non-linearities in the material model.

Finally, these two constitutive laws have been included in a finite element model representing the seat loaded by a rigid mass. The sitting simulation has been performed with the tabulated stress/strain curve and the results have shown that the pressure distribution are comparable both in terms of obtained pattern and values. The dynamic simulation has then been performed by using the equivalent linear-elastic material, and the results showed a good match between both transmissibility curves. Based on these two results, it is considered that the constitutive laws represent accurately the foam static and dynamic behaviors at the seat scale.

Based on the literature and the observed experimental behaviors, possibilities for improvement can be proposed. Regarding the static behavior, plublished works suggest that a better predictivity may be achieved by considering shear effects within the foam. In the case of dynamic excitations, while the frequency-dependency observed at the foam sample scale seems to be less visible at the seat scale and could remain simplified as a first approximation, an interesting improvement could be the characterization of the dynamic behavior of the foam for different prestrains. Different dynamic constitutive laws could then be derived and assigned to the elements depending on their deformation at the end of the sitting phase.

Development of the occupant model

Introduction

As shown in chapter 2, the evolution of the transmissibility depends as much on the seat dynamic behavior as the occupant's one. This latter can be characterized by the apparent mass, which represents the effect of the inertia forces associated to the occupant. These can be very different depending on the type of occupant considered, and may reflect a complex frequency behavior, as introduced in section 2.4. In addition to the seat model developed in chapters 3 and 4, it is therefore necessary to develop a dedicated model that represents the low-frequency dynamic behavior of the human body.

This chapter presents the complete process proposed to develop such a model. The first section focuses on the experimental measurement of the apparent mass, leading to the choice of a reference response to validate the model. In the second section, the model associated to this measurement is built using the FAST Hybrid-III manikin model introduced in section 3.2. In the last section, a model updating procedure is proposed in order to estimate the occupant mechanical parameters so that its response matches the experimental one.

Test campaign

As part of Faurecia's activities related to the study of dynamic comfort, a test campaign has been realized to measure the apparent mass of the human body [START_REF]Apparent mass measurement[END_REF]. In this section, the test protocol is firstly presented, including the description of the participants and of the experimental setup. The obtained results results are then compared and derived to obtain a reference curve to be used for the model validation.

Test protocol

Test bench The test bench consists in a rigid main frame which includes different plates: one is used for the cushion, and two others for the backrest. They can be oriented in order to achiveve different postures for the human body to cover potential future use cases (see AVS prototype introduced with figure 1.2 page 3). An example of each posture is proposed in figure 5.1.

In addition, a footrest and two bars representing the steering wheel are added to the structure. This rigid frame is mounted on a shaker table which generates the excitation. Four load cells are placed between the main frame and the shaker table to measure the total force applied by the upper assembly (i.e. structure and occupant). Finally accelerometers facing the load cells are placed on the frame. Participants In this study, 21 male participants have been selected based on their anthropometric features. The goal was to form 3 equal groups, each representing a specific percentile of the general population with regards to their height and weight: the 5 th percentile, noted P05 ('small' and 'light'); the 50 th percentile, noted P50 ('average'), and the 95 th percentile, noted P95 ('tall' and 'heavy'). The distribution of the participants' height and weight, depicted in figure 5.2, and the average indicators, given in table 5.1, confirms that they form 3 distinct groups with regards to these two criteria, which will allow a comparison of the response based on the subjects' percentile. Weight (kg) Excitation and signal processing The measurement consists in applying a base acceleration to the structure using the shaker table. The excitation signal is a white noise, ranging from 2Hz to 30Hz, and two amplitudes are considered: 0.5 and 0.8m/s 2 RMS. Each measurement lasts 80 seconds, separated into 20 seconds to reach the steady state and 60 seconds during which the signal is recorded. The force corresponds to the sum of the signals measured by each force sensor and the acceleration corresponds to the average of the 4 signals of the accelerometers. The apparent mass is then computed as the ratio between the interspectrum between the force and the acceleration divided by the power spectral density of the acceleration. Due to their position, the load cells measure the force applied by both the participant and the seat structure, thus biasing the apparent mass results. To remove the contribution from the structure, a mass cancellation step has been removing the apparent mass of the unloaded structure, i.e. without participants, from the results.

Test results

Similarly to what has been presented in 2.4, the results of the test campaign can be compared with regards to different factors: the participants' percentile, their posture, and the excitation amplitude. To see the impact of a given factor (e.g. the percentile), the other two (e.g. the posture and the excitation level) have been fixed. This results in 7 responses which are then post-processed to form an average response. On the following figures, the individual curves are plotted in thin light lines and the average curves are plotted in thick plain lines. Then, the resonance frequency and peak mass indicators are derived from each average curve.

Dierences with regards to the percentile When comparing the percentiles for the driving posture at 0.5m/s 2 RMS, it is shown that the peak mass rises with the percentile, as seen in figure 5.3 and table 5.2. Moreover, the peak frequency reduces slightly, from 6.75Hz for the 5 th percentile down to 5.75Hz for the 95 th percentile. Dierences with regards to the posture When comparing the different postures for the 50 th percentile at 0.5m/s 2 RMS, the peak mass remains constant while the peak frequency rises from 6Hz in the driving posture to 7.25Hz in the full relax posture, as seen in figure 5.4 and table 5.3. Moreover, the width of the peak depends on the posture: the peaks associated to the working and relax posture are similiar, and they are wider than the peak associated to the driving posture, but narrower than the one associated to the full relax posture. Dierences with regards to the excitation amplitudes Finally, when comparing excitation levels for the 50 th percentile in the driving posture, it can be seen that the peak mass remains constant and appears at close frequencies (6.0Hz for 0.5m/s 2 RMS and 5.5Hz for 0.8m/s 2 RMS). Moreover, the peak at 0.5m/s 2 RMS is wider than the peak at 0.8m/s 2 RMS, as seen in figure 5.5 and table 5.4. Discussion The results from this test campaign are consistent with the results from the literature presented in 2.4.2. Regarding the impact of the static mass, the differences among the responses from each group are explained by the static weight variations between the three groups (see figure 5.2). This is consistent with the experimental data from Toward [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF], although the scaling effect observed on his data (cf. figure 2.31) is less visible with the current results. Such differences may be explained by the presence of a backrest in the current study, which changes the mass distribution compared to a measurement without backrest as conducted by Toward.

Not only does the backrest presence impact the apparent mass and its indicators, but so does the angle, as observed when comparing the measurements associated to different postures, see figure 5.4. The results from the current measurements show an increase of the resonance frequency, which is consistent with the observations from Toward [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF]. Regarding the evolution of the peak mass, Toward noted a decrease with the increase of the backrest angle, which is also observed here and could be attributed to a variation of the mass distribution of the human body.

Finally, similar to the results from Matsumoto and Griffin [START_REF] Matsumoto | Non-linear characteristics in the dynamic responses of seated subjects exposed to vertical whole-body vibration[END_REF], differences are also observed when comparing the responses obtained for different excitation amplitudes. However, compared to the two previous factors, this seems to be a less important factor, impacting mainly the resonance frequency.

Reference data chosen for the model validation

The goal of the work presented in this chapter is to develop an occupant model whose dynamic behavior at low frequencies corresponds to the average one observed experimentally on the human body. Considering the variability observed in the experimental characterization study, this average response has to be derived from representative measurements.

Firstly, since the chosen occupant model has a static mass of 76.3kg (see table 3.6), the responses associated to the P50 group only can be retained. Secondly, since the final use of this occupant model is the prediction of the occupant/seat transmissibility, currently mainly measured in the driving configuration, the results associated to the working, relax and full relax postures can be discarded. Finally, the amplitude of 0.5m/s 2 RMS corresponds to a typical value used at Faurecia for the seat characterization [START_REF] Faurecia | Évaluation de la réponse dynamique de l'assise d'un siège[END_REF].

The seven measurements satisfying these three constraints are then averaged to derive a reference apparent mass. The derived curve is presented in figure 5.6. At low frequencies, the apparent mass tends toward the average mass of the group. Then, a resonance phenomenon is observed at 6Hz, a typical value with regards to the measurements reported in 2.4.2, with a corresponding amplitude of 128.7kg. After this resonance, the amplitude decreases over the rest of the frequency range.

Regarding the phase, it starts at 0 and then decreases down to less than -𝜋∕2, with a steep decrease around the resonance frequency. The seat structure model has been built with a rigid seat representing the three plates defining the cushion (1 plate) and the backrest (2 plates) whose geometries come from the CAD model of the structure (see figure 5.1). To be consistent with the experimental driving posture, the plate angles are extracted from the test photographs: 19.9°from the horizontal axis for the cushion plate; 108.5°for the lower backrest plate; 105°for the upper backrest plate. Each plate has been meshed using quadrilateral elements of characteristic length of 10mm and a 21.5mm thickness of (same as the experimental plates' one), and modeled with a linear elastic isotropic material representing the plywood, with 𝜌=660kg/m -3 , 𝐸=12.4GPa and 𝜈=0. To be consistent with the test, the perimeter of each plate has been clamped.

The occupant model is the FE model of the Hybrid-III manikin introduced in 3.2 [START_REF] Maurath | Updates to LSTC's LS-DYNA anthropomorphic models[END_REF]. To be consistent with the experimental protocol, its angles were adjusted to match the ones from the specification by rotating the corresponding parts. The angles values are based on comfort angle ranges proposed by Rebiffé [START_REF] Rebiffé | Le siége du conducteur: Son adaptation aux exigences fonctionnelles et anthropometriques[END_REF] and detailed in table 5.5 and figure 5.7. Finally, both models are assembled by aligning their lateral position with regards to the sagittal symmetry plane. 

Simulation and results

Once that the model is ready, the sitting simulation can be performed.

The goal is to position the manikin so that its back angle corresponds to the inclination of the seat backrest. This is important because, as shown by Toward and Griffin, differences of backrest angles, and thus of back angles, lead to changes in the resonance peak of the apparent mass [START_REF] Toward | Apparent mass of the human body in the vertical direction: Effect of seat backrest[END_REF].

When comparing pairs of measurements with two different backrest angles, the measurement with the greater angle has an increased resonance frequency and a decreased amplitude. The sitting simulation is performed with an implicit solver and is separated into two steps. In the first step, an enforced displacement is applied to the pelvis and calves nodes during 500ms so that the manikin approaches the seat. This enforced displacement is prescribed using a time-varying velocity curve with a gaussian profile, in order to stabilize the energy added to the model at the end of this first step. In the second step, a gravity loading of the manikin during 500ms is performed to ensure a final stable position. For the whole sitting simulation, the manikin joint stiffness and damping parameters are disabled: such idealized junctions allow to ensure that the manikin falls into the seat without any resistance.

The final state of this simulation as well as the kinetic energy in the model during the simulation are presented in figure 5.8. It is seen that the kinetic energy at the end of the simulation tends toward zero, thus describing an equilibrium state reached by the model. Regarding the manikin angles, the comparison between the initial and final states of the simulation is shown in table 5.6. It can be observed that the ankle and knee angles keep their original values, while the elbow angle increases from 123.9°to 160°, i.e. a 30% increase. However, as shown by Toward and Griffin, the elbow's angle has less impact on the apparent mass than the other angles [START_REF] Toward | Apparent mass of the human body in the vertical direction: Effect of a footrest and a steering wheel[END_REF], allowing thus the use of the model in this position for the dynamic simulation. 

Dynamic simulation

Computation of the apparent mass Unlike the previous computation, for which responses have been computed during the finite-element resolution by the solver, the apparent mass has been derived at the end of the dynamic computation. It has been computed using the approach proposed by Girard and Roy, who introduced a convenient formalism to compute transfer matrices of large systems [START_REF] Girard | Dynamique des structures industrielles[END_REF]. To illustrate how the apparent mass is computed, consider the following matrix system, typically resulting from the assembly of a finite element model:

( -𝜔 2 [𝑀] + 𝑗𝜔 [𝐶] + [𝐾] ) {𝑢} = {𝐹 } , ( 5.1) 
where [𝑀], [𝐶] and [𝐾] are the system mass, damping and stiffness matrices, {𝑢} is the displacement vector and {𝐹 } is the applied force vector. The matrices are of size (𝑔, 𝑔) and the vectors are of size (𝑔, 1), where 𝑔 is the total number of degrees of freedom (DOF). The chosen approach relies on the partition of the total DOF 𝑔 into two subsets: internal degrees of freedom (thereafter denoted 𝑖) and junction degrees of freedom (denoted 𝑗), such that 𝑔 = 𝑖 + 𝑗. In the present case, the junction DOFs are those of the supporting plates as well as the hands (which have been merged

to form one rigid body), and the internal DOFs are the remaining DOFs of the manikin. With such partition, equation 5.1 becomes:

( -𝜔 2 [ 𝑀 𝑖𝑖 𝑀 𝑖𝑗 𝑀 𝑗𝑖 𝑀 𝑗𝑗 ] + 𝑗𝜔 [ 𝐶 𝑖𝑖 𝐶 𝑖𝑗 𝐶 𝑗𝑖 𝐶 𝑗𝑗 ] + [ 𝐾 𝑖𝑖 𝐾 𝑖𝑗 𝐾 𝑗𝑖 𝐾 𝑗𝑗 ]) { 𝑢 𝑖 𝑢 𝑗 } = { 𝐹 𝑖 𝐹 𝑗 } . ( 5.2) 
The apparent mass corresponds to the transfer function between

{ 𝐹 𝑗 } and { 𝑢 𝑗 } such that [ 𝐴𝑃 𝑗𝑗 (𝜔) ] ( -𝜔 2 { 𝑢 𝑗 }) = { 𝐹 𝑗 } . ( 5.3) 
Due to the large size of the matrices involved, such transfer matrix is usually computed using a modal superposition approach. It relies on the computation of the 𝑁 elastic modes of the associated conservative system related to the internal DOFs, computed as

( -𝜔 2 𝑘 [ 𝑀 𝑖𝑖 ] + [ 𝐾 𝑖𝑖 ]) { 𝜙 𝑘 } = {0} , with 𝑘 = [1, … , 𝑁] , (5.4) 
which can be gathered in a matrix thereafter denoted

[ Φ 𝑖𝑁 ]
, and the driving modes representing the absolute motion induced by the DOFs 𝑗 to the DOFs 𝑖, compted as

[ Ψ 𝑖𝑗 ] = - [ 𝐾 𝑖𝑖 ] -1 [ 𝐾 𝑖𝑗 ] . ( 5.5) 
The definition of the mode shapes bases

[ Φ 𝑖𝑁 ] and [ Ψ 𝑖𝑗 ]
allows to define a transformation matrix between the physical degrees of freedom of the system and the associated generalized coordinates such that

{ 𝑢 𝑖 𝑢 𝑗 } = [ Φ 𝑖𝑁 Ψ 𝑖𝑗 0 𝑗𝑁 𝐼 𝑗𝑗 ] { 𝑞 𝑁 𝑢 𝑗 } . ( 5.6) 
By using equation 5.6, equation 5.2 can be projected to yield

( -𝜔 2 [ 𝜇 𝑁𝑁 𝐿 𝑇 𝑗𝑁 𝐿 𝑗𝑁 𝑀 0 ] + 𝑗𝜔 [ 𝛽 𝑁𝑁 0 𝑇 𝑗𝑁 0 𝑗𝑁 0 𝑗𝑗 ] + [ 𝜆 𝑁𝑁 0 𝑇 𝑗𝑁 0 𝑗𝑁 𝐾 0 ]) { 𝑞 𝑁 𝑢 𝑗 } = { Φ 𝑇 𝑖𝑁 𝐹 𝑖 Ψ 𝑇 𝑖𝑗 𝐹 𝑖 + 𝐹 𝑗 } .
(5.7) Due to the modal analysis performed in equation 5.4,

[ 𝜇 𝑁𝑁 ] and [ 𝜆 𝑁𝑁 ]
are diagonal matrices whose terms are the modal masses and stiffnesses of each mode 𝑘, computed as

{ 𝜇 𝑘 = { 𝜙 𝑘 } 𝑇 [ 𝑀 𝑖𝑖 ] { 𝜙 𝑘 } 𝜆 𝑘 = 𝜔 2 𝑘 𝜇 𝑘 , with 𝑘 = [1, … , 𝑁] . ( 5.8) 
On the opposite, in the general case, [ 𝛽 𝑁𝑁 ] is undeterminate, thus complicating the resolution of { 𝑞 𝑁 } . A common possibility to handle this is to introduce an equivalent modal damping ratio 𝜁 𝑘 which can be either derived from the diagonal terms of

[ 𝛽 𝑁𝑁 ]
or to defined by the user. The latter solution has been chosen for the Hybrid-III model considering that the damping matrix [𝐶] is very sparse since not all material models involved in the manikin provide damping properties.

Furthermore, the [ 𝐿 𝑗𝑁

] matrix contains the modal participation factors, computed as

[ 𝐿 𝑗𝑁 ] 𝑇 = [ Φ 𝑖𝑁 ] 𝑇 ([ 𝑀 𝑖𝑖 ] [ Ψ 𝑖𝑗 ] + [ 𝑀 𝑖𝑗 ]) (5.9) 
and representing the mass coupling between the internal elastic modes and the junction modes. Finally,

[ 𝑀 0 ] and [ 𝐾 0 ]
, both of size (𝑗,𝑗), represent the mass and the stiffness of the structure condensed at the junction degrees of freedom. Recalling that the junction DOF have been merged into one rigid body, this makes the junction isostatic1 : therefore, in the present case,

[ 𝑀 0 ]
is the total mass matrix and

[ 𝐾 0 ] = [0].
Considering that no force is applied on the internal DOFs, i.e. { 𝐹 𝑖 } = {0}, and providing that [ 𝛽 𝑁𝑁 ] is diagonal, the upper part of equation 5.7 is made of 𝑁 independent equations, which allow to compute each 𝑞 𝑘 as

𝑞 𝑘 = 𝐻 𝑘 (𝜔) 𝜔 2 𝜇 𝑘 { 𝐿 𝑗𝑘 } 𝑇 { 𝑢 𝑗 } , ( 5.10) 
where

𝐻 𝑘 (𝜔) = ( -𝜔 2 + 𝑗𝜔2𝜁 𝑘 𝜔 𝑘 + 𝜔 2 𝑘 ) -1 and { 𝐿 𝑗𝑘 } is the 𝑘 th column of [ 𝐿 𝑗𝑁 ]
. Equation 5.10 can then be injected in the lower part of equation 5.7 to obtain the expression of the apparent mass

-𝜔 2 [ 𝐿 𝑗𝑁 ] { 𝑞 𝑁 } -𝜔 2 [ 𝑀 0 ] { 𝑢 𝑗 } = { 𝐹 𝑗 } , -𝜔 2 𝑁 ∑ 𝑘=1 { 𝐿 𝑗𝑘 } 𝑞 𝑘 -𝜔 2 [ 𝑀 0 ] { 𝑢 𝑗 } = { 𝐹 𝑗 } , -𝜔 2 𝑁 ∑ 𝑘=1 𝐻 𝑘 (𝜔) 𝜔 2 { 𝐿 𝑗𝑘 } { 𝐿 𝑗𝑘 } 𝑇 𝜇 𝑘 { 𝑢 𝑗 } -𝜔 2 [ 𝑀 0 ] { 𝑢 𝑗 } = { 𝐹 𝑗 } , ( [ 𝑀 0 ] + 𝜔 2 𝑁 ∑ 𝑘=1 𝐻 𝑘 (𝜔) { 𝐿 𝑗𝑘 } { 𝐿 𝑗𝑘 } 𝑇 𝜇 𝑘 ) ( -𝜔 2 { 𝑢 𝑗 }) = { 𝐹 𝑗 } , (5.11) 
which contains the apparent mass matrix [ 𝐴𝑃 𝑗𝑗 (𝜔) ] , expressed as

[ 𝐴𝑃 𝑗𝑗 (𝜔) ] = [ 𝑀 0 ] + 𝜔 2 𝑁 ∑ 𝑘=1 𝐻 𝑘 (𝜔) { 𝐿 𝑗𝑘 } { 𝐿 𝑗𝑘 } 𝑇 𝜇 𝑘 . ( 5.12) 
This expression shows the role of the modal effective mass matrix associated to the mode 𝑘, expressed as

[ 𝑀 eff,𝑘 ] = { 𝐿 𝑗𝑘 } { 𝐿 𝑗𝑘 } 𝑇 𝜇 𝑘 , ( 5.13) 
and which can be interpreted as the mass of the structure which is moved when the mode 𝑘 is excited. Such matrix is thus also useful to understand the modal behavior of a structure.

In practice, equation 5.12 is rarely computed since it relies on the complete modal basis (𝑁 modes). The main interest of the modal superposition is to compute only a subset of 𝑛 modes (such that 𝑛 ≪ 𝑁). In such case, [ 𝐴𝑃 𝑗𝑗 (𝜔) ] is computed as

[ 𝐴𝑃 𝑗𝑗 (𝜔) ] ≈ 𝑛 ∑ 𝑘=1 𝑇 𝑘 (𝜔) [ 𝑀 eff,𝑘 ] + ( [ 𝑀 0 ] - 𝑛 ∑ 𝑘=1 [ 𝑀 eff,𝑘 ] ) , (5.14) 
with 𝑇 𝑘 (𝜔) = 1+𝜔 2 𝐻 𝑘 (𝜔). Such expression introduces a first-order residual matrix [ 𝑀 res ] defined as:

[ 𝑀 res ] = [ 𝑀 0 ] - 𝑛 ∑ 𝑘=1 [ 𝑀 eff,𝑘 ] . ( 5.15) 
Girard and Roy propose finer expressions of the residual matrix, but they also point out that, since the expression 5.14 ensures a correct static value, higher-order approximations of the apparent mass are seldom needed [START_REF] Girard | Dynamique des structures industrielles[END_REF]. Equation 5.14 has therefore been used to compute the apparent mass of the occupant model.

Numerical implementation

To compute the occupant modes required for the apparent mass, the four plates constituting the seat have been clamped. Regarding the occupant, the nodes at the tip of its hands have been clamped and a contact has been defined to tie the feet to the footrest. While these hypotheses may seem understandable, the extent to which the rest of the body should move with regards to the seat is debatable. In the literature, Liu et al. have computed the apparent mass using a time-domain resolution, which allowed them to define friction coefficients between the occupant model and its support [START_REF] Liu | Finite element modelling of human-seat interactions: vertical in-line and fore-and-aft cross-axis apparent mass when sitting on a rigid seat without backrest and exposed to vertical vibration[END_REF]. On the opposite, Denninger, who has used a modal superposition method to compute the apparent mass, has chosen to make the interface nodes from the seat and the occupant coincident, thus preventing relative movements between the interface and the seat [START_REF] Denninger | Analyse biomécanique des interactions homme siège en environnement automobile : Modélisation par éléments finis du corps humain soumis à des vibrations verticales[END_REF].

In this study, an intermediary solution is proposed. Since the modal approach has been chosen, using contact algorithms with friction coefficients is impossible as they are not considered by the solver. On the opposite, early computations with tied contacts between the occupant and the seat plates resulted in a flat apparent mass and showed the need for a relative motion between the occupant and the supporting plates [START_REF] Blanchard | Simulations of the dynamic behavior of a human subject to predict dynamic comfort features[END_REF]. To provide such relative motion, interface stiffnesses have been added between the cushion plate and the buttocks as well as the backrest and the back. These interfaces are depicted in figure 5.9.

Each interface stiffness is made of 3 discrete springs: the first one is along the normal to the seat surface passing through the center of gravity of the associated rigid body of the occupant; the second one is perpendicular to the first one and tangential to the seat surface; the last one is orthogonal to the first two, and is therefore in the lateral direction. Each spring's base node is added to the corresponding plate's rigid body and their common top node is added to the facing rigid body of the occupant. Considering the symmetry of the problem with regards to the sagittal plane, the lateral springs' stiffness has been set to 10 12 N/m to prevent out-of-plane motions. Regarding the stiffness of the normal and tangential springs, no typical values have been found. Assuming as a first approximation that the occupant is an assembly of rigid bodies, a parallel can be made between the current model and the multi-body model from Barbeau [6]. Therefore, the interface stiffness used in his model were used as input data in the current model. , 𝜇 𝑘 being normalized to 1. The size of the modal basis has been chosen with early computations that showed that the 100 th eigenfrequency is at about 80Hz, see figure 5.10. Since this corresponds to 2.5 times the maximum experimental frequency, this number of modes is considered large enough and 𝑛 = 100 has been kept. As stated above, a modal damping ratio has been defined to compute the term 𝑇 𝑘 (𝜔) in equation 5.14. Its value has been derived from the works of Wei and Griffin and Rützel et al.. They have used lumped-parameter models to estimate the human body apparent mass and their results showed high daping ratios, i.e. at least 20% at low frequencies [START_REF] Wei | Mathematical models for the apparent mass of the seated human body exposed to vertical vibration[END_REF][START_REF] Rützel | Modal description -a better way of characterizing human vibration behavior[END_REF]. As a first approximation, a modal damping ratio of 25% has been retained and applied to all modes to compute the Hybrid-III apparent mass. Using this data, the apparent mass has been computed using equation 5.14. Finally, since this computed apparent mass also includes the mass of the supporting plates, the latter has been removed from the amplitude to observe only the apparent mass of the manikin.

The apparent mass curve derived from this initial simulation, depicted in figure 5.11, clearly shows that the manikin is too stiff. Indeed, its resonance frequency is at 40.5Hz while the one obtained experimentally is at 6Hz. This result could be explained by the original use of the physical manikin. Indeed, it is typically used for rapid dynamics measurements, and its mounting instructions specify that it should stay still under 1𝑔, which imposes stiff joints. It is therefore likely that its numerical equivalent has the same constraints. These results thus show the need to perform a model updating phase so that the response from the manikin model at low frequencies approaches the one of the human body. To perform the model updating, different analyses have been conducted using the SIMBAD toolbox for Matlab, developed by S. Cogan (FEMTO-ST, Besançon). Each analysis can be represented using the flowchart from figure 5.12. On the one hand, the SIMBAD graphical user interface has been used a to define the analysis parameters and to display the results (high level). On the other hand, the LS-DYNA finite element solver has been used to perform the modal analysis and to write the computation output files (low level). Finally, a dedicated Matlab script has been written to generate the LS-DYNA deck based on the parameter values passed by SIMBAD and then to post-process the output files from LS-DYNA to compute the apparent mass.

To qualify this response, four features have been chosen: the resonance frequency 𝑓 𝑟 , the amplitude at the resonance 𝑚 𝑝𝑒𝑎𝑘 , the area under the amplitude curve 𝐴, and the average squared error between experimental an numerical amplitudes of the apparent mass, denoted 𝜀 and defined as

𝜀 = 1 𝑛 𝜔 𝜔 𝑚𝑎𝑥 ∑ 𝜔=𝜔 𝑚𝑖𝑛 ( |𝐴𝑃 𝑛𝑢𝑚 (𝜔)| -|𝐴𝑃 𝑒𝑥𝑝 (𝜔)| ) 2 , ( 5.16) 
where 𝑛 𝜔 is the number of frequency points associated to the experimental curve. To have a better understanding of the performance of the model updating process, the value of 𝜀 is normalized by its value obtained with the initial design. For instance, the indicators associated to the results from figure 5.11 are listed in table 5.7. [START_REF] Foster | Hybrid III -A biomechanically-based crash test dummy[END_REF]), only its joint stiffnesses could be updated. As presented in 3.2.3, this amounts to 87 input factors. Given that the computing time depends directly on this number for certain SIMBAD analyses, it appears necessary to reduce it. Firstly, about half of the input factors are damping coefficients [START_REF] Guillot | Complete elastic characterization of viscoelastic materials by dynamic measurements of the complex bulk and young's moduli as a function of temperature and hydrostatic pressure[END_REF], and since the modal analysis is performed on the associated conservative system, they are not considered for the computation and can thus be removed. Then, following the hypotheses made by Liu et al. and Denninger [62,[START_REF] Denninger | Analyse biomécanique des interactions homme siège en environnement automobile : Modélisation par éléments finis du corps humain soumis à des vibrations verticales[END_REF], only the rotations can be taken into account, which removes 3 input factors associated to translations. The model has also a fine modeling of internal joints such as the ribs for example, which is not relevant for the apparent mass computation, removing thus 13 input factors. The remaining 29 are associated to rotational stiffnesses of the main joints of the human body in all their possible directions. For these joints, it has been assumed that the stiffness is the same in all the directions. This allowed to define master and slaves input factors for each joint, thus reducing the number of working input factors to 13, as depicted in figure 5.13.

Head and neck ( 4)
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Hip ( 1) Knee ( 1) Ankle ( 1) Shoulder ( 2)

Elbow (1)
Wrist (1) In addition to the 13 input factors related to the occupant models, the ones associated to the interface stiffness also need to be taken into account. Indeed, as explained above, the values of the normal and tangential interface stiffnesses have been derived from previous multi-body models, so they might not be adapted for the finite-element model from this study. By adding these 4 input factors and the constant modal damping ratio 𝜁, this amounts to 18 input factors that can be used to update this model.

De-sensitization of interface stinesses

Adding interface stiffnesses between the occupant and the seat allows a relative motion between the two, which is responsible for the resonance peak observed in figure 5.11. While such result shows the impact of their presence, it does not show the impact of their stiffness, whose true value is unknown. It is therefore proposed to perform the model updating in a region of the design space where they have no influence on the apparent mass. Thus, the resonance would depend only on the manikin model joint stiffnesses, whose respeective update would then be unbiased.

Finding such region has been achieved using a Monte Carlo analysis with the 4 interface stiffness input factors active and the remaining ones fixed to their default value. One hundred draws have been performed and a latin-hypercube sampling has been chosen to ensure that the design space is properly covered. Since no a priori information is available about the possible values, each input factor has a variation range between 0.001 and 1000 times their initial value.

The results show a prominent role of the "vertical" stiffness parameters (i.e. normal to the cushion and tangential to the backrest), denoted 𝐾 𝑣2 and 𝐾 ℎ3 , as shown in figure 5.14. Depending on the values of 𝐾 𝑣2 and 𝐾 ℎ3 , three cases can be observed • if 𝐾 𝑣2 > 2⋅10 7 N/m, there is no resonance, the post-processing script then returns a frequency value associated to a local peak not relevant for the model updating;

• if 10 5 N/m < 𝐾 𝑣2 < 2 ⋅ 10 7 N/m and 𝐾 ℎ3 > 10 5 N/m, the value of 𝑓 𝑟 depends directly on the interface stiffnesses value;

• otherwise, a resonance is still observed, but its frequency remains stable whatever the values of 𝐾 𝑣2 and 𝐾 ℎ3 . Based on the results from 5.14, it is possible to update the variation ranges of 𝐾 𝑣2 (a) and 𝐾 ℎ3 so that their values allow a resonance phenomenon while having no influence on its frequency. Then, two additional analyses have then done to identify the role of 𝐾 ℎ2 and 𝐾 𝑣3 and to update their respective variation ranges. The absolute values obtained at the end of this first de-sensitization analysis are given in tables B.2 and B.3 in annex B.

Finding appropriate initial values for the input factors

Data from the litterature Once it has been ensured that the interface stiffnesses values had no influence on the observed response, the first step of the manikin model updating has been to find plausible values for the occupant joint stiffnesses. Considering that the model has similarities with the one developed by Liu et al. [START_REF] Liu | Finite element modelling of human-seat interactions: vertical in-line and fore-and-aft cross-axis apparent mass when sitting on a rigid seat without backrest and exposed to vertical vibration[END_REF] (see section 2.4.3) , the values given for the lumbar, hip, knee and ankles have been retained for the current model, resulting in the response showed in figure 5. [START_REF]Seat COmfort Optimisation Procedure (SCOOP) -Grant agreement ID: BRPR970508[END_REF].

Compared to the initial response from figure 5.11, the resonance frequency has decreased down to 27Hz and the amplitude at the resonance remains almost the same (142.7kg). On the opposite, the area under the amplitude curve in the experimental frequency range has increased (3369.6kg.s -1 ), resulting in an increase of the error criterion 𝜀. Indeed, before updating these input factors, the resonance peak was out of the experimental frequency range used to compute the error. Afterwards, it arrived in the computing range, increasing the gap between both amplitude curves and thus the error criterion.

Considering the significant reduction of the resonance frequency, these updated lower-body input factors have been kept. However, a second de-sensitization analysis has been performed to ensure that the results from the first Monte Carlo study still held, which showed the need for an additionnal reduction of 𝐾 𝑣2 's upper bound.

Sensitivity analysis

After setting an appropriate variation range for the 4 interface stiffness and adequate initial values for the 4 lower-body joint stiffnesses, 9 internal stiffnesses remain. While the resonance peak observed in figure 5.15 suggests that their current value is too high, it is difficult to know which one to reduce. To answer this question, a series of global sensitivity analyses has been performed. Different methods can be chosen, each of them being relevant depending on the assumptions made on the model, the number of input factors and the computing time per run [START_REF] De Rocquigny | Sensitivity Analysis Methods[END_REF]. Considering the low number of input factors and the reasonable computing time, a screening method has first been chosen for a qualitative evaluation which has then been followed by a variance-based method for a quantitative one.

A popular screening technique has been proposed by Morris and is detailed in the reference book from Saltelli et al. [START_REF] Morris | Factorial sampling plans for preliminary computational experiments[END_REF][START_REF] Saltelli | Sensitivity analysis in practice: a guide to assessing scientific models[END_REF]. Its goal is to rank the input factors to highlight the ones that have the most impact on a given feature. The method starts by defining a variation range for each input factor, which is then divided in 𝑝 equally-spaced levels. The distance between two levels, a mutliple of 1 𝑝-1 , is denoted Δ. When evaluating the response function 𝑓 at two adjacent levels associated to a given input factor 𝑢 𝑖 , it is possible to derive a so-called elementary effect 𝑑 𝑖 (𝑥) defined as

𝑑 𝑖 (𝑥) = 𝑓 (𝑥 1 , ⋯ , 𝑥 𝑖-1 , 𝑢 𝑖 + Δ, 𝑥 𝑖+1 , ⋯ , 𝑥 𝑛 𝑓 ) -𝑓 (𝑥) Δ , ( 5.17) 
where 𝑥 is the vector containing the 𝑛 𝑓 input factors. It is thus seen that, for models with many input factors, evaluating 𝑑 𝑖 (𝑥) for each possible combination would be time-consumming. To handle this, Morris proposes to create a trajectory, which corresponds to a series of model evaluations between which the value of only one input factor is changed. Each trajectory has therefore 1 + 𝑛 𝑓 points (1 starting point + 1 trajectory modification per input factor). In practice, to ensure that the design space is properly covered, a Morris analysis is performed with different trajectories, as depicted in figure 5. 16 (a). The total number of iterations 𝑁 is then 𝑁 = (1 + 𝑛 𝑓 )𝑛 𝑡 , where 𝑛 𝑡 is the number of trajectories. When all the trajectories have been evaluated, each input factor has 𝑛 𝑡 elementary effects (1 for each trajectory), and it is then possible to compute the mean 𝜇 and standard deviation 𝜎 of this distribution. These elementary effects are then plotted in the 𝜇-𝜎 plane, which allows to separate the factors in 3 categories, as depicted in figure 5.16 (b): negligible effect, linear effect or non-linear effect and/or coupled effect. Three Morris analyses have performed on the 9 remaining input factors of the occupant model with 𝑝 = 4 levels and 𝑛 𝑡 = 10 trajectories and using the expression of 𝜀 defined in equation 5.16 as a cost function. The resulting distribution of elementary effects is given in figure 5.17.

It is clear that three groups can be distinguished:

• the shoulder's stiffness orthogonal to the sagital plane (RY) and the wrist are seen as the most important input factors, with larges values of 𝜇 and 𝜎, suggesting non-linear and/or coupled behaviors,

• the second group is made of the shoulder's vertical stiffness (RZ) followed the elbow's stiffness,

• and the last group is made of the 5 remaining input factors, i.e. the second input factor associated to the lumbar and the 4 input factors associated to the head/neck assembly. Thes results thus suggest that improving the apparent mass can be achieved through the update of the upper-body input factors. To further investigate their role, a quantitative analysis has been conducted. Such analyses are usually based on the decomposition of the output variance of a chosen response 𝑓 , noted 𝑉 (𝑓 ), into variances related to each input factor alone, noted 𝑉 𝑖 for the 𝑖 th input factor, and to the possible interactions between them, as summarized by the Sobol' decomposition [START_REF] Sobol | Global sensitivity indices for nonlinear mathematical models and their monte carlo estimates[END_REF]:

𝑉 (𝑓 ) = 𝑛 𝑝 ∑ 𝑖=1 𝑉 𝑖 + ∑ 1⩽𝑖<𝑗⩽𝑛 𝑝 𝑉 𝑖𝑗 + ∑ 1⩽𝑖<𝑗<𝑘⩽𝑛 𝑝 𝑉 𝑖𝑗𝑘 + ... + 𝑉 1...𝑛 𝑝 .
(5.18)

In that case, the ratio 𝑉 𝑖 ∕𝑉 (𝑓 ) is denoted as the "main effect" associated to the input factor 𝑖. In addition all the coupling terms involving the 𝑖 th factor (𝑉 𝑖𝑗 , 𝑉 𝑖𝑗𝑘 , etc.) account for the effects of its interactions with the remaining input factors. In the case of the Fourrier Analysis Sensitivity Technique (FAST), introduced by Cukier et al. and Schaibly et al. [START_REF] Cukier | Study of the sensitivity of coupled reaction systems to uncertainties in rate coefficients. I theory[END_REF][START_REF] Schaibly | Study of the sensitivity of coupled reaction systems to uncertainties in rate coefficients. II applications[END_REF], the variance is evaluated using the statistical moments of 𝑓 , denoted 𝑌 (𝑟) (𝑓 ), such that:

𝑉 (𝑓 ) = 𝑌 (2) (𝑓 ) - ( 𝑌 (1) (𝑓 ) ) 2 , ( 5.19) 
where

𝑌 (𝑟) (𝑓 ) = ∫ Ω 𝑓 𝑟 (𝑥)𝑃 (𝑥)𝑑𝑥, (5.20) 
𝑥 is the vector containing the input factors, 𝑃 (𝑥) is the associated probability density function, and Ω is the unit hypercube with a dimension associated to each input factor. The integral described in equation 5.20 has as many dimensions as the number of input factors. This issue is dealt with by covering the design space using periodic functions depending on a common variable, denoted 𝑠, but with different frequencies for each input factor, denoted 𝜔 𝑖 , thus leading to a mono-dimensionnal integral. Since the inputs vary periodically, so does the statistical moment 𝑌 (𝑟) , which allows to decompose it as a Fourrier series. The main effects of the 𝑖 th input factors are then derived from the Fourier coefficients associated to 𝜔 𝑖 . This method has then been improved by Saltelli et al. who proposed to compute the total effect, renamming the method extended-FAST [START_REF] Saltelli | A quantitative model-independent method for global sensitivity analysis of model output[END_REF]. Knowing the main and total effects, it is possible to derive the effect related to the interactions that the 𝑖 th input factor has with the remaining ones2 .

An extended-FAST analysis has performed only on the 4 input factors that stand out in figure 5.17, requiring about 1100 model evaluations. Considering that each factor was allowed to vary over a wide range (from 10 -3 to 10 3 with regards to its initial value), this study has been done using a logarithmic progession to ensure a proper coverage of low values. The results are represented in figure 5.18 and confirm those found with the Morris analysis: the shoulder (RY) and the wrist have the most influence. On the opposite, the elbow has almost no main effect on the response variance. All input factors have small coupling effects, but these represent most of the contribution for input factors with low main effects. Optimization of the upper-body input factors using a genetic algorithm Since both analyses are consistent, it is proposed to perform a first optimization on the 4 input factors from the upper-boddy. It consists minimizing the cost function 𝜀 using a genetic algorithm (implemented in Matlab with the function ga [START_REF] Goldberg | Genetic algorithms in search, optimization, and machine learning[END_REF]). Its goal is to start from a random population of the input factors based on their possible variation range. The response is then evaluated for each individual, which allow to rank them based on their score. Then, the population evolves to create new individuals whose values are based on the best performing individuals. The algorithm converges when the variation between the current evaluation and the previous one is below a given threshold, or when the output stagnates during a given number of evaluations.

In the present case, the algorithm has been started with a population of 10 individuals and 25 generations and converged in 259 iterations. At the end of the optimization, a third de-sensitivity analysis has been conducted, showing the need to reduce 𝐾 ℎ3 's upper bound. The final response is depicted in figure 5. [START_REF] De Rocquigny | Sensitivity Analysis Methods[END_REF]. The results show that the resonance of the simulated apparent mass approaches the average experimental one. Indeed, the resonance peak has been reduced from 27Hz to 7.25Hz, which shows further improvements. However, unlike the previous iterations, the apparent mass has now a second peak at 16.5Hz. This shows that, while this solution can constitute a "best guess", an update of both the upper-and lower-body input factors is necessary to improve the fit between the curves. 

Optimization of the occupant input factors

The use of the literature values for the 4 lower-body input factors as well as the first optimization of the 4 upper-body ones provided plausible values for the internal stiffnesses of the manikin model. These values have then been used as a starting point in the design space for a global optimization, preformed using the interior point algorithm (implemented in Matlab with fmincon). The relative variation range for these 8 input factors remained [10 -3 ; 10 3 ], but it has been centered around the initial value instead of the default value. The optimization and converges in 514 iterations, and the response of the optimized model is depicted in figure 5.20.

It is seen that an acceptable fit is obtained, with a resonance peak located at 6.75Hz (+12.5% with regards to the experimental one), an amplitude at the resonance of 135.2kg (+5.04%) and an area of 1650kg.s -1 (-4.97%). In addition, a repeatability study presented in annex B suggests that a global minimum of the cost function has been reached. This shows that, by using literature data, sensitivity analyses and optimization algorithms, it is possible to act on a limited number of input factors (8 out of 87) to obtain an crash-based occupant model whose response is representative of an average male participant's one at low frequencies. Regarding the upper-body input factors, the stiffnesses associated to the wrist and the shoulder (RY) have been reduced, but those associated to the shoulder (RZ) and the elbow have increased. Recalling the minor role of the elbow with regards to the other upper-body input factors (see figures 5.17 and 5.18), the variation of its stiffness are attributed to numerical effects which might have no mechanical meaning. On the other hand, the increase of the soulder's vertical stiffness value is explained by the fact that, as the values of the input factors decreased, out-of-plane motions consisting in rotations around the vertical axis arose. The value of this input factor was thus increased to prevent such motions. The modal behavior of the final model can be analyzed using the modal effective mass matrix, defined in equation 5.13. Figure 5.22a shows the cumulated modal effective mass in the vertical direction divided by the total mass of the model. It is seen that the first mode (7.54Hz) accounts for 50.8% of the total mass of the model. A second mode at 14.9Hz has a modal effective mass 21.1% of the total mass of the model. Such representation helps to see that these modes are responsible for the two resonances observed in 5.20. Their mode shapes are depicted in figures 5.22 (b) and (c), describing a motion of the manikin to leave the seat by using the clamped nodes at the hands and feet for the first mode, and combining a global pumping mode of the manikin with a local deformation of the soft tissues around the pelvis for the second one. Overall, the cumulated modal effective mass of the basis of 100 modes used for the computation amounts to 75.98% of the total mass of the model. 

Conclusion

In this chapter, a method has been proposed to obtain an occupant model with a representative behavior. The representativity has been assessed based on the comparison between measured and simulated vertical apparent masses obtained under the seat. Firstly, the results of a series of measurements with human participants with representative anthropometric features (height and weight) have been compared with regards to different factors. A subset of measurements has then been selected to derive an average curve which has been used for the model validation. Then, simulations have been performed with the FAST Hybrid-III manikin model. After a sitting simulation, its apparent mass has been computed using a modal superposition approach and compared to the experimental one. The results showed the necessity to update the manikin model based on data from the literature as well as parameter estimations relying on sensitivity analyses and optimization procedures. The results from the final optimization shows that, by acting on a reduced set of parameters, it is possible to obtain a representative behavior which can be computed using 100 modes and a common constant modal damping ratio. Using the cumulated modal effective mass, it is seen that this behavior can be explained by two modes representing a global vertical motion of the manikin and a local mode associated to the soft tissues. The aim of this chapter is to propose an application of the occupant and seat finite-element models which would allow to predict the occupant/seat transmissibility. In a first section, experimental measurements of the occupant/seat transmissibility based on an internal standard is presented, which highlights the limits of such characterization when complex coupling effects are at stake. To consider such effects when coupling both models, the second section focuses on the development of an expression of the occupant/seat transmissibility by considering that it is the dynamic response of a structure made of two sub-structures. It is seen that such expression involves the transfer matrices of the unloaded seat and of the occupant alone and its interest is demonstrated on a simplified model. Finally, the third section discusses the application of this method to the finiteelement models developed in this work. The transfer functions of each sub-structure are computed and the limits of each model are shown. Based on these results, a global discussion regarding the relevance of such coupling method from a seat manufacturer point of view is finally proposed.

6.2. Experimental behavior of the occupant/seat system 6.2.1. Experimental protocol Industrial test protocols to characterize the seat dynamic behavior usually rely on the measurement of the occupant/seat transmissibility with a rigid mass [START_REF] Faurecia | Évaluation de la réponse dynamique de l'assise d'un siège[END_REF]. Their main interest is to obtain reproducible results which can then be used to compare different seats for instance. However, as exposed in the introduction with figure 1.10, the derived responses do not seem to reproduce those obtained with human participants. To verify if this effect seen in the literature also applies to the studied seat, measurements have been performed with three types of occupant, as shown in figure 6.1: a lead buttock and the SAEJ-826 manikin (both rigid) and a human subject.

Before the measurement, the seat is mounted in its nominal position (according to its CAD) on a rigid shaker table. Then, each occupant has been positionned on the seat. The rigid occupants (lead buttock and SAEJ-826 manikin) were sat so that their respective H-points matched the theoretical one defined for the seat. In the case of the lead buttock, the seat backrest has been removed to avoid interferences with the lead buttock's arm. The human subject was asked to sit normally on the seat, with his hands on his thighs and its feet on a footrest adjusted so that the thigh angle is 15°. The excitation is a white noise ranging from 2 to 20Hz with an amplitude of 0.5ms -2 RMS. There was no rest time between the positionning of the occupant and the beginning of the test. Each measurement lasted 8 minutes, which included 2 minutes taken to reach the steady state and 6 minutes to record the response. Two accelerometers have been used, the first one placed on the test bench and the second one placed on the seat cushion. The transmissibility has then been derived by dividing the interspectrum of the excitation and the response by the autospectrum of the excitation.

For each type of occupant, measurements have been performed twice with a 30-minutes resting time between two measurements to ensure that the foam has recovered its initial state.

Results and discussion

The derived transmissibility curves are shown in figure 6.2, and their respective indicators are presented in table 6.1. 6.2. Experimental behavior of the occupant/seat system The comparison of the responses show that the measurements with the two rigid occupants provide different results. Indeed, the resonance frequency obtained with the lead buttock ranges between 6Hz and 7Hz, while the one obtained with the SAEJ-826 manikin is above 8Hz. A decrease of the gain at the resonance is also observed between the measurements with these types of occupant. Due to the shift of the resonance peak, a gap of about 2Hz is also observed between the cut-off frequencies associated to the lead buttock and the SAEJ-826 manikin. In addition to these differences between rigid occupants, it is also seen that none of them are able to match the experimental behavior obtained with the human subject. Indeed, in the latter case, the resonance frequency is at 4.4Hz with a corresponding amplitude of 2.5 and a cut-off frequency of 7.3Hz. Such differences between occupants are consistent with the results from Griffin introduced in section 1.3.2 and show the limits of using rigid occupants to represent the experimental behavior that would be obtained with a human subject. It should be noted that the filtration zone of the transmissibility measured with the human subject is different than the one obtained with the two previous occupants. Indeed, once 𝑓 𝑐 is passed, the amplitude of the transmissibility decreases before increasing again after 13Hz. This phenomenon is known at Faurecia but remains unexplained since it seems to vary depending on the human subject. However, the concerned human subject had already participated in previous measurements and this phenomenon had not been observed [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. This behavior might then be attributed to the studied seat or to the dynamic behavior of some parts of the setup such as the footrest. However, additional measurements are needed to investigate such hypothesis.

These results thus confirm that the occupant/seat transmissibility does not depend solely on the seat dynamic behavior. Indeed, the transmissibilities measured with standard occupants differ from the one measured with a human participant, showing that the dynamic behavior of the human body has an influence on the measured transmissibility and that coupling effects occur between the seat and the human body. From a numerical point of view, considering the seat and the occupant as two distinct sub-systems, it is necessary to have models representative of their respective behavior at low frequencies, but the important coupling which appears at the time of the assembly of the complete system seems complex and further requires a thorough study. 

. Theoretical basis

The study of the coupling effects between the occupant and the seat has been performed by considering the occupant/seat transmissibility as the dynamic response of a coupled structure made of two sub-structures. The method consists in expressing the response of the assembled structure based on the responses of its sub-structures obtained under specific conditions. To derive such expressions, the mathematical formalism proposed by Girard and Roy and introduced in section 5.3.2 has been used [START_REF] Girard | Dynamique des structures industrielles[END_REF].

The method first consists in studying each sub-structure taken separately. Similarly to the computation of the apparent mass in the previous chapter, the global set of its DOFs, denoted 𝑔, is partitionned into internal and junction DOFs, denoted 𝑖 and 𝑗 respectively, such that ] are dynamic transfer matrices expressed in terms of flexibility, transmissibility or stiffness, respectively, depending on the considered input/output couple. These transfer matrices can be obtained directly from equation 6.1 or using a modal superposition approach, similarly to the expression of [ 𝐾 𝑗𝑗 (𝜔) ] derived in chapter 5. This transfer matrix formulation can be adopted for each of the sub-structures constituting the complete coupled structure. In the case of the seat, the junction DOFs are the ones where it is connected to the floor and the remaining DOFs are considered as internal ones. For the coupling, the excitation DOFs are exactly the junction DOFs defined above, and the connection DOFs are the ones at the interface between the occupant and the seat, i.e. the seat cushion, backrest and footrest, which means that they belong to the internal set. Finally, no observation DOFs are required for the vertical cushion transmissibility, so the 𝑜 set is empty. With this partition, equation 6.2 can be rewritten as

{ 𝑢 𝑆 𝑐 𝐹 𝑆 𝑒 } = [ 𝐺 𝑆 𝑐𝑐 (𝜔) 𝑇 𝑆 𝑐𝑒 (𝜔) -𝑇 𝑆 𝑒𝑐 (𝜔) 𝐾 𝑆 𝑒𝑒 (𝜔) ] { 𝐹 𝑆 𝑐 𝑢 𝑆 𝑒 } . ( 6.4) 
.

In the case of the occupant, its junction DOFs are the ones at the interface with the seat, namely the buttocks, the back and the feet; the remaining are internal. For the coupling since the occupant is the receiver sub-structure, there is no excitation DOF (i.e. its only incoming vibrations are from the seat). Its connection DOFs are the junction ones. Finally, in the case of the vertical cushion transmissibility, the observation DOFs are the ones under the bottocks, i.e. they belong to the connection DOFs. Since all of the DOFs involved in the coupling belong to the 𝑗 set, equation 6.2 is rewritten as When both sub-structures are coupled, the situation is analog to the one depicted in figure 6.6. Equations 6.4 and 6.5 can then be combined to derive the global transmissibility of the coupled structure between the excitation and the observation DOFs, denoted . Such matrix can be obtained by writing the expression of the displacements at the source sub-structure:

{ 𝐹 𝑅 𝑐 } = [ 𝐾 𝑅 𝑐𝑐 (𝜔) ] { 𝑢 𝑅 𝑐 } . ( 6 
{ 𝑢 𝑆 𝑐 } = [ 𝐺 𝑆 𝑐𝑐 (𝜔) ] { 𝐹 𝑆 𝑐 } + [ 𝑇 𝑆 𝑐𝑒 (𝜔) ] { 𝑢 𝑆 𝑒 } . ( 6.6) 
By using the equilibrium of forces from equation 6.3, it is possible to write

{ 𝑢 𝑆 𝑐 } = [ 𝐺 𝑆 𝑐𝑐 (𝜔) ] { 𝐹 𝑆 𝑐 } + [ 𝑇 𝑆 𝑐𝑒 (𝜔) ] { 𝑢 𝑆 𝑒 } = - [ 𝐺 𝑆 𝑐𝑐 (𝜔) ] { 𝐹 𝑅 𝑐 } + [ 𝑇 𝑆 𝑐𝑒 (𝜔) ] { 𝑢 𝑆 𝑒 } = - [ 𝐺 𝑆 𝑐𝑐 (𝜔) ] [ 𝐾 𝑅 𝑐𝑐 (𝜔) ] { 𝑢 𝑅 𝑐 } + [ 𝑇 𝑆 𝑐𝑒 (𝜔) ] { 𝑢 𝑆 𝑒 } . (6.7)
Then, by using the continuity of displacements from equation 6.3, it is possible to derive

{ 𝑢 𝑐 } = ([ 𝐼 𝑐𝑐 ] + [ 𝐺 𝑆 𝑐𝑐 (𝜔) ] [ 𝐾 𝑅 𝑐𝑐 (𝜔) ]) -1 [ 𝑇 𝑆 𝑐𝑒 (𝜔) ] { 𝑢 𝑆 𝑒 } , ( 6.8) 
where

[ 𝐼 𝑐𝑐 ]
is the identity matrix. The final expression of the transmissibility based on the transfer functions of each sub-structure is thus ] .

[ 𝑇 𝑆+𝑅 𝑐𝑒 (𝜔) ] = ([ 𝐼 𝑐𝑐 ] + [ 𝐺 𝑆 𝑐𝑐 (𝜔) ] [ 𝐾 𝑅 𝑐𝑐 (𝜔) ]) -1 [ 𝑇 𝑆 𝑐𝑒 (𝜔) ] ( 6 
Links with expressions from the literature Equation 6.9 can be seen as a general form of other equations that can be found in the literature. However, these often rely on strong asumptions.

To illustrate these, it is proposed to use equation 6.9 to derive the expression used by Siefert et al. [98], which is ] is a scalar and is equal to 1. Equation 6.10 is thus fully retrieved. A similar expression from Fairley and Griffin also relies on similar asumptions [START_REF] Fairley | A test method for the prediction of seat transmissibility[END_REF].

𝑇 𝑆+𝑅 𝑜𝑒 (𝜔) = 𝑆 𝑆 𝑐𝑐 (𝜔) -𝜔 2 𝐴𝑃 𝑅 𝑐𝑐 (𝜔) + 𝑆 𝑆 𝑐𝑐 (𝜔) , ( 6 
Understanding how equation 6.10 is obtained helps to identify the asumptions made with regards to the actual behavior of each sub-structure, namely the coupling at only 1 DOF and the absence of inertia effects within the seat. In this work, the goal is to avoid these asumptions to approach the experimental behavior of each sub-structure, and therefore to use equation 6.9. In the following, an application of the method on a simplified model is proposed before implementing it on the developed finite-element models.

Application to a simplied occupant/seat model

The simplified model chosen to illustrate the use of equation 6.9 has been developed by Barbeau as part of previous works within the IRIMAS-MIAM research team and is depicted in figure 6.7 [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. Although it has been built as a whole, it can be seen as an assembly of two sub-structures, namely the seat and the occupant. Since the method relies on the study of each sub-structure, their respective matrices have been extracted by separating the variables associated to the seat and to the occupant. Thus, they represent either the seat alone or the occupant alone. , is usually preferred as it represents the dynamic stiffness of the seat. In the case of the current seat model, the vertical dynamic stiffness at the cushion, which represents one term of

[ 𝑆 𝑆 𝑐𝑐 (𝜔)
] ,is depicted in 6.8 (b). It can be seen that the dynamic stiffness starts at a non-zero value and increases with frequency, which corresponds to a typical trend for automotive seats [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. The second response that is required for the coupling is the transmissibility matrix between the excitation and the connection DOFs [ 𝑇 𝑆 𝑐𝑒 (𝜔)

] . For instance, the transmissibility between the vertical displacement at the seat floor and the vertical displacement at the cushion is depicted in figure 6.9, showing a resonance 3.25Hz with a corresponding amplitude of 1.21. This confirms that the seat from this model has internal inertia effects which cannot be neglected to perform the coupling, unlike what has been proposed in the literature. Such behavior can be explained by performing a modal analysis of the seat. The complete modal basis has 6 modes which are located between 4 and 30Hz, including 4 below 20Hz, as shown in table 6.2. Based on its modal effective mass in the vertical direction ( [ 𝑀 eff,𝑘 ] -TZ), it is clear that the first mode is the most important one since it moves almost all the mass of the seat. This is the mode responsible for the resonance observed in figure 6.9. However, it should be kept in mind that, since the model has been built has a whole, there is no link between the results from table 6.2 and an experimental modal analysis on the seat, such as the one performed in chapter 3. The second studied sub-structure is the occupant, which is depicted in figure 6.10 (a). The required transfert matrix is the dynamic stiffness at the connection DOFs, i.e. the DOFs at the buttocks, back and feet, noted

[ 𝐾 𝑅 𝑐𝑐 (𝜔)
] . Based on this transfer matrix, it is possible to compute characteristic responses of the occupant, such as its apparent mass. For instance, the apparent mass under the occupant buttocks is depicted in figure 6.10 (b). It can be seen that, at low frequencies, the apparent mass tends towards a static amplitude of 40kg, which is about 53.4% of the occupant total mass, and a main resonance is observed at 5.38Hz with a corresponding amplitude of 90kg, which is fairly representative of the experimental behavior (see for instance the results obtained by Siefert et al. [98]). After computing their respective transfer matrices, both sub-structures are coupled using equation 6.9. The coupling involves a single excitation DOF (vertical displacement at the seat floor), six connection DOFs (vertical and fore-and-aft displacements at the three occupant/seat interfaces, namely the cushion, the backrest and the feet) and one observation DOF (vertical displacement at the buttocks). The comparison between the results from the assembled structure and those obtained with the frequency synthesis are depicted in figure 6.11. It is seen that the same response is found, showing the validity of the approach. Transmissibility from the assembled model computed with equation 6.9.

6.4. Application on the occupant and seat FE models

Limits of the validated models

Now that this method has been illustrated with a simplified model representing the occupant/seat system, it is proposed to apply it to the seat and occupant models used in chapters 3, 4 and 5. To perform the coupling between the complete seat and the occupant, two connection nodes (with three translational DOF each), located at the seat cushion and backrest, have been defined. Then, the matrices required for the coupling have been computed. , have been computed on the seat model presented in chapter 3 using an equivalent linear-elastic constitutive law. The computation has been made by the finite-element solver using a modal superposition approach. Two typical transfer functions are depicted in figure 6.12: the dynamic flexibility at the seat cushion and the transmissibility between the seat floor and the seat cushion. Regarding the flexibility, a counterintuitive behavior is observed. Indeed, the static value is at 4.5⋅10 6 N/m while measurements from Barbeau or Tufano and Griffin obtained values ranging between 0.5 to 1⋅10 5 N/m [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF][START_REF] Tufano | Nonlinearity in the vertical transmissibility of seating: the role of the human body apparent mass and seat dynamic stiffness[END_REF]. In addition, as the frequency increases, the amplitude decreases whereas data from the aforementionned studies suggest rather an increase of the amplitude, which is also seen when characterizing the seat foam itself (cf. figure 4.16). On the other hand, the transmissibility between the vertical displacement at the seat floor and the vertical displacement at the seat cushion is almost constant.

To compute the occupant transfer matrix, the same model used in chapter 5 has been used. In order to have the same number of connection DOFs as in the seat model, the rigid body that merged the 4 plates described in section 5.3.2 has been split. In addition, it has been assumed that the incoming vibrations at the buttocks, hand and feet are the same. Thus, the connection happens at two locations, namely the buttocks and the back. This new division allows to see the relative mass distribution of the global apparent mass of the updated model (figure 5.20) between the cushion and the backrest, as seen in figure 6.13. This distribution shows that the apparent mass is largely distributed on the cushion, feet and hands (about 90%). This seems to be overestimated with regards to measurements from Siefert et al. or Choi et al. for which values between 60% and 70% have been observed [98,[START_REF] Choi | Human body modeling for virtual seat comfort testing[END_REF]. These results show a strong limit of the developed models since, while their global responses have been validated in the previous chapters, their local responses do not seem representative of the experimental behavior reported in the literature. Thus, while predictions of the transmissibility have been attempted, no one resulted in a representative result that could be compared to the experimental measurements from figure 6.2.

Such situation is explained by an intrinsic limit of frequency synthesis method, described by Girard and Roy [START_REF] Girard | Dynamique des structures industrielles[END_REF], which prevents from interpreting the phenomena resulting from the coupling and thus from understanding whose model is at fault. Regarding the seat model, it could be explained by the fact that the source sub-structure is not the seat itself but rather the seat with the initial stresses from the sitting phase. However, since the seat has been characterized alone, the latter could not be included in the computation. Regarding the occupant model, the possible source of error could come from the validation with a global apparent mass measurement, i.e. the sensors were placed under the whole structure, which was the only available response. Thus, while the results found in chapter 5 show a good match between the experimental and simulated curves, they prevent from analyzing local apparent masses that could have been measured under the seat cushion or at the seat backrest for instance.

Based on this hypothesis, different possibilities arise to improve the results. Regarding the seat, initial sitting computations could be attempted to derive initial stresses to be added to the seat model. Regarding the occupant characterization, a possibility would be to change the experimental setup to measure the resulting forces at the interface between the occupant and the seat. Such measurements could be done by using instrumented plates fixed to the seat plates, as done by Toward to investigate the impact of the backrest [START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF].

Relevance of the frequency synthesis

The theoretical example presented in section 6.3.3 and the application on the finite elements models presented in this report allows to highlight the pros and cons associated to the frequency synthesis method, and to question its relevance in the case of the occupant/seat transmissibility.

Firstly, equation 6.9 shows that the computational cost of such a method directly depends on the number of connection DOFs as well as the number of frequency points at which the response is evaluated. In the case of the studied seat and the Hybrid-III manikin, six connection DOFs and 120 frequency points have been retained, which resulted in a computation time of 25ms. This thus shows that much of the computing effort is transferred to the computation of the transfer matrices of each sub-structure.

Secondly, the advantage of the frequency synthesis coupling method is that it makes the contributions associated to each substructure explicit. In the case of the occupant/seat transmissibility, it shows that the occupant plays a role through 

]

. Such situation has a clear interest from a seat manufacturer point of view since these transfer functions can be estimated during the virtual prototyping of the seat.

However, as seen in the example above, the quality of the prediction strongly depends on the representativity of each sub-structure. If it is assessed with global responses, the local behavior of the model, represented by the transfer functions in each matrix, is not controlled and may in errors in the prediction of the coupled system response, such as in the case of the developed finite-element models.

Conclusion

In this chapter, the dynamic behavior of the coupled occupant/seat system has been studied. A first experimental study has shown that the transmissibilities obtained with rigid occupants differ from the one measured with a human subject, confirming what has been exposed in chapter 2, and suggesting that coupling effects occur between the seat and the occupant.

To take these effects into account in the finite element models, it has been proposed to see each model as a sub-structure and to use a coupling method based on transfer matrices. This method has a clear advantage since it separates the contributions of the seat from the ones of the occupant. In addition, these matrices contain transfer functions which are comparable to those typically used in the experimental occupant and seat characterization. The final expression depends on the transmissibility and the flexibility of the seat alone and the dynamic stiffness of the occupant, which is linked to its apparent mass.

This expression has been successfully applied to a simplified model, showing the interest of the method, but the results with the finite element models were not satisfactory. This lack of result has been attributed to the validation using global responses, while the frequency synthesis method requires local ones which were not accurately reproduced by the models. Nevertheless, the relevance of the method in an industrial context has still been shown. Indeed, since the proposed expression depends on both sub-structures, fixing the transfer matrix of the occupant to the one of a representative model would allow to optimize the seat dynamic comfort based only on the seat parameters, which could be done during the seat virtual prototyping.

Conclusion

The work conducted during this PhD aimed to improve the prediction of an automotive seat dynamic comfort through simulation. The main objective was to develop finite-element models of both the seat and the occupant, which are representative of the experimentally-observed mechanical behaviors. Their final purpose was to be combined to predict the occupant/seat transmissibility, which constitutes an objective response associated to the seat dynamic comfort.

The bibliographical study presented at the beginning of this report focused on the main factors affecting the targetted transmissibility. It first showed the influence of the static and dynamic behaviors of the foam on the measured responses. In statics, this behavior is characterized by a strong non-linear response with regards to the applied displacement. In dynamics, the amplitude of the considered displacements are less important and the associated behavior is often considered as linear, when performing simulations at the seat scale. This review also focused on the dynamic behavior of the human body, whose characteristic responses are too complex to be represented by rigid occupants, and investigated its impact on the observed transmissibility. This allowed to identify experimental characterization protocols as well as modeling and simulations choices to guide the development of the proposed finite-element models.

Concerning the seat, a series of experimental characterizations at different scales (complete seat, foam pads or foam samples), allowed to derive input data for the chosen constitutive laws. In statics, the tabulated stress/strain curve associated to the compression of a foam sample was successfully used to retrieve experimental responses such as the force during an indentation test or the pressure distribution at the end of an occupant sitting phase. In dynamics, an equivalent linear-elastic constitutive laws was derived from transmissibility measurements on a foam sample and further applied to the seat finite-element model. The complexity of such a model, typically encountered in the industry, highlighted the relevance and the limits associated to the modeling choices regarding the constitutive law for the polyurethane foam.

Concerning the occupant, the work aimed to develop a finite-element model whose dynamic behavior at low frequencies is representative of the human body's one. The targetted response was the average apparent mass measured experimentally with participants placed in representative driving conditions. The corresponding model was initially based on a manikin used for rapid dynamics purposes. However, preliminary computations of its apparent mass showed that its mechanical parameters had to be updated. Considering the lack of knowledge regarding the phenomena at the interfaces between the rigid seat and the occupant model as well as the validity of the default values of the input factors, this model updating was performed based on data from the literature followed by sensitivity analyses and optimization procedures. The obtained results showed that a limited number of input factors could be updated so that the occupant's response matches the reference one.

An attempt to combine the responses of both models was finally proposed to derive the occupant/seat transmissibility using a frequency synthesis approach. Its principle consists in expressing the dynamic response of a coupled structure based on its sub-structures' ones. Although the derived expression was successfully applied on a simplified model, the occupant/seat transmissibility associated to the proposed finite-element models could not be obtained due to the validation choices of each sub-structure. Nevertheless, a general discussion about the method has been proposed to highlight its interest in the context of the automotive seat comfort prediction. This work also highlighted clear limitations and possibilities for improvement. Regarding the static constitutive law, its lack of predictivity at higher applied displacements showed the need for further experimental characterization, probably considering different loading directions. Regarding the dynamic constitutive law, while the obtained results were already consistent with the measured data at the seat scale, additionnal characterizations could also be envisionned to provide a finer modeling of the polyurethane foam dynamic behavior depending on the applied prestrain and the excitation frequency. Finally, while the global apparent mass of the updated manikin model was considered as representative of the experimentally-measured one, additionnal validations could be performed using other characteristic responses such as local apparent masses or seat-to-head transmissibilities.

Eventually, the different results presented in this report allow to envision new methodologies to predict and control the seat dynamic comfort during the virtual prototyping phase. Indeed, the obtained expression of the occupant/seat transmissibility showed that the contributions of each substructure could be distinguished. In particular, this means that the transfer matrix representing the occupant's contribution could be fixed to the one of a representative model. The coupled response would then rely only on the seat transfer matrices, which depend mainly on the foam mechanical behavior. Thus, such methodology could then be used to compare different transmissibility indicators obtained for different foam chemical formulations and to help choosing the most appropriate one to reduce the vibratory discomfort. Considering that this expression is not trivial, its development is detailed here.

The proof starts with the expression of the transmissibility for a 1-DOF linear system: It has two solutions, only one of which has a physical meaning:

𝑇 (𝜔) = 𝑗𝜔𝑐 + 𝑘 -𝜔 2 𝑚 + 𝑗𝜔𝑐 + 𝑘 (A.
( 𝜔 𝑟 𝜔 0 ) 2 = √ 1 + 8𝜁 2 -1 4𝜁 2 . (A.5)
On the other hand, the analytical expression of 𝜂 is:

𝜂(𝜔) = 𝜔𝑐 𝑘 = 2𝜁 𝜔 𝜔 0 , (A.6)
and at the resonance, this expression becomes:

𝜂(𝜔 𝑟 ) = 2𝜁 𝜔 𝑟 𝜔 0 = √ √ 1 + 8𝜁 2 -1, (A.7)
from which it is possible to derive an expression of 𝜁 as a function of 𝜂: 

C. Synthèse en français

Alors que le secteur des transports traverse des mutations profondes, le confort des sièges d'automobiles devient un critère particulièrement différenciant pour les fabricants. Puisqu'il est difficile de le caractériser directement, le confort est généralement étudié en tant qu'absence d'inconfort, en distinguant plusieurs composantes : inconfort postural, vibratoire, acoustique, thermique, etc. [START_REF] Quehl | Comfort studies on aircraft interior sound and vibration[END_REF][START_REF] Bubb | Qualität von Arbeit und Produkt in Unternehmen der Zukunft[END_REF]. Ces travaux de thèse portent sur l'une de ces composantes : l'inconfort vibratoire. Une possibilité pour l'évaluer objectivement est de réaliser des campagnes de mesures vibratoires en équipant le siège d'accéléromètres. Le comportement vibratoire de l'ensemble occupant/siège peut alors être caractérisé par une grandeur typique : la transmissibilité. Elle est définie comme le rapport des accélérations ponctuelles mesurées à la surface et à la base du siège, reflétant ainsi les performances de filtration des vibrations du siège. Ces mesures sont réalisées en présence d'un occupant qui peut être, selon les cas, une masse rigide, un mannequin standard ou un sujet humain et son étude est généralement faite entre 0 et 20Hz [START_REF] Griffin | Handbook of Human Vibrations, chapter Seating dynamics[END_REF].

Dans cette plage fréquentielle, la transmissibilité occupant/siège présente une résonance à partir de laquelle trois indicateurs peuvent être extraits : la fréquence et l'amplitude à la résonance, ainsi que la fréquence de coupure, au-delà de laquelle les vibrations au niveau de l'assise sont filtrées. En considérant l'occupant et le siège comme deux sous-systèmes pouvant être étudiés séparément, il est alors intéressant de comprendre le lien entre leur comportement propre et ces indicateurs issus de la transmissibilité. D'après des travaux expérimentaux précédents réalisés au sein de l'IRIMAS concernant l'étude des différents sous-composants du siège (structure métalique, nappe de suspension, coussins et textile de garniture), la mousse de polyuréthane a une influence prépondérante sur la résonance de la transmissibilité ainsi que sur l'amplitude de la zone de filtration [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF]. Dans la littérature, des études expérimentales suggèrent que le comportement dynamique de l'occupant, caractérisé par sa masse apparente, a également une influence forte [START_REF] Tufano | Nonlinearity in the vertical transmissibility of seating: the role of the human body apparent mass and seat dynamic stiffness[END_REF].

L'objectif de cette thèse est donc d'étudier plus en détail le comportement du siège et de l'occupant, pris séparément, afin de pouvoir prédire numériquement cette transmissibilité et de pouvoir estimer le confort vibratoire apporté par le siège. Ces travaux s'inscrivent dans une feuille de route industrielle, dans le cadre d'une convention CIFRE avec Faurecia Automotive Seating, et visent à proposer des outils de simulation pour le développement de futures sièges d'automobiles.

Dans un premier temps, une étude bibliographique est proposée afin de comprendre les différents verrous scientifiques associés à la thèse. Les trois thématiques principales concernent le comportement statique et dynamique de la mousse ainsi que le comportement dynamique de l'occupant. Une synthèse des études expérimentales sur différents sièges et occupants est présentée afin de mettre en évidence les comportements mis en jeu. Puis, différentes stratégies de modélisation possibles sont illustrées à travers des exemples de corrélation calcul/essais appliqués à des structures académiques. Enfin, des résultats de simulation à l'échelle du siège et de l'occupant sont présentés. Cette revue bibliographique permet finalement de positionner ces travaux de thèse : d'une part, en identifiant les essais nécessaires à la caractérisation du siège et de l'occupant; d'autre part en choisissant une approche de modélisation par éléments finis, plus adaptée au contexte de conception industrielle, tenant compte des contraintes du code de calcul utilisé par Faurecia.

Les deux modèles utilisés dans cette thèse sont ensuite présentés dans un chapitre dédié. Il s'agit de modèles éléments finis qui, du fait de l'activité historique de Faurecia en simulation, ont été conçus pour des applications en dynamique rapide (crash). Ils correspondent à un siège de série équipant les voitures confidentiel et un occupant standard utilisé pour la dynamique rapide (Hybrid-III FAST), tels que représentés en figure C.1. Dans le cas du siège, une comparaison entre analyses modales numériques et expérimentales a permis de montrer la capacité du modèle à représenter son comportement en basses fréquences. Dans le cas de l'occupant, peu de résultats dans la plage fréquentielle d'étude sont disponibles, ce qui a permis d'envisager une amélioration de ce modèle pour l'utiliser dans une gamme de fréquences plus faibles qu'en dynamique rapide. Le chapitre suivant se concentre sur la caractérisation et la modélisation de la mousse de polyuréthane du siège. Dans un premier temps, l'objectif a été de mettre en évidence le comportement statique de ce type de mousse. Une caractérisation expérimentale a été réalisée avec des essais de compression uniaxiale [START_REF] Blanchard | Study of the static and dynamic behaviour of PU foam: from the material sample to the automotive seat[END_REF] et a permis de retrouver des courbes contrainte-déformation typiques des matériaux viscoélastiques [35]. La loi tabulée ainsi obtenue a ensuite été injectée dans le code de calcul pour simuler des essais d'indentation et de mise en position d'occupants rigides, tels le système "cul-de-plomb" représenté en figure C. Dans un second temps, le comportement dynamique de la mousse précontrainte a été étudié. La loi utilisée pour décrire le comportement statique n'étant plus applicable, une seconde loi de comportement est nécessaire. Pour l'obtenir, les résultats de deux campagnes d'essais pré-existantes sur mousse de siège ont été repris. Ces essais indiquent que le comportement de la mousse précontrainte dépend notamment de la fréquence d'excitation. Puisque ce comportement n'est pas implémenté dans le code de calcul retenu, une loi linéaire-élastique équivalente obtenue pour un taux de précontrainte moyen a alors été proposée. À l'échelle de l'échantillon, des simulations ont permis de montrer que la fréquence et l'amplitude à la résonance de la transmissibilité sont bien retrouvées. À l'échelle du siège, des résultats expérimentaux ont montré que les non-linéarités s'expriment de manière moins importante et donc que cette stratégie de modélisation s'avère suffisante en première approximation.

Après cette étude centrée sur la mousse des coussins du siège, un chapitre est consacré au développement d'un modèle d'occupant représentatif à partir du mannequin Hybrid-III introduit plus haut. Une première simulation a permis de mettre le modèle en position sur un siège rigide, puis une étude s'est concentrée sur la simulation de sa masse apparente. Cette grandeur, définie comme le rapport entre les forces appliquées par le mannequin et l'accélération qu'il subit en entrée, a été calculée à l'aide d'une approche par superposition modale. Les premiers résultats présentant un comportement beaucoup trop rigide [START_REF] Blanchard | Simulations of the dynamic behavior of a human subject to predict dynamic comfort features[END_REF], dû à la conception initiale du modèle, une phase de recalage a été mise en oeuvre afin de déterminer de nouvelles valeurs pour les raideurs internes ainsi que celles à l'interface entre l'occupant et le siège. Ce recalage a fait appel à des données de la littérature ainsi qu'à des méthodes d'analyse de sensibilité et d'optimisation. La solution finale, représentée en figure C.3, a été validée par des études de répétabilité et a permis d'observer les déformées modales responsables des résonances de cette masse apparente.

Enfin, le dernier chapitre propose de combiner ces modèles pour prédire la transmissibilité de l'ensemble occupant/siège. Dans ces travaux, une méthode de prédiction par synthèse fréquentielle a été utilisée [START_REF] Girard | Dynamique des structures industrielles[END_REF], s'appuyant sur la définition d'une structure source, le siège, et d'une structure réceptrice, l'occupant, et permettant d'effectuer le couplage au niveau de certains degrés de liberté discrets définis au préalable. L'expression obtenue a permis de montrer que la transmissibilité du système complet dépend des matrices de flexibilité et de transmissibilité du siège seul et de la matrice de masse apparente de l'occupant. Cette méthode peut être vue comme une généralisation d'autres expressions utilisées dans la littérature [98], et permet l'utilisation de différents points de couplage ainsi qu'une description plus complète du comportement du siège. Elle a été illustrée à l'aide d'un modèle simplifié, puis elle a été appliquée aux modèles éléments finis développés dans ces travaux. Les résultats obtenus ont été comparés aux mesures expérimentales et ont permis de discuter quant à la pertinence de ce type de calculs durant la phase de conception du siège.

En conclusion, ces travaux de thèse ont donc permis de mieux comprendre les contributions respectives des modèles de siège et d'occupant dans le calcul la transmissibilité du système couplé complet. Concernant le siège, le comportement complexe de la mousse de polyuréthane a particulièrement été mis en évidence, soulignant l'importance d'utiliser des lois de comportement adaptées à chaque type de sollicitation. La complexité des modèles éléments finis développés, représentative d'un siège d'automobile industriel, a permis d'illustrer la pertinence et les limites associés à ces choix de modélisation. Concernant l'occupant, un modèle éléments finis d'un mannequin Hybrid-III, adapté à des simulations en basses fréquences, a été développé et validé par rapport à des mesures de masse apparente. Enfin, une méthode de synthèse fréquentielle a été proposée pour déterminer la transmissibilité du système couplé occupant/siège, permettant ainsi d'évaluer les performances dynamiques du siège considéré.

Les limites de ces travaux sont finalement évoquées afin de proposer des caractérisations et/ou simulations supplémentaires. Celles-ci permettraient par exemple d'améliorer la représentativité de la loi de comportement statique, d'enrichir la loi de comportement dynamique, de valider plus précisément le recalage du modèle d'occupant. Ces pistes permettent de dresser autant de voies possibles pour l'amélioration de la prédiction du confort vibratoire des sièges d'automobiles.

It can be evaluated objectively with the seat transmissibility, which reflects its capacity to filter vibrations for a given occupant. The objective is therefore to predict this quantity by proposing tools that can be used in an industrial context. A bibliographical study introduces the scientific challenges: the characterization and modeling of the foam static and dynamic behavior and of the occupant dynamic behavior. The appropriate tests and modeling approaches are then identified. The polyurethane foam is first studied. Based on sample characterizations, tabulated (static) and linear (dynamic) constitutive laws are selected. Simulations using these laws for the seat allow to discuss their validity. The dynamic behavior of the occupant is then studied by updating a standard dummy model. This model updating uses the literature as well as sensitivity analyses and optimization methods. It allows to link the vibration modes of the model to the resonances of the experimental response. Finally, a frequency synthesis formalism is proposed to express the transmissibility of the coupled occupant/seat system through the transfer matrices of each isolated substructure. The obtained expression applied on an academic example shows the relevance of the method in the design phase. Although some results show limitations, this work allows to consider the use of the proposed methods to guide the design of seats using comfort criteria.

Keywords: vibratory comfort, Finite Element Method, viscoelastic materials, model updating, frequency synthesis.

Résumé : Ces travaux s'intéressent à la prédiction du confort vibratoire des sièges d'automobile. Il peut être évalué objectivement avec la transmissibilité du siège, qui reflète sa capacité à filtrer les vibrations pour un occupant donné. L'objectif est donc de prédire cette grandeur en proposant des outils utilisables dans un contexte industriel. Une étude bibliographique introduit les verrous scientifiques : la caractérisation et la modélisation des comportements statique et dynamique de la mousse et du comportement dynamique de l'occupant. Les essais et les approches de modélisation appropriés sont alors identifiés. La mousse de polyuréthane est d'abord étudiée. À partir de caractérisations sur échantillon, des lois de comportement tabulée (statique) et linéaire (dynamique) sont retenues. Des simulations utilisant ces lois pour le siège permettent de discuter de leur validité. Le comportement dynamique de l'occupant est ensuite étudié en recalant un modèle de mannequin standard. Ce recalage utilise la littérature et des méthodes d'analyse de sensibilité et d'optimisation. Il permet de faire un lien entre les modes de vibration du modèle et les résonances de la réponse expérimentale. Enfin, un formalisme par synthèse fréquentielle est proposé pour exprimer la transmissibilité du système couplé occupant/siège grâce aux matrices de transfert de chaque sous-structure isolée. L'expression obtenue appliquée sur un exemple académique montre la pertinence de la méthode en phase de conception. Bien que certains résultats présentent des limites, ces travaux permettent d'envisager l'utilisation des méthodes proposées pour guider la conception de sièges en utilisant les critères de confort.

Mots-clés : confort vibratoire, méthode des éléments finis, matériaux viscoélastiques, recalage de modèle, synthèse fréquentielle.

4 . 1 . 5 . 1 .

 4151 . Schematic of the occupant defining the different posture angles. . . . . . . . . . 3.18. Occupant model derived from the FAST Hybrid-III model used by Kim et al. for fore-and-aft transmissibility predictions [54]. . . . . . . . . . . . . . . . . . . . Occupants used for the seat characterization using pressure distribution measurements. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 4.2. Pressure distribution on the untrimmed seat for different occupants. . . . . . . . 4.3. Indentation on cushion pad: experimental setup and results. . . . . . . . . . . . . 4.4. Experimental setup for the measurement of stress/strain curves of the foam sample. 4.5. Stress/strain curve for three foam samples from the studied seat. . . . . . . . . . 4.6. Numerical simulation of the foam sample compression. . . . . . . . . . . . . . . 4.7. Finite element model used to validate the use of the foam constitutive law in statics. 4.8. Comparison of force/displacement curves obtained for the indentation on the foam pad. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 4.9. Measurement of the foam sample transmissibility: experimental setup and raw results [5]. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 4.10. Foam sample model used for the pre-strain simulation. . . . . . . . . . . . . . . 4.11. Comparison of experimental and simulated transmissibilites, and explanation of the results with the local slopes of the stress-strain curve. . . . . . . . . . . . . . 4.12. Test bench used to measure dynamic hysteresis loops on a foam sample with an initial compression of 30% [5]. . . . . . . . . . . . . . . . . . . . . . . . . . . . 4.13. Comparison of dynamic hysteresis loops at 4Hz, 9Hz and 14Hz. . . . . . . . . . 4.14. Evolution of the storage modulus 𝐸 ′ and loss factor 𝜂. . . . . . . . . . . . . . . . 4.15. Comparison of strain signals at 4Hz, 9Hz and 14Hz. . . . . . . . . . . . . . . . . 4.16. Comparison between storage moduli and loss factors obtained with dynamic hysteresis loops and with the transmissibility curves. . . . . . . . . . . . . . . . . . 4.17. Comparison between experimental and simulated transmissibility curves using a linear elastic material identified from the experimental transmissibility. . . . . . . 4.18. Model used for the validation of the foam constitutive laws at the seat scale. . . . 4.19. Pressure distribution at the seat cushion surface with a rigid mass occupant: experimental and numerical results. . . . . . . . . . . . . . . . . . . . . . . . . . . 4.20. Comparisons of measured and simulated transmissibilities obtained with a rigid mass on the seat cushion. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . Photographs of the different postures used to measure the apparent mass. . . . . . 5.2. Participants height and weight distribution. . . . . . . . . . . . . . . . . . . . . 5.3. Comparison of apparent masses depending on the percentile group. . . . . . . . . 5.4. Comparison of apparent masses depending on the posture. . . . . . . . . . . . . 5.5. Comparison of apparent masses depending on the excitation amplitude. . . . . . 5.6. Average apparent mass used for the model validation. . . . . . . . . . . . . . . . 5.7. Occupant angles definition. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 5.8. Sitting simulation: final state of the model and evolution of the kinetic energy level during the simulation. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 5.9. Illustration of the interface stiffnesses in the model. . . . . . . . . . . . . . . . . 5.10. First hundred eigenfrequencies of the initial occupant model. . . . . . . . . . . . 5.11. Comparison between the experimental apparent mass and the one obtained with the initial model. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 5.12. Flowchat used to update the Hybrid-III finite element model. . . . . . . . . . . . 5.13. Location of the internal joints in the occupant model. . . . . . . . . . . . . . . . 5.14. De-sensitization results: evolution of 𝑓 𝑟 depending on the values of 𝐾 𝑣2 and 𝐾 ℎ3 . 5.15. Apparent mass obtained using the values from Liu et al. [62]. . . . . . . . . . . . 5.16. Morris sensitivity analysis: examples of trajectories in a 3-dimensional space and influence of an input factor on the response based on the characteristics of its elementary effect. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 5.17. Summary of Morris evaluations. . . . . . . . . . . . . . . . . . . . . . . . . . . 5.18. Input factors ranking based on the extended-FAST analysis. . . . . . . . . . . . . 5.19. Comparison between the model response before and after the optimization of the upper body input factors using the genetic algorithm. . . . . . . . . . . . . . . . 5.20. Response of the updated model. . . . . . . . . . . . . . . . . . . . . . . . . . . 5.21. Evolution of the relative values for each input factor during the updating process. 5.22. Modal behavior of the occupant model: cumulated modal effective mass in the vertical direction and shapes of the two modes with the highest modal effective mass.120 6.1. Occupants tested for transmissibility measurements. . . . . . . . . . . .

3. 1 .

 1 Modal parameters and description for each frame mode. . . . . . . . . . . . . . . 3.2. Modal parameters and description for each seat mode. . . . . . . . . . . . . . . .

4. 1 .

 1 Pressure distribution indicators computed from measurements on the untrimmed seat for different occupants. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 4.2. Comparison between simulated and measured displacements for the foam pad indentation based on the results from the pressure distribution results. . . . . . . . 4.3. Comparison of transmissibility indicators obtained with the tabulated stress-strain curve. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 4.4. Comparison of transmissibility indicators between measurements and simulation (foam sample). . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 4.5. Comparison of transmissibility indicators between measurements and simulation (seat cushion). . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . .

Figure 1 . 1 .:

 11 Figure 1.1.: Automation levels, as defined by the SAE-J3016 [94].

Figure 1 . 2 .:

 12 Figure 1.2.: Postures offered using the AVS seat concept: (a) driving, (b) working and (c) relax.

Figure 1 . 3 .:

 13 Figure 1.3.: Discomfort model proposed by Bubb et al. [12].

Figure 1 . 4 .:

 14 Figure 1.4.: Theoretical location of the H-point (a) and experimental characterization with the SAE J826 (b) [87].

Figure 1 .

 1 Figure 1.5.: Mapping of the relationships between frequency and body pain [68].

Figure 1 .

 1 Figure 1.6.: Typical experimental setup to measure the seat transmissibility with a rigid mass as the occupant [29].

Figure 1 . 7 .:

 17 Figure 1.7.: Average transmissibility curves (6 subjects) for 7 seats [106].

1. 3 .

 3 Need for a coupled model 1.3.1

Figure 1 . 8 .:

 18 Figure 1.8.: Different families of seat-occupant models: (a) lumped parameters [109], (b) multibody[6] and (c) Finite Element[98].

Figure 1 . 9 .:
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 2 Figure 2.10.: Indentation on a foam pad [11]: (a) experimental deformation, (b) simulated deformation and pressure distribution.
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 2 Figure 2.11.: Simulated occupant/seat pressure distributions at the seat surface: (a) without footrest, (b)with footrest[START_REF] Grujicic | Seat-cushion and soft-tissue material modeling and a finite element investigation of the seating comfort for passenger-vehicle occupants[END_REF].
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 2 Figure 2.16.: Transmissibilities measured with human subjects on foam blocks -Impact of density (a) and hardness (b) [25].
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 2 Figure2.17.: Force-displacement hysteresis loops on a polyurethane foam sample at different frequencies[START_REF] Petru | Measurement and numerical modeling of mechanical properties of polyurethane foams[END_REF]. An offset has been applied to center the abscissa at 0mm.
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 2 Figure 2.18.: Amplitude and phase of the elasticity modulus of an automotive seat foam characterized using a non-resonant method [98].
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Figure 2 .

 2 Figure 2.23.: Test/model comparison of the complex shear modulus for two models: GMM (top) and FDM (bottom) [90]. Legend: × Test data; Model.
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 2 Figure 2.24.: Test/model comparison for the complex shear modulus with a fractional derivatives model with scaling functions to take the preload dependency into account [70].
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 2 Figure 2.25.: Comparison of measured and simulated transmissibilities on an automotive seat with a human subject [98].
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 2 Figure 2.26.:Comparison of transmissibilities with a human subject[START_REF] Zhang | Measurement and modelling of seating dynamics to predict seat transmissibility[END_REF]. Legend:Measurement with the human subject;Simulation with the human body model.
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 2 Figure 2.27.: Comparison of seat dynamic stiffnesses with a 400N preload force for a random excitation (0.5m/s 2 RMS) [112]. Legend: Measurement; Simulation with the non-linear foam model.Simulation with the linear foam model.
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 2 Figure 2.28.: Envelopes of the apparent mass according to the ISO 5982 norm [51]: (a) no backrest and (b) with backrest. Legend: Mean, Upper, Lower.
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 2 Figure 2.29.: Influence of the apparent mass of the subject or the dynamic stiffness of the seat on the transmissibility for an excitation level of 0.63m∕s 2 R.M.S., [105].
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 2 Figure 2.30.: Apparent mass of 80 adults on a seat without backrest (1m/s 2 RMS) [101].
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 2 Figure 2.31.: Differences in the apparent mass depending on the median static weight of the subjects groups [101]. Legend: 54kg, 64kg, 74kg, 88kg.
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 2 Figure 2.33.: Median apparent masses (12 subjects) measured with different backrest angles [101].Legend: 0°, 5°, 10°, 15°, 20°, 25°, 30°.
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 2 Figure 2.34.: Normalized median apparent masses (8 subjects) measured with different excitation levels [71]. Legend: 0.125m/s 2 RMS, 2.0m/s 2 RMS, intermediate levels are in solid lines.
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 2 Figure 2.35.: Human body FE model (a) and associated results (b) from Choi et al. [14].
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 2 Figure 2.36.: Human body FE model (a) and associated results (b) proposed by Siefert et al. [98].Legend: Measurements, Model.
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 2 Figure 2.37.: Development of the model proposed by Denninger [21]: (a) original model from Lizée et al., (b) model proposed by Denninger, (c) detail of the skeleton and soft tissues.
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 2 Figure 2.38.: Apparent mass of the model developed by Denninger [21]: without backrest (a) with backrest (b).

Figure 2 .

 2 Figure 2.39.: FE model proposed by Liu et al. [62] (a) and corresponding apparent mass (b). Legend: measurements, simulation,
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 2 Figure 2.40.: Comparison of stress/strain behaviors of the soft tissues; "The current model" is the one proposed by Liu et al. [62].

Figure 3 .

 3 Figure 3.1.: Seat used for this study.
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 32 Figure 3.2.: Subcomponents of the seat: frame and suspension mat (a) and cushion foam pad (b).
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 33 Figure 3.3.: Location of the sensors for the experimental modal analysis of the frame.
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 34 Figure 3.4.: Auto-MAC matrix of the frame modes.
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 3 Figure 3.5.: Location of the sensors for the experimental modal analysis: wireframe view (a) and detail of the sensors location (b).
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 3 Figure 3.6.: Auto-MAC matrix of the seat modes.

  7 (b). Finally, the corresponding real eigenvector has been derived by extracting the real part of each point, as shown in figure3.7 (c).
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 37 Figure 3.7.: Derivation of real eigenvectors from complex ones: linear regression (a), rotation (b) and projection (c).
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 39 Figure 3.9.: Initial model of the frame structure (a); updated model with modified joints and suspension mat addition (b).
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 53 Figure 3.10.: Schematic drawings of level 0 (a) and level 2 connectors (b) in the seat model.
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 3 Figure 3.11.: FE model of the complete seat, based on the model depicted in figure 3.9 (b).
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 3 Figure 3.12.: MAC matrix between the simulated and measured modes of the seat frame.
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 3 Figure 3.13.: MAC matrix between the simulated and measured modes of the complete seat.
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 3 Figure 3.14.: Hybrid-III manikin used for rapid dynamics seat testing (© Humanetics).
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 3 Figure 3.15.: Comparison between experimental and numerical motions of the Hybrid-III manikin during a sled test [76].
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 3 Figure 3.16.: FAST finite element model of the Hybrid-III manikin.
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 3 Figure 3.17.: Schematic of the occupant defining the different posture angles.
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 3 Figure 3.18.: Occupant model derived from the FAST Hybrid-III model used by Kim et al. for foreand-aft transmissibility predictions [54]: initial model (a), subdivided model (b) and rigid body equivalent model (c).
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 4 Figure 4.1.: Occupants used for the seat characterization using pressure distribution measurements: lead buttock (a), SAE J826 (b), biofidelic manikin (c) and human subject (d).
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 4 Figure 4.2.: Pressure distribution on the untrimmed seat for different occupants (g/cm 2 ).
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 43 Figure 4.3.: Indentation on cushion pad: experimental setup (a) and raw results (b).
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 44 Figure 4.4.: Experimental setup for the measurement of stress/strain curves of the foam sample.
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 45 Figure 4.5.: Stress/strain curve for three foam samples from the studied seat: 1 st cycle (a) and 5 th cycle (b).
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 4 Figure 4.6.: Numerical simulation of the foam sample compression: model (a) and results (b).
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 4 Figure 4.7.: Finite element model used to validate the use of the foam constitutive law in statics.
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 48 Figure 4.8.: Comparison of force/displacement curves obtained for the indentation on the foam pad.
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 49 Figure 4.9.: Measurement of the foam sample transmissibility: experimental setup (a) and raw results (b) [5].
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 4 Figure 4.10.: Foam sample model used for the pre-strain simulation: model (a) and results (b).
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 4 Figure 4.11.: Comparison of experimental ([5]) and simulated transmissibilites (a); Explanation of the results by the local slopes of the stress-strain curve computed by the solver (b).
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 4 Figure 4.12.: Test bench used to measure dynamic hysteresis loops on a foam sample with an initial compression of 30% [5].
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 4 Figure 4.13.: Comparison of dynamic hysteresis loops at 4Hz, 9Hz and 14Hz.

. 6 )

 6 then the measured stress has the form 𝜎(𝑡) = 𝜎 𝑑 (𝜔) sin(𝜔𝑡 + 𝛿(𝜔)), (4.7)
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 4 Figure 4.14.: Evolution of the storage modulus 𝐸 ′ and loss factor 𝜂.
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 4 Figure 4.15.: Comparison of strain signals at 4Hz, 9Hz and 14Hz: Experimental, Pure sine.
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 4 Figure 4.16.: Comparison between storage moduli and loss factors obtained with dynamic hysteresis loops and with the transmissibility curves.
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 4 Figure 4.17.: Comparison between experimental and simulated transmissibility curves using a linear elastic material identified from the experimental transmissibility.
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 4 Coupled simulation on the seat cushion with a rigid mass To validate the choice and the input data for the two retained constitutive laws, a model has been built to reproduce the results obtained with the lead buttock system. This seat model has been made with the frame structure from the seat model introduced in chapter 3, the foam pad validated in section 4.2.3, and an occupant model representing the lead buttock structure from figure 4.1 (a). The resulting model is depicted in figure 4.18.
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 4 Figure 4.18.: Model used for the validation of the foam constitutive laws at the seat scale: frame (blue), foam pad (pink) and occupant (green).
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 4 Figure 4.19.: Pressure distribution at the seat cushion surface with a rigid mass occupant (same scale): experimental (a) and numerical (b) results.
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 4 Figure 4.20.: Comparisons of measured and simulated transmissibilities obtained with a rigid mass on the seat cushion.
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 51 Figure 5.1.: Photographs of the different postures used to measure the apparent mass: driving (a), working (b), relax (c) and full relax (d).
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 52 Figure 5.2.: Participants height and weight distribution.
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 53 Figure 5.3.: Comparison of apparent masses depending on the percentile group.
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 54 Figure 5.4.: Comparison of apparent masses depending on the posture.
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 55 Figure 5.5.: Comparison of apparent masses depending on the excitation amplitude.
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 5653 Figure 5.6.: Average apparent mass used for the model validation.
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 57 Figure 5.7.: Occupant angles definition.
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 35 Figure 5.8.: Sitting simulation: final state of the model (a) and evolution of the kinetic energy level during the simulation (b).
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 59 Figure 5.9.: Illustration of the interface stiffnesses in the model. Green arrows point towards the master rigid body of each node.
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 5 Figure 5.10.: First hundred eigenfrequencies of the initial occupant model.
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 5 Figure 5.11.: Comparison between the experimental apparent mass and the one obtained with the initial model.
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 5 Figure 5.12.: Flowchat used to update the Hybrid-III finite element model.
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 5 Figure 5.13.: Location of the internal joints in the occupant model.
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 5 Figure 5.14.: De-sensitization results: evolution of 𝑓 𝑟 depending on the values of 𝐾 𝑣2 (a) and 𝐾 ℎ3 (b).
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 5 Figure 5.15.: Apparent mass obtained using the values from Liu et al. [62].
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 5 Figure 5.16.: Morris sensitivity analysis: examples of trajectories in a 3-dimensional space (a) and influence of an input factor on the response based on the characteristics of its elementary effect.
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 5 Figure 5.18.: Input factors ranking based on the extended-FAST analysis.
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 5 Figure 5.19.: Comparison between the model response before and after the optimization of the upper body input factors using the genetic algorithm.

Figure 5 .

 5 Figure 5.20.: Response of the updated model.

Figure 5 .

 5 Figure 5.21.: Evolution of the relative values for each input factor during the updating process.
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 5 Figure 5.22.: Modal behavior of the occupant model: cumulated modal effective mass in the vertical direction (a), and mode shapes with the two highest modal effective mass (b) and (c).
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 61 Figure 6.1.: Occupants tested for transmissibility measurements: (a) Lead buttock, (b) SAEJ-826 manikin and (c) human subject.

Figure 6 . 2 .

 62 Figure 6.2.: Occupant/seat transmissibilities measured with a rigid mass (a), the SAEJ-826 (b) and a human subject (c).
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 32 Case of the occupant/seat transmissibility Expression of the transmissibility To derive the occupant/seat transmissibility, it is first proposed to study each sub-structure separately, as depicted in figure 6.5, and to separate the global set of DOFs 𝑔 into an internal set 𝑖 and a junction junction set 𝑗.
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 65 Figure 6.5.: Schematics of the seat (a) and the occupant (b) as two sub-structures studied separately.Legend: junction and internal DOFs required for the coupling.
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 6 Figure 6.6.: Coupling of seat and occupant sub-structures. Legend: excitation DOFs , connection DOFs and observation DOF .

  DOFs 𝑜. Equation 6.9 thus corresponds to the frequency synthesis of the occupant/seat transmissibility. It depends on the the transmissibility between the excitation and the connection DOFs for the unloaded seat [ 𝑇 𝑆 𝑐𝑒 (𝜔) ] , the dynamic flexibility of the seat at the connection DOFs [ 𝐺 𝑆 𝑐𝑐 (𝜔) ] and the dynamic stiffness at the connection DOFs of the occupant [ 𝐾 𝑅 𝑐𝑐 (𝜔)
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 67 Figure 6.7.: Assembled occupant/seat model developed by Barbeau [5]. The seat has been studied first. The model is depicted in figure 6.8 (a). As shown in equation 6.9, one of the required quantities is the dynamic flexibility matrix at the connection DOFs [ 𝐺 𝑆 𝑐𝑐 (𝜔)] . In the study of automotive seats, the term-by-term inverse of such matrix, denoted[ 𝑆 𝑆 𝑐𝑐 (𝜔)] , is usually preferred as it represents the dynamic stiffness of the seat. In the case of the current seat model, the vertical dynamic stiffness at the cushion, which represents one term of [ 𝑆 𝑆 𝑐𝑐 (𝜔)
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 68 Figure 6.8.: Seat sub-structure from the model developed by Barbeau [5] (a), and vertical dynamic stiffness at the cushion (b).
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 69 Figure 6.9.: Vertical cushion transmissibility of the unloaded seat model.
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 6 Figure 6.10.: Occupant sub-structure from the model developed by Barbeau [5] (a), and vertical apparent mass under the buttocks (b).
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 6 Figure 6.11.: Transmissibility from the assembled model computed with equation 6.9.
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 6 Figure 6.12.: Transfer functions of the studied seat: flexibility at the cushion (a) and floor-to-cushion transmissibility (b).
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 6 Figure 6.13.: Relative distribution of the apparent mass of the updated model between the cushion (with feet and hands) and the backrest.
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 2 and its corresponding modulus |𝑇 (𝜔)|. At the resonance, the derivative of the modulus is nil, which corresponds to𝜕|𝑇 (𝜔)| 𝜕𝜔 | | |𝜔 𝑟 = 0 ⇔ -𝑐 2 𝑚𝜔 4 𝑟 -2𝑘 2 𝑚𝜔 2 𝑟 + 2𝑘 3 = 0. (A.3)After dividing by 𝑚 3 and after factorizations, equation A.equation is a second-order polynom with regards to( 𝜔 𝑟 ∕𝜔 0 ) 2 .
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 1 Figure B.1.: MAC matrices between each configuration at the end of the genetic algorithm.
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 2 Figure B.2.: Comparison of responses for different analyses with the genetic algorithm.
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 34 Figure B.4.: Comparison of responses for different analyses with the interior point algorithm.
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 1 Figure C.1.: Modèles éléments finis du siège (a) et de l'occupant (b) utilisés dans ces travaux.

  2 (a). Les réponses obtenues, courbe effort-déplacement et distribution de pression (représentée en figure C.2 (b)), ont été comparées aux résultats expérimentaux afin de juger de la pertinence de la loi dans le cas d'une simulation d'assise d'un sujet humain dans ce siège.

  Figure C.2.: Distribution de pression à l'interface occupant/siège : dispositif expérimental (a) et résultat de la simulation (b).

  Figure C.3.: Comparaison entre masse apparente expérimentale moyenne et masse apparente du modèle recalé.
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Table 1 .

 1 1.: Equivalence between vibration intensity values and vibratory comfort perception[START_REF]Vibrations et chocs mécaniques -Évaluation de l'exposition des individus à des vibrations globales du corps -partie 1 : spécifications générales. Standard[END_REF].

	Vibration intensity value (m.s -2 )	Probable reactions
	𝑎 𝑤 ≤ 0.315	Not uncomfortable at all
	0.315 ⩽ 𝑎 𝑤 ⩽ 0.630	Slightly uncomfortable
	0.500 ⩽ 𝑎 𝑤 ⩽ 1.000	Fairly uncomfortable
	0.800 ⩽ 𝑎	

𝑤 ⩽ 1.600 Uncomfortable 1.250 ⩽ 𝑎 𝑤 ⩽ 2.500 Very uncomfortable 𝑎 𝑤 > 2.500 Extremely uncomfortable

Table 1 . 2
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		Person Mass
	𝑓 𝑟 (Hz)	3.6	4.6
	𝐺 𝑟 (.)	2.2	4.2
	𝑓 𝑐 (Hz)	5.0	6.5

.: Transmissibility indicators obtained with a human subject and a rigid mass of the same weight

[START_REF] Griffin | Handbook of Human Vibrations, chapter Seating dynamics[END_REF]

.

  .10) where 𝐽 represents the variation of volume of the element, and 𝛽 𝑘 =

											𝜈 𝑘 1-2𝜈 𝑘	, with 𝜈 the Poisson's
	ratio. If it is considered as nil, this yields an undetermined expression of 1 𝛽 𝑘 address this problem, Belouettar et al. [8] suggest to perform a Taylor expansion of this term, such ( 𝐽 -𝛼 𝑘 𝛽 𝑘 -1 ) . To
	that:									
	𝐽 -𝛼 𝑘 𝛽 𝑘 = exp -𝛼 𝑘 𝛽 𝑘 ln(𝐽 ) ≈	( -𝛼 𝑘 𝛽 𝑘 ln(𝐽 ) 0!	) 0	+	( -𝛼 𝑘 𝛽 𝑘 ln(𝐽 ) 1!	) 1	= 1 -𝛼 𝑘 𝛽 𝑘 ln(𝐽 ).	(2.11)
	In this case, equation 2.10 becomes						
	𝑊 =	𝑁 ∑ 𝑘=1	2𝜇 𝑘 𝛼 𝑘	( 𝜆	𝛼 𝑘 1 + 𝜆	𝛼 𝑘 2 + 𝜆	𝛼 𝑘 3 -3	)	-𝛼 𝑘 ln(𝐽 ).	(2.12)

Table 2 .1.: Hyperfoam parameters identified by Belouettar et al. [8].

 2 

	Exp. data	𝜇 1 (kPa) 𝛼 1 (.) 𝜇 2 (kPa) 𝛼 2 (.)
	Compression	73.19	25.709	0.11	-2.910
	Compression and shear	31.11	10.310	0.11	-2.601

Table 2 .

 2 

	2.: Eigenfrequencies (Hz) and associated modal damping ratios (%) of three automotive seats
	[64] -Complete seats.			
	Mode shape	Seat A	Seat B	Seat C
	Lateral bending	29.8 (1.1) 19.4 (1.9) 22.1 (1.1)
	Fore-and-aft bending 34.7 (3.9) 27.1 (4.4) 24.9 (4.7)
	Vertical torsion	58.2 (3.7) 59.8 (4.0) 40.0 (5.2)

Table 2 .

 2 

	3.: Eigenfrequencies (Hz) and associated modal damping ratios (%) of three automotive seats
	[64] -Frames only.			
	Mode shape	Seat A	Seat B	Seat C
	Lateral bending	36.2 (0.4) 23.6 (1.0) 26.3 (0.5)
	Fore-and-aft bending 40.8 (0.5) 38.2 (2.5) 33.3 (0.9)
	Vertical torsion	62.4 (0.6) 57.9 (1.0) 42.4 (0.4)

Table 2 .

 2 [START_REF] Balmes | Viscoelastic vibration toolbox for use with matlab[END_REF].: Transmissibility indicators obtained on a 71.5mm-thick polyurethane foam[START_REF] Neal | Differences in dynamic performance of molded polyurethane foam as a function of pad thickness and supported load[END_REF].

	Small	11.9	3.7	4.75	4.80	7.05
	Standard	22.7	7.1	3.14	4.97	4.76
	Tekken	49.4	7.9	3.56	4.61	5.70

Setyp

Mass (kg) Pressure (kPa) 𝑓 𝑟 (Hz) 𝐺 𝑟 (.) 𝑓 𝑐 (Hz)

Table 2 .

 2 [START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF].: Performance indicators of the GMM and GHM models for the identification of their parameters to fit the experimental transmissibility[START_REF] Duboeuf | Contribution à l'optimisation du confort dynamique de sièges automobiles par la compréhension des mousses de polyuréthane[END_REF].

	Model Foam Time (s) Average relative error (%)
		A		20.25
	GMM	B	268.592	36.52
		C		21.61
		A		2.65
	GHM	B	605.154	4.14
		C		3.96

Table 2 .

 2 6.: Apparent mass indicators from the average curves given by the ISO 5982.

	Indicator	Unit Without backrest With backrest
	𝑓 𝑟	kg	4.0	5.0
	𝐴𝑃 (𝜔 = 0.5Hz) kg	60.4	58.6
	𝑚 𝑝𝑒𝑎𝑘	kg	81.2	83.9
	Amplification		+34%	+43%

Table 2 . 7
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	𝑚 𝑝𝑒𝑎𝑘 (kg)

.: Influence of the static weight on the apparent mass

[START_REF] Toward | Factors affecting the dynamic response of the body and the vibration transmitted through seats[END_REF]

. Average values (and standard deviations) of the resonance frequency, the apparent mass at the resonance, at 0.6Hz and at 12Hz.

Median weight, kg (min, max) 𝑓 𝑟

(Hz) 

Table 3 .

 3 1.: Modal parameters and description for each frame mode.

Table 3 .

 3 2.: Modal parameters and description for each seat mode.

Table 3 .

 3 3.: Correlation coefficient 𝑅 2 between the real and imaginary parts of the first 3 mode shapes in the case of the seat frame and the complete seat.

  1.2, this frame model is kept for the validation of the complete seat. Mode number 𝑓 𝑟,𝑒𝑥𝑝 (Hz) 𝑓 𝑟,𝑛𝑢𝑚 (Hz) Error (%) MAC

	1	conf.	conf.	+1.56	0.987
	2	conf.	conf.	-10.9	0.888
	3	conf.	conf.	+0.74	0.900

Table 3 .

 3 

4.: Results comparison between measurements and simulation for the seat frame.

Table 3 .

 3 Mode number 𝑓 𝑟,𝑒𝑥𝑝 (Hz) 𝑓 𝑟,𝑛𝑢𝑚 (Hz) Error (%) MAC 5.: Results comparison between measurements and simulation for the complete seat.

	1	conf.	conf.	+2.3	0.977
	2	conf.	conf.	+6.6	0.855
	3	conf.	conf.	+144	0.522

Table 3 .

 3 

		Weight (kg)
	Head	4.5
	Neck	1.5
	Upper torso	17.2
	Lower torso	23.0
	Upper legs (both)	12.2
	Lower legs and feet (both)	9.4
	Upper arms (both)	4.0
	Lower arms and hands (both)	4.5
	Total	76.3

6

.: Weight distribution of each segment of the physical Hybrid-III dummy

[START_REF] Foster | Hybrid III -A biomechanically-based crash test dummy[END_REF]

.

Table 3 .

 3 7.: Limb angles for a comfortable posture, as proposed by Rebiffé[START_REF] Rebiffé | Le siége du conducteur: Son adaptation aux exigences fonctionnelles et anthropometriques[END_REF].

Table 4 .

 4 1.: Pressure distribution indicators computed from measurements on the untrimmed seat for different occupants.

	Lead buttock	6.80	48.62	114.70	955.45	456.07
	SAEJ-826	6.82	50.00	102.96	909.68	446.04
	Biofidelic manikin	6.80	34.43	104.56	1296.77	437.80
	Human subject	6.83	34.66	100.70	1301.61	442.45

Occupant

𝜇 𝑚𝑖𝑛 (g/cm 2 ) 𝜇 𝑚𝑒𝑎𝑛 (g/cm 2 ) 𝜇 𝑚𝑎𝑥 (g/cm 2 ) Contact area (cm 2 ) Estimated load (N)

Table 4 .

 4 2.: Comparison between simulated and measured displacements for the foam pad indentation based on the results from the pressure distribution results.

	Indicator	Expression	Value
	Maximum surfacic mass (g/cm 2 )	𝜇 𝑚𝑎𝑥	100.70
	Associated pressure (Pa)	𝑃 𝑚𝑎𝑥 = 𝜇 𝑚𝑎𝑥 × 𝑔	9878.7
	Disk diameter (mm)	2𝑟	159.50
	Equivalent indentation force (N)	𝐹 𝑚𝑎𝑥 = 𝑃 𝑚𝑎𝑥 × 𝜋𝑟 2 197.38
	Associated measured displacement (mm)	𝑑 𝑒𝑥𝑝	10.98
	Associated simulated displacement (mm)	𝑑 𝑛𝑢𝑚	11.37
	Relative error (%)	𝑑 𝑛𝑢𝑚 -𝑑 𝑒𝑥𝑝 𝑑 𝑒𝑥𝑝	

Table 4 .

 4 3.: Comparison of transmissibility indicators obtained with the tabulated stress-strain curve.

	Indicator	𝑓 𝑟 (Hz) 𝐺 𝑟 (.) 𝑓 𝑐 (Hz)
	Experimental [5]	5.81	5.05	8.95
	Simulation without material stiffness	9.01	6.35	12.8
	Simulation with material stiffness	1.38	6.35	1.96

  each pair of experimental signals associated to a given excitation frequency, 𝜀 𝑑 , 𝜎 𝑑 (𝜔) and 𝛿(𝜔) have been extracted and post-processed to return values of 𝐸 ′ (𝜔) and 𝜂(𝜔). The obtained values are presented in figure 4.14. The results show that 𝐸 ′ increases with the excitation frequency.Regarding 𝜂, it increases from 3 to 9𝐻𝑧 and slightly decreases afterwards. This characterization suggests that the material has a frequency-dependency, especially regarding the storage modulus, which doubles in the studied frequency range.

		150								
	E' (kPa)	100								
		50								
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		0.3								
	(.)	0.2								
		0.1								
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Table 4 .

 4 4.: Comparison of transmissibility indicators between measurements and simulation (foam sample).

	Indicator	𝑓 𝑟 (Hz) 𝐺 𝑟 (.) 𝑓 𝑐 (Hz)
	Experimental [5]	5.81	5.05	8.95
	Simulation with material stiffness	5.80	5.03	8.29

Table 4 .

 4 5.: Comparison of transmissibility indicators between measurements and simulation (seat cushion).

	Indicator	𝑓 𝑟 (Hz) 𝐺 𝑟 (.) 𝑓 𝑐 (Hz)
	Experimental	6.8	5.2	9.5
	Initial Young's modulus	5.8	5.1	8.3
	Updated Young's modulus	6.4	5.1	9.1
	4.5. Conclusion			

Table 5 .

 5 1.: Average heights and weights for each group of participants involved in the apparent mass test campaign.

	Percentile Average height (m) Average weight (kg)
	P05	1.63	65.0
	P50	1.75	78.6
	P95	1.87	101.5

Table 5 .

 5 2.: Indicators for the average curves depending on the percentile.

	Percentile Resonance frequency (Hz) Peak mass (kg)
	P05	6.75	107.87
	P50	6.00	128.68
	P95	5.75	160.74

Table 5 .

 5 3.: Indicators for the average curves depending on the posture.

	Posture	Resonance frequency (Hz) Peak mass (kg)
	Driving	6.00	128.68
	Working	7.00	123.77
	Relax	7.25	121.15
	Full relax	7.25	127.78

Table 5 .

 5 4.: Indicators for the average curves depending on the excitation amplitude.

	Excitation amplitude (m/s 2 RMS) Resonance frequency (Hz) Peak mass (kg)
	0.5	6.00	128.68
	0.8	5.50	127.98

Table 5 .

 5 6.: Comparison between specified angles and angles measured on the FEM model.

	Name	FEM -initial value (°) FEM -final value (°)
	Ankle (A4)	84.74	84.74
	Knee (A3)	100.7	100.7
	Elbow (A6)	123.9	160.0

Table 5 .

 5 7.: Comparison between experimental and numerical indicators with the initial model.

	Configuration 𝑓 𝑟 (Hz) 𝑚 𝑝𝑒𝑎𝑘 (kg) 𝐴 (kg.s -1 ) 𝜀 norm. (.)
	Experimental	6.00	128.7	1731.4	NA
	Initial response	40.5	141.3	2937.1	1
	5.4.2. Data setting				
	Input factors number reduction Considering that the geometry and mass distribution of the
	Hybrid-III manikin model are representative of the one of a 50 th percentile male human (cf. table
	3.6 page 70				

Table 6 .

 6 1.: Indicators of the measured occupant/seat transmissibilities.OccupantMeasurement 𝑓 𝑟 (Hz) 𝐺 𝑟 (.) 𝑓 𝑐 (Hz)

	Lead buttock	1 2	6.8 6.1	5.2 5.7	9.5 9.2
	SAEJ-826	1 2	9.0 8.3	4.5 4.1	13.1 12.4
	Human subject	1 2	4.4 4.4	2.5 2.4	7.3 7.3

  .10) where 𝑆 𝑆 𝑐𝑐 (𝜔) is the dynamic stiffness at the seat cushion (i.e. ratio between applied force and relative displacement) and 𝐴𝑃 𝑅 𝑐𝑐 (𝜔) is the apparent mass of the occupant, as defined in the previous chapter. This expression relies on two asumptions. The first one is that there is only one connection DOF. With this assumption,

						[ 𝐼 𝑐𝑐	]		= 1 and	[ 𝐺 𝑆 𝑐𝑐 (𝜔)	]	and	[ 𝐾 𝑅 𝑐𝑐 (𝜔) ]	are scalars. Since there is only
	one connection DOF, it is necessarily the observation DOF, so	[ 𝑇 𝑆+𝑅 𝑐𝑒	(𝜔) ]	=	[ 𝑇 𝑆+𝑅 𝑜𝑒	(𝜔)	] . Equation
	6.9 then becomes												
						[ 𝑇 𝑆+𝑅 𝑜𝑒	(𝜔)	]	=	1 𝑐𝑐 (𝜔)𝐾 𝑅 1 + 𝐺 𝑆 𝑐𝑐 (𝜔)	[ 𝑇 𝑆 𝑐𝑒 (𝜔) ]	.	(6.11)
	When working with one connection DOF, 𝐺 𝑆 𝑐𝑐 (𝜔) and 𝐾 𝑅 𝑐𝑐 (𝜔) aredirectly related to classical quan-
	tities associated to each sub-structure, namely the experimental dynamic stiffness 𝑆 𝑆 𝑐𝑐 (𝜔) and the
	human body apparent mass 𝐴𝑃 𝑅 𝑐𝑐 (𝜔), such that
											⎧ ⎪ ⎪ ⎨	𝐾 𝑅 𝑐𝑐 (𝜔) = -𝜔 2 𝐴𝑃 𝑅 𝑐𝑐 (𝜔) 𝐺 𝑆 1 𝑐𝑐 (𝜔) = 𝑆 𝑆 𝑐𝑐 (𝜔)	.	(6.12)
											⎩			
	Equation 6.11 then becomes:								
	[ 𝑇 𝑆+𝑅 𝑜𝑒	(𝜔)	]	=	1 -𝜔 2	1 𝑆 𝑆 𝑐𝑐 (𝜔) 𝐴𝑃 𝑅 𝑐𝑐 (𝜔)	[ 𝑇 𝑆 𝑐𝑒 (𝜔)	]	=	𝑆 𝑆 𝑐𝑐 (𝜔) 𝑐𝑐 (𝜔) -𝜔 2 𝐴𝑃 𝑅 𝑆 𝑆 𝑐𝑐 (𝜔)	[ 𝑇 𝑆 𝑐𝑒 (𝜔)	]	.	(6.13)
	The second assumption is that the unloaded seat behaves like a pure stiffness without internal inertia
	effects, which transforms	[ 𝑇 𝑆 𝑐𝑒 (𝜔)	]	into the identity matrix. In particular, since the transmissibility
	is measured using a single excitation,	[	𝑇 𝑆 𝑐𝑒 (𝜔)

Table 6 .

 6 2.: Modal analysis of the unloaded seat in the model from Barbeau[START_REF] Barbeau | Characterization and modeling of automotive seat dynamics: toward the robust optimization of vibrational comfort[END_REF].

	Mode nb. Frequency (Hz)	Description	[	𝑀 eff,𝑘	]	-TZ (% of the total mass)
	1	4.33	Vertical motion of the whole seat				99.541%
	2	8.62	Fore-and-aft motion of the backrest				0.108%
	3	12.6	Vertical motion of the seat cushion and backrest out-of-phase				0.003%
	4	14.8	Fore-and-aft motion of the cushion				0.009%
	5	21.0	Vertical motion of the frame				0.339%
	6	31.2	Fore-and-aft motion of the frame				0.000%

  Table B.5.: Parameter values at the end of each genetic algorithm. Values are in N.m/rad.

	Variable	GA #1 GA #2 GA #3
	Shoulder (RY) conf.	conf.	conf.
	Shoulder (RZ) conf.	conf.	conf.
	Elbow	conf.	conf.	conf.
	Wrist	conf.	conf.	conf.

Table B .

 B 

	Experimental	6.00	128.7	1731.4	NA
	GA #1	7.25	120.4	2050.5	0.119
	GA #1	7.25	121.4	2021.1	0.105
	GA #1	8.00	122.8	2112.6	0.136

6.: Apparent mass indicators at the end of each genetic algorithm.

Configuration 𝑓 𝑟 (Hz) 𝑚 𝑝𝑒𝑎𝑘 (kg) 𝐴 (kg.s -1 ) 𝜀 norm. (.)

The Society of Automotive Engineers is a global association that publishes technical papers and defines standards related to the automotive industry.

The dynamic stiffness is a transfert function computed as the ratio of the measured force divided by the input displacement.

In some cases, the speed is defined in terms of applied deformation instead of applied displacement per time unit. For a sample with a height ℎ 0 and a compression speed of 𝑣 expressed in mm/min, the deformation speed expressed in s -1 is 𝑣∕ℎ 0 60 .

The 25% Indentation Load Deflection hardness, defined in the ISO 2439 norm, corresponds to the force required to apply a 25% indentation on a foam block after

preliminary indentations up to 70% at 100mm/min[START_REF]Matériaux polymères alvéolaires souples -Détermination de la dureté (technique par indentation)[END_REF].

This manuscript proposes only a short description of viscoelasticity. For a detailed description of linear viscoelastic phenomena, the reader is referred to the book written by Tschoegl[START_REF] Tschoegl | The Phenomenological Theory of Linear Viscoelastic Behavior: An Introduction, chapter Linear Viscoelastic Response[END_REF].

The Seat COmfort Optimization Procedure project was a European project that aimed to propose experimental and numerical procedures that could be followed by all the actors from the european automotive industry[START_REF]Seat COmfort Optimisation Procedure (SCOOP) -Grant agreement ID: BRPR970508[END_REF]. A workpackage of the project focused specifically on the effects of the vibrations on the human body and on the development of an occupant/seat model.

They are sometimes referred to as normal modes.

This constitutive law is referred to as *MAT_057 in LS-DYNA[START_REF] Lstc | LS-DYNA Keyword Manual Vol II -Material Models[END_REF].

In practice, this has been done using *CONTROL_IMPLICIT_TIMESTEP, cf. reference[START_REF] Lstc | LS-DYNA Keyword Manual Vol I. Software documentation[END_REF].

See the IGS parameter default value in *CONTROL_IMPLICIT_GENERAL[START_REF] Lstc | LS-DYNA Keyword Manual Vol I. Software documentation[END_REF].

See appendix A for the proof.

The experimental protocol related to this measurement is described in section

6.2. 

A junction is called isostatic the number of junction DOFs is equal to the number of possible rigid-body motions of the structure.

Additionnal details about the practical implementation of the method can be found in references[96, 

[START_REF] Fourmaux | Méthodologie d'optimisation de la masse pour le dimensionnement en dynamique des structures et vibro-acoustique[END_REF].
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Once they have been studied independently, both sub-structures can be coupled as depicted in figure 6.4. The coupling is then performed by considering three new sets of DOFs: excitation DOFs, where forces or prescribed displacements are applied; connection DOFs, used to couple the structures; observation DOFs, which are used to compute the response. These sets are referred to with the letters 𝑒, 𝑐 and 𝑜. A typical case is when the excitation is applied on one sub-structure, thus referred to as the source with the superscript 𝑆, and the response is measured on the other one, thus referred to as the receiver with the superscript 𝑅. The goal of the coupling is to express the relationship between the output (force or displacement) at the observation DOFs 𝑜 and the input (force or displacement) at the excitation DOFs 𝑒. This can be achieved by observing that the 𝑒, 𝑐 and 𝑜 sets of DOFs associated to each sub-structure are related to their 𝑖 and 𝑗 sets when studied independently. The coupling is therefore achieved by extracting the terms of equation 6.2 associated to the 𝑒, 𝑐 and 𝑜 sets, and then by enforcing two types of conditions on the connection DOFs 𝑐: the continuity of the displacements and the equilibrium of forces. These correspond to

By combining the expressions of the 𝑒, 𝑐 and 𝑜 sets of DOFs using equation 6.3, the desired response can finally be derived.

Based on the tools described in this section, it is thus possible to obtain the transfer matrices of each the occupant and the seat to obtain the desired occupant/seat transmissibility.

A. Development of the relationship between 𝜂 and 𝜁 𝜁

In the case of low loss factors, this equation can be simplified using a first-order Taylor development of

The comparision between the true and approximated relationships between 𝜂(𝜔 𝑟 ) and 𝜁 is shown in figure A.1. 

B.1.2. Interface input factors

The first de-sensitization has been done using the default values of the model. The second one has been done after the update of the lower-body input factors using Liu et al.'s model values. The last one has been done after the optimization of the upper-body input factors using the genetic algorithm. In order to assess these results, a repeatability study has been conducted. To do so, two additional series of optimization (genetic and interior point algorithms) have been run. For each comparison, a table summarizes the obtained values, the results from the modal analysis are compared using the first 10 modes of the model (i.e. the modes up to 25Hz), and the derived responses are displayed.

In the case of the genetic algorithm on the 4 upper-body variables, the values at the end of the analysis are in a similar range, as shown in table B.5. The variation is more important for the shoulder (RZ) and the elbow, but considering that these two variables have less impact on the output and that this simulation is not deterministic, it is logical to obtain varying values at the end of the simulation. Moreover, this does not change the fundamental modal behavior of the occupant, as seen in figure B.1, and the associated response, see figure B.2 and table B.6.

Regarding the global optimization, the repeatability in terms of parameter values is not clear, as shown in table B.7. Indeed, while values are close for the hip, the knee, the shoulder (RY), the ankle and the shoulder (RZ), the values associated to the lumbar (up), the elbow and the wrist are very different from one analysis to the other. However, this does not seem to impact the dynamic behavior, as seen with the MAC matrices in figure B. [START_REF] Bagley | A theoretical basis for the application of fractional calculus to viscoelasticity[END_REF]. This shows that, even though the final repsonse does not seem to vary much, as confirmed with figure B.4 and table B.8.